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Abstract

Turbochargers are a key component to achieve today‘s challenging requirements for com-

mercial vehicle engines. They recover energy from the exhaust gases and supply denser

air to the engine, improving efficiency and thus reducing fuel consumption. CO2 and

emission regulations and the challenging customer demands require highest turbo effi-

ciency and broad operating range.

Three of the most crucial design targets for turbochargers are: efficiency and pressure

ratio for optimal performance and fuel economy, maximum choke mass flow for brake

performance, and sufficient surge margin to allow safe engine operation.

While compressor performance at design conditions and close to choke can be pre-

dicted with reasonable accuracy, predicting surge remains challenging. This introduces

significant risk in compressor development, often leading to application of conservative

design rules, limiting the theoretically achievable performance. Therefore, a comprehen-

sive understanding of surge is crucial.

In this work, surge is first investigated on component level using a validated URANS

simulation. Findings indicate that a combination of diffuser stall and disturbed inlet flow

conditions due to the ported shroud is the surge trigger.

Subsequently, the system level is examined by considering pulsating environments and

engine operation, with experiments conducted on a hot gas test rig and an engine test rig.

Results show that surge margin shifts are heavily dependent on operating conditions and

specific compressor design features. These findings reconcile seemingly contradictory re-

sults in literature and bridge the gap between industry experience and academic research.

Finally, the findings are integrated into a fully automated compressor optimization

scheme that considers all thermodynamic aspects of compressor performance. The op-

timization process yields superior results compared to the previous design, significantly

enhancing efficiency while improving map width.

This work adresses a critical gap in compressor development, contributing to more ef-

ficient and cleaner engines and provides an experimental foundation for future research

in transient environments.
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1. Introduction

With the increasing globalization and technological advancements worldwide, the de-

mand for transporting goods has become increasingly critical. Between 2015 and 2024,

the total transported mass increased by a factor of 1.7, reaching 92.1 billion tonnes [2].

Projections for global road transport indicate a sixfold increase from 2010 to 2050 [3].

Even in heavily industrialized countries like Germany, the logistics sector, measured by

revenue, ranks second, surpassing both the engineering and chemical industries [4].

Given the sector’s dominance, it exerts significant economic and environmental im-

pacts. Since the transported weight is directly proportional to the energy required for

movement, even marginal improvements in engine efficiency can yield substantial ben-

efits. Consequently, the development of heavy-duty commercial vehicle engines has

become one of the most challenging fields, with manufacturers striving to optimize fuel

consumption and durability, while minimizing emissions of carbon dioxide, NOx, fine

particulates, and other pollutants.

As a result, turbochargers have become an essential component of diesel engine de-

sign. Currently, turbocharged engines have achieved complete market penetration in the

medium- and heavy-duty segments [5, 6].

1.1. Turbocharged Engine

The functional principle of an exhaust gas turbocharger is shown in Figure 1.1. Tur-

bocharging enhances engine performance in two ways: it increases the oxygen available

for combustion and provides higher inlet pressure (I), and recovers energy from exhaust

gases that would otherwise be lost (II).

Figure 1.1.: functional principle of an exhaust-gas turbocharger

The increased oxygen in the combustion chamber allows for more fuel to be burned,

thereby increasing engine power [5]. The amount of available oxygen is directly propor-

1
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tional to the air density. Following ideal gas law:

ρ =
p

R · T (1.1)

an increase in air density ρ is proportional to pressure p and inversely proportional

to temperature T. Therefore, high-pressure, low-temperature air is advantageous for the

engine.[5]

In addition to the oxygen increase, higher intake pressure also raises the effective

volumetric compression ratio. Although the geometric compression ratio of the engine

remains unchanged, beginning the compression stroke at a higher absolute pressure and

density leads to a correspondingly higher density and temperature at the end of the stroke.

This improves the thermodynamic conditions for the subsequent combustion process and

contributes to higher overall efficiency.

The second benefit of turbocharging is the recovery of energy from the exhaust gases.

In naturally aspirated engines, the expansion process is limited by piston motion. When

the piston reaches bottom dead center, the exhaust gases are released while their pressure

still exceeds ambient, leaving residual expansion work unused. In turbocharged engines,

this remaining energy is utilized by expanding the exhaust gases through a turbine that

drives the compressor [5]. Although the turbine increases the exhaust backpressure seen

by the engine and therefore raises pumping losses, the amount of recovered energy is

considerably higher, resulting in a net improvement in overall efficiency.

Beyond these thermodynamic advantages, turbocharging also enables engine down-

sizing. For a given power output, a smaller displacement engine can be used. Smaller

engines exhibit lower mechanical friction and reduced mass, both of which further con-

tribute to improved fuel consumption of the vehicle.

1.2. Thermodynamic Requirements of a Turbocharger Compressor

Compressor maps are essential tools for evaluating and comparing compressor perfor-

mance. They provide detailed information about the compressor’s pressure ratio and

efficiency at specific speeds and mass flow rates under quasi-steady conditions. Figure

1.2 illustrates a typical commercial vehicle compressor map, overlaid with the typical

requirements for a new compressor design.

The primary requirement for a compressor is its efficiency at the engine design point.

Commercial vehicles predominantly operate within a narrow range of conditions. Even

minor improvements in this area can significantly reduce fuel consumption, particularly

when considering a fleet of vehicles, as demonstrated in [7]. Additionally, an increased

pressure ratio at the design point positively impacts overall engine performance.
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Figure 1.2.: requirements of a turbocharger compressor

The second requirement is a high choke mass flow for the engine brake. Unlike me-

chanical friction brakes, engine brakes utilize air compression, effectively turning the

combustion engine into a large displacement-type compressor. This method allows vehi-

cles to decelerate with reduced mechanical wear and heat generation, thereby lowering

maintenance costs and enhancing safety during prolonged braking, such as when de-

scending mountains. However, this necessitates a substantial air flow, challenging the

compressor’s choke capability.[8]

The third requirement is a sufficient surge margin to ensure safe engine operation.

During a surge event, the flow field within the compressor collapses, causing partial or

complete flow reversal. This results in violent pressure fluctuations that can severely

damage the compressor, turbocharger, engine, and up- and downstream components.

With the trend towards down-speeding engines and increased torque demands, the en-

gine’s operating line shifts left- and upward, necessitating more surge-stable compressors.

While improved altitude performance and increased rated engine power also con-

tribute to a wider operating range, these factors are not directly linked to thermodynamic

optimization but are constrained by the mechanical strength of the compressor wheel.

Figure 1.2 clearly illustrates the challenging and, to some extent, contradictory demands

placed on turbocharger compressors: they must achieve high efficiency while providing

a wide operating range. It is a well-established design principle that a compressor can

either be highly efficient or have a broad operating range. Furthermore, turbocharger

compressors have undergone extensive optimization over the past decades, achieving in-

series efficiencies greater than 80% [9]. Consequently, the development of turbocharger

compressors continues to be increasingly challenging.
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1.3. Compressor Prediction Limitations

Given the contradictory nature of thermodynamic compressor requirements, careful con-

sideration of optimization constraints and data quality is essential. However, this presents

a significant challenge. While a compressor’s operating point and choke point can be ac-

curately predicted by CFD, its surge point remains unpredictable, as highlighted by I.J.

Day:

"Good progress can be reported, but [...], after 75 years of research, we are still unable to predict

the stalling behavior of a new compressor or to contribute much to the design of a more stall

resistant machine." I. J. Day, 2015 [10]

To address the unpredictability of surge, conservative engineering guidelines have been

developed, such as those proposed by Aungier [11]. Their conservativeness poses issues

in areas like turbocharging, where safety margins are becoming increasingly intolerable.

Additionally, the strong interaction of flow phenomena with other compressor compo-

nents complicates general statements, leading to contradictory yet accepted engineering

guidelines [12].

More recent advancements in CFD and computational power have made surge sim-

ulations a valuable tool for understanding stall and surge, as demonstrated by various

studies [13, 14, 15, 16, 17]. However, due to the simultaneous occurrence of high levels of

swirl, adverse pressure gradients, boundary layer separations, and time-dependent phe-

nomena, simulations still face significant challenges. Consequently, surge simulations

remain limited to a very few compressor designs, requiring tens of thousands of CPU

hours and are prone to relatively high uncertainty.

1.4. Research Aim and Objectives

It has become evident that today’s turbocharger compressor design processes, and conse-

quently overall compressor performance, are constrained by the inability to predict and

understand surge. Therefore, advancements in understanding surge will pave the way

for more efficient engines, which will, in turn, provide significant benefits for both the

environment and economy. Thus, the main objective of the current research is as follows:

Describe and model the main influences relevant to compressor surge at both component and

system levels in heavy-duty commercial vehicle applications, so that new optimization potentials

for surge and efficiency can be identified and utilized using currently applied design approaches.

In order to do so, four sub-objectives are defined.
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Validation of the URANS Simulation Methodology: This objective aims to evaluate the

capability of industrial simulation setups in accurately capturing the flow characteristics

driving surge. This is achieved by comparing experimental data obtained from test rigs

with simulation results, thereby validating the simulation methodology or identifying its

limitations.

Investigation of the Surge Mechanism of a High-Performance Compressor and Outline of

Potential Optimization: Utilizing the validated URANS simulation setup, this objective

investigates the surge mechanism in a high-performance compressor. This investiga-

tion contributes to development in several ways. Firstly, it enables precise optimization

recommendations for a specific design, thereby enhancing compressor performance. Sec-

ondly, it identifies critical design parameters, facilitating the evaluation of parameters

currently used in surrogate-modeled design approaches. Lastly, it aids in determining

the inclusion or exclusion of new parameters in future design iterations.

Investigation of Transient Environments and their Consideration in Early Stages of Compressor

Development: Diesel engines create transient environments in which turbocharger com-

pressors must operate, contrasting with the steady-state conditions of turbocharger test

rigs where compressors are thermodynamically evaluated. This discrepancy can lead

to significant deviations in efficiency, pressure ratio, and surge margin. Therefore, it is

crucial to determine the origins of these phenomena and evaluate their consideration in

early design phases.

Investigation of Surge Feedback for Surrogate-Model Based Design Approaches Without Ge-

ometric Constraints: Based on the findings of the third objective, this objective aims to

develop a reduced-order model that enables fast and accurate surge prediction. These

outcomes shall then be used to provide feedback to an optimizer, preventing it from

optimizing efficiency at the expense of surge margin. If successful, this will lead the way

for significant compressor performance improvements by replacing overly conservative

surge constraints.

1.5. Structure of the Work

The work begins with an introduction to fundamental knowledge. This includes the ba-

sics of fluid mechanics, turbomachinery, stall and surge in centrifugal compressors, and

principles of design optimization.

Next, the methodologies employed in this research are introduced. The chapter is

divided into two sections: the first details the various test benches, emphasizing their

accuracy and application, while the second introduces the simulation methodologies.

Following the establishment of these methods, the validation of the simulations is un-

dertaken. This involves a mesh and time step independence study. Furthermore, CFD
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results are compared against transient measurements from the electric test rig and time-

averaged measurements from the hot gas test rig.

The validated simulation setup is then utilized to investigate the surge trigger of a

compressor at a critical engine operating point. Detailed flow analyses are conducted,

and the observed phenomena are compared with existing literature. Upon understanding

the surge mechanism, optimization opportunities are identified, and their effectiveness

discussed based on simulation or measurement results.

In the subsequent chapter, the focus shifts from the component level to the system in

which the compressor operates. Experiments are conducted on both the hot gas test rig

and the engine test rig. The results are compared with literature, and the response of the

compressor and turbocharger to pulsating backpressure is examined.

Finally, the validated URANS, insights from the system investigation, and an extensive

dataset of compressors are utilized to develop an automated workflow for compressor

optimization that incorporates surge feedback. A detailed analysis of each subsystem

-the compressor model, system model, and optimization model- is provided, and the

optimization results are discussed using test bench data. The thesis concludes with a

summary of all findings and outline of future work.



2. Fundamental Knowledge

This chapter introduces the fundamental knowledge required in this work. First, the

fundamentals of fluid mechanics and its most important equations, the Navier-Stokes-

Equations, are presented. Euler‘s Turbomachinery Equation is then derived before a more

detailed look at commercial turbochargers and their most common defining thermody-

namic parameters is presented. An introduction to stall and surge is given, along with

commonly applied operating range enhancement methods. The chapter ends with a de-

scription of data-driven design optimization, in the context of which the work presented

here was developed.

2.1. Fundamentals of Fluid Mechanics

In fluid mechanics, the Lagrangian and Eulerian approaches are the two fundamental

methods for describing fluid motion. The Lagrangian approach follows individual fluid

particles as they move through space and time, tracking their trajectories and changes in

properties along their paths. Conversely, the Eulerian approach focuses on specific loca-

tions in the space through which the fluid flows, observing changes in fluid properties at

fixed points over time. For many common engineering problems, the Eulerian approach

is preferred and hence used in this work. [18, 19]

A fluid is characterized as any material that is continuous and does not show any re-

sistance towards shear stresses [18]. In the context of this work, a fluid is also considered

isotropic, meaning its properties are uniform in all directions [19].

Fluids can be divided into several groups, the most common being based on their shear

stress response1 and reaction to pressure forces. Although technical classification often

uses the terms gases and liquids, it is not always clear from a thermodynamic point of

view. [18]

Many technical relevant fluids such as oils, water, technical gases, and air, show a

linear relation between shear stress τ and the velocity gradient du/dy, Eqn.2.1, and are

called Newtonian fluids [19]. In the equation, µ represents the material constant dynamic

viscosity.

τ = µ
du
dy

(2.1)

When a fluid subjected to normal forces undergoes a change in volume, it is termed

compressible, otherwise, it is considered incompressible. In reality, no fluid is truly incom-

pressible, but the changes in density can be so negligible that assuming incompressibility

becomes a valid simplification [19]. The Mach number Ma, defined as the ratio of the fluid

1In reality, shear stresses on the control volume are microscopic momentum transfers. For sufficiently large control volumes, this
momentum transfer can be regarded as a shear force, although this violates the definition of a fluid. [18]

7
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velocity u to the speed of sound in the fluid a, as shown in equation 2.2 is a commonly

used criterion[18, 20]. When u << a, indicating a low Mach number (approximately 0.25),

a fluid can be treated as incompressible [19].2

Ma =
u
a

(2.2)

2.1.1. Conservation Equations

The mechanical fundamental equations are universally valid for fluids [18], allowing the

formulation of continuity equations for mass, energy, and momentum [19].

For the formulation, the intensive state variables:

• pressure p

• density ρ

• temperature T

• internal energy e

are used. The velocity U is represented by its components in each direction: j = 1, 2, 3.

The first continuity equation is mass conservation. Equation 2.3 shows the general

formulation for compressible fluids [18].

∂ρ

∂t
+
∂(ρU)

∂x
= 0 (2.3)

The second continuity equation is momentum conservation 2.4, a result of Newtons

second law. This equation is more commonly known as the Navier-Stokes Equation. [18]

ρ

(

∂U j

∂t
+Ui

∂U j

∂xi

)

= −
∂p

∂x j
−
∂τi j

∂xi
+ ρg j (2.4)

The left hand side addresses the change in momentum due to variations of the velocity

in time and space. On the right-hand side, the changes due to pressure and viscous forces

are considered. The last term ρg j is the change in momentum due to gravity and acts as a

source term. Other possibilities include the inclusion of centrifugal or Coriolis forces [12].

τ represents the stress tensor. For Newtonian fluids, the following equation 2.5 applies

[18]:

τi j = −µ
(

∂U j

∂xi
+
∂Ui

∂x j

)

+
2

3
δi jµ
∂Uk

∂xk
(2.5)

The first term relates to the viscous stress due to deformation of the fluid particle. The

second term represents the dilatational stress, which occurs when the volume of the fluid

particle changes. The Kronecker Delta δi j is a mathematical operator.

For incompressible, isothermal flows of Newtonian fluids, where ρ = const and µ =

const, equations 2.3 and 2.4 simplify to a closed system with four unknown variables

2For hydraulic flow machinery, fixed pressure thresholds are utilized [19, 20]
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(U j, p) and four equations [18]. Hence, they can be solved without considering energy

conservation [21].

For compressible flows, another equation is required to close the system of equations.

This can be achieved by considering the conservation of energy, mathematically repre-

sented by equation 2.6 [18]:

(

∂(ρe)

∂t
+
∂(ρUie)

∂xi

)

= λ
∂T
∂2xi

− p
∂U j

∂x j
+ τi j

∂U j

∂xi
(2.6)

Here, λ expresses the thermal conductivity of the fluid. The left-hand side of the equa-

tions represents the temporal and spatial change of the inner energy of a fluid particle.

On the right-hand side, the terms represent (I) heat input, (II) volumetric work, and (III)

irreversible transfer of mechanical work into heat. [18]

The resulting system of equations is highly complex and, in a wider context, also

referred to as the Navier-Stokes-Equations. Numerical schemes are widely used to solve

these equations [18], with Finite Volume Method (FVM) being the most common one

[12, 21].

2.1.2. Laminar and Turbulent Flows

A flow field can be either well-ordered with distinctive streamlines visible, or highly

disturbed and dominated by numerously, randomly occurring vortex structures [21, 18],

as illustrated in Figure 2.1.

(a) laminar flow (b) turbulent flow

Figure 2.1.: laminar and turbulent flow field

Based on its macroscopic characteristics, the flow field is classified as either laminar or

turbulent [21]. Flows that exhibit both laminar and turbulent behavior are termed transi-

tional flows [18]. Turbulent flows have significantly higher diffusion rates than laminar

flows, typically several orders of magnitude greater [18]. This is attributed to the many

vortices of different scales and known as turbulent diffusion [21].

Whether a flow becomes laminar or turbulent is dependent on its ability to dampen

occurring disturbances, as symbolically shown in equation 2.7, [18].

U = U0 · e(α−β)t (2.7)
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Here, α represents a flow disturbance and β the viscous damping. Generally, any gra-

dient in the flow field or fluid property constitutes a flow disturbance [18]. It is evident

that a flow disturbance diminishes over time if α < β, and grows exponentially if α > β.

Consequently, the flow stays laminar or becomes turbulent.

An important dimensionless parameter to characterize this behavior is the Reynolds

Number Re, as shown in equation 2.8, where l represents a characteristic length.

Re =
ρUl

µ
(2.8)

The Reynolds number can be interpreted as the ratio of inertial forces to viscous forces

[18]. For low Reynolds numbers, viscous forces dominate, resulting in laminar flow,

whereas high Reynolds numbers indicate a dominance of inertial forces, signifying tur-

bulent flow. Commonly used critical values are Re = 520−950 for boundary layers [18, 22]

and Re = 2300 for pipe flows [23]. Many flows are predominantly turbulent [21, 23].

2.1.3. Boundary Layers

A sharp velocity gradient occurs in the vicinity of walls due to friction. The fluid at

the wall has zero velocity, a condition known as the no-slip condition, and its velocity

increases steadily normal to the wall until the freestream velocity is reached. This region

is called boundary layer, and for high Reynolds numbers such as encountered in com-

pressors, it is usually thin relative to the length of the wall. [12, 23, 22]

Initially, a boundary layer is laminar. However, as the flow progresses downstream, it

may transition to turbulent. This transition is closely related to performance and stability

of airfoils [12] and is subject to intense research [18]. Figure 2.2 illustrates the three tran-

sition mechanisms.

Figure 2.2.: boundary layer transition3

Early theories were based on inviscid stability theory and suggested that transition

3Reproduced with permission from Cambridge University Press, from [12], permission conveyed through PLSclear
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occurs only if there was an inflection point in the velocity profile. Later, it was discovered

that viscous instability waves, known as Tollmien-Schlichting waves, can destabilize the

laminar boundary layer. A third trigger for transition is disturbances in the free stream or

surface roughness, which can cause a rapid transition bypassing the Tollmien-Schlichting

instability, known as bypass transition. Despite extensive research, boundary layer tran-

sition is not yet fully understood. [12]

Closely related to the type of boundary layer is the risk of flow separation. Near a

wall, the fluid is slowed down by friction. If this coincides with an adverse pressure

gradient, the momentum of the fluid might not be sufficient to overcome the pressure

rise. Consequently, the flow stops or even reverses. [22, 12]

It is evident that high velocity counteracts such effects, making turbulent boundary

layers less prone to detachment. However, this comes at the cost of a substantial increase

in friction losses within the layer. [12]

2.2. Fundamentals of Turbomachinery

A turbomachine is defined as a rotating machine that continuously transfers energy to or

from a fluid via its blades in an open system [12]. Turbomachines that transfer energy

from the rotating shaft to the working fluid are called compressors (or pumps in case of

incompressible fluids). Conversely, when energy is transferred from the fluid to the shaft,

the machine is called a turbine. [20]

Turbomachinery is further classified based on the main flow direction. For compressors,

this can be axial, radial, or mixed flow [7]. The Cordier diagram provides information

about the most efficient turbomachinery type depending on operational conditions, rota-

tional speed and rotor diameter [20]. For turbocharger applications, radial compressors

are utilized [5].

2.2.1. Fundamentals of Radial Compressors

For the following considerations, the three velocities:

• absolute velocity c

• circumferential velocity u

• relative velocity w

are introduced [12].



12 CHAPTER 2. FUNDAMENTAL KNOWLEDGE

These velocities are related via the fundamental kinematic equation 2.9 [7] and are

illustrated in Figure 2.3.

~c = ~u + ~w (2.9)

The vectors of velocity c and angle α pertain to the stationary reference system (absolute

coordinate system), whereas the vectors of velocity w and angles β pertain to the moving

reference system (relative coordinate system). [24]

(a) Euler turbomachine (b) velocity triangles at compressor in- and outlet

Figure 2.3.: fundamental velocity considerations

The most general equation for turbomachinery was derived by Leonhard Euler [12].

Assuming a stationary, incompressible, frictionless, blade-congruent flow field in a rotor

[20], torsional moment of the machine is described via:

M =
∑

rFu = ṁ(r2cu2 − r1cu1) (2.10)

Introducing the basic relation for specific work, Y = ωM/ṁ, equation 2.10 becomes:

Y12 = (u2cu2 − u1cu1) (2.11)

Applying basic geometric considerations (see [12] for a detailed derivation), equation

2.11 can be transformed into:

Y12 =
1

2
[(u2

2 − u2
1) + (c2

2 − c2
1) + (w2

1 − w2
2)] (2.12)

From this equation, the energy transformation in the rotor becomes evident. The first

term describes the rise in kinetic energy through centrifugal effects, the second one the

increase in kinetic energy of the absolute flow trough the rotor, and the third term the

decrease in kinetic energy of the relative flow through the rotor. [20]

For a compressor, the work input into the rotor control volume is positive, meaning all

three terms should be positive [12].

Considering the velocity triangles, it is apparent that the centrifugal effects (u2
2
− u2

1
)

play the most significant role [12]. As centrifugal effects are independent of the mass flow

rate, radial compressors achieve high pressure ratios at low mass flow rates compared to

axial compressors, making them well suited for turbocharger applications [5].

Since the absolute velocity (c2
2
− c2

1
) increases across the rotor, the flow is decelerated in
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a downstream diffuser to achieve the desired pressure rise [5]. However, this implies that

the flow encounters an adverse pressure gradient, which might lead to separation in the

diffuser and with this, substantial losses. Thus, well-designed and matched diffusers are

required. [12]

The deceleration of the relative fluid velocity (w2
1
− w2

2
) in the rotor is analogous to the

increase in the flow passage area [5]. However, achieving this is not trivial due to the risk

of flow separation in the rotor [20].

Based on these considerations, a radial compressor consists of the following elements:

• a rotor or impeller, that accelerates the fluid and, due to the radius increase, uses

centrifugal effects to rise pressure

• a stator or diffuser, that decelerates the fluid leaving the impeller in such a way that

minimal losses and separation occur

• a collecting container that guides the fluid leaving the diffuser into the downstream

application.

The impeller is unshrouded due to the high circumferential velocities and consists of

main and splitter blades. The splitter blades are downstream-shifted blades that enhance

flow guidance in the region of high relative fluid velocity deceleration to avoid separa-

tion. The downstream shift leads to a larger minimal cross-sectional area of the impeller,

allowing higher mass flows to pass through. [7, 12]

The diffuser can be either vaned or vaneless [6]. Although vaneless diffusers are gen-

erally considered more suitable for turbocharger application due to their superior map

width and ease of manufacturing [12], vaned diffusers can lead to superior compressor

characteristics in engine- relevant areas and are sometimes used in series application

[9]. Often, so-called pinches, a short area between impeller and diffuser with constant

through-flow area, are utilized to improve a diffuser‘s aerodynamic stability [25, 6].

The collecting container or volute can exhibit different cross sections such as symmetric

and asymmetric ellipses, squares or rectangles, or circles [26]. For turbochargers, over-

hang volutes with asymmetric ellipse-like shapes are commonly used due to their low

losses and compact design [7].

2.2.2. Thermodynamic Parameters

To allow a comparison between different compressors and operating conditions, char-

acteristic thermodynamic parameters are used. The most common parameters include

the referenced mass flow rate ṁre f , total-to-total pressure ratio ΠTT, isentropic adiabatic

efficiency ηis, and the circumferential velocity u2 of the turbomachine. [6, 7]
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Since the actual mass flow rate varies depending on the inlet conditions, it is referenced

to a specific condition. The reference condition is not standardized and can vary depend-

ing on the compressor manufacturer. In this work, a reference total pressure pT,re f of 1bar

and a reference total temperature Tt,re f of 298.15°K are used, following [7]. The referenced

mass flow rate can be calculated using equation 2.13.

ṁre f = ṁ

√
TT

pT

pT,re f
√

TT,re f
(2.13)

The pressure rise of the compressor is given by the non-dimensional pressure ratio.

Since both static and dynamic part of the pressure can be used in a turbocharger applica-

tion, the total pressure at compressor outlet is considered [7]. The pressure ratio can be

calculated as follows.

ΠTT =
p2T

p1T
(2.14)

The aerodynamic quality of a compressor is expressed through its efficiency. It has

become an accepted simplification to assume an isentropic, adiabatic process, although it

is well-known that heat transfer occurs during testing and normal operation [27, 28]. The

isentropic efficiency ηis can be calculated using equation 2.15.

ηis =
T1T

T2T − T1T

















(

p2T

p1T

)

γ−1
γ

− 1

















(2.15)

Another key parameter of the compressor is its rotational speed. For matching the

compressor with the turbine, the rotational speed n is important since the turbine wheel

and compressor impeller are mechanically connected via the shaft. Hence, the compressor

rotational speed will be the same as the turbine. For comparison of different compressor

impellers, the circumferential velocity at the impeller outlet diameter d2 is used because

of similarity law. The circumferential velocity can be calculated using equation 2.16.

u2 = πnd2 (2.16)

To visualize compressor performance characteristics, compressor maps, such as the one

depicted in Figure 2.4, are employed.

These maps illustrate the relationship between pressure ratio and mass flow rate at

constant rotational speeds. The surge or stall line on the left marks the boundary of stable

operation, beyond which the compressor becomes aerodynamically unstable. The choke

line on the right represents the maximum flow rate the compressor can deliver, as the

flow velocity reaches sonic conditions in the critical region.4

The constant speedlines are overlaid with the efficiency contours. The efficiency

parabola follows the maximum value and indicates the best operating area of the compres-

sor. A well-matched turbocharger compressor does not only allow stable and sufficient

4The choke line in the compressor map does not represent the true aerodynamic choke but rather a value slightly above, established by
the manufacturer to avoid critical operating conditions [29]. For turbocharger compressors, efficiency thresholds are employed. Volume
flow percentages, reductions in pressure ratio, or calculated Mach numbers are also utilized [30].
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Figure 2.4.: compressor map

operation across all engine operating points, but has the efficiency parabola aligned with

the engine‘s primary operation area for maximum fuel efficiency.

2.2.3. Fundamentals of Commercial Vehicle Exhaust Gas Turbochargers

A cross-section of a typical heavy-duty commercial vehicle turbocharger can be seen in

Figure 2.5.

The core of the turbocharger is the bearing housing, which consists of a cast steel hous-

ing, a ball bearing, and the turbocharger shaft that mechanically connects the turbine and

compressor wheels. Within the housing, oil-permeated cavities are placed to reduce heat

transfer from the hot turbine side to the cold compressor side. The oil is also essential for

lubricating the ball bearing system. The oil inlet and outlet are centrally located within

the housing. An inductive speed sensor is situated in the bearing housing to measure the

circumferential speed of the shaft.

The turbine housing directs the exhaust gases to the turbine wheel, where they expand,

driving the shaft. Due to the gases high temperature, a steel alloy is used for the turbine

housing and a nickel alloy for the turbine wheel. The volute is divided into two channels

with different cross-sectional areas. The smaller cross-section creates higher backpressure,

allowing part of the mass flow to be utilized for exhaust gas recirculation (EGR), whereas

the larger cross-section creates minimal backpressure and is used solely for powering the

turbine [8].

The compressor housing, cast from an aluminum alloy, directs the inflow to the im-

peller, decelerates the flow in the diffuser, and collects the gas in the volute. A ported
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Figure 2.5.: cross-section of a commercial vehicle exhaust gas turbocharger

shroud extends the operating range of the compressor, while a noise ring is employed to

reduce blade-induced noise.

2.3. Fundamentals of Stall and Surge in Centrifugal Compressors

Stall and surge are adverse and, in many cases, violent flow phenomena in axial and radial

compressors happening at low mass flow rates and high pressure ratios. Research can

be traced back to the 1920s when rotating stall in a centrifugal water pump was reported

for the first time. Since then, stall and surge have been the focus of intense research. [10, 31]

(a) compressor stall - circumferentially
nonuniform flow

(b) compressor surge - axially oscillating flow

Figure 2.6.: stall and surge in compressors5

5Used with permission from ASME, from [32], permission conveyed through Copyright Clearance Center, Inc.



2.3. FUNDAMENTALS OF STALL AND SURGE IN CENTRIFUGAL COMPRESSORS 17

Rotating stall is a flow instability that propagates circumferentially and does not impact

the annulus-averaged mass flow of a compressor [10, 32, 33], as depicted in Fig. 2.6a.

Impeller stall typically rotates at 20-80% of the compressor’s rotational speed, whereas

vaneless diffuser stall propagates at 5-22% [34].

Surge, on the other hand, is an axial flow instability characterized by substantial pres-

sure and mass flow oscillations [10, 33], as illustrated in Fig. 2.6b. The frequency of surge

is several orders of magnitude lower than that of stall [32, 35, 36].

2.3.1. Compressor Stall

Much of the early and fundamental work on compressor stall has been conducted on axial

compressors. One of the primary reasons is the distinct behaviour of these compressors,

as high-loading axial compressors experience a significant pressure drop when stalled

[10]. This poses a substantial risk to aero engines, driving significant commercial and

public research demand [10, 31, 37]. Nevertheless, many findings from this research can

be applied to centrifugal compressors [38, p. 14].

Stall is a flow instability that induces a circumferentially, nonuniform flow in the com-

pressor, while the averaged mass flow through the compressor remains constant [32]. The

studies by Emmons et al. [39], and Hoying et al. [40], performed on axial compressors,

are utilized to explain some of its basic principles, as outlined by Yoon et al. [41], compare

Fig. 2.7.

(a) stall propagation, based on Emmons et al. [39] (b) stall inception, based on Hoying
et al. [40]

Figure 2.7.: basic stall principles6

The work by Emmons et al. [39] discusses the effect of stall propagation in blade rows.

The explanation is as follows: As the mass flow rate decreases at constant rotor speed, the

incidence angle increases, leading to a mismatch between the blade contour and the flow

field. The now limit-stable flow field experiences a transient disturbance, causing a single

blade to stall as its boundary layer detaches. With the passage stalled, its throughflow

area decreases, reducing its volume flow. Consequently, flow is diverted towards the fol-

lowing passage, further increasing the incidence angle and leading to a stall. The newly

stalled blade improves the first blade’s incidence angle while deteriorating the next one’s

incidence angle. Thus, the stall cell begins to rotate against the circumferential speed

6Used with permission from ASME, from [41], permission conveyed through Copyright Clearance Center, Inc.
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direction of the compressor [39].

The work by Hoying et al. [40] considers a compressor’s much more complex flow

field. Manufacturing and material deformation effects, driven by centrifugal forces and

temperature, necessitate a gap between the impeller blade and compressor housing7.

Driven by the pressure difference between the blade‘s pressure side and suction side, a

tip clearance flow develops, leading to a tip clearance vortex. This vortex strengthens as

flow is reduced, and its trajectory shifts toward the leading edge of the subsequent blade.

Once perpendicular to the axial direction, a small perturbation can cause leading-edge

spillage, resulting in stall.

Centrifugal compressors exhibit more complex rotor geometries and include additional

components such as volutes and different types of radial diffusers. Every component can

experience stall, and stall definitions range from flow separation to significant static pres-

sure distortions [22]. Moreover, all these components interact, making it challenging to

pinpoint the true origin of stall. Notable examples are the studies by Yang et al. [42, 43].

Although the compressors stall at the impeller inlet, the stall inception points are related

to the volute tongue, which generates a non-uniform static pressure distortion that affects

the impeller and diffuser.

The most apparent component responsible for non-uniform flow is indeed the volute.

Volutes are typically designed to conserve angular momentum, leading to linear A/R

ratios [44]. As the diffuser outlet flow angle varies with increasing or decreasing mass

flow, the volute will act as a nozzle or diffuser under off-design conditions [12]. This,

in turn, affects the static pressure, leading to a non-circumferential flow distortion. The

volute tongue introduces another significant static pressure distortion due to the abrupt

geometry change, as shown, amongst others, in [14]. Using 3D CFD, Zheng et al. [45]

demonstrated that these distortions can trigger impeller stall when allowed to propagate

upstream.

Although many geometrical pathways to stall exist, for axial compressors, they can be

categorized into two types of stall inception: modal stall and spike stall. This classifi-

cation is based on the temporal development of the disturbance. Modal stall describes

a long, slowly growing disturbance, whereas spike stall appears suddenly and develops

into a full stall cell within less than 10 revolutions. [10, 16]

Modal stall has a comparably low stall cell speed of less than 50% of the rotor speed

and occurs at the high point of the total-static compressor map. It is therefore predictable

in linear stability analysis. [16, 10]

Spike stall, on the other hand, has a higher stall cell speed of greater 50% and can

occur even on the negative slope of the corresponding compressor curve [10]. It has been

7Shrouded blades are excluded from review.
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found that for axial compressors, spikes are associated with the formation of a vortex

tube, driven by leading edge separation [16].

2.3.2. Compressor Surge

Surge is a global instability that necessitates consideration of the entire compression sys-

tem [46, 47, 22]. It describes the axial breakdown of the flow field in the compressor,

leading to either partial (mild or classic surge) or complete (deep surge) flow reversal

[48]. Recognized as the most severe form of compressor aerodynamic instability, surge

has the potential to inflict significant damage or even cause failure within minutes [31, 49].

It has been proven that axial compressors must experience stall prior to the onset of surge

[10].

For centrifugal compressors, it remains ambiguous whether modal and spike stall are

the sole triggers. Spakovszky and Roduner experimentally validated both mechanisms

in a centrifugal compressor’s vaned diffuser (as cited in [50]). Conversely, Godard et al.‘s

experimental investigation [50] failed to identify any stall precursors before surging in a

centrifugal compressor with a vaned diffuser designed for fuel cell applications, thereby

challenging these mechanisms to be the only two possible. This perspective is further

supported by Casey and Robinson [12].

Figure 2.8 illustrates mild and deep surge in both a quasi-steady compressor map and

time resolved static pressure ratio measured on the test bench. The compressor is rep-

resentative of heavy-duty commercial vehicle turbocharger applications and features a

vaneless diffuser and a ported shroud. The surge event is induced by gradually clos-

ing the test bench‘s throttle valve, thereby reducing the mass flow rate. Once deep surge

occurs, the throttle valve is reopened to prevent damage to the compressor and test bench.

Figure 2.8.: surge event

Initially, the compressor enters a mild surge regime (1200 revolution mark / orange

loop), characterized by harmonic pressure oscillations. Although the amplitude of these

pressure oscillations is relatively small, the instantaneous mass flow rate varies signifi-

cantly, as seen in the compressor map. A loop forms, encapsulating the smaller low point
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of the compressor characteristic. This low point typically forms when recirculation in the

diffuser occurs, but the compressor flow field does not completely break down [51]. If

this quintic-shaped compressor characteristic is pronounced and the throttle valve step

sufficiently small, as in this case, mild surge can be observed for several thousand rotor

revolutions.

Eventually, the mass flow rate decreases to the second positive gradient section of the

steady compressor characteristic. The instantaneous operating point enters a large loop in

the compressor characteristic, reaching negative mass flow rates (discharge of the down-

stream plenum through the compressor) and large pressure fluctuations. This marks the

beginning of deep surge, which is the most violent type of surge, acoustically detectable

by a low-order buffeting noise and visually by vibration of the upstream and downstream

piping. Deep surge is stopped by reopening the throttle valve, allowing mass flow to

increase and re-establishing a homogeneous, stable flow.

The lumped parameter model of Greitzer, introduced in [32] and validated with ex-

periments in [52], has significantly influenced surge modeling and the understanding of

surge as a system phenomena. Initially derived for axial compressors, it was later found

applicable to centrifugal compressors as well. In 1992, Fink [33] specifically adapted the

model for centrifugal compressors by introducing a variable compressor rotational speed

during surge, resulting in a better fit between predictions and experiments.

Figure 2.9.: Greitzer compression system8

The Greitzer model simplifies the compression system into five components: inlet duct-

ing, compressor, plenum, outlet ducting, and throttle valve, representing a Helmholtz

resonator, as shown in Figure 2.9. To maintain simplicity in the ordinary differential

equations (ODE), incompressibility in the pipes and constant pressure in the plenum are

assumed. The compressor is represented as an actuator disk. This results in four ODEs

that must be solved numerically.

The ODE for flow in the compressor duct:

dΦc

dτ
= B(Ψc −Ψp) (2.17)

8Used with permission from ASME, from [32], permission conveyed through Copyright Clearance Center, Inc.
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For the flow in the throttle duct:

dΦt

dτ
=

B
G

(Ψp −Ψt) (2.18)

For mass conservation in the plenum:

dΨp

dτ
=

1

B
(Φc −Φp) (2.19)

For the transient response of the compressor:

dΨc

dτ
=

1

B
(Ψc,ss −Φc) (2.20)

whereΨ represents non-dimensional mass flow and Φ non-dimensional pressure rise.

The parameters B and G are defined as follows:

B =
u
2a

√

Vp

Aclc
(2.21)

G =
ltAc

lcAt
(2.22)

where u is tip speed velocity and lc, lt,At,Ac are the corresponding lengths and areas of

the compressor and throttle duct.

One of the most important findings is the introduction of the B-stability-parameter, equa-

tion 2.21, which can be expressed as a ratio between the pressure and inertia forces of

the compression system [53, 10]. If the compression system‘s B-value exceeds the com-

pressor’s critical B-value, surge occurs; for lower values, the compressor moves to a new

operating point and encounters rotating stall. For the original setup, the critical B-value

was found to be 0.7. However, it is emphasized that the B-Parameter is not universal but

unique for every compressor and has to be found experimentally.

The parameter G, a dimensionless geometry ratio, was found to be of minor importance

and hence was not further investigated. [32]

The model can capture the onset, amplitude and frequency of stall and mild surge 9

[32]. However, deep surge is not well-captured as it is driven by the resistive elements,

such as how quickly the flow can discharge through the compressor [50, 32].

Although the Greitzer model has greatly contributed to today’s understanding of surge,

it has limitations for turbocharger applications, where several resistances and volumes

are located upstream and downstream of the compressor. [54, 46, 55, 56]

9This holds true only if the quasi-steady compressor characteristic (model input) matches the compressor behavior in the unsteady regime.
As discussed in [51], cubic-like shapes, often used for centrifugal compressors, can only have stable, or limit cycle (deep surge), states.
This is often overlooked when applying the Greitzer model to centrifugal compressors.
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2.3.3. Surge in Transient Environments

Transient systems are common in pipeline and turbocharging applications, where dis-

placement machines (primarily piston compressors or reciprocating engines) are com-

bined with turbomachinery. Displacement machines generate strong pressure and vol-

ume flow pulses, which impact both compressor efficiency and operating range. This has

been documented in various studies, including an automotive heavy duty turbocharger

application [1], an automotive passenger car turbocharger application [57], a pipeline

compressor application [58], and an unmanned aerial vehicle turbocharger application

[59].

Figure 2.10.: Pulsating Flow Device (PFD) [1]

Experimental work conducted by Barrera-Medrano [1] involved adapting a compres-

sor test rig with a variable plenum to simulate different volumes behind the compressor

and incorporating a rotary valve to generate pressure pulses typical of heavy-duty diesel

engine applications (see Figure 2.10). The experiments demonstrated that the operating

range of the compressor is positively influenced when subjected to pulsating backpres-

sure. Similar findings were reported by Galindo et al. [57]. Another important outcome

is that pulse frequency influences hysteresis behavior. For operating points on a positive

compressor slope, pressure fluctuations dominate the hysteresis curve, whereas for op-

erating points on the negative slope of a speedline, mass flow oscillations dominate the

hysteresis loop.

Shu et al. [60, 61] build upon these results and extend research on pulse frequency and

amplitude using 1D simulation, as experimental approaches cannot decouple pulse fre-

quency, amplitude and operating point. The results show that surge is postponed when

the compressor operates under pulsating backpressure conditions due to the interaction

between forced oscillation by the pressure boundary condition and the self-sustained

surge oscillation. However, it is noted by the authors that the stability of a compressor in

a pulsating environment depends on various factors and is not limited solely to amplitude

and frequency.

Yang et al. [62] conducted a 3D CFD analysis to understand flow physics under
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pulsating backpressure. A URANS simulation was performed and validated with ther-

modynamic measurements. The simulation results show that the pulsating backpressure

suppresses vortices in the impeller, which arise due to the Kelvin-Helmholtz instability.

This suppression reduces impeller blockage, thereby enhancing surge stability.

Although significant progress has been made in understanding surge in transient envi-

ronments, accurately predicting surge onset in engine applications remains challenging.

Surge margin can either improve or deteriorate on an engine [24] or engine-like test bench

[54], and experimentally detecting the primary surge driver is nearly impossible due to

the confined space and numerous variables involved.

Therefore, reliable surge data can currently only be obtained through testing. Engine

surge tests are not standardized, and various techniques are employed in literature. One

method involves feeding compressed air into the compressor outlet [24], thereby reduc-

ing the compressor mass flow rate while maintaining overall engine mass flow. Other

methods include increasing EGR or conducting dynamic load testing in vehicles [6].

2.3.4. Operating Range Enhancement

In order to increase the operating range of a compressor, various methods can be em-

ployed, typically categorized into active and passive surge control. Active surge control

methods involve the use of actively controlled devices, such as adjustable inlet guide

vanes [63], adjustable diffuser vanes [6], bypasses [64], aerodynamic pre-swirl [65], or

loudspeakers [66]. Although these methods can significantly improve the operating

range, their complexity precludes their use in automotive series applications. However,

bypass valves are commonly used in gasoline and hydrogen combustion engines.

Figure 2.11.: ported shroud

In Diesel engine applications, passive surge control is employed [67]. The most preva-

lent device is the ported shroud or recirculation slot, see Figure 2.11. Other passive surge

control methods are casing treatments, which involve slots, holes or grooves in the shroud

contour. Yoon et al. [41] provide an overview of their function, advantages and disadvan-

tages. Due to higher manufacturing costs compared to ported shrouds, casing treatments

are not used in series applications and are therefore excluded from review. Unfortunately,
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the term "casing treatment" has become somewhat synonymous with "ported shroud",

leading to unnecessary confusion.

Qiu et al [68] utilize steady RANS simulation to derive a meanline model of the ported

shroud. It is found that two different effects are responsible for the improved stability.

Firstly, the recirculating flow at low mass flow rates blocks part of the inducer, thereby

improving the inlet incidence angle. Secondly, the removal of low-momentum flow accu-

mulating in the clearance gap enhances the downstream flow, resulting in lower end-wall

losses. This, in turn, leads to improved pressure rise capability of the impeller, and a

generally cleaner flow field. Consequently, the stall margin is improved.

Large Eddy Simulation (LES) is employed in [69] to capture the detailed flow field of the

impeller interacting with a ported shroud. The findings show that the improved pressure

rise is attributable to higher blade loading near the impeller leading edge. In the absence

of the ported shroud, backflow at the impeller tip adversely affects the incidence angle,

thus reducing blade loading and propagating flow disturbances through the compressor.

Studies utilizing particle image velocimetry (PIV) demonstrate that significant flow

recirculation occurs near surge conditions, validating simulation-based work. Further-

more, both sets of measurements reveal that the recirculation flow is non-uniform and

influenced by the ported shroud’s supportive structure. [70, 67]

A numerical optimization of the supportive structure is conducted in [71] and validated

by experiments. The optimized support structure fosters a more favorable flow field and

induces pre-swirl, leading to significant improvements in surge margin and noise reduc-

tion, with a slight increase in choke mass flow.

Additional work is conducted in [72, 73], where the mitigation of the non-axisymmetric

pressure distortion induced by the volute using the ported shroud is investigated. By

precisely matching the bleed slot height with the distortion, a 10% improvement in surge

margin over standard ported shroud designs is achieved.

Despite these findings, significantly aero-optimized ported shroud designs are not

widely adopted in series applications, primarily due to their impact on compressor lifes-

pan. The positioning and thickness of the supportive structure are constrained by blade

excitation, thermal stresses during load cycles, and containment requirements in the event

of impeller failure. Consequently, aerodynamic optimization in this area is severely lim-

ited.
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2.4. Fundamentals of Design Optimization

Optimizing a compressor, or more generally, any type of machine, typically follows one

of two major design methodologies: knowledge-based optimization or data-driven opti-

mization. In a knowledge-based optimization, a machine is optimized based on explicit

information, such as in-depth analysis of test or simulation data. For complex relation-

ships, data-driven optimization is typically employed, as explicit information is difficult

or even impossible to obtain. In this approach, large data sets are utilized to enable sur-

rogate modelling, and mathematical optimizers are applied to find the optimal solution.

In commercial turbocharger compressor development, data-driven optimization has be-

come a well-established design methodology [74, 75, 76].

According to Pietrenko-Dabrowska and Koziel [77], four steps are required to obtain a

sound surrogate model, which forms the basis of successful data-driven optimization:

1. Design of Experiments (DoE): This step involves defining the design space and en-

suring its comprehensive coverage, resulting in an initial set of experimental designs.

2. Training Data Acquisition: Following the generation of designs, their system outputs

(responses) must be evaluated. This step is typically the most resource-intensive.

3. Model identification: In this phase, the most appropriate model algorithm is selected,

and the surrogate model is constructed.

4. Model validation: The predictive accuracy of the surrogate model is assessed. If the

results are unsatisfactory, additional design points may be incorporated to enhance

the model.

In commercially available software, model identification and model validation are of-

ten integrated into a single automated process, commonly referred to as metamodelling.

This integration is due to the necessity of in-depth knowledge of the underlying, some-

times even proprietary, surrogate model algorithm for proper validation, which directly

impacts user-friendliness [78].

Upon the construction and validation of the surrogate model, optimization processes

are implemented. These processes are selected based on several criteria, including their

objective (single-objective or multi-objective), convergence properties, stability, and their

capability to identify global or local optima.

2.4.1. Design of Experiments

The DoE refers to the strategic allocation of training data points within the design space

[77]. This process significantly impacts both the computational cost and the quality of

the resulting surrogate model. Generally, four DoE methods are utilized, as illustrated in

Fig. 2.12.
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(a) Full Factorial Sampling (b) Monte Carlo Sampling (c) Latin Hypercube Sampling (d) Sequential Sampling

Figure 2.12.: DoE methods

The most straightforward DoEs are Factorial Design Plans, which position samples at the

corners or edges of the design space (Fig.2.12a). These plans allow for the estimation of

main effects and interactions but become impractical for a large number of input variables

or detailed analyses due to the excessive number of required samples [77, 79].

To mitigate the excessive sample requirement, Random Sampling, such as Monte Carlo

Simulation, can be employed (Fig.2.12b). This method assumes that design variables

follow a uniform distribution within a specified range, placing designs randomly in the

design space. While this approach enhances the detection of interactions, insufficient

sampling can lead to clusters and gaps, making some areas less observable. Additionally,

false correlations between input variables may occur, rendering the surrogate models

unusable. [79]

Latin Hypercube Sampling (Fig.2.12c) ensures more uniform spacing compared to Monte

Carlo methods and minimizes potential false correlations between input variables. This

method is more efficient and reliable and recommended for up to 50 input variables.

[79, 77]

In many applications, even a Latin Hypercube Sampling results in an excessive number

of designs. To address this, Sequential Sampling is widely used (Fig.2.12d). This method

involves creating a coarse initial mesh, identifying the optimization path, and iteratively

refining the relevant area. Thus, non-favourable or irrelevant areas are excluded, signifi-

cantly reducing the required number of designs. [77, 80, 81]

2.4.2. Training Data Acquisition

With the samples generated by the DoE, their response values are obtained through either

experimental tests or simulation techniques, with the latter being more widely adopted

due to their relatively lower costs. To ensure a suitable dataset, it is crucial to minimize

external disturbances, as the surrogate model only accounts for the specified input vari-

ables. This requirement, coupled with the large number of experiments or simulations,

typically necessitates fully automated setups.
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For compressor performance prediction, 3D CFD simulations are commonly utilized

[6, 74, 7, 76, 75]. However, alternative methods such as 1D or meanline calculations, as

well as test-based data, are also utilized, depending on the design phase and the specific

objectives of the surrogate model.

2.4.3. Model Identification and Validation (Metamodelling)

With the initial designs created and their responses obtained, all necessary data is avail-

able for generating and evaluating the surrogate model. The selection of an appropriate

model algorithm depends on various factors such as the amount of available designs,

number of input and output parameters, level of noise and gradient of the approximated

function. Commonly used model algorithms include, but are not limited to, the following

methodologies or their derivatives:

• Polynomial Regression

• Moving Least Squares

• Kriging

• Artificial Neural Networks

The Polynomial Regression is a widely used surrogate model when all basic relationships

between input and output parameters are known. The regression coefficients are typi-

cally calculated using the least squares of error method. As the number of variables or the

polynomial degree increases, the required amount of training points rises significantly.

Therefore, polynomial regression is normally limited to second order polynomials and

linear coupling terms. [81, 82]

An adaption of the polynomial regression is the Moving Least Squares approximation.

Similar to polynomial regression, the basic function includes linear and quadratic terms,

but it incorporates position-dependent weighting functions. This addition allows for

efficient smoothing of noisy data. [79]

In many engineering applications, the Kriging approach is favored for its robust inter-

polation capabilities. The core principle of the algorithm is that data between training

points can be interpolated by applying weighting factors based on the distance to the

surrounding training points. The weighting factor increases as a training point gets

closer to the approximation area. Consequently, the training points become an integral

part of the model, and the prediction error becomes zero at each training point. [81, 82, 77]

Artificial Neural Networks differ from other surrogate models as they are inspired by

the biological nerve system. Various network types exist, with the simple Feed Forward

Network being one of the most common. This network consists of an input layer with

as many neurons as variables, an output layer with one neuron corresponding to the
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output parameter, and several hidden layers, but typically not exceeding two. Each neu-

ron at position k + 1 is activated based on a weighted sum of the preceeding neurons

at position k. The individual weighting factors of each neuron are determined through

the training process, which minimizes the error between predictions and training data.

This training usually requires large datasets and significantly more computational power

compared to other approaches. Artificial neural networks are insensitive to single errors

and disturbance variables in the training data, making them suitable for complex tasks.

Additionally, they outperform other surrogate models when dealing with steep gradients.

[82]

With many different surrogate models available, it is crucial to evaluate not only the

predictive capability of a single model but also to compare its performance with other

types. The most straightforward method for this comparison is to use the Coefficient of

Determination, CoD, as shown in equation 2.23.

CoD = 1 − SSE

SST
, 0 ≤ CoD ≤ 1 (2.23)

Here, SSE represents the sum of squares due to error, and SST corresponds to the total

sum of squares. The closer the CoD is to one, the better the approximation is expected

to be. However, this is not always the case, and the value can be misleading. Firstly,

if overfitting occurs in polynomial regression, the CoD will approach one. Secondly,

Kriging-based models inherently include the original design samples, also resulting in

a CoD value of one. Thus, the CoD should not be used to evaluate the approximation

quality of surrogate models. [78]

For a more general and reliable evaluation of surrogate models, the Coefficient of Prog-

nosis, CoP, eqn 2.24 is recommended.

CoP = 1 −
SSPrediction

E

SST
, 0 ≤ CoP ≤ 1 (2.24)

Rather than using the direct fitting error, the prediction error SSPrediction
E is utilized. To

calculate this value, a cross-validation scheme is applied, where the design points are

divided into groups that construct the surrogate model and groups that are solely used

to assess the prediction performance of the derived model. As a result of this scheme,

the CoP becomes independent of the model type and is much less sensitive to overfitting.

Therefore, it is used as the key indicator in automated surrogate modelling systems.

[79, 78, 83]

2.4.4. Optimization Methodologies

With the surrogate model constructucted and its predictive accuracy in the design space

confirmed, optimization procedures can be applied to identify the optimal solution to a

given set of objectives and constraints. The objectives are usually formulated as mini-
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mization tasks. Figure 2.13 shows typical minimization algorithms and their respective

application area.

Figure 2.13.: optimization algorithms

For single objective optimization, a gradient-based method such as Nonlinear Program-

ming by Quadratic Lagrangian, NLPQL, can be employed. This method approximates the

derivative of the objective function and searches for the next local optimum. NLPQL is

highly efficient for optimization tasks with fewer than 20 input variables and low noise

levels. For higher noise levels, the differentiation interval becomes crucial as too small

intervals can lead to solver divergence.[79]

A commonly used gradient-free method is the Nelder-Mead Simplex algorithm [77]. This

algorithm uses a simplex to evaluate the objective function and converge towards its local

optimum. Its independence from gradients makes it much more robust to solver noise

and inconsistencies in the objective function due to failed designs. [80]

In many practical engineering cases, optimization tasks involve multiple objectives

and constraints, necessitating the use of specific multi-objective solvers. These solvers

are classified in non-interactive and interactive methods.[79]

Non-interactive methods transform multi-objective tasks into single-objective tasks.

The two most common approaches are to designate one optimization target and refor-

mulate the other objectives to constraints, or to introduce an optimization function with

individual weightings for each objective. Subsequently, single objective methods are

applied to find the optimal solution. However, both approaches require extensive knowl-

edge about the optimization potential and a clear understanding of the importance of

each objective, which is often not available at the beginning of the optimization process.

Therefore, interactive methods such as Pareto optimization are applied. [79]

In a Pareto optimization, a design a is considered dominant against another design b

if it is feasible, equal or better in all objectives, and better in at least one objective. As a

result of the optimization, a Pareto front forms, with each design representing an optimal

solution. This front allows for the investigation of conflicting objectives and the design

space, facilitating the understanding of their relationships. Based on these findings, non-
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interactive methods can be set up if required. [79]

For Pareto optimization, nature-inspired optimization processes are often employed.

[79]

Evolutionary Algorithms are inspired by the process of natural selection and genetics.

After initializing a random first population, all individuals are evaluated, and the best

individuals are selected for reproduction. This process continues until stagnation is

achieved. Random mutations prevent the solver from converging to a local optimum.

This method allows the solver to handle a large number of failed designs and is considered

one of the most efficient approaches for optimization tasks with many design variables

and constraints. [79, 80]

The Particle Swarm Algorithm is inspired by the behavior of schools of birds and fish

[77]. A swarm of particles moves through the design space, with each particle’s position

updated based on the best global position (leader) and its own best position from previous

steps. Its performance is comparable to evolutionary algorithms but deteriorates when

dealing with discrete variables or numerous constraints. [79, 80]

Since many technical parameters, such as dimensions, are discrete rather than contin-

uous values, evolutionary algorithms are the preferred optimization tool.



3. Methods

This chapter introduces the methodologies employed to acquire the data for this work.

The first section details the experimental facilities utilized, namely the Hot Gas Test Rig

(HGTR), Electric Test Rig, and Engine Test Rig (ETR). The second section introduces

the simulative approaches, specifically Reynolds-Averaged Navier-Stokes (RANS) and

Unsteady Reynolds-Averaged Navier-Stokes (URANS) simulations.

3.1. Testing

The highly complex aerodynamic and thermodynamic effects in applied turbomachinery

make the derivation of physical and mathematical models challenging and prone to mod-

eling errors [84]. Consequently, much of the research and development on compressors

relies on experimental results, particularly when investigating transient effects such as

stall or surge. Depending on the specific effect under investigation or the development

target, various test rigs are employed. These test rigs are discussed in the following

subsections.

3.1.1. Hot Gas Test Rig

Compressor testing is usually done on a HGTR. As the name implies, hot gas, generated

by combustion of natural gas or diesel fuel, is used to drive the turbocharger. The test rig

used in this work is a fully automated industrial test bench and optimized for thermody-

namic turbine and compressor measurements.

The standard test bench setup is shown in Figure 3.1, where the compressor operates

in an open-circuit system. Air is drawn from the conditioned test cell (1) into the inlet

ducting (2) and enters the compressor (3). It then passes through the measurement duct-

ing (4) and is expanded in a pneumatically operated throttle valve (5). It is then released

into the atmosphere through a chimney (6).

The turbine (7) is driven by a natural gas burner (8) which provides a hot gas compa-

rable to the exhaust gases of an engine. Typically, turbine inlet temperature is set to 873°K.

Inlet static pressure (a) is pneumatically averaged and measured 2d1 upstream of the

compressor inlet. The inlet temperature is measured with PT-100 sensors (b) in the same

measurement plane.

T2 (c) and p2 (d) are measured 5d2 downstream of the compressor outlet cone. p2 is

similarly measured as p1. T2 is measured with six PT100 sensors, which are positioned in

a specific form to take the swirling flow of the compressor into account.

31
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Figure 3.1.: hot gas test rig

Since neither total temperature nor total pressure can be precisely measured, a fully

developed flow is assumed and total values are iteratively calculated, following common

industrial best-practice guidelines [85].

The mass flow rate is measured by a SensiFlow flow meter (e) located at the beginning

of the inlet ducting.

As every turbocharger is manufactured with an internal speed sensor (f), the test rig

does not actively measure the circumferential speed but acquires it from the turbocharger.

The lubricant for the turbocharger bearing system is provided by the test bench (8). Oil

mass flow, inlet- and outlet pressure and temperatures (g, h) are monitored and logged

during a test run.

Surge is detected when the pressure fluctuations are greater than five percent of the

sliding average at pressure outlet, or if the outlet temperature exceeds 483°K. The temper-

ature limit is dictated by the mechanical robustness of the compressor wheel and usually

leads to a "kinked" surge line for the highest circumferential speed. It is emphasized that

this "kink" is not the aerodynamic stability limit, which is the common surge definition.

Internal measurement standards and procedures [86] surpass the current industry stan-

dard for turbocharger testing [87], for which the HGTR is fully compliant to.

3.1.2. Electric Test Rig

Although a HGTR powers a turbocharger in the correct thermodynamic way, it introduces

errors when the compressor as a component itself is evaluated. The two main drivers are

heat transfer from turbine to compressor [28, 88, 89, 27, 90, 91], and varying turbocharger

speeds due to control lag [86]. Both sources of error can be minimized when an electric

test rig is used, see Figure 3.2.

On the electric test rig, an electric motor with a gearbox (1) drives the compressor (2).
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Figure 3.2.: electric test rig

The electric control and known transmission ratio make a speed sensor redundant. A

special shaft (3) connects gearbox and compressor, while using the same turbocharger

bearing system.

Air is sucked in from the conditioned test cell through a bell mouth (4) and enters

the 6d1 long inlet ducting (5) equipped with sensors for p1 (a) and T1 (b). An additional

type-K thermocouple (c) is located right at the compressor inlet to detect begin of backflow.

At the compressor outlet, the air enters the measurement ducting (6), where p2 (d) and

T2 (e) are measured 5d2 downstream. Mass flow rate is measured with a V-Cone (7). The

air is released to the test cell via a butterfly valve (8).

The electric test rig generally meets the test measurement and accuracy requirements

as stated in Section 4 of SAE J1826 [87].

3.1.3. Engine Test Rig

The ETR, Fig. 3.3 is used to get closer to the real turbocharger working environment and

gain information about the compressor operation in a transient environment. The test rig

contains of a complete engine (1), where the intercooler (2) is swapped to a watercooled

type to allow operation in a test cell. The engine is coupled to an electric brake (3) to

control the engine operation point. Extensive intake conditioning (4) and aftertreatment

systems (5) allow combustion-related research.

Although compressor inlet and outlet temperature (a, b), pressure (c, d), and tur-

bocharger rotational speed (e) are measured, they cannot be compared to HGTR results.

Due to the very limited space and different ducting, measurements only allow a qualita-

tive comparison between different compressors on the engine.

The ETR employed in this study is a state-of-the-art test bench, utilized for heavy-duty

engine certification in compliance with UNECE R49 [92]. Furthermore, it conforms to the
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Figure 3.3.: engine test rig

specifications outlined in ISO 15550 [93].

3.2. Computational Fluid Dynamics

While experimental results are widely acknowledged as the most reliable, they come

with significant downsides. The need for prototypes and test benches incurs substantial

costs and time. Additionally, acquiring test data is not always feasible, for example when

investigating effects within the rotor.

On the other hand, simulation capabilities have substantially improved alongside ad-

vancements in computational power [26]. Consequently, validated simulations now play

a crucial role in understanding flow behaviors and enhancing compressor designs [84].

3.2.1. Reynolds Averaging

CFD faces the challenge of balancing computational cost with the accurate representation

of physical phenomena. While a Direct Numerical Simulation (DNS) solves the Navier-

Stokes-Equations without introducing turbulence modeling assumptions, it is currently

not feasible for technical applications due to the complexity of turbulence and the result-

ing computational effort. [21]

In many practical turbomachinery applications, the primary interest lies in the steady

mean flow characteristics. Hence, RANS equations are utilized to balance accuracy and

computational cost. [94, 18]

Reynolds Decomposition separates the flow field into a temporal mean value and a

fluctuating component, as shown in equation 3.1 [21, 18]. φ represents a flow variable,

and φ and φ′ are its time-averaged and fluctuating components. The time-average of the

fluctuating component must be zero [18].
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φ = φ + φ′ (3.1)

When applied to the Navier-Stokes equations, Reynolds Decomposition introduces

an additional term in the momentum equation known as Reynolds stress [18]. This is

demonstrated in equation 3.2 for incompressible flows without a source term for sake of

clarity.

ρ̄

(

∂Ū j

∂t
+ Ūi

∂Ū j

∂xi

)

= −
∂p̄

∂x j
+
∂

∂xi

[

τi j − ρ̄u′i u
′
j

]

(3.2)

This term (ρ̄u′i u
′
j) renders the system of equations underdetermined, necessitating ad-

ditional equations for closure [95]. Thus, turbulence models are employed, establishing

correlations between the unknown Reynolds stresses and the known mean flow com-

ponents [18]. This approach allows for the consideration of turbulent flow fluctuations

without direct modeling. As a result, the required spatial and temporal grid sizes can be

significantly reduced, leading to the desired reduction in computational cost [21, 96].

3.2.2. Turbulence Models

Many turbulence models apply the Boussinesq hypothesis, which assumes that the trans-

port mechanism of turbulent velocity fluctuations is analoguous to the molecular trans-

port in an isotropic, Newtonian fluid. This is mathematically represented by equation

3.3. [18]

ρ̄u′i u
′
j = −ρ · νT













∂U j

∂xi
+
∂Ui

∂x j













(3.3)

In this equation, νT represents the eddy viscosity, which is a property of the flow rather

than the fluid itself, and thus must be calculated.

While numerous methods have been proposed in the literature, only a few have gained

widespread use. The most common are the k− ǫ, k−ω, and SST-k−ωmodels, along with

their derivatives. These models calculate νT using turbulent kinetic energy k and either

turbulent dissipation ǫ or turbulent characteristic frequency ω.[21]

Compared to other approaches, such as analytical or one-equation models, these two-

equation models achieve better accuracy and can be applied in complex environments.

They are also less computationally demanding than more sophisticated multi-equation

models such as the Reynolds Stress Model (RSM). [18, 12]

As pointed out in [12], there is no perfect turbulence model, and selection is based

on individual calibration material and experience. k − ǫ models have been employed

in previous compressor flow field investigations relevant to this work [7, 6, 97, 44] and
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are commonly used in many industrial applications [96, 21]. Thus, in this work, the

Navier-Stokes equations are solved using the realizable k− ǫ RANS model in the commer-

cial solver Siemens Simcenter StarCCM+. Compared to the standard k − ǫ model, some

model constants are replaced by functions, which help in obtaining physically realistic

turbulence values under certain flow conditions [21]. This also improves the stability of

the solver [98].

3.2.3. Discretization and Computational Grid

To solve the resulting set of Partial Differential Equations (PDE), numerical schemes are

applied that find the solution through iteration. Therefore, continuous description of the

equations is brought into a discrete form. The resulting equations are then applied to a

computational grid, which represents the flow field with a finite number of points in time

and space. FVM is the most utilized method, as it is, by design, suitable for conservative

discretization [21, 18, 96].

The computational grid divides the flow region into a set of control volumes that do not

overlap or exhibits gaps [21]. The two main grid types are structured and unstructured

grids [21, 18].

• structured grids exhibit a uniform topology, and control volumes are placed in a

regular manner. They typically use hexahedrons or square volume types. [21]

• unstructured grids do not exhibit uniform topologies and can use different volume

types such as tetrahedrons and hexahedrons. These grids are flexible and easy to au-

tomate and hence widely utilized, however, they are typically more computationally

expensive than structured grids. [21]

• hybrid grids are a special case of unstructured ones [12] and combine either structured

with unstructured grids, or stack different structured grids. This can be advanta-

geous if, for example, large fluid volumes have to be discretized.

The grid density heavily influences the outcome and result of a simulation [12]. If the

grid is too coarse, key flow characteristics might not be well captured, if at all. A very fine

mesh, on the other hand, can lead to extensive computational requirements or numerical

divergence.

Also, the quality of the control volumes play an important role. The more the shape of

the cell differs from the generic baseline, the worse the numerical result becomes. [12]

As discussed in Chapter 2, the flow field exhibits large gradients near walls, encom-

passing the viscous sublayer, transition area, and turbulent main flow. This presents

significant challenges for turbulence models, which are usually only valid in fully turbu-

lent flows [21]. To address this, two approaches are employed: high Re meshes and low
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Re meshes. Figure 3.4 illustrates these two approaches.

(a) low Re mesh (b) high Re mesh

Figure 3.4.: near wall modeling

The non-dimensional distance to the wall, y+, defined in equation 3.4, is the key to

understand and distinguish between the two approaches:

y+ =
yut

ν
(3.4)

In this equation, the friction velocity ut is calculated from the wall shear stress, and ν is

the kinematic viscosity, a fluid property (ν = µ/ρ).

Low Re meshes discretize the spatial domain up to the viscous sublayer and employ

specialized low-Re turbulence models to directly resolve the wall flows. The y+ value is

approximately 1. [21]

High Re meshes, on the other hand, use the law of the wall to model the boundary

layer. Analytical functions approximate the boundary flows up to the point where a fully

turbulent flow is developed, allowing classical turbulence models such as the k− ǫmodel

to be valid. Typical y+ values range from 30 to 300, depending on the specific wall and

blend functions used, which is often solver-related. [21]

Thus, the y+ significantly influences the simulation accuracy and the mesh has to be

carefully aligned with the numerical approach and the effects under investigation. A low

Re mesh is considered more accurate than high Re meshes, but might be unreasonable to

deploy because of excessive computational costs [7].

In the work herein, the grid generation is fully automated as outlined in [99] to allow

comparability of simulation results across different compressor designs. The proprietary

CAD tool CTRL-X provides the whole fluid domain and consists of the full-annulus com-

pressor fluid volume together with information on required grid structure and size.

The grid is auto-generated in StarCCM+ and discretizes the fluid volume to approxi-

mately 8 million cells, with the critical regions around the impeller blades refined. Poly-

hedral volume mesh is used with a prism layer mesh for the boundaries. The wall y+
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across the domain ranges between 30 to 80. The walls are treated as hydraulically smooth

and adiabatic, and a no-slip condition is applied. An all-y+ wall treatment is used for

numerical stability while providing reasonable results [98]. Figure 3.5 shows a represen-

tative mesh with some of the inlet and outlet piping included.

Figure 3.5.: Representative CFD mesh. Where possible, structured mesh sections are applied to improve
accuracy and numerical efficiency.

3.2.4. Rotor Interaction and Interfaces

To model rotor movement in steady-state simulations, two methods can be utilized: the

frozen rotor approach and the mixing plane approach. In both cases, a rotating reference

frame is applied to the rotor to simulate its movement. [98]

In the frozen rotor approach, a direct interface between the rotor and stator exists,

allowing flow information to pass directly from the rotor cells to the adjacent stator cells.

Since the rotor mesh does not move, the solution depends on the initial positioning of the

rotor blades relative to the stator. [98]

Conversely, the mixing plane approach uses an interface that circumferentially aver-

ages the flow profile, mitigating the influence of the relative positioning between the rotor

and stator. However, this method cannot capture wake effects, as they are averaged out

in the mixing plane. [98]

The mixing plane approach is typically employed in RANS simulations (see setups in

[7, 6, 100]) and generally seen as good practice [12]. Consequently, in this work, the mix-

ing plane approach is utilized. Its settings and an extensive validation are published in [7].

3.2.5. Boundary Conditions

Boundary Conditions (BC) are used to define the operating point of the compressor in the

simulation. For the inlet, a non-reflective total pressure pT = 1bar and total temperature

TT = 25◦C BC are taken, similar to the inlet conditions at the HGTR and ETR. The outlet
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BC is set for mass flow rate.

3.2.6. Transient Simulation

RANS simulations loose their applicability at specific compressor operating points, par-

ticular in the stall regime. This limitation arises due to unsteady flow phenomena and

high levels of swirl [101, 102]. Consequently, while RANS simulations can be reasonably

accurate, their reliability diminishes as the compressors operating point approaches surge.

Thus, simulation types that account for transient effects are utilized. The most common

ones are Unsteady RANS (URANS), LES or Detached Eddy Simulation (DES), each hav-

ing its own strengths and weaknesses. While URANS is numerically robust, it is unable

to capture large separations behind obstacles in the flow field [103]. For such cases, LES

can be utilized, but lacks numerical stability and introduces significantly higher compu-

tational demands [103, 104]. DES combines URANS and LES by applying URANS near

walls and LES in the main flow field, hence focusing on each models strength. However,

this approach rises issues regarding meshing and theoretical order of accuracy [103]. As

a result, URANS is often preferred over LES and DES [62, p. 3] and has become current

industry standard for transient CFD. Nevertheless, it is still seen as a last design phase

method and not utilized in design iterations [12]. In literature, URANS has been ex-

tensively used to simulate centrifugal compressors in transient operation, stall or surge

[1, 13, 105, 106, 35].

It is important to note that URANS, unlike steady RANS, does not rely on time-averaging

but uses ensemble averaging. Here, the instantaneous flow variables are decomposed

into a mean and a fluctuating component based on statistically equivalent realizations of

the unsteady flow. This preserves the large-scale, coherent unsteady motions that would

be suppressed by time-averaging in a steady formulation.

In the work presented herein, The Navier-Stokes equation is solved using the transient

realizable k − ǫ RANS model [98]. The spatial grid is created upon the same criterions as in

the steady simulation case.10 However, the mesh may also include the relevant parts of

inlet and outlet ducting of the test bench.

The transient character of the model is defined by the temporal discretisation and

the motion of the impeller. An implicit unsteady, second order temporal discretization

scheme with 40 inner iterations is used. The movement of the rotor is modelled with

Rigid Body Motion (RBM) using a fixed mesh. The time step size is subject to the effect

under investigation and grid independence study presented in chapter 4.

10As one aspect of this research is industrial applicability, a low Re mesh is not suitable as it significantly increases required computational
ressources: computational effort is proportional to the square of the number of grid points and inversely proportional to the time step
size. The amount of grid points increases massively with the low Re mesh and the time step must be reduced in order to keep the
CFL-number small.
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At the inlet, a non-reflective total pressure and temperature BC is set. At the outlet, a

mass flow boundary condition is set, following the discussion and procedure in [17].

Each URANS simulation comprises two distinct phases. The initial phase involves

a mass flow ramp-up, during which the outlet mass flow boundary condition linearly

increases from zero to the target mass flow rate. This gradual increase prevents numerical

instability. Subsequently, the mass flow rate is maintained at a constant level, marking

the commencement of the physics evaluation phase. During this phase, the compressor,

having reached its choke limit, follows its speed line towards surge as the backpressure

rises due to mass accumulation at the outlet. Consequently, the compressor will either

stabilize at a steady operating point or transition towards surge.



4. Analysis of the Surge Trigger of a High-Performance

Compressor

Understanding the mechanisms that trigger surge in a representative compressor of the

investigated compressor family is essential for both knowledge-based and data-driven

optimization strategies. In knowledge-based approaches, identifying the dominant phys-

ical phenomena enables the development of effective countermeasures and further per-

formance improvements. In contrast, data-driven methods require the information to

ensure that relevant geometric parameters are appropriately varied within the DoE.

To enable a detailed flow field analysis, a URANS simulation is conducted. Conse-

quently, this chapter follows three main objectives:

1. Validation of the URANS Setup

2. Analysis of the Surge Trigger Mechanism

3. Improvement Recommendations

The Validation of the URANS Setup involves a grid independence study, comparison

with transient and steady-state data from the electric test rig and HGTR. This ensures that

the simulation setup is sufficiently accurate to capture the dominant physical mechanisms

driving surge.

The Analysis of the Surge Trigger Mechanism is connected to the validation as it compares

the effects seen in the URANS with findings from literature using LES or PIV. From this,

the chain of events leading to surge is derived.

The Improvement Recommendations are based on the surge mechanism analysis and iden-

tify optimization potential for surge, efficiency, and choke. Each compressor component

-ported shroud, impeller, diffuser and volute- is evaluated, with new solutions proposed

or linked to existing literature where applicable.

Additionally, an Addendum: Investigation of Automated Surge Trigger Detection examines

methods proposed in grey literature for automated surge detection in simulations. Given

the extensive data generated by URANS, rule-based detection approaches are appealing.

With the actual surge trigger mechanism derived and validated, three detection methods

are applied to the URANS and their results compared.

4.1. Compressor Design

For the URANS analysis, a state-of-the-art turbocharger compressor designed for a 6

cylinder, 15l on-highway heavy-duty Diesel engine is used. It has a 7+7 impeller, a

vaneless diffuser, a linear A/R ratio volute, and a class-typical ported shroud with noise

41
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ring. Inlet diameter is ~64mm, and the design speed range ~40.000 – ~120.000rpm.

Figure 4.1 shows the compressor fluid volume (inlet and outlet ducting not visualized) and

impeller. This baseline compressor is referenced to as compressor B. It was developed by the

industrial sponsor using an automated optimization approach and manually improved

to achieve wider map width.

(a) impeller (b) fluid volume

Figure 4.1.: fluid volume compressor B

4.1.1. Hardware Setup

The compressor used for testing is equipped with static pressure transducers. Fig. 4.2

shows the positioning of the sensors, and the manufactured and equipped compressor

housing.

(a) sensor positions; black: steady-state, blue: transient (b) compressor w. sensors mounted on electric test rig

Figure 4.2.: hardware compressor B

In order to minimize eigenfrequency effects and misleading measurements of the tran-

sient pressure sensors, the maximum permitted length of the holes is calculated based on
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the reshaped standing sound wave equation 4.1.

l =
c

4 fsampling
(4.1)

Using the most critical values for the speed of sound and sampling frequency, the holes

must be shorter than 1.95mm to avoid the first harmonic. Hence, the maximum depth

of the hole is set to 1.5mm which ensures a correct static pressure measurement, while

providing enough safety margin against standing wave interference.

4.2. Validation of the URANS Setup

4.2.1. Grid Independence Study

The simulation was proven mesh independent in [107]. It falls within typical range for

full-annulus meshes of compressors with comparable geometrical dimensions [35].

A time step independence study is conducted to ensure confidence in the temporal

discretization. Therefore, the same baseline mesh is used, but with different time steps of

10°deg, 5°deg, and 1°deg. Similar to the mesh independence study, global data does not

vary significantly with different time steps, as shown in Figure 4.3.

Figure 4.3.: Time step independence study. Averaged isentropic, adiabatic efficiency and converged fluctua-
tion.

While this could suggest the use of a 10°deg time step size, it must be emphasized that

only global data is compared. Thus, the internal flow features can vary, as highlighted

in [108], concluding independence is achieved upon 15 time steps per passage. Key

stall characteristics are evident at three steps per passage. Considering the 7+7 impeller

geometry used in the study herein, two grid sizes are defined depending on the effect

under investigation:

• For global performance data comparison, a 10°deg time step is applied to balance

numerical cost and accuracy.

• For stall phenomena, a 1°deg time step is applied.

4.2.2. Comparison with Electric Test Rig Data

The electric test rig closely resembles the URANS setup, providing an environment that

approximates adiabatic and speed-constant conditions. Therefore, detailed flow field val-
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idation is conducted using the electric test rig with the compressor speed being set to 60%.

The initial validation step involves measuring and comparing the steady-static pressure

field within the diffuser. Therefore, twelve static pressure transducers at diffuser inlet

and outlet are utilized to determine the deviation between test and simulation.

Figure 4.4 illustrates that the simulated static pressure aligns very well with the mea-

surements, with deviations at the diffuser outlet remaining below 0.5%. At the inlet,

deviations increase up to 2.5%. This is due to the proximity of the sensors to the impeller

outlet, where steep pressure gradients are present, as depicted in the static pressure field

generated by CFD. Thus, even minor discrepancies in geometric positioning result in

notable variations. Therefore, it can be concluded that the URANS accurately captures

the steady-state pressure distortion induced by the volute at the test bench‘s last stable

operating point.

Figure 4.4.: Comparison of test and simulation steady static pressure in the diffuser, last stable operating
point.

The second validation step involves the detailed comparison of the flow breakdown.

In the simulation, the compressor is forced into stall by setting the mass flow BC slightly

below its last known stable test bench point. Conversely, in the experiment, the throttle

valve is incrementally closed. Two transient pressure sensors, shown in Fig. 4.4 as blue

dots, record the static pressure signal at a sampling frequency of 50,000Hz.

To synchronize data, the first clearly detectable, high-order pressure fluctuation ex-

hibiting a 180°deg phase shift is chosen as the reference point, as illustrated in Figure 4.5.

The time window begins with the pressure spike resulting from the URANS BC alteration

and ends after five fully developed stall oscillations. 0.2s later, the test encountered the

first deep surge event.

From Figure 4.5 it is imminent that key characteristics are well captured:

• Before the emergence of the first clearly distinguishable waves, the pressure differ-

ence between the sensors gradually increases.

• a good match in the oscillation frequency and amplitude is observed once stall has

developed. Notably, even the intersections between the sensor signals are captured
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Figure 4.5.: Transient static pressure data. Data normalized with ambient static pressure.

in the URANS simulation, as shown by the last three red-dashed lines.

With the basic validity of the URANS stall inception mechanism confirmed, a detailed

examination of the diffusor sensor data is conducted. A high-pass filter with a cutoff fre-

quency of 300Hz is applied to all datasets, as in the experiment, an inlet pipe oscillation

occurs at ca. 250Hz. The filtered results are shown in Figure 4.6.

Figure 4.6.: Comparison of URANS and test data for the diffuser sensor. Data normalized with measured
relative static pressure at last stable point, compressor outlet.

For the time-resolved data, it is important that the interval between the initial distur-

bance and the onset of oscillation in the simulation corresponds with the test data, where

a pressure disturbance precedes the oscillation. In both scenarios, this does not indicate

spike stall inception. In the simulation, the pressure spike arises directly from a change

in the BC, whereas in the experiment, the pressure disturbance occurs several rotor rev-

olutions before the plotted data. This disturbance then abruptly dissipates, akin to the

spike in the simulation, and a long-wavelength disturbance emerges during the same pe-

riod, reaching comparable amplitudes. Given the ideal conditions in the simulation and

the unsteady nature of the test bench, it is concluded that the URANS model effectively

captures the onset of stall.

Simulation and measurement data reveal a sudden phase shift at the 21 rotor revolution

mark, followed by the observation of long - wavelength frequencies in the test signal. This

discrepancy between simulation and test data is typical when classic surge occurs. With

the initial stall fully developed, the test bench‘s increasing vibrations induce secondary

flow breakdowns, which inherently cannot be captured by the simulation. Consequently,

the pressure signals exhibit a drift. It is important to emphasize that this is not critical,
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as the flow field at this stage has already entered the unstable regime, and any (random,

uncontrollable) disturbance will amplify.

4.2.3. Comparison with HGTR Data

In engine applications, critical surge areas are usually located at compressor speeds ex-

ceeding 70% of the maximum speed, necessitating measurements with HGTRs. However,

the nature of these rigs restricts detailed measurements, often allowing only global data

comparisons. Thus, a global data simulation for one deep surge cycle at 86% speed,

employing the 10°deg time step, is conducted to validate the modified setup.

The URANS setup includes the HGTR‘s downstream volume up to the throttle valve.

The inlet is modelled as a 1.5m long pipe, providing sufficient volume to allow a surge

oscillation 11.

From this, the deep surge frequency is determined to be 6.5Hz, closely aligning with

the one measured at the HGTR (5.9Hz). Additionally, the choke point is well matched

with the test data (+1.3%). Therefore, based on the available data, it can be concluded

that the URANS setup is capable of capturing all relevant flow phenomena, even at high

pressure ratios in HGTR environments.

4.3. Analysis of the Surge Trigger Mechanism

4.3.1. Physical Evaluation and Comparison with Literature

With the setup validated as grid-independent and accurately aligned with test data, the

surge trigger at 86% compressor speed is examined. The analysis employs the same

setup as used in the HGTR comparison, but the time step is decreased to 1deg. Figures

4.7 and 4.8 present detailed information regarding the velocity and pressure fields in the

mid-diffuser plane across six relevant time steps. Table 4.1 provides the instantaneous

mass flow rate of each time step.

time step normalized instantaneous mass flow rate
a 64.1%
b 55.5%
c 51.8%
d 47%
e 41.4%
f 32%

Table 4.1.: Simulation time steps and instantaneous mass flow rate. a-c are globally stable, d-f unstable. b-e
are timewise equally spaced. a is close to the design operating point, f is during impeller flow
reversal. Data normalized with maximum choke mass flow.

As the mass flow is reduced by the outlet BC, the volute becomes mismatched and

begins to operate as a diffuser (Fig. 4.8, timestep a-b). This leads to the development of

11The HGTR‘s extensive inlet piping is so dominant, that during a deep surge cycle, no relevant amount of fluid exits the system. This
effect is logarithmic to volume and thus, beyond a certain point, any further increase in inlet volume does not alter surge frequency. In
the CFD, this characteristic is used to reduce computational costs.
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a strongly non-axisymmetric pressure field, which is consistent with experimental obser-

vations and extensively documented in literature [13, 109, 110, 14, 101, 12].

Figure 4.7.: Instantaneous velocity field at different time steps in the mid diffuser plane.

Figure 4.8.: Instantaneous static pressure field at different time steps in the mid diffuser plane.

As a result of this, a significant pressure gradient develops at the volute tongue (Fig.

4.8, timesteps b-e). This gradient induces a leakage flow from the volute outlet back into

the tongue region, resulting in partial recirculation within the volute (Fig. 4.7, timestep

b). This leakage flow is also captured in LES simulations [14, 110].

The low static backpressure behind the volute tongue (Fig. 4.8, timestep b) also results

in an increased mass flow rate through the diffuser and exducer in this region (Fig. 4.7,

timestep b). This effect is further intensified by the partial blockage of the diffuser outlet
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caused by the volute recirculation.

As the mass flow rate in the diffuser decreases due to the discharge of accumulated

flow and the subsequent increase in static pressure, the flow detaches and forms a stall

cell at the four o‘clock position (Fig. 4.7 and 4.8, timesteps b-c).

This separation causes the accumulation of flow exiting the impeller, which discharges

approximately 90°deg phase-shifted as sufficient mass flow rate unblocks the diffuser

(Fig. 4.7, timestep b-c). The partial closure of the diffuser is reported, amongst others, in

[12] and is observable, albeit less pronounced, in the LES simulation in [14].

At some point, the non-axisymmetric pressure field in the diffuser begins to interact

with the exducer. An initial impeller stall event occurs at the twelve o‘clock position,

where the static pressure seen by the passage is highest. However, this stall cannot de-

velop due to the sudden pressure drop downstream the volute tongue, which enables full

flow recovery (Fig. 4.8, timestep c).

The global flow breakdown initiates with the occurence of a second exducer stall orig-

inating from the main blade suction surface at the six ‘o clock position at time step d.

Figure 4.9 provides a detailed visualization of the separation, while Figure 4.10 illustrates

the time-resolved progression of stall growth. It is evident that the instantaneous mass

flow is initially dominated by the main passage (rotor revolutions 0-2), transitions through

an intermediate phase (rotor revolutions 2-4), and subsequently becomes dominated by

the splitter blade passage (rotor revolutions 4-6) as the main passage becomes obstructed

by the stall (see Fig. 4.9). The mass flow rate plot also highlights the rapidly growing

mass flow fluctuation from rotor revolution 3 on, providing strong evidence that this

separation is in fact the trigger of the surge event.

Figure 4.9.: Exducer stall begin, time step (d). Rotating frame streamlines and reference frame velocity
convolution plot.

Figures 4.8 and 4.9 show that the exducer stall coincides spatially with the fully de-

veloped diffuser stall in the same region. However, it remains uncertain whether the

diffuser stall alone is responsible for triggering the exducer stall. Due to the limitation

of the URANS approach, small-scale vortical structures upstream the stall cell are not

resolved. To address this, entropy plots are used as an indicator to visualize regions of
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Figure 4.10.: Instantaneous mass flow rate at compressor outlet before, during, and after stall inception.

disturbed flow. The corresponding results are shown in Figure 4.11.

(a) CFD flow field during exducer stall inception (b) sketch of dominant flow features

Figure 4.11.: exducer stall inception, time step d

To the left, the raw CFD results are presented, while the right side provides a schematic

highlighting the dominant flow features. At position "a", a sharp increase in pressure

resulting from the diffuser stall can be seen. Feature "b" denotes a region of significantly

increased entropy reaching out of the impeller, but also connecting with the main blade‘s

suction side just upstream of the exducer stall "c", as illustrated by the streamlines in the

rotating frame.

To further investigate flow feature "b", axial velocity and entropy distributions at the

compressor inlet, as well as entropy at 90% span, are extracted at time steps a, c, d and

are shown in Figure 4.12.

The axial velocity plots (Fig.4.12, row one) clearly show that, even during the unstable

time step "d", no impeller backflow occurs. Thus, it can be concluded that the flow struc-

ture originates from upstream the impeller.

The entropy contours at the impeller inlet (Fig.4.12, row two) show that under stable

operating conditions, at first an approximately axisymmetric high-entropy ring forms

near the shroud (time step a). As the mass flow decreases, this ring evolves into three

distinct high-entropy regions (time step c) which subsequently move radially toward the

impeller hub (time steps c-d). Notably, the circumferential position of these features re-

mains nearly stationary, exhibiting a rotational speed of only 1.4% of the impeller speed.
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Figure 4.12.: Relevant flow fields for investigation of flow structure "b" at time steps a, c, and d.

This slow movement is attributed entirely to the decreasing mass flow rate, indicating that

the features originate from fixed locations in the absolute (stationary) frame of reference.

The entropy distribution at 90% span (Fig.4.12, row three) reveals that these three flow

features penetrate into the rotor domain but are interrupted and broken down by the

main blades. This is best observed at time step d, where an incoming blade divides one of

the features, and its remnants can be tracked as they are convected downstream through

the rotor. This behavior is highlighted by the black and grey dashed lines for improved

visualization.

Combining these findings with the fact that the ported shroud cavity has three support

ribs, it is concluded that the high entropy regions correspond to a coherent flow structure

characterized by the following:

1. It originates from the ported shroud, as it must form upstream of the impeller. Given

that the compressor inlet is modeled with ideal inflow conditions in the CFD setup,

the ported shroud is the only plausible source.

2. It results from the interaction between the recirculating flow and the support ribs,

as the structure remains fixed in the absolute frame and appears at circumferentially

equidistant positions, consistent with the rib spacing.

3. It is driven by the strength of the recirculation flow and therefore increases in both

magnitude and radial penetration as the amount of recirculated flow grows.

Figure 4.13 presents a schematic of the origin and formation of flow feature "b", which

are declared as vortex structures. As the flow enters the ported shroud, it exhibits a high

circumferential velocity. While a part of this flow spirals upward towards the exit, a

significant portion impinges on the support rib, redirecting it axially. The resulting jet
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then interacts with the spiraling flow and is subsequently deflected nearly 180°deg by the

noise ring, redirecting it toward the impeller inlet. As a result, the vortex structure forms

in the inlet. Notably, similar vortex and jet structures have been experimentally confirmed

using PIV in compressors with ported shrouds lacking a noise ring [67]. Furthermore, it

is reported in [14] that the induced swirl lowers the impellers capability to rise pressure,

a key factor in the onset of surge.

Figure 4.13.: Origin and formation of flow feature "b", symbolically shown for one rib. Entropy section above
impeller overlaid with relevant streamlines.

With flow structure "b" identified as a vortex structure originating from the ported

shroud, disturbing the inlet flow conditions, it is concluded that the exducer stall incep-

tion results from a combination of two mechanisms: the increasing backpressure caused

by the downstream diffuser stall, and the growing inflow disturbance induced by the

increasing recirculation through the ported shroud.

Once initiated, the exducer stall, diffuser stall, and ported shroud recirculation enter a

self-reinforcing feedback loop. The stalled exducer exacerbates the diffuser stall, which

in turn intensifies the stall in the following passages. Simultaneously, the stalled exducer

increases the volume of recirculated flow through the ported shroud, further disturbing

the impeller inflow and amplifying the severity of the exducer stall.

With the resulting drop in mass flow rate, the pressure difference at the volute tongue

increases (Fig. 4.8 timesteps d-e), raising the backpressure experienced by the impeller

passage at this location and promoting a stronger impeller stall in this area as well. Conse-

quently, the spillage flow at the volute tongue intensifies, intitiating a clockwise rotation

of the diffuser flow field (Fig. 4.7 time steps d-e).

It is interesting to see that the two jets in the diffuser (Fig. 4.8 timesteps d-e) rotate

at different speeds. The jet at the three o‘clock position, driven primarily by the volute

tongue spillage and lower static backpressure, rotates more slowly. In contrast, the jet
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at the nine o‘clock position, driven by the growing diffuser and exducer stall, rotates

significantly faster.

The flow field collapses entirely as the faster-rotating jet reaches the volute tongue area

(Fig. 4.8 timestep f), at which point backflow becomes observable at the compressor inlet.

During the flow reversal phase, the inlet flow field structure is consistent with the PIV

measurements in [67, 70]. It is dominated by a single, large and fast-rotating backflow area

near the shroud, while flow near the hub continues to enter the impeller. A substantial

portion of the backflow exits through the ported shroud cavity, which is believed to

significantly reduce the induced stress on the inducer during surge.

4.3.2. Conclusion

The surge trigger of the compressor is an exducer stall at the impeller’s five o’clock posi-

tion, initiated by a coupled mechanism of diffuser stall and inlet flow disturbance induced

by the ported shroud. With the exducer stall formed, multiple self-reinforcing feedback

loops arise, leading to a global breakdown of the flow field. Many of the reported effects

have been documented in other works utilizing different approaches such as PIV or LES,

thus supporting the findings presented here.

A comparison with the quasi-steady HGTR results confirms this chain of effects exper-

imentally, as illustrated in Figure 4.14. The low point in the HGTR quasi-steady pressure

curve is characteristic of diffuser stall, as also observed in the URANS. Furthermore, the

occurrence of the exducer stall in the simulation aligns very closely with the HGTR’s

stability limit (△ṁnormalized = 0.005).

Figure 4.14.: Key events of the compressor entering surge. HGTR quasi-steady measurements and URANS
flow fields.

Hence, it is confirmed that URANS simulations, with an emphasis on numerical stabil-

ity and efficiency, can capture surge and its driving phenomena. However, the URANS

reaches its limits for in-depth analysis of single effects, e.g. the understanding of the tip

leakage flows role in exducer separation.
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4.4. Compressor Improvement Recommendations

With the surge trigger mechanism understood, possibilities for optimization can be in-

vestigated. Given that compressor B was originally developed using an automated

optimization framework, it would be counterproductive to alter the parameters that were

explicitly varied during the design process, as these have been tuned to achieve a local

optimum on the Pareto front generated by the optimizer.

Instead, the current findings are used to identify design parameters or features that

were not included in the original optimization scope but exhibit potential for improving

either efficiency or map width.

4.4.1. Ported Shroud

The ported shroud of the compressor has been found that while extending the stable

operating range of the compressor, at some point, the recirculating flow becomes one of

the two disturbances reliable for initiating surge. Thus, reducing this disturbance directly

addresses a fundamental trigger of surge onset.

In the current configuration, optimization strategies targeting the ported shroud in-

let, such as recommended in [73], are not considered viable as the ported shroud can

effectively remove the low momentum flow from the shroud contour. Therefore, modifi-

cations to the ported shroud inlet positioning, width, and angle, will not contribute much

to delay surge, but are likely to deteriorate efficiency.

However, it was found that the ported shroud support ribs generate a surge-relevant in-

let flow disturbance, which has been widely acknowledged in literature, compare Chapter

2. Importantly, studies did not only report this disturbance, but also propose mitigation

strategies. For instance, [71], introduces the concept of utilizing the ribs as flow-directing

vanes, with experimental validation supporting its effectiveness. While such geometric

modifications entail considerable implications for manufacturing, vibrations, mechanical

and thermal stress, and containment requirements, they offer the potential for substantial

surge mitigation without adversely affecting efficiency. Given that a proof of concept

exists in literature, no further investigation is pursued. Additional contributions would

require a comprehensive optimization that accounts for all aforementioned constraints,

which is beyond the scope of the present work.

4.4.2. Impeller Optimization

One potential mitigation strategy for exducer stall is to increase the impeller’s resistance

by employing more backward-swept exducer blades. However, the outlet blade angle was

already an optimization parameter in the original design. Altering it would directly in-

fluence the impeller exit flow and compromise aerodynamic matching with downstream
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components. Consequently, improvements targeting surge behavior via impeller mod-

ifications are likely to incur substantial efficiency losses and are thus not considered a

feasible strategy.

Instead, recognizing that the stall-triggering disturbances originate both upstream and

downstream of the impeller, other surge-delaying features such as the splitter blades

can be optimized. The splitter blades were initially positioned at this location as it was

thought that the impeller might stall due to its expanding section, that is, due to high rela-

tive fluid velocity deceleration. However, the splitter blade cannot mitigate the incoming

disturbance nor the sudden increase in backpressure. Thus, moderate axial repositioning

of the splitter blades is not expected to influence surge behaviour but offers potential for

optimization.

For this impeller, the critical cross-section is defined by the leading edge position of the

splitter blades. Shifting the leading edge downstream increases choke mass flow, whereas

shifting it upstream reduces it. At the design condition, these changes are expected to

be efficiency-neutral. However, a slight efficiency benefit is anticipated near surge for

upstream-shifted blades due to improved flow guidance and reduced losses. Conversely,

downstream-shifted blades should perform better at high mass flows due to decreased

fluid velocity and hence, reduced friction losses.

To validate this hypothesis, two RANS speedline simulations were conducted at 86%

rotational speed and the maximum choke point, with splitter blades shifted 10% upstream

and downstream. Figure 4.15 illustrates the geometries, and Table 4.2 summarizes the

results. The pressure ratio remains unchanged compared to the baseline, and the choke

mass flow rate varies as predicted. Also, the efficiency trend aligns well with the theory.

0.58 0.61 0.65 0.7 max choke
ΠTT ηis ΠTT ηis ΠTT ηis ΠTT ηis ṁ

downstream shifted s.b. -0.001 -0.26 -0.001 -0.16 0 -0.06 0.002 -0.02 +1
upstream shifted s.b. 0.001 0.13 0 0.02 -0.002 -0.11 -0.003 -0.19 -1.9

Table 4.2.: RANS results of impeller splitter blade optimization at given mass flow rates. Normalized differ-
ence to compressor B (%).

To assess potential splitter blade stall due to missmatch between the flow field and

leading edge angle, the flow angle β was extracted from the simulations. Figure 4.15b

presents the incidence angle at a normalized mass flow rate of 0.65, where the flow field

can be considered quasi-steady (compare Fig. 4.14). The same trend is observed at lower

mass flow rates.

The plot reveals a pronounced disturbance at 50% span for the downstream-shifted

splitter blade, likely caused by a vortex generated by tip leakage flow from the main

blade, as described in [13]. The downstream shift positions the splitter blade‘s leading

edge within this vortex region, likely forcing an immediate separation at the splitter blade
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suction side.

(a) impeller geometries (b) flow incidence angle at s.b. leading edge

Figure 4.15.: Impeller geometries and flow incidence angle β at splitter blade leading edge at normalized
mass flow rate 0.58. All angles are positive, compare Fig. 2.3

This finding is particularly interesting as it raises the question of whether the geometric

modifications can still be considered moderate, and as a resulting question, if the surge

trigger mechanism itself is rather limit-stable and other effects might rapidly overpower

the effect chain, or if the surge trigger mechanism is dominant against other possible

separations.

To investigate this, experiments were conducted to obtain reliable results. Three im-

pellers were manufactured and consecutively tested using the same compressor housing:

one with splitter blades shifted 10% upstream, one with blades shifted 10% downstream,

and a baseline configuration. The measurements confirm the following:

• The surge line remains unchanged across the compressor map for all configurations,

within measurement accuracy of the HGTR.

• Choke mass flow increases with downstream shifted splitter blades and decreases

with upstream shifted splitter blades.

• For the downstream-shifted configuration, efficiency improves significantly (up to

3%) at high mass flows but slightly deteriorates near surge, consistent with RANS

predictions.

• For the upstream-shifted configuration, efficiency slightly improves near surge but

deteriorates at high mass flows, also in agreement with RANS.

From these results, two key conclusions can be drawn.

First, the experiments reveal a notable insensitivity of the surge line to geometric

changes of an impeller feature previously considered critical for surge delay. This pro-

vides experimental evidence that surge initiation is not governed by splitter blade stall

or impeller-induced relative velocity deceleration. Furthermore, it shows that the surge

trigger mechanism dominates over other forms of flow separation and remains robust
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under moderate geometric or environmental disturbances.

Second, the axial positioning of the splitter blade is identified as a viable optimiza-

tion parameter, with potential to enhance choke mass flow rate or increase efficiency in

engine-relevant areas. Given that RANS successfully replicate the experimental trends, a

more detailed numerical optimization study is both feasible and warranted.

4.4.3. Diffuser Optimization

Both diffuser width and diffuser outlet radius were included in the automatic optimization

process and thus should not be varied. Although various techniques exist to enhance

diffuser stability -such as the implementation of grooves [111] or active fluid injection

[12]- these methods are generally not employed in series production due to either sig-

nificant efficiency penalties or increased system complexity. Thus, no further diffuser

optimization is pursued.

4.4.4. Volute Optimization

One of the compressors surge-driving effects is the non-axissymmetric pressure distortion

of the volute. Thus, mitigating or delaying this effect will adress one of the root causes

of surge. Additionally, the (resulting) delay of diffuser stall will generally lead to better

performance of the compressor at low mass flow rates.

The volute is designed using the traditional linear A/R approach, which is based on

conserving angular momentum at design flow rate [44]. At the design point, the volute

functions as a flow collector. However, at low mass flow rates, the volute cross sectional

area increases faster than flow enters the volute, leading to flow deceleration and in-

creased losses as the volute becomes a diffuser. Conversely, for mass flows above the

design point, more flow enters the volute than the cross sectional area increases, leading

to an acceleration and increase in losses as the volute acts as a nozzle. Hence, the volute

exhibits a parabolic loss profile, with high losses at low and high mass flow rates and a

minimum at design point.

The A/R was included in the original optimization approach and hence, the volute is

well matched for the considered compressor design. Thus, a change in the A/R leads to a

drop in design point efficiency, which would result in the typical improvement of surge

on cost of efficiency.

However, the increasing static pressure difference at the volute tongue, combined with

the overhang volute design, can be exploited to create a self-regulating recirculation chan-

nel that counteracts the increasing pressure distortion and diffusion losses.
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Considering the static pressure field in Figure 4.8, the most significant pressure gradient

is found at the volute tongue, which drives a portion of the flow to re-enter the volute

rather than exiting through the outlet. This recirculation is undesirable, as it increases

mixing losses and the volute tongue is generally recognized as a critical factor influencing

surge.

However, due to manufacturing constraints, an overhang volute inherently includes

a channel-like opening beneath the diffuser exit, opposite the volute tongue (that is,

the shroud side). Flow trough this passage can be recirculated, effectively simulating a

higher mass flow rate. Although some mixing losses likely increase locally, they should

be outweighed by the reduction in uncontrolled expansion and mixing losses within

the volute, leading to improved global efficiency and pressure ratio. Additionally, the re-

duced pressure distortion should lead to a delayed diffuser stall, enhancing surge margin.

To investigate this concept, a modified volute design incorporating a curvature-constant

overhang recirculation channel was developed and evaluated using RANS simulations at

86% rotational speed. Figure 4.16 illustrates the changes in pressure ratio and efficiency

relative to the baseline configuration.

Figure 4.16.: Percentual improvement of the overhang volute compared to the baseline configuration. At the
lowest mass flow rate, minor flow oscillations were observed (1.8gps), indicating the onset of
numerical instability in the RANS.

As hypothesized, pressure ratio and efficiency do not change at high mass flow rates.

However, towards surge, both pressure ratio and efficiency improve compared to the

baseline. At the lowest mass flow rate, minor mass flow oscillations were observed,

indicating the onset of numerical instability. This region is marked in the figure as red to

highlight the area of increased uncertainty.

Figure 4.17 shows the velocity line integral convolution plot at 55% normalized mass

flow rate at the volute tongue, where the optimization was conducted.

In the standard overhang volute design, a stall cell forms behind the volute tongue due
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(a) standard overhang volute design (b) curvature constant overhang volute
recirculation channel

Figure 4.17.: Volute recirculation channel and standard volute design. Velocity magnitude, line integral
convolution plot.

to a sudden increase in cross-sectional area, creating a large separation zone. This stall

cell extends far downstream, significantly disrupting the volute flow field and increasing

losses. The blockage at the volute tongue also intensifies the circumferential pressure

gradient by restricting mass flow into the volute.

In contrast, the curvature-constant overhang volute recirculation channel design effec-

tively suppresses the stall cell. Flow enters the channel smoothly, resulting in a more

uniform flow field and higher mass flow rate throughout the volute. The better func-

tioning of the volute is evident even at the outlet, where the flow is more homogeneous

due to enhanced inflow conditions into the reciculation channel. Consequently, losses

are reduced, and the volute operates closer to its design condition, yielding increased

pressure ratio and efficiency compared to the baseline.

With this, optimization potential for improving efficiency and pressure ratio at low

mass flow rates is identified. Importantly, this enhancement does not compromise per-

formance at choke conditions, as the recirculation channel is self-regulating. RANS simu-

lations confirm no adverse impact on choke. Moreover, the results suggest that surge can

be optimized as well as one of the two key disturbances is directly addressed. However,

the RANS simulation results only provide indicative results; definitive validation requires

URANS simulations, or HGTR measurements.

4.5. Addendum: Investigation of Automated Surge Trigger Detection

Although the surge trigger was successfully identified through manual analysis, the

process proved to be time-consuming and heavily dependent on expert judgment. This

reliance makes manual analysis impractical for industrial applications, where automation

and scalability are critical. With the full chain of events leading to surge understood and

validated, three automated surge trigger methods are investigated for possible suitability.

The backflow and entropy-based methods are selected due to their frequent recommen-
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dation in grey literature, while a transient stability parameter (SP) method is investigated

owing to the demonstrated effectiveness of SP-based approaches in quasi-steady analyses.

4.5.1. Backflow Method

The backflow method is based on the assumption that a key characteristic of a flow sep-

aration is the occurrence of backflow (which is actually correct [34]).

However, this method is inherently ineffective when a ported shroud is used, which

is designed to remove and recirculate backflow. Hence, the surge trigger is identified

near the ported shroud opening at the onset of its intended operation. Furthermore, even

in non-ported-shroud compressors, the initiation of reversed flow does not necessarily

indicate the onset of surge [34].

4.5.2. Entropy-based Methods

Entropy-based methods aim to detect flow instabilities by analyzing entropy distribu-

tions across control surfaces or volumes. They typically rely on identifying high points

or crossovers as indicators of flow separation. However, high entropy levels are not a

unique feature of separation, but also found in stall-unrelated phenomena such as mixing

or friction losses. Additionally, the dependency on the velocity field further compromises

the results.

To illustrate these limitations, a series of entropy-monitoring control surfaces are intro-

duced throughout the compressor. The mean entropy values at these locations are tracked

and are presented in Figure 4.18. The control surfaces include the geometric compressor

inlet "s _ inlet", six sections through the impeller, the impeller outlet, six diffuser sections,

and the geometric compressor outlet.

The first entropy-based surge trigger occurs at a mass flow rate of 0.71, corresponding

to a crossover between impeller sections three and four. However, this lies well within

the stable operating regime and is attributed to an increase in losses caused by the tip of

the splitter blade rotating between these sections.

The second trigger is observed at a mass flow rate of 0.66, based on a crossover between

the diffuser outlet and diffuser section five. Although this marks the onset of minor flow

separation in the diffuser, it remains within the stable regime.

A third trigger is identified at a mass flow rate of 0.505, involving a crossover between

the compressor outlet and diffuser outlet. While this is close to the actual instability onset,

the compressor is still stable. Moreover, the crossover occurs in a geometrically irrele-

vant region, as the critical flow breakdown is located in the exducer rather than the volute.
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Figure 4.18.: Entropy based surge detection. Typical "surge triggers" based on crossovers and high points are
marked in red. The red zone in the mass flow rate plot marks the actual instability zone.

The fourth and fifth surge triggers occur deep within the unstable regime and are based

on a local entropy maximum at the compressor outlet, and increasing entropy levels at

compressor inlet. These are interpreted as indicators of flow reversal. However, the re-

versal observed is a consequence of the flow breakdown in the impeller, which happened

at a significantly higher mass flow.

It can therefore be concluded that entropy-based methods are not suitable for detecting

the onset or location of surge. The methods are prone to false positives due to their

sensitivity to non-critical entropy generating mechanisms. Definite indicators such as

local or global high points are effectively equivalent to backflow detection methods and

thus only capture the effects of surge after the flow has already broken down. As a re-

sult, they provide a significantly delayed indication of instability. Thus, entropy methods

either generate too conservative, or optimistic, results and hence offer no predictive value.

4.5.3. Stability Parameter Method

The stability parameter (SP) [22], defined in eqn. 4.2, is a well-established criterion for

detecting surge onset in compressors. It has recently been employed in [109] to investigate

surge onset in a URANS simulation. The SP is derived from the quasi-steady compressor

characteristic and indicates the onset of instability when its sign becomes positive.

In the study in [109], the URANS BC was incrementally adjusted after sufficiently long

time intervals, allowing the extraction of time-averaged operating points for SP evalua-

tion. This raises the question whether the SP can be applied to the presented setup that

can only provide transient data.
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SP =
1

ΠSS
· d(ΠSS)

dṁ
(4.2)

Figure 4.19, shows such application, where the SP is evaluated across different control

volumes (inducer, exducer, diffuser, volute) in the URANS simulation. At first glance,

and in comparison with Figure 4.14, the results appear promising: all spikes occur at mass

flow rates corresponding to diffuser and exducer stall, and the final spike even matches

deep surge at the HGTR within less than 1% deviation in mass flow rate. Moreover, the

location of the spikes suggest a similar origin of the stall as the manual flow field analysis.

Figure 4.19.: Stability parameter applied on URANS data. Data normalized with stability parameter maxi-
mum. The y-axis scale is constant for all subplots.

However, this interpretation is misleading for several reasons:

1. Although a sufficiently small time step results in a quasi-steady geometric config-

uration (i.e., minimal impeller movement between steps), the flow field remains

inherently transient. This violates a key assumption underlying the SP, which pre-

sumes quasi-steady flow behavior.

2. The observed spikes are not necessarily indicators of flow instability but rather arti-

facts of the numerical scheme. In a quasi-steady compressor map, the instantaneous

operating point traces a loop around its time-averaged value [1]. This behavior

persists even in transient compressor operation, with the loop shape adapting ac-

cordingly. Numerically, this loop results in divergence at both ends. A stall event

can now increase the divergence-critical areas (as pressure is instantaneous but not
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mass flow rate, hence, the steep part of the loop will increase), making it more likely

that the discrete numerical scheme captures this vertical tangent.

Thus, the SP method is not a viable tool to detect surge onset in transient setups.

4.5.4. Conclusion

Three different approaches for automated surge detection in URANS simulations were

investigated and it was found that none of them are suitable for reliable application.

Although frequently proposed in grey literature, backflow- and entropy-based methods

oversimplify the mechanisms responsible for surge initiation. As a result, they produce

inaccurate or misleading results.

The SP method, while a well-established tool for evaluating surge onset under quasi-

steady conditions, was shown to be unsuitable for transient data as its core assumption is

violated. Despite an apparent match between SP spikes and surge or stall onset, this cor-

relation is coincidental. It arises from the increased likelihood of the numerical scheme

detecting divergence in the slope of the instantaneous compressor loop, which occurs

even under stable conditions.

In all three cases, the methods were motivated by some physical reasoning and, in

some instances, yielded results that appeared to match surge behaviour. However, these

matches are either not generalizable across different compressors, or, as in the case of the

SP method, are coincidental and mask fundamental flaws in the underlaying assumptions.

4.6. Summary

A robust URANS setup was presented that focuses on numerical cost and stability. Exten-

sive validation against test rig data demonstrated good agreement, confirming the setup’s

capability to capture surge-relevant flow phenomena. Through detailed flow field analy-

sis, the surge trigger mechanism was identified as a combination of diffuser stall and inlet

flow distortion caused by recirculation through the ported shroud, ultimately leading to

flow separation in the exducer. Although transient measurements were not feasible at

the HGTR, steady-state data confirmed diffuser stall and the onset of global instability,

further validating the simulation and analysis.

Based on the understanding of the surge inception mechanism, optimization potential

was identified. The ported shroud ribs were found to significantly disturb the inlet flow

field. As design improvements for this component are already available in literature [71],

no further investigation was conducted.
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For the impeller, the splitter blade position was found to be a new optimization pa-

rameter. The splitter blades can be moved up- or downstream to shift efficiency areas

and choke mass flow. Furthermore, it was experimentally proven that the splitter blade

positioning does not change the surge point. Hence, numerical optimization can be con-

ducted that allows for better efficiency and choke mass flow rate without compromising

surge.

While no optimization potential was found for the diffuser, the volute showed room

for improvement. A self-adjusting overhang volute recirculation channel was designed,

which increased efficiency and pressure ratio at low mass flow rates while remaining

neutral under high mass flow and choke conditions.

Finally, various automated surge trigger detection methods were applied to the URANS

results and compared with manual analysis. None of the methods successfully detected

the surge trigger or its onset, underscoring the complexity of surge phenomena. Al-

though there is a strong demand to automate the analysis of the large datasets generated

by URANS, the application of such methods -at least in their current form- proved coun-

terproductive and leads to misleading results.

In conclusion, industrial simulation setups that focus on numerical cost and stability

are capable of capturing surge-relevant flow phenomena and can be effectively used to

investigate surge mechanisms. This represents a significant step toward the broader

adoption of URANS in compressor development, enabling better compressor designs.

The improvement recommendations derived from the URANS identified optimization

opportunities that would have been overlooked using RANS or conventional engineer-

ing experience alone.
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5. Compressor Operation in Transient Environments

So far, it has been assumed that the compressor operates in a steady environment. This

assumption is valid for the electric rig and HGTR under normal operating conditions, but

does not represent the actual environment the compressor will operate in. Instead, the

operation of a piston engine (or more general, any displacement machinery) downstream

of the compressor introduces pulses that interact with the compressor, affecting pressure

ratio, efficiency and surge limit [1, 53, 59, 60, 61, 58, 54, 57, 62, 112, 24].

For surge, contradictory trends have been reported. Experimental work conducted by

Barrera-Medrano [1, 53], Shu et al. [59], Marelli et al. [112], and Galindo et al. [57] show

an improvement in surge margin. Brun et al. [58] and Buehler [54] reports otherwise,

and it seems to be a general trend in industry to assume surge deterioration. On the other

hand, Werner [24] notes that both improvement or deterioration can be observed on an

ETR.

It becomes clear that so far, no generally applicable theory has been found. This chap-

ter is thus intended to help in the understanding of compressors operating in transient

environments and provide insights into engine-like environments, a topic often hidden

to public research.

In the first section, the hardware used in the experiments is introduced. Then, measure-

ments with a pulsating flow device on a HGTR are performed and the results analyzed.

Next, engine measurements are conducted and the effects of EGR and surge testing pro-

cedures are explained. Last, the findings are summarized and further research outlined.

5.1. Compressor Geometries

The experimental work presented in this chapter is conducted with compressor B for

vaneless diffuser designs, and compressor V for vaned diffuser designs. Compressor V

is, similarly to compressor B, designed for 12.8-15.6l six cylinder engines, but optimized

towards other engine operating points. Figure 5.1 shows the fluid volumes and impellers

of the compressors.

Large data set testing is conducted with a proprietary compressor set, with the com-

pressors belonging to the compressor B and V family.

5.2. Measurements with the Pulsating Flow Device

A PFD similarly to the one used in the work by Barrera-Medrano [1] is installed at the

HGTR. The pulser is located between measurement ducting and variable plenum. The

plenum itself is connected to the throttle valve. At each inlet and outlet of the compressor,

three Kistler 407A V200S pressure transducers are installed to allow transient pressure

65
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(a) impellers B and V (b) fluid volume compressor B and V

Figure 5.1.: comparison of compressors B and V

measurements. Figure 5.2 shows the overall test bench setup.

Figure 5.2.: HGTR with PFD

The PFD generates pressure pulses, analogous to those observed in Diesel engines,

with characteristic frequencies on the order of 101 Hz, whereas the compressor impeller

rotates at frequencies on the order of 103 Hz. The blade-passing frequency is even higher,

reaching the order of 104 Hz. Hence, the pulsation frequency introduced by the PFD is

significantly lower than the dominant aerodynamic frequencies of the compressor.

When a compressor operates under pulsating conditions, it does not converge towards

a quasi-steady single point in a compressor map, but forms a hysteresis loop. The loop‘s

shape is dependent on pulsation amplitude, frequency and plenum volume. Moreover,

the hysteresis loop does not have a constant angular velocity, but changes speed depend-

ing on its position. Therefore, the instantaneous operating point can be significantly

different from its quasi-steady counterpart. [1]

Measuring the instantaneous operating point is limited by the mass flow meters po-

sitioning and accuracy under changing fluid properties. It is therefore not possible to

determine the hysteresis loop in industrial HGTR environments. Even if so, it would be

difficult to compare a hysteresis loop with a time-averaged data point in a steady envi-

ronment. Therefore, all pulsating condition measurements are time-averaged using the

same averaging technique applied to quasi-steady measurements, leading to an artificial

operating point that can be compared to its quasi-steady counterpart.
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5.2.1. Surge Margin Shift Definitions

As already shown by different research [53, 60], a compressors time-averaged capability

to increase pressure deteriorates under pulsating backpressure. This finding is generally

valid and not bounded to a specific compressor design or test bench, as long as the

circumferential speed is not altered.12 The strength of this effect, is, however, dependent

on the compressor and can lead to false conclusions, as depicted in Figure 5.3.

(a) absolute sm shift (b) corrected sm shift

Figure 5.3.: definition of absolute and corrected surge margin shift

In the figure, a compressor is tested under pulsating (blue) and non-pulsating (black)

conditions. The pulsations force the compressor to operate at lower pressure ratios at

the same rotational speed. A direct comparison of the surge mass flow rates leads to the

conclusion that the compressor improves its surge margin under pulsating conditions, as

depicted in case a: absolute surge margin shift.

It is obvious that at least some of the improvement is due to the compressor operating

at lower pressure ratios. A correction scheme based on a linear interpolation of the quasi-

steady compressor characteristic, eqn. 5.1 takes this shift into account and is visually

depicted in Figure 5.3 b. In this case, the surge margin shift is solely due to the decrease

in pressure ratio.

△sm =
(ΠPFD −Πqs1)(ṁqs1 − ṁqs2)

Πqs1 −Πqs2
+ ṁqs1 − ṁPFD (5.1)

With the new surge margin shift definition, the true influence of pulses on the surge

margin can be determined. It is therefore an important parameter to evaluate the actual

performance and suitability of a compressor to operate in an unsteady environment.

As previous papers do not apply the scheme, both values (absolute and corrected surge

margin shift) are given to allow comparison.

12ETRs do not fulfill this condition and are treated in a separate section.
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5.2.2. Influence of a Ported Shroud

In traditional compressor design approaches, a ported shroud is considered an option to

enhance surge or choke margin. However, it is not typically included in the initial design

phase but is often added in later stages. This raises the question of whether a compres-

sor behaves differently under pulsating conditions when a ported shroud is used. The

outcome determines the earliest design stage at which pulsating environments can be

considered, thereby significantly influencing the overall development strategy.

To address this question, a specific pulsating condition was selected, and a set of pro-

prietary compressor designs, both with and without ported shrouds, were tested. The

results for the 77% and 86% speedlines for compressors with ported shrouds are pre-

sented in Figure 5.4. In these graphs, the difference between the pulsating condition and

its steady counterpart △sm has been normalized with the maximum choke mass flow.

Positive values indicate an improvement in surge margin under pulsating conditions,

while negative values indicate a deterioration.

From Figure 5.4, it is evident that for the applied pulsating condition, the surge margin

predominantly deteriorates. The median and mean values are closely aligned, suggesting

a normal distribution. On average, the corrected surge margin deteriorates by -3% for

the 76% compressor speed and by -4.8% for the 86% compressor speed. An outlier exists

for the 76% speedline, which can be attributed to a heavily kinked surge line that the

correction scheme cannot accurately follow.

(a) absolute sm shift (b) corrected sm shift

Figure 5.4.: absolute and corrected surge margin shift of compressors with ported shroud

With a statistically significant data set obtained for open ported shroud compressors,

the hypothesis that "ported shroud compressors behave similarly to non-ported shroud

compressors" can be falsified if even one compressor in the sample set does not follow

this trend. Consequently, testing can be significantly reduced. Figure 5.5 shows four

different compressors that meet this falsification criterion, highlighting that the surge
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margin impact either reverses or changes drastically.

(a) absolute sm shift (b) corrected sm shift

Figure 5.5.: absolute and corrected surge margin shift of compressors with and without ported shroud

It is therefore concluded that pulsating conditions must be considered at very late

design phases, as results cannot be transferred between ported and non-ported shroud

designs.

Moreover, the experimental results are particularly significant because much of the re-

search reporting an improvement in surge margin has been conducted using turbocharger

compressors without ported shrouds [53, 1, 59, 61, 62, 113, 109]. No information is avail-

able for [57, 112], where a surge margin improvement is also reported. This suggests that

the opposing trends observed in industry might be related to the inclusion of a ported

shroud. Ported shrouds have become a standard feature, and thus, industrial transient

surge testing is generally not performed without ported shroud compressors.

A potential explanation for the observed behavioral differences may be attributed to

the surge trigger mechanism. Non-ported shroud geometries typically experience stall

within the impeller, whereas ported shroud geometries tend to initiate stall within the

diffuser. Pulses have been shown to delay impeller stall, as demonstrated in [62, 113],

yet it is hypothesized that they trigger diffuser stall by facilitating bypass transition. This

hypothesis is supported by the correlation between diffuser stall lines and pulsation surge

lines, although this relationship has not been thoroughly investigated. Future research is

recommended to further understand this phenomenon.

5.2.3. Influence of Orifice Size on Vaned and Vaneless Diffuser Type Compressors

So far, only one specific design point has been tested. Hence, a variation in orifice size

was conducted for compressors B and V.13 The results are depicted in Figure 5.6.

13Pulser frequency differs from previous tests but remains constant. Compressors equipped with ported shroud.
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(a) vaned diffuser design, compressor V (b) vaneless diffuser design, compressor B (interpolated)

Figure 5.6.: influence of pulsation amplitude on surge margin shift

In the plots, the pulse magnitude is normalized with its time average. It is evident

that although the orifice size influences the pulse amplitude, the amplitude results from

various factors, including mass flow rate and compressor response. Thus, statistical in-

dependence of parameters is only given for the orifice size, mass flow rate, and pulse

frequency.

Up to orifice sizes of 75%, the observed trends are similar for vaned and vaneless dif-

fuser designs. A slight surge margin improvement is noted, peaking at the 55% orifice

size. The 75% orifice marks a pronounced drop, and the compressors’ surge margin begin

to deteriorate. From this point, however, very different trends emerge. For the vaned

diffuser design, the surge margin deteriorates significantly, reaching up to -16% for the

largest orifice size (corrected △sm). Conversely, the vaneless design improves its surge

margin after the initial drop, achieving an improvement of 4.9% corrected △sm.

The deterioration of compressor V under stronger pulsation can be explained by the

stall mechanism of vaned-type compressors. Once one component -rotor or stator- stalls,

it triggers the stall in the other component. As a result, vaned diffuser type compressors

enter deep surge relatively quickly and do not exhibit pronounced stalled regimes. Hence,

once a critical pulsation level is reached, deep surge is almost immediately triggered. Once

deep surge is triggered, it cannot be delayed by any pulser-induced phenomena due to

the different magnitudes of energy of the occurring waves.

In contrast, vaneless diffuser designs can exhibit "stable" rotating stall areas, and their

transition to deep surge is generally slower. This allows the imprinted pulse to interact

and counteract surge development or to force the compressor into a mild surge. With

the definition of the surge margin as the occurrence of deep surge cycles, this leads to an

improvement in surge margin.

As a result of this investigation, it can be stated that vaned and vaneless diffuser type

compressors can behave very differently when subjected to pulsating conditions. These
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findings are significant when compared to the literature. To the author’s knowledge,

there is currently no literature available investigating the effect of pressure pulses on

vaned-type diffusers. It is likely that they have been investigated in more stationary se-

tups, such as pipeline systems [58], but this has not been explicitly stated. Thus, it is likely

that, similar to the ported shroud, seemingly contradictory results are due to significantly

different design features of compressors that cannot be directly compared.

5.2.4. Pulsation Influence

In the preceding subsections, the influence of compressor geometry-related factors was

investigated. An intriguing effect was observed for vaneless diffuser designs with ported

shroud, suggesting a surge margin improvement under strong pulsation. Such designs

are generally favored in heavy-duty commercial vehicle compressor development due

to their robustness and ease of manufacture. Consequently, a more extensive study on

pulsation influence is conducted, varying pulser frequency, orifice size, and two compres-

sor speeds. All parameters are statistically independent, and the DoE is fully factorial

in the relevant areas. Figure 5.7 presents the resulting correlation matrix and response

surface plot for 76% compressor speed. For 6-Cylinder Diesel engines, surge-relevant

pulse frequencies typically lie between 20-40Hz, depending on multiple factors such as

critical engine speed and EGR strategy.

(a) correlation matrix (b) response surface plot

Figure 5.7.: influence of pulsation on surge margin

The correlation matrix indicates weak linear correlations for turbocharger and pulser

speed, and no correlation for orifice size. This suggests a high non-linearity of the phe-

nomena, particularly since orifice size has been shown to significantly influence surge

margin in the previous subsection. The response surface plot corroborates this assump-

tion. A strong surge margin improvement is observed for low pulser speeds and large

orifices, followed by a "wave-like" pattern of the response surface along the orifice size

and pulser speed axes.
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Figure 5.8 provides a top view of the response surface plot, resulting in a heat map that

indicates the surge margin shift. Dark blue colors denote a deterioration in surge margin,

while red indicates an improvement.

Areas of high uncertainty are also highlighted. The rectangular region between 10-45%

orifice size exhibits pure regression uncertainty. Preliminary measurements indicated

negligible pulse generation for these sizes, resulting in no significant shift, as shown in

Figure 5.6a. Thus, physical testing in these areas is unnecessary. However, numerical

artifacts such as overshoots may occur in regression calculations.

The region between 60-87Hz is marked by uncertainty due to a lack of measurements.

Tests were not conducted in this range as the corresponding engine speeds are 2400 rpm

and above. Instead, tests were performed at the limits of the PFD’s capability to detect

the main trends.

Figure 5.8.: influence of pulsation on surge margin - heatmap; areas with high uncertainty highlighted

The most prominent feature, the spike at low pulser frequency with a large orifice, is

not a measurement error but the result of excitation at a test rig eigenfrequency. This

was initially noted by strong vibrations of the test bench at the beginning of testing,

when the compressor operated in a stable area of the compressor map close to choke.

Further analysis revealed that the resulting acoustic wavelength of the pulser was 0.1m,
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with many parts of the test bench being multiples of this wavelength. Consequently, the

HGTR is artificially turned into a Helmholtz resonator, bringing it to mild surge frequency.

Thus, at some point, the strong forced mild surge counteracts the onset of deep surge,

leading to a significant delay in surge and highlighting the difficulty in determining surge.

The deterioration at smaller orifice sizes with the same frequency does not contradict

this theory. At some point, the pulse interaction becomes strong enough to trigger a stall

event at higher mass flows but is too weak to maintain the forced oscillation against the

developing deep surge, hence resulting in a worse surge margin.

This effect is actually observed in all four tested pulser speed variations and, with the

exception of the Helmholtz frequency data, occurs at the 75% orifice. From there, the

surge margin first decreases before the largest orifice leads to surge neutrality due to the

strong forced reaction.

The effect becomes weaker with increasing pulser speed. This is due to the change in

the hysteresis curve, as experimentally shown, amongst others, in [1]. Low pulser speeds

result in low pressure, high mass flow variations, whereas higher pulser speeds create

high pressure, low mass flow variations. Hence, its influence on surge diminishes.

5.2.5. Summary

In the foregone measurement campaign, different compressors exposed to varying pul-

sating outlet conditions have been investigated.

Firstly, it was found that the inclusion of a ported shroud can detrimentally change

the behaviour of a compressor geometry. In the presented case, the compressors surge

margin deteriorated with the inclusion of a ported shroud, whereas it improved without

a ported shroud. This finding is important as it links much of the literature to experience

in industry. Literature mainly uses non ported shroud compressors, leading to surge

margin improvements. Not only could this be confirmed by measurements, it also shows

that the different results are not contradictory but due to the inclusion of ported shrouds.

Secondly, it was experimentally determined that vaned and vaneless diffuser design

compressors respond differently to pulsating conditions. While a vaned diffuser com-

pressor may stall and experience a deteriorating surge margin with increasing pulsation

levels, a vaneless diffuser design can recover and even improve the surge margin. This

difference is attributed to the distinct surge triggers in the compressors, allowing the

pulse to interact with the slower path to surge in vaneless diffuser designs. This finding

can help link literature focused on stationary equipment, where vaned diffusers are more

commonly used.

Furthermore, it was found that even a comparatively simple setup, such as a PFD
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with only three variables (pulser and compressor speed, orifice size), exhibits high non-

linearity, with improvements or deteriorations occurring with very small changes. This

aligns with publications that have noted both improvements and deteriorations.

These findings show that testing under pulsating conditions must be approached with

great care. The high sensitivity and non-linearity of the parameters can lead to significant

discrepancies and even opposing trends. Therefore, preliminary testing should only be

conducted if the exact engine environment is understood and can be accurately replicated

with the PFD. Thus, a thorough investigation of the ETR is essential.

5.3. Characterization of the Engine Test Rig Environment

5.3.1. Engine Hardware

An OM471 prototype engine is used for surge measurements at the ETR. Compared to

its series configuration, the engine is equipped with a Miller-type camshaft. Miller valve

timing is used primarily to lower peak combustion temperatures, which helps reduce

raw NOx emissions [5]. Although emissions reduction is not relevant to the present surge

analysis, the Miller camshaft is retained in this work because it also shifts the engine oper-

ating line by requiring higher boost pressure at lower mass flow rates, and thus becomes

more critical for the surge behaviour investigated here. Figure 5.9 shows the engine and

its overall layout.

(a) engine (b) engine layout

Figure 5.9.: OM471 test engine

Unlike other engines, the OM47x engine platform uses non-axisymmetric EGR. The first

three cylinders power the turbine, while a smaller turbine-volute cross-section increases

the backpressure for cylinders 4-6. This allows a positive pressure gradient between en-

gine intake and outlet section and thus a recirculation of exhaust gases. [114]

Additional to standard prototype engine measurement probes, a Kistler 4075A V200S

pressure transducer is installed at the compressor outlet - charge air pipe interface to

allow capture of the transient outlet conditions of the compressor. The sensor is equipped
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with a waterjacket to avoid temperature-induced drift due to its close proximity to the

engine outlet pipe. All tests are performed with compressor B.

5.3.2. Surge Testing Procedure

As the engine includes multiple components that interact with each other, automatic

surge detection algorithms are not favourable. Instead, surge is acoustically detected by

the test bench operator through the typical buffeting noise and sudden pressure rise in

the inlet pipe. Hence, only deep surge can be reliably detected.

The procedure for surge testing is as follows. First, a critical engine speed is selected

and the engine is brought to the corresponding full load operating point. Then, the EGR

valve is gradually opened until the buffeting noise is heard. This often coincides with

violent movement of the whole inlet ducting and vibration of the surrounding compo-

nents. The EGR valve is immediately closed to reduce the bypass flow, thus allowing the

compressor to recover. This process is repeated multiple times to take the manual aspects

and corresponding deviations into account. Finally, pressure ratio and mass flow rate are

averaged over the measurements.

5.3.3. Effects of the Surge Testing Procedure on the Compressor Operating Point

During engine surge testing, multiple variables are changed at the same time. This is due

to the close coupling of the components and denies a quantification of single influences.

Figure 5.10 illustrates the changes in a compressor map.

Figure 5.10.: change of operating conditions during engine surge testing
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Surge testing begins with the compressor operating at the stable engine full-load con-

dition (1).

The EGR valve is opened and high pressure exhaust gases are pushed into the engine

intake manifold. Hence, the compressor mass flow is reduced (2).

With a part of the exhaust gas recirculating, the available energy for the turbine is re-

duced. As a result, the turbine decelerates until energy balance is re-established. Thus,

the turbocharger speed is reduced. This leads to a drop in the compressor pressure ratio

(3).

The exhaust gases are of highly pulsating nature and the pressure waves travel upstream

through the intercooler to the compressor outlet, overlaying with the engine intake valve

pulses. The compressor operates in a more transient pulsating condition and its pressure

ratio is reduced (4).

As all effects happen simultaneously, the actual operation point shift roughly follows the

dashed arrow.

Significant changes can also be seen in the transient static pressure signals at compres-

sor outlet, see Fig. 5.11. The graph shows the full load and last stable EGR rate static

pressure signal of the transducer, plotted and averaged over the crankshaft angle.

Figure 5.11.: crankshaft resolved p2 at ETR

At engine design point, a sinusoidal pressure wave occurs. As expected, its position in

the crank angle diagram matches well with the opening and closing of the inlet valves. A

somewhat similar signal shape was used in the investigation by Barrera-Medrano [53].

However, at the last stable point, the outlet pressure fluctuation is characterized by

a triangular peak occurring at every second outlet valve opening. This phenomenon is

clearly associated with the engine’s non-axisymmetric EGR system. It becomes obvious

that the engine exhaust pulses are not limited to the turbine, but also heavily influence

the charge air components and become the dominating effect. With EGR, the opening

and closing of the inlet valves are barely discernible not only because of their comparably

weak amplitude, but also due to EGR wave reflections.
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The measurements also confirm and highlight the theoretically derived pressure drop.

Compared to the full load counterpart, the charge air pressure drops by 0.3bar, which the

engine has to counteract by injecting more fuel, hence reducing engine efficiency.

In summary, the relevant surge operating condition is not caused by intake valve

interactions alone. Instead, it results from a complex interplay between the engine, tur-

bocharger, and EGR system. This contrasts sharply with some literature, such as Barrera

Medrano [1] and Shu [59], who investigated non-EGR systems. Consequently, the knowl-

edge from these studies cannot be directly applied, as the systems are fundamentally

different.

5.4. Conclusions

In the preceding sections, extensive testing at both HGTR and ETR was conducted to

allow analysis of compressors operating in transient environments.

On the HGTR, it was found that ported shrouds can significantly alter the compressor’s

response. Additionally, experiments showed that vaneless and vaned diffuser designs

react very differently under pulsating conditions. It was also discovered that even in

relatively simple setups, shifts in surge margin are highly non-linear and sensitive.

On the ETR, it was observed that compressor operating conditions change significantly

during surge testing. The final operating condition results from the energy balance in

the turbocharger, which dictates the rotational speed, reduced mass flow due to the EGR,

triangular pressure waves from non-axisymmetric EGR, and resulting wave reflections.

These findings lead to the following conclusions:

• A compressors response to pulsating conditions cannot be evaluated at early design

stages. This is especially the case when ported shrouds are considered, as the ob-

served trends are likely to oppose each other.

• The highly non-linear correlations between surge margin and pulsation magnitude

prevent a single-point evaluation. It is not beneficial if a compressor is more surge

stable at very high pulsations but deteriorates at mild pulsation magnitudes, as

engine pulses gradually increase. Therefore, different pulse magnitudes must be

investigated to avoid misleading conclusions during development.

• The complex interaction of multiple effects on an engine cannot be properly repli-

cated at an HGTR. A PFD cannot recreate the triangular shape of the pressure signal,

leading to uncertainty about its validity. Since the pressure signal results from the
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entire system rather than an independent intake valve, a true predictive manner of

the PFD cannot be achieved either. Instead, a very similar turbocharger must be

tested on an engine, with pulses measured and then replicated with the PFD.

• Eigenfrequencies of different test benches play a major role in surge margin shifts.

• Surge definitions are crucial in determining improvements or deteriorations. Some

definitions are so sensitive that even a normal stable pulsating condition is detected

as surge, while others cannot detect partial flow reversal. Therefore, a robust and

consistent surge definition must be used across all measurements and test rigs.

In conclusion, considering transient environments in early design phases is not feasi-

ble. The complexity of the effects requires consideration in later phases, where the design,

surrounding environment, and interaction with other components are well understood.

Importantly, the experiments showed that the opposing results reported in literature

and experienced in industry are not contradictory. Instead, they are due to different

design features, test bench setups, and surge definitions, highlighting the high complexity

of surge.



6. Reduced Order Modeling and Optimization

As highlighted in Chapter 1, the development of compressors has become increasingly

challenging, with manufacturers striving to achieve higher efficiencies while maintaining

or even expanding the compressor map width. To address these challenges, automated

surrogate-model based optimization methods, such as the ones proposed by Woehr et al.

and Abel et al. [74, 99], are employed. However, a significant limitation of these methods

is their exclusive focus on mathematical optimization. While this approach enhances

efficiency, it often results in a reduced map width due to the lack of engineering insight

and surge feedback.

Consequently, constraints based on conservative engineering guidelines such as the

ones proposed in [11, 22] must be implemented, which can severely restrict the opti-

mizer’s ability to identify improved designs. Therefore, incorporating a fast, accurate,

and robust surge feedback mechanism will significantly enhance the optimization capa-

bilities of these methods.

Fast surge feedback can be achieved by utilizing 1D-, or lumped parameter models,

which consist of a compressor model that provides a compressor map and a system model

that determines the surge point of the compressor within the system. Then, this informa-

tion can be fed back to the optimization algorithm.

The Chapter follows these steps, see Figure 6.1. First, a compressor model based on

experimental data is introduced (1). Subsequently, a system model is selected, and its

determining characteristics are acquired (2). Next, the compressor and system models

are integrated into a new, fully automated compressor optimization (3) that combines the

process proposed by Abel et al. [99] (4) with the surge feedback loop. An optimization run

is performed, and two resulting designs are manufactured and tested on the HGTR. The

chapter concludes with a thorough comparison and discussion of the optimization results.

Figure 6.1.: reduced order modeling and optimization approach

79
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6.1. Compressor Performance Prediction Model

The compressor performance prediction model was published as a peer-reviewed confer-

ence paper and presented at the THIESEL 2024 Conference on Thermo- and Fluid Dynamics

Processes for Clean Propulsion Powerplants in Valencia, Spain [115]. Parts of it are presented

here again for sake of completeness.

Subsection 6.1.6 was presented at the Weimar Optimization and Stochastic Day 2024 in

Weimar, Germany [107].

In the following subsections, different surrogate models are derived. All surrogate

models use the same test bench data as training data. The models are multi-dimensional

and connect geometric parameters, tip speed and the mass flow rate with the correspond-

ing output variable: y = f (geometry,u2, ṁ). Geometric input parameters were excluded

from the model when no statistically relevant influence was found. All compressor per-

formance data was measured at the HGTR. The compressor set contains designs that

have a 7+7 impeller, vaneless diffusers, linear A/R-ratio volutes, and do not have a ported

shroud or casing treatment.

For validation purposes, compressor A is introduced. It is a typical high-performance

compressor resulting from an automated optimization methodology and exhibits a higher

efficiency, but lower map width compared to compressor B. Figure 6.2 shows the geomet-

rical comparison between both compressors.

(a) impellers A, B (b) cross-section fluid volume compressor A, B

Figure 6.2.: comparison of compressors A, B

6.1.1. Pressure Ratio Surrogate Model Stabilization

A surrogate model, solely based on test bench data, is shown in Fig. 6.3 as grey speedlines.

Its CoP was found to be superior to other surrogate models, although it was carefully

checked that this was not due to overfitting.

The surrogate model generally follows its training data ("test" in the figure), but there

are deviations in the choke mass flow. This is due to the steep slope of the compressor

curve, which is a common problem in surrogate modelling. Choke is a crucial parameter

in compressor design but can be accurately predicted using RANS. Hence, choke range
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is not of interest for the methodology presented here, and this effect is not investigated

further.

Figure 6.3.: test data and surrogate model- compressor A

On the left-hand side of the training data, or what can also be described as the unstable

region of the compressor on the test bench, the surrogate model estimates an increase

in the pressure ratio before the typical positive slope develops. Any surge calculation

based on this surrogate model is therefore very inaccurate and not useful in any kind of

development.

To suppress the unphysical behaviour, additional support points must be added. This

could be done by measurements in the unstable region. In the past, some authors [116, 49]

have succeeded in achieving this for small automotive compressors. However, the com-

pressors considered in this study are three times larger and Gharaibeh [117] concludes

that measurements for such sizes are not feasible.

In the absence of experimental data, it is necessary to use data obtained by calculation.

This is generally considered a poor approach, as the discrepancies between calculations

and experiments degrade the accuracy of the surrogate model. Consequently, the cal-

culated support points should be situated at a considerable distance from the region of

interest, in order to stabilise the surrogate model without affecting its prediction accuracy

in the region of interest.

The Radial Equilibrium Theory, (RET) is employed by several authors [22, 118, 116, 119]
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to calculate the pressure ratio of the compressor at zero mass flow, as illustrated in eqn.

6.1. Thus, it can be regarded a suitable boundary condition for the surrogate model.

Dehner et al. [119] propose the use of a constant multiplier K to enhance the alignment

between calculations and measurements. The derivation of the equation can be found in

annex A.

PR0 = K

[

1 +
γ − 1

2γRT1
ω2(r2

2 − r2
1)

]

γ
γ−1

(6.1)

In case of the surrogate model, K can additionally be used to improve its prediction

accuracy. Therefore, an optimization, eqn. 6.3 is introduced, with f (ṁre f ,K) being the

surrogate model and g(ṁre f ) being the measured ΠTT curve. Figure 6.4 shows the opti-

mization procedure.

min
K=0.9...1.1

(|∆ṁre f |) (6.2)

∆ṁre f = [ f ′(ṁre f ,K) = 0] − [g′(ṁre f ) = 0] (6.3)

Figure 6.4.: surrogate model optimization procedure

The procedure is implemented in Ansys OptiSlang and a variant of the Nelder-Mead

SIMPLEX algorithm [120] is used to find the optimum solution. The program flow chart

is shown in Fig. B.1 in the annex.

The optimization took 109 iterations to converge, and △ṁre f reduced to 35% of its initial

value. K is 1.089, which is within the range of the work of Dehner et al. [119]. This

indicates that the optimization is not a tuning overfit, but rather based on physical effects

that cannot be modeled with the RET. The optimized surrogate model is depicted in

green in Fig. 6.5. The graph illustrates how the applied boundary condition effectively

suppresses the numerical overshoot in the unstable region. Instead of maintaining the

negative slope, the surrogate model develops a positive slope and drops almost linearly

in the direction of the introduced boundary condition at a mass flow of zero.
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The optimisation of K also demonstrates the predicted enhancements in the precision

of the surrogate model within the stable operational range of the compressor. This is

most apparent for the second speed line, where the prediction of the surrogate model is

well within the measurement accuracy of the test rig. Additionally, the general response

surface has become more uniform.

At the highest speed line, an overshoot can be identified, which is attributable to the fact

that K is dependent on the compressor speed [119]. Nevertheless, the overshoot remains

within 1.5% of the measured value, which is within the same range as the deviation of

the unconstrained surrogate model due to its coarser response surface.

6.1.2. Analytical Extrapolation

Although the surrogate model has improved significantly, the response surface does not

necessarily represent the true quasi-steady behavior. The few successful measurements

of the unstable region indicate a third-order polynomial shape, with a low point at zero

mass flow [116]14. This observation contradicts the stabilized surrogate model, which has

an almost constant gradient. In certain applications, linear extrapolation is employed as

it has minimal impact on the modelling of surge cycles [121], but here the pressure ratio

is later used to calculate the efficiency. Thus, the third-order polynomial equation 6.4 of

Moore and Greitzer [122] is coupled with the tuned surrogate model.

ΠTT = ΠTT0 + β













1 + 1.5

(
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φ
− 1

)

− 0.5

(
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φ
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)3





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

(6.4)

Its determining parameters are calculated on the basis of the constrained surrogate

model and are individual for each compressor design. The final result can be seen as the

dark blue line in Fig. 6.5.

14Measurements conducted in [49] show a change in this characteristic at high compressor speeds, where a vertical asymptote develops
at very small negative mass flows. The authors observed that this behaviour appears to depend on the test starting conditions. Due
to catastrophic failure of the turbocharger, this could not be investigated further, leaving it unclear whether the effect is related to the
compressor or system.
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Figure 6.5.: constrained and coupled surrogate models- compressor A

6.1.3. Efficiency Modeling

A surrogate model for efficiency faces two significant challenges: firstly, the problem of

identifying an appropriate boundary condition, and secondly, the difficulty of evaluating

the overall shape of the response surface in the unstable region. As the value in ques-

tion is the result of a calculation, it can be obtained from other, more direct parameters,

which provide a more reliable and robust solution. Recalling eqn. 2.15 for the isentropic

efficiency and considering the surrogate model for the pressure ratio, the only unknown

variable is the total temperature at compressor outlet T2T. However, this variable cannot

be modeled directly, as T2T is not defined at a mass flow of zero. Nevertheless, it can be

derived using the definition of shaft work WSha f t, as given in equation 6.5. The equation

for shaft work also provides a boundary condition for a mass flow of zero 15.

WSha f t = ṁre f cp(T2T − T1T) (6.5)

The combination of eqn. 6.5 and 2.15 lead to eqn. 6.6. Since cp is dependent on T2T, the

equation is solved iterative.

ηis =
T1Tṁre f cp

WSha f t

[

(ΠTT)
γ−1
γ − 1

]

(6.6)

Several algorithms, including Polynomial Regression, Kriging and Deep Learning, were

15It is noted that this follows from the standard adiabatic treatment used for the test bench and compressor maps, and does not reflect the
actual physics at zero mass flow, where the process is strongly diabatic.
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compared in terms of their CoP value and the general form of their response surface. The

response of the surrogate model and a comparison between predicted and measured shaft

work is shown in Fig. 6.6.

Figure 6.6.: shaft work surrogate model and HGTR measurement

As with the ΠTT surrogate model, the applied boundary condition stabilises the re-

sponse surface over a wide range of the compressor map. If the deviations due to the

steep gradient in the choke area are not taken into account, the surrogate model is within

the measurement accuracy of the test rig. Since the efficiency calculation is based on two

surrogate models, the final result is presented and discussed in the next section.

6.1.4. Validation of the Methodology

The methodology is validated by running the surrogate model in regression mode, using

compressor A. This enables the prediction errors of the surrogate model to be minimized

and the coupling of the methods, their accuracy and form to be evaluated. Figures 6.7 and

6.8 show the surrogate models and the URANS simulations in a pressure and efficiency

map.

The derived ΠTT-model follows the measurements within measurement accuracy for

the second speedline. The transition point of the coupled model, at which the surrogate

model transitions to the analytical equation is smooth and imperceptible. Furthermore,

the calculated curve is within the measurement accuracy of the test rig results, thereby
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Figure 6.7.: surrogate model regression and HGTR result- pressure ratio, compressor A

corroborating the validity of the coupling.

The URANS simulations, in which all downstream piping was removed to obtain a

"stable" solution in the otherwise unstable regime, demonstrate only minor differences in

comparison to the new methodology. URANS No. 1 is almost on point with less than

1% deviation in the pressure ratio, while URANS No. 2 shows a deviation of 2%. This

deviation is related to the fact that the surrogate model for the high compressor speed is

at the edge of its design space. This becomes clear from the difference between regression

and measurement, leading to the conclusion that the methodology is valid for ΠTT.

The calculated efficiency exhibits a maximum deviation of 1.8% (normalized), which is

observed at the optimal operating point. The error is reduced to the measurement accu-

racy at the last stable test bench point. Once more, the maximum deviation is observed

at the highest compressor speed, which is related to the limitation of the ΠTT-surrogate

model design space. It is most accurate at the lowest speed.

The URANS simulations demonstrate a high degree of agreement with the extrapola-

tion technique. The normalized deviation is 3% for the second speed line and 1% for the

highest speed, which are within the deviation between URANS and the test rig at the last

stable point.
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Figure 6.8.: surrogate model regression and HGTR result- efficiency, compressor A

6.1.5. Suitability for Prediction

Following the confirmation of the model’s regression capabilities, the prediction is tested

with compressor B, which was excluded from the training data. The results are presented

in Fig. 6.9 and 6.10.

The constrained ΠTT-surrogate model demonstrates a high degree of agreement with

the measurements. The pressure ratio is slightly overestimated, but the constrained model

follows the measurements with an almost constant offset in the area of interest. However,

the constrained model does not agree well with the results of the URANS simulations,

which is most obvious for the last speed line.

The coupled surrogate model agrees well with the URANS results but shows an unfa-

vorable slope in the surge critical region when compared to test bench data. This is most

obvious for the second speed line, where the measured and predicted curve intersect. It is

therefore concluded that the coupled surrogate model should not be used in an attempt to

improve the accuracy of the model in the most critical area for test bench and engine surge.

A speed line obtained by RANS CFD is also included in the figure. In the numerically

stable region, the RANS speed line is comparable, or more accurate, than the model; the

accuracy improves as the operating points shift closer to the compressors design point.

Nevertheless, the RANS becomes numerically unstable for mass flows below 0.4, render-

ing it incapable of providing any useful information in the vicinity of surge.

The efficiency prediction based on the constrained surrogate model is in good agree-

ment with test data for the last two speed lines, but there is a discrepancy for the first

one. An error analysis indicates that this is due to uncertainty in the shaft work surrogate
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Figure 6.9.: surrogate model prediction and HGTR result- pressure ratio, compressor B

model, which overestimates the shaft work by 8% for the first speedline. Consequently,

T2T is overestimated, resulting in a maximum decrease in normalized efficiency of 6%.

The overestimation is a consequence of the diabatic nature of the test bench, which is

most pronounced at low compressor speeds. This phenomenon has been demonstrated,

amongst others, by Haug [28]. This, in turn, affects measurement accuracy and introduces

noise into the training data, reducing the surrogate models’ accuracy. Nevertheless, it is

notable that the shape of the response surface closely aligns with the measurements for

all speed lines, particularly in the surge region.
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Figure 6.10.: surrogate model prediction and HGTR result- efficiency, compressor B

6.1.6. Addendum: Detection of Erroneous Geometry and Test Bench Stall by the

Compressor Performance Prediction Model

The original test bench results of the compressor B hardware is shown in Figure 6.11.

For all speedlines, the compressor achieves a higher pressure ratio than the surrogate

model predicted. The difference is not constant, but increases with increasing compres-

sor circumferential speed. Also, the shape of the response surface does not follow the

measurements, which is most obvious for the 77% speedline.

With the difference between surrogate model and test, as well as the rougher shape

of the test bench speedline, a hardware anomaly is likely. Hence, the impeller and the

volute were measured with an ATOS optical measurement system and the obtained data

overlaid with the CAD model using the "best fit orientation". The relevant results are

shown in Figure 6.12.

While the blade geometry is within specified tolerances, the impeller shroud contour

is increased. Hence, the gap between impeller blade and the housings‘ shroud contour is

significantly reduced, leading to a reduction of the spillage flow driven by the pressure

gradient between pressure and suction side of the blade. Thus, the compressor achieves

a higher efficiency and pressure ratio, leading to the discrepancy to the surrogate model.

A new compressor wheel was manufactured and the testing was repeated with the new

hardware. The results are shown in Figure 6.13.
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Figure 6.11.: HGTR result: erroneous hardware, compressor B

Figure 6.12.: impeller GOM scan
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Figure 6.13.: HGTR result: new impeller, compressor B

The new hardware agrees much better with the prediction. The lowest speedline

matches perfectly with the surrogate model, and the difference in pressure ratio has sig-

nificantly reduced for the 77% and 86% speedline. However, for both speedlines, a bump

can be seen in the area close to surge, which is in disagreement with the surrogate model.

A bump of this shape is usually considered as a stable stall effect, that reduces the

compressor efficiency and pressure ratio. A further indication for the stall is the surge

margin improvement, in which the bump occurs. Compared to the original hardware, an

11% improvement in surge mass flow can be reported.

Since the stall can be excited by outer disturbances, e.g. test bench vibrations, tur-

bocharger speed fluctuations or throttle closing steps, testing was repeated on a HGTR

designed for passenger car applications. This reduces the outer disturbances to the tech-

nical minimum of a HGTR, but also reduces the systems B parameter as the inlet and

outlet ducting are smaller. As a result, the surge line will shift to the left. Nevertheless, the

shift in surge margin will not have an effect on the quasi-steady compressor characteristic

[55, 32].

The measurements on the passenger car test cell showed almost no deviation to the

surrogate model and were used for the validation of the surrogate models predictive

capability as presented in the section before. It is emphasized that this approach is valid

as an undesired, transient effect of the HGTR was the origin of the altered compressor

characteristic. It hence violated the requirement of a steady measurement environment,
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which was solved by using a different test rig.

The findings highlight the predictive capabilities of the compressor model and the

reliability of the results. With the compressor model, an erroneously manufactured com-

pressor geometry could be identified, and a stall, linked to the greater outer disturbances

of the bigger test cell, could be detected. Thus, the developed model can not only be used

as a predictive development tool, but also for validation purposes. This results in a much

more reliable set of data while at the same time drastically reducing the amount of time

and effort spent currently on geometric measurements and analysis.

6.1.7. Summary

This section introduced a surrogate model to predict compressor maps and presented a

method for extending the design space and hence the reliability of the surrogate model

in surge-critical areas. The method is based on the RET and uses K as an optimization

parameter to stabilize the ΠTT-surrogate model. It was further investigated whether an

analytical function improves prediction accuracy. Compressor efficiency is calculated via

shaft work, which provides a natural boundary condition for zero mass flow.

The findings show that the model is of order four faster than a comparable URANS

simulation and can predict compressor maps in less than a minute. Its accuracy is com-

parable to URANS simulations in the vicinity of surge, and, if the coupled model is

considered, it is also comparable to URANS simulations in the deep unstable area. The

analysis also showed that the RANS simulations were not able to capture the compressor

characteristics in the vicinity of surge, thus significantly reducing their suitability as a

source for surge simulations.

A comparison with test data showed that the method can accurately predict the pres-

sure ratio. The efficiency prediction agrees well with the measurements. The slightly

larger deviations compared to the pressure ratio prediction are due to an error summa-

tion of the two underlaying surrogate models.

The coupled model was found to be accurate for standard high-efficiency compressors

and showed little deviation to URANS simulations in the unstable area. However, it was

observed that the use of surge-optimized geometries resulted in an unfavorable deviation.

Hence, it is recommended that the constrained surrogate model be used, although this

may introduce significant errors in the deep unstable area of the compressor.

Additionally, the predictive capabilities of the surrogate models were proven by the

detection of erroneous hardware and the occurrence of a measurement error at the test

bench. With the hardware error corrected and the test bench swapped to a passenger

car turbocharger test bench, a very good fit between prediction and measurement could

be achieved. This led to the further use of the surrogate models not only as a predictive
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tool, but also a verification tool for hardware testing, significantly increasing the test data

reliability.

6.2. 1D System Model

With the compressor model successfully established, a 1D system model is required to

model the interaction of the compressor with the HGTR environment. Given the findings

in Chapter 5, showing that pulse interaction is highly non-linear and accurate modeling

is currently not feasible, the model does not need to account for transient environments.

This consideration allows for the potential use of lumped parameter models.

Considering the extensive availability of well-documented models [32, 54, 33, 123, 118,

124], partially available models [125, 121], and proprietary models, a literature survey is

conducted to evaluate the feasibility of using an existing model rather than developing a

model from first principles.

With a suitable model selected, its determining parameters are derived based on fun-

damental assumptions and test bench measurements. Last, the model’s surge prediction

is validated using test bench measurements, and the results are discussed.

6.2.1. Compression System 1D Modeling Approach

Greitzer Model

The Greitzer Model has already been introduced in Chapter 2. However, a comparison

between the original test environment and the one used in the work herein has not been

presented. Thus, the main differences are highlighted here.

The Greitzer model was originally derived for axial compressors, which introduces dif-

ferences between the test benches used for testing compressors. As shown in the original

paper [52], the design of the axial compressor test rig can be clearly divided into an inlet

section, plenum, and outlet section.

This contrasts with a turbocharger HGTR, which resembles a pipeline system. For

example, the plenum and outlet pipe are not distinguishable, as the measurement pipe

directly connects to a throttle valve of the same diameter. Furthermore, the inlet piping on

an industrial turbocharger test stand is much more complex, containing multiple elbows,

filters, and sometimes even throttle valves.

These differences lead to challenges in modeling, as no characteristic lengths can be

directly acquired. Instead, the B parameter is often the result of numerical tuning, leading

to the risk of over-fitting the model.
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Another issue that must be addressed in a predictive surrogate-model context is the

flow field time constant τ, which represents the time lag between the compressor steady-

state curve and its transient behavior. This requires knowledge of the compressor’s stall

behavior, which, in the optimization context, is not provided. As this time constant is

also used as a fitting parameter [46], there is a significant risk of over-fitting.

Commercial 1D Codes

Commercial 1D codes play an important role in the development of combustion engines

by offering numerically robust environments that allow heuristic optimization proce-

dures. They partially rely on methods such as the one introduced by Theotokatos and

Kyrtatos [118][121], which are extended Greitzer models specifically designed for tur-

bocharging applications.

However, the emphasis on numerical robustness presents challenges in surge predic-

tion. To achieve numerically stable results, an artificial negative slope is introduced in

the compressor model to replace the "real" steady-state positive slopes of a compressor

map in its unstable regime [121]. Additionally, damping parameters based on the overall

system are incorporated [121].

This approach is generally sufficient for modeling compressor unsteady behavior near,

or in, surge. However, a true predictive modeling, where the surge line is unknown, is

not feasible with this method.

To address this limitation, De Bellis et al. [126] propose the use of 0D capacities up-

stream and downstream of the compressor template, which account for mass and energy

storage. It is suggested that the volume of these storages is related to the inlet ducting,

compressor volume, and downstream ducting. However, the artificial negative slope

remains, becoming a tuning parameter that must be carefully adjusted.

Simplified Greitzer Model by Buehler et al. [46]

Driven by the strong industrial demand for fast and accurate surge prediction, Buehler et

al. [46] developed a Greitzer-based model that more accurately represents the geometry

of a HGTR environment and omits the compressor‘s time lag. In this approach, an inlet

throttle is added to the inlet pipe, while the outlet pipe is removed. Instead, the plenum

is connected directly to the outlet throttle.

The inlet throttle accounts for the extensive inlet piping and measurement equipment of

the test bench. The absence of the outlet pipe is addressed by removing the corresponding

term from Greitzers original set of equations. Both the compressor‘s time lag and Fink’s

correction for compressor speed are neglected, as the industrial focus is on predicting the

onset of instability rather than modeling instability cycles.

A small perturbation analysis of the resulting set of equations leads to a "generally
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valid stability criterion D", as shown in eqn. 6.7, derived from the system‘s eigenvalues.

A detailed derivation can be found in [54].

D =













Lc

Ac
−

V(c − g1)g2

a2
3













(6.7)

Here, LC, V and AC represent the inlet piping length and cross-sectional area, and vol-

ume of the outlet plenum, respectively. c, g1 and g2 denote the quasi-steady compressor

and throttle characteristics.

The model was validated with experiments, demonstrating its ability to accurately

capture changes in the outlet plenum volume and inlet piping [46].

An initial numerical analysis conducted by the author showed that the model follows

the same trends as those discovered experimentally by Schäfer et al. [55]. This is notewor-

thy because the experimental results in the original study could not be connected to 1D

results based on a more complex Theotokatos-Kyrtatos-based model [55]. This indicates

that the main surge feature in an HGTR environment can be captured with the simplified

model.

Haeckel et al. [47] extend the work of Buehler et al. [54] by combining the parameter

D with RANS generated compressor wheel maps. A negative value of D is interpreted as

system surge. While the approach does not yield time-resolved data, the authors argue

that such temporal resolution is not required in industrial settings, where both stall and

surge must be avoided. Therefore, the classification of the instability is considered sec-

ondary to the fast and accurate prediction of its onset. [47]

Turbodyna

Turbodyna [123] uses a modeling technique that meshes the compressor in a true 1D fash-

ion instead of applying classic interfaces, see Figure 6.14. In the rotor section, source terms

are added to the Euler equations, thus dropping the direct use of look-up performance

maps. As a result, the rotor unsteadiness is correctly modeled, leading to successful and

accurate simulations of compressors operating under pulsating conditions or in surge

[60, 61, 127].

Figure 6.14.: Turbodyna 1D domain. Left: classic modeling16, Right: Turbodyna17

However, Turbodyna has not yet been employed in a test-based manner, as simulated

16Used with permission from ASME, from [123], permission conveyed through Copyright Clearance Center, Inc.
17Used with permission from ASME, from [127], permission conveyed through Copyright Clearance Center, Inc.
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compressor maps have been used as inputs. Therefore, it is necessary to evaluate whether

Turbodyna’s inputs can be determined from test bench measurement derived models.

Two of Turbodyna’s three source terms areΠTT and Wsha f t, which can be directly mod-

eled by surrogate models (see section 6.1). The third source term is the flow angle θ,

which, in the original publication [123], is calculated using Wsha f t, ∆s, and ηts. This ap-

proach, however, cannot be applied to test bench data.

On a HGTR, total and static values at the compressor outlet are obtained through an

iterative scheme rather than direct measurement, except for static pressure. This is due to

the highly turbulent nature of the flow, which cannot be accurately measured. Instead, a

fully developed flow in the outlet pipe is assumed, and total and static values are derived

by enforcing mass conservation in an iterative scheme. Thus, the calculated flow angle

based on ηts will always be zero18.

Electric test benches partially mitigate this issue, as shaft work (and hence T2T) can

be measured indirectly via electric power consumption or by using a torque meter, as

demonstrated in [117]. Although θ would still compensate for measurement errors due

to mechanical friction, the measurement should be more accurate. However, since all

data for the surrogate models were acquired on a HGTR, this information is not available.

Therefore, an investigation was not conducted, although it is recommended for future

research.

Given the presence of a non-removable, systematic error in the HGTR data, θmust be

set to zero to maintain consistency with the assumed physics. Consequently, it is nec-

essary to investigate the system’s sensitivity to this adjustment. A stable, representative

compressor operating point is considered for this analysis. The pressure ratio is fixed, as

it represents the most accurate data available, while the shaft work is varied. With the

mass flow rate known and θ set to zero, the sensitivity can be evaluated. The results are

presented in Fig. 6.15. All values are normalized with respect to the corresponding target

value.

It becomes evident that the mass flow rate is highly sensitive to the shaft work input.

A variation of merely 1% causes the mass flow rate to span almost the entire compres-

sor map- from zero to close to the choke limit. This behavior is not unphysical: if the

shaft work falls below a certain threshold, the compressor cannot overcome the pressure

gradient defined by the pressure ratio. Once this critical value is reached, the mass flow

rate jumps towards its design operating point. With no further restrictions, as would be

provided by θ, even a marginal increase in shaft work results in a significant increase in

mass flow rate.

This finding indicates that Turbodyna cannot be effectively used in a HGTR based

18θ actually becomes an indicator of test bench quality: the closer it gets to zero and the more constant the offset, the better the test bench
and subsequent data processing.
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Figure 6.15.: mass flow sensitivity on shaft work when θ = 0

surrogate modeling context. Turbodyna is designed to address the "interface" compres-

sor modeling, which is physically inconsistent, and to enable proper simulation of pulse

interaction. To achieve this, Turbodyna requires physically consistent data. However,

this consistency cannot be achieved using HGTR-based surrogate models. The HGTR, by

design, introduces a systematic error, leading to consistent but simplified data. A surro-

gate model will then introduce estimation errors which, when compared to Turbodyna’s

sensitivity due to the HGTR simplification, are too large and prevent stable operation.

1D Compression Model by Powers

Powers developed a mathematical model for surge in radial compressors and validated

it with measurements [128, 49, 51, 124]. Unlike many other approaches, this method

strictly adheres to the averaging of the 1D Navier-Stokes equation and does not employ

lumped-parameter models. The work can be divided into two parts: the derivation of a

compressor model and the derivation of a set of equations for the compressor inlet and

outlet ducting.

The final model is capable of simulating both mild and deep surge using three tuning

parameters: one for friction, one for diffuser stall, and one for impeller stall. In the pre-

sented case, the estimated surge is within 5% of the measured surge point.

However, the model requires substantial computational resources compared to the

other models, as the PDEs of the system are solved using the Method of Lines. This

also necessitates the introduction of a fourth damping parameter to mitigate numerical

oscillations, as the resulting ODEs are non-linear [124].

This can become critical, as the damping parameter may also dampen physical oscil-

lations. The risk increases with the variety of compressor setups and decreasing expert

interaction, as is common in automated development environments.
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Conclusion

Various modeling techniques known in literature were presented and evaluated for their

ability to capture the dominant physical effects. Additionally, numerical costs, stability,

and robustness of the methods were assessed.

It was found that commercial codes are the most stable option but sacrifice true predic-

tive capability. This is because commercial codes focus on enabling holistic optimization

of systems rather than determining stability limits, which would severely constrain opti-

mization capabilities.

The Greitzer model was found to be suitable for some applications but lacks proper

modeling of the inlet piping. However, adaptations by Haeckel et al. and Buehler et

al. overcome this limitation and even improve the numerical cost and robustness of the

solution.

Turbodyna was identified as the most accurate and the only true 1D code capable of

capturing surge as a system phenomenon while providing time-resolved data. However,

it is very sensitive to the flow angle θ, a parameter that cannot be captured by an HGTR.

Thus, its sensitivity precludes its use in an HGTR-based surrogate modeling approach.

Lastly, the simplified Navier-Stokes equation approach by Powers was evaluated. Al-

though the model showed very good agreement with test bench data, its stability is

critical as non-linear ODEs must be solved. The model includes damping based on phys-

ical assumptions, but it remains unclear how reliable this damping is when different

compressors are considered, increasing the risk of over-fitting. Additionally, the numeri-

cal costs are comparatively high.

Thus, the model by Buehler et al. is selected as the system response modeling technique.

6.2.2. Model Data Acquisition

With the model by Buehler et al. determined to be the most suitable model for a fast

surge feedback methodology, its defining parameters and characteristics can be derived.

Referring to equation 6.7, the model necessitates three geometric scalar values and two

throttle characteristics. Thus, assumptions must be made to simplify the HGTR geometry

into appropriate scalar values, while the throttle characteristics need to be experimentally

obtained.

Inlet Pipe Reduced Modelling

The HGTR inlet pipe geometry varies along its path and hence must be simplified to

allow a correct representation in the model. Thus, four hypotheses are formulated from

which the model‘s pipe length is derived:
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1. Incompressibility of the Fluid: The fluid is considered incompressible. Hence, a surge

cycle (reversal of the flow) immediately affects the entire inlet piping, leading to the

conclusion that the overall enclosed volume must remain constant.

2. Inlet Throttle Representation: The inlet throttle represents all pressure losses in the

pipe, measured between ambient and directly in front of the compressor. It is not

possible to determine each component’s contribution. However, it is assumed that

the main contributors are the air filter and mass flow meter, while the pipe and

elbows have negligible influences. Thus, no modifications are required to adapt the

original model for multiple inlet throttles at different positions.

3. Modeling and Measurement Restriction: As a direct result of the modeling and mea-

surement constraints, the compressor only perceives the final pipe diameter.

4. Inlet Pipe Eigenfrequencies: Although surge is a system phenomenon and can be

triggered by acoustic interferences, the inlet pipe eigenfrequencies due to bends are

not surge drivers. This is supported by comparing the typical mild surge ranges

with the expected pipe section eigenfrequencies.

All four hypotheses lead to the following equation to calculate the dominant inlet

piping length:

L =

∑

Vi

Ainlet
(6.8)

This equation provides a characteristic length that is approximately 1.8 times larger

than the geometric length. Nevertheless, a numerical study confirmed its superior ac-

curacy. It is also important to note that the characteristic length is based on physical

assumptions rather than a shooting method, as is often used in B-parameter estimations.

Therefore, it does not introduce the typical uncertainties associated with a true tuning

parameter.

Inlet Throttle Characterization

One of the key features of the model is the integration of the system’s inlet throttling.

The characterization of the throttle curve is relatively straightforward, as the throttle is a

geometrically constant component with an almost quadratic characteristic. To calculate

the polynomial constants, a series of 10 compressors was measured, and the difference

between pambient and p1 calculated. A quadratic regression yielded a CoP value of 99.8,

indicating a very good approximation. A manual adjustment in the quadratic equation

ensures zero pressure loss at zero mass flow, accounting for measurement inaccuracies.19

Outlet Throttle Characterization

As the outlet throttle is used to define the compressor operating point, its characteristic is

not constant but dependent on the throttle’s variable cross-section. This inevitably leads

19The adjustment (shift in the ordinate direction) is less than 0.5% of the measured value and is therefore within the overall measurement
accuracy as defined in the SAE Test Stand Code [87].
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to modeling challenges.

Firstly, for very small cross-sections, the throttle throughflow will be dominated by

highly turbulent flows. Consequently, the throttle characteristic does not follow a

quadratic regression, and divergence will occur at zero mass flow.

Additionally, the design space is well-sampled for areas of high efficiency but not for

areas close to surge.

Finally, the regression model of the throttle must respond very quickly to queries, as it

will be called by the 1D code multiple times for a single speed line. Therefore, it should

be of a low-order type.

To overcome the design space limitation, a turbocharger for medium-duty applications

is added to the design set (see Figure 6.16). Its efficiency parabola loosely follows the

surge line of typical heavy-duty compressors and significantly widens the throttle valve

support point area.

Figure 6.16.: data samples for outlet throttle characterization

After evaluating different regression models, a quadratic regression model with linear

coupling terms between mass flow rate and throttle cross-section was selected. An

evaluation of the model’s response at low mass flow rates shows the expected divergence

and source of the main error. However, the affected areas lie below technically relevant

compressor speeds (< 0.5nmax) or far to the left of even surge-optimized geometries (< 50%

of surge mass flow). Hence, the approximation error will not play a significant role. The

accuracy in the critical area is comparable to more sophisticated models like Kriging, and

the analytical equation allows direct implementation of its derivative in the code, leading

to significant computational benefits. The CoP value of the regression model is 98.9%.
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6.2.3. Comparison of Measurements with Surge Calculations

With the model being integrated and connected with the compressor map surrogate mod-

els, its accuracy for surge calculation is determined.

First, the eigenfrequency f of the model is calculated based on the characteristic poly-

nomial, see eqn. 6.10 [54].

ω =













Aca2
3

LV

g1 + g2 − c

g2













0.5

(6.9)

f =
ω

2π
(6.10)

The difference between the predicted and measured mild surge frequency is less than

10 Hz, which is a good approximation considering the simplicity of the model. The

original publication [54] demonstrated an even better fit (<2 Hz), but the inlet piping

did not require any simplification. It can thus be concluded that the model is capable of

sufficiently modeling the eigenfrequency, with the error being attributed to the simplified

inlet pipe.

Next, all available surge measurements from the test bench are compared to the calcu-

lated values. The required speed lines are provided by the compressor model developed

in section 6.1.

To facilitate comparison between different speeds and compressors, the results are nor-

malized using the measured choke mass flow and surge mass flow, as presented in Figure

6.17. Both normalizations are necessary because the surge mass flow varies for each com-

pressor and speed line, leading to significant deviations. However, it provides crucial

information about the expected deviation of the model for a compressor at a specific

speed. Conversely, the choke-normalized plots enable the comparison of model accuracy

across different speed lines. Positive values indicate a lower surge mass flow rate mea-

sured at the HGTR, while negative values indicate a higher surge mass flow rate, which

is less desirable.

The lowest and highest speed lines of the compressor map are excluded due to the

model‘s boundaries: the lowest speed line is close to the outlet throttle‘s model uncer-

tainties, as discussed in the previous subsection, and the highest speed line is not well

captured by the compressor map surrogate model due to the temperature limitations of

the HGTR. Thus, only the three intermediate speed lines of the compressor map are eval-

uated, which is sufficient for all technical evaluations of surge in heavy-duty applications.

In the surge mass flow rate normalized plot, the 60% speed data shows a large scatter

and a positive shift (i.e., a shift of the surge line towards the right). Although this is

partially due to the small normalizing values, the same trend is observed in the choke-
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(a) △sm - normalized w. surge margin (b) △sm - normalized w. choke

Figure 6.17.: measured vs. calculated surge mass flow

normalized data, which negates this error source. As the compressor model is most

accurate in this region, it indicates a systematic error in the system model, especially

since the mean values and medians are comparable in both plots, highlighting no signifi-

cant outliers.

The systematic under-prediction of the surge line is due to the model’s and test bench‘s

inability to distinguish between stall and surge. At low speeds, the compressors develop

some form of stall prior to surge. This is indicated by an increase in the temperature at

the compressor inlet, which was, for example, experimentally measured with compressor

B at the electric rig. However, although instability or even backflow arises, compressors

can operate in a "steady" manner when pressure ratios are sufficiently low [22]. Since

the surge detection algorithm of the HGTR ignores sufficiently low amplitude, high-

frequency oscillations and the model unable to differentiate between stall and surge, the

shift in the surge line can be attributed to this effect. As this speed line is not as relevant

for technical evaluation and including the time-dependent response of the compressor in

the model would substantially increase calculation time, no adaptation of the model is

performed.

The scatter and accuracy improve significantly for the 76% and 86% speed lines of the

compressor. Both medians are comparable, but the 76% speed line shows two significant

outliers, which correspond to two different, yet very similar compressors. Both compres-

sors exhibit a very flat compressor characteristic. Upon evaluation, the outliers occur due

to the onset of instability just below the test bench’s surge detection thresholds, somewhat

similar to the discussion of the compressor B stall behavior at the HGTR in section 6.1.

The smallest scatter and best calculation results are observed for the 86% speed line. At

this speed, sufficient pressure is built up so that a stall event almost immediately leads to

deep surge at the test bench. Thus, the binary instability signal of HGTR and model align

very well. Importantly, this speed is also the most relevant speed for surge in engine-like
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environments.

It is interesting to see how the accuracy of the model closely aligns with the different

surge behaviors. For the lowest speed line, surge is underpredicted due to stall effects.

At the 76% speed line, deep surge is easily detectable and always occurs; however, stall

can still occur prior to this event, leading to a larger scatter. For the 86% speed line, deep

surge is triggered almost immediately, resulting in the smallest scatter. However, due to

this, the compressor cannot handle randomly occurring disturbances as they happen on

the test rig during testing. Thus, the model estimates a slightly better surge mass flow

rate than actually measured.

6.2.4. Summary

In this section, different 1D system models were reviewed. Focus was laid on the phys-

ical assumptions, numerical stability and cost. It was found that a simplified Greitzer

approach presented by Buehler et al. [54] is most suitable due to its low numerical cost

and high accuracy according to literature.

In the next step, the HGTR environment was modeled following this approach. Inlet

and outlet throttle characteristics were experimentally acquired and implemented into

the code as second order polynomial models.

Finally, the system model was validated by comparing calculated data with measured

data. The surrogate models derived in section 6.1 served as input data. It was found

that large deviations occur for the 60% speed lines, which could be linked to the onset of

stall, not detectable by the HGTR nor the model. The accuracy improved with increasing

speed, aligning well with the diminishing occurrence of stall and immediate occurence

of deep surge.

For the most relevant surge point, the average mean deviation between measured and

calculated surge mass flow was found to be -1.8%, with all samples within ± 4%. This

result is remarkably accurate given the reduced-order nature of the model and is within

the range of other work [124]. Thus, it is concluded that the system model is accurate,

fast, and robust enough to be utilized in automated optimization processes.

6.3. Surge Feedback for Surrogate-Model-Based Compressor Design Approaches

In this section, the surge feedback process for automated surrogate-model-based com-

pressor design approaches is described. The feedback process combines the compressor

component modeling introduced in section 6.1, and the 1D system modeling introduced

in section 6.2.
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First, the methodology is derived and the optimization strategy introduced. Next,

an optimization run is performed and the results are evaluated for thermodynamic and

mechanical validity. Prototypes are then manufactured, measured at the HGTR and com-

pared to the manually improved compressor B and its unconstrained optimization start

design B*.

6.3.1. Surge Feedback Methodology

Optimization Procedure

The compressor optimization procedure uses the efficiency optimization scheme pro-

posed by Abel [7], but incorporates a surge feedback loop, as illustrated in Fig. 6.18. The

methodology comprises the following steps:

1. An evolutionary algorithm generates a parameter set, which includes the geometric

parameters of the compressor and the critical turbocharger speed at which surge is

to be evaluated.

2. The geometric parameters are transferred to the CFD surrogate model solver. This

solver encompasses multiple CFD-based surrogate models that predict the compres-

sor geometry’s partial and full load performance, as well as choke mass flow.

3. The design is also forwarded to the compressor performance map models from

section 6.1. A compressor performance curve is estimated for each design.

4. The compressor performance curve is input into the surge prediction model, as

introduced in section 6.2, to determine its surge point at the HGTR.

5. All thermodynamic characteristics are relayed back to the optimization algorithm,

which evaluates the response and generates new design sets until convergence is

achieved. A post-processor facilitates the analysis of the results.

Figure 6.18.: surge constraint compressor optimization scheme
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Optimization Objective and Constraints

Setting the appropriate optimization objectives and constraints is particularly important

in this optimization setup, as it encompasses all areas of the map, including the conflicting

requirements surge, choke, and efficiency at full and partial load operating points. To

enable a robust comparison and competition between designs during the optimization

process, the objectives and constraints defined in Table 6.1 are utilized.

parameter handling
full load efficiency weighted objective
partial load efficiency weighted objective
full load pressure ratio constraint
partial load pressure ratio constraint
choke constraint
surge constraint

Table 6.1.: optimization objectives and constraints

The driving factor in turbocharger compressor development is the enhancement of

efficiency in engine-relevant areas, which defines the global optimization target. As

demonstrated by Abel [7], load collectives from real-world driving cycles of class 8 ve-

hicles can be simplified to a full load and a partial load point. These points represent

where the majority of fuel consumption occurs and, consequently, where the optimiza-

tion potential is highest. The pressure ratios at these points are treated as constraints, as

they are dictated by engine requirements. This narrows the main focus to two efficiency

values. However, with precise knowledge of the real-world scenario, the multi-objective

optimization can be simplified to a single-objective optimization by applying weighting

factors, as shown in equation 6.11.

ηweighted = x1 η f ullload + x2 ηpartialload x1, x2 ∈ [0, 1] ∧ x1 + x2 = 1 (6.11)

The choke mass flow rate is a requirement of the engine brake and not driver of a new

compressor development. Thus, it is handled as a constraint.

The surge margin could theoretically serve as an optimization objective, as a more

surge-resilient compressor can enhance engine performance and enable alternative en-

gine control strategies. However, theoretical considerations in engine development and

optimization strategies necessitate the definition of a surge constraint:

1. The engine control and combustion cycle strategy is established during the early

design phase, providing a fixed surge margin. Subsequent improvements in surge

margin, although theoretically advantageous, are likely not usable in later design

phases due to the significant modifications required in other components. Thus, a

surge-optimized geometry may result in reduced overal engine efficiency.

2. Incorporating a surge optimization objective can destabilize the mathematical solver.

The compressor performance model, being hardware-based, cannot encompass the

same design space as a CFD-based model, necessitating some degree of extrapola-
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tion. This can lead to designs that are either unrealistically good or bad. If surge

margin were an objective, the optimizer might converge on poorly sampled design

space regions. Conversely, a set of constraints can filter out evidently incorrect

predictions, imposing penalties on the optimization algorithm without actively re-

warding exploration of critical areas. Preliminary test runs confirmed this improved

handling of failed geometries.

All constraints are set in such a way that a valid design must achieve the same, or bet-

ter performance as the manually optimized compressor B, excluded from the surrogate

models database.

Design Space

It is important to note that no geometric constraints are imposed. Instead, the geometric

parameters listed in Table 6.2 are treated as independent optimization variables. Figure

6.19 illustrates the resulting CFD domains for the upper and lower limit designs.

parameter reference upper limit lower limit
shroud inlet radius 100% 110% 90%
shroud inlet blade angle 100% 119% 74.6%
shroud outlet blade angle 100% 133% 66.7%
diffuser width 100% 130% 80%
diffuser outlet radius 100% 109% 80%
diffuser outlet angle20 100% 83.3% 133%
impeller outlet radius 100% 103% 100%

Table 6.2.: specification of the design space

Figure 6.19.: CFD domains for the upper and lower limit case of the design space

6.3.2. Optimization Convergence

The methodology was implemented in Ansys optiSLang and required six hours on a

personal computer to achieve convergence. A total of 1950 geometries were generated,

of which 767 were duplicates. The convergence history (excluding duplicates) for the

parameters, constraints, and objective is depicted in Figures 6.20 and 6.21. The impeller

outlet radius is excluded from the analysis as a late turbine matching requirement limited

it to the baseline value.

20The diffuser outlet angle represents the COPAX analogue to the conventional A/R-ratio. COPAX is a proprietary, parameterized modelling
framework for automatic generation of compressor housing CAD geometries. [7]
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Figure 6.20.: Surge constraint optimization convergence -constraints and objectives. Data normalized with
compressor B reference values.

From Figure 6.20, it is evident that the surge constraint significantly influences the nu-

merical cost. During the initial sampling phase, there is a large fluctuation, with results

ranging from unrealistically good to unusable geometries. This fluctuation is due to the

relatively small design space of the surge model compared to the CFD models, which have

thousands of well-distributed data points. Thus, the optimizer must navigate numerous

steep gradients and failed designs.

All geometric parameters, except for the diffuser outlet radius, converge to values well

within the design space. The diffuser outlet radius, however, converges to its upper limit.

This is reasonable, as the diffuser allows for a more controlled expansion than the volute,

thereby enhancing efficiency. However, when combined with a relatively large diffuser

width, this raises concerns about surge stability.

Both parameters have a very limited effect on the total-total pressure ratio [12], as also

seen by the very low CoP matrix value of the pressure ratio surrogate model. This makes

the detection of diffuser stall more challenging, as stall is identified based on the shape of

the compressor curve.

Although extensive literature on diffuser stall exists, there is no clear consensus, as

Hunziker [129] and Casey and Robinson [12] point out. Some studies report surge mar-

gin improvements for large diffuser width- to length ratios b/d, while others report the

opposite. For well-designed compressors, Casey and Robinson [12] recommend that the

diffuser inflow angle should not exceed 65° at the design point, as this should allow stable

operation up to 50% of the design mass flow rate. This constraint has been applied in

an optimization study for compressors of similar size and application [74] and is thus

considered a more reliable parameter for evaluating diffuser stall. Consequently, this

criterion is used in the evaluation of the target designs.
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Figure 6.21.: Surge constraint optimization convergence - parameters. Data normalized according to the
reference values listed in Table 6.2.

6.3.3. Design Selection

Based on the resulting 3D Pareto front, a design selection for geometry G1849 and G675

is made. The Pareto front and its projection onto the three corresponding 2D planes

(normalized with compressor B) can be seen in Figure 6.22.

G1849 shows significant improvements in surge (+2.6% compared to compressor B)

and efficiency (+0.9% absolute), while missing the target choke mass flow rate by -1.1%.
21

G675 fulfills all constraints, while showing a slight efficiency improvement (+0.2% ab-

solute) and surge margin (0.2% compared to compressor B).

It is noteworthy that the surge model is outside the design space for G1849 and at its

limits for G675. Therefore, the selected geometries not only provide insights into the

surge prediction capability but also indicate whether trends towards new design space

areas can be identified. The geometries and parameter sets are illustrated in Figure 6.23

and detailed in Table 6.3.

To address the uncertainty of diffuser stall, RANS simulations were conducted at the

design point and the flow angle at the impeller outlet was calculated prior to manufactur-

21Given the efficiency and surge improvements and the fact that the splitter blades are likely not well matched, compare Chapter 4, it was
decided to use this geometry although it violated the choke constraint. A RANS analysis with adapted splitter blades later confirmed
choke mass flow increase, fulfilling the constraint.
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Figure 6.22.: 3D Pareto front and 2D projections. Red: G1849, yellow: G675

(a) impellers G1849, G675 (b) cross-section fluid volume G1849, G675, Comp. B

Figure 6.23.: comparison of compressor B, G1849 and G675

ing the geometries. For geometry G1849, the flow angle is -1.2° below the 65° threshold.

In contrast, geometry G675 has a flow angle of 65.5°, slightly exceeding the threshold.

Both values are higher than the baseline of 63°, indicating a more critical diffuser and

hence higher chance of surge.
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parameter G1849 G675
shroud inlet radius 100% 100%
shroud inlet blade angle 101.5% 101.5%
shroud outlet blade angle 92% 68%
diffuser width 115% 115%
diffuser outlet radius 109% 107%
diffuser outlet angle 105% 103.3%
impeller outlet radius 100% 100%

Table 6.3.: geometry parameters G1849, G675

6.3.4. FEA Evaluation

Due to the higher backsweep of the impeller blades compared to compressor B, mechani-

cal stresses increase [12]. Thus, a FEA was conducted following the methodology outlined

by [74] for the G1849 impeller, which represents the most critical design case. The results

are shown in Figures 6.24 and 6.25.

Figure 6.24 shows the principal stress distribution at maximum rotational speed, repre-

senting the most demanding mechanical load case. The stress levels remain within accept-

able limits for thermodynamic testing. Increased stresses are observed at the suction-side

main blade fillets but remain within the material’s fatigue endurance range. If necessary,

increasing the fillet radius could further reduce stress concentrations with minimal influ-

ence on aerodynamic performance, thereby enhancing fatigue resistance.22 The highest

stress concentrations occur at the bore hole; however, these are mitigated by a special

surface treatment and are not considered critical.

(a) (b)

Figure 6.24.: principal stresses of G1849 at maximum speed

Additionally, a modal analysis was conducted to investigate the vibrational character-

istics of the impeller. The Campbell diagram (Figure 6.25) shows the lowest and most

critical eigenfrequency plotted against the excitation harmonics. The impeller is free of

5th-order excitation and intersects the 6th harmonic only at speeds exceeding 110,000

rpm. This indicates that the design is effectively resonance-free and even outperforms

22Aluminum, as a face-centered cubic metal, is not fatigue-resistant and fails over time under cyclic loading. In this context, ’fatigue-
resistant’ refers to the ability to withstand repeated stress cycles without failure over a period longer than the expected lifetime of the
engine.
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compressor B in this regard.

Figure 6.25.: Campbell diagram of G1849

The FEA results confirm that the geometric changes do not violate the mechanical

constraints. The impeller can be tested at the HGTR without requiring geometric adjust-

ments. Even for endurance testing, only minor modifications, expected to have negligible

thermodynamic impact, are necessary. Therefore, the new designs are deemed valid, and

further thermodynamic evaluation at the HGTR can be conducted.

6.3.5. Measurements at the HGTR: Optimization Outcome

All measurements were sequentially conducted using the same base turbocharger to min-

imize measurement errors. Before the thermodynamic measurements, the impellers were

optically measured to ensure they meet the specified tolerances. The false color compar-

ison to the CAD geometries is provided in annex C.

The thermodynamic results can be seen in Figures 6.26, 6.28, 6.27, and 6.29. The mass

flow rate is normalized with the design choke mass flow rate, whereas the efficiency

comparison shows the absolute (non-normalized) efficiency deviation to compressor B.

First, the map width is evaluated, compare Fig. 6.26, 6.28. Table 6.4 provides the

relevant parameters.

Geometry G1849 exhibits the best absolute surge margin at 86% speed, followed by

G675, aligning with the predicted trend by the optimizer. It is noteworthy how the pre-

diction accuracy △sm varies among the three geometries. While compressor B and G675

fall within the surge model design space, G1849 required geometric extrapolation beyond

the sampled design space. Consequently, G675 and compressor B are within the expected

surge deviation (see Figure 6.17), whereas G1849 lies outside this range. Nevertheless,
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the prediction accuracy remains comparable to other models’ regression capabilities [124].

Given the intentional alteration of the maximum choke mass flow for G1849, a direct

comparison of the surge points would yield misleading conclusions. Instead, the map

widths normalized by the corresponding design choke mass flow are used. From Table

6.4, it is evident that the map width improved for both optimized geometries at the

86% speed case, as well as for the design map width, defined as the difference between

the maximum choke mass flow and the 86% surge point. However, due to the larger

surge prediction error and smaller design choke mass flow of G1849, G675 exhibits the

best map width. Nevertheless, the optimization run successfully demonstrated that the

surge boundary constraint leads to superior map width results compared to manually

surge-optimized geometries such as compressor B.
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G1849 0.569 0.916 0.984 0.378 0.421 0.455 -5.4
G675 0.572 0.929 0.997 0.384 0.426 0.44 -1.9
Comp. B 0.588 0.932 1.002 0.369 0.414 - -4

Table 6.4.: map width defining points - optimization results

Next, the efficiency improvements or deteriorations are assessed. For geometry G1849,

Figure 6.27 clearly demonstrates that the optimization was highly successful, with sig-

nificant efficiency gains across the compressor map, except for the anticipated, and fuel-

consumption-irrelevant, deterioration at choke.

Similarly, geometry G675 exhibits improvements up to pressure ratios of 3, beyond

which the baseline compressor outperforms it. However, the partial and main operating

points of the engine, which are the optimization targets, fall within the improved area. It

is also noteworthy that the improvement again spans a large portion of the compressor

map, proofing that the improvement is not merely a shift of the efficiency parabola closer

to the design points. This further underscores the success of the optimization run.

Thus, it can be concluded that the optimization run, set to outperform the manually

optimized compressor B, proved to be highly successful. Both designs demonstrate

significant improvements in efficiency while maintaining, and even enhancing, the design

map width.
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Figure 6.26.: compressor map G1849

Figure 6.27.: difference map: G1849 - compressor B
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Figure 6.28.: compressor map G675

Figure 6.29.: difference map: G675 - compressor B
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6.3.6. Comparison with an Unconstrained Optimization Run

Although the optimization run successfully achieved its target, the comparative effective-

ness of the proposed method relative to its unconstrained counterpart requires further

evaluation. Therefore, the HGTR data for geometries G1849 and G675 are compared

against a set of unconstrained optimization designs. The results are illustrated in Figure

6.30. Additionally, the manually optimized design, compressor B, and its unconstrained

optimization baseline, compressor B*, are presented for reference.

Figure 6.30.: comparison of different design methods

For the unconstrained optimization, only the limit designs are plotted, resulting in an

enveloping curve from which clear trends emerge.

No design achieves surge stability for mass flows below 60%. This is particularly criti-

cal for applications in engines, where practically no surge margin is available, rendering

the resulting designs fairly critical.

An upper limit forms that achieves a wide map width but exhibits high surge mass

flows. This is a consequence of the unconstrained optimization. With the choke mass flow

set as a constraint, the optimizer includes designs that meet or exceed the choke constraint.

Consequently, larger compressors are created, naturally exhibiting a greater design map

width. However, in the context of an engine, this is unfavorable as the compressor fails

to achieve the required critical surge mass flow rate. Additionally, compressors located

close to this edge tend to have lower engine operating point efficiencies.

A lower limit forms that exhibits small design map width and lower surge mass flow

rates. This limit is also linked to the unconstrained optimization. Generally, a small map

width leads to increased efficiency, causing the optimizer to converge towards small map
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widths. Additionally, the engine operating points are far to the left in the compressor map,

leading the optimizer to shift the compressor‘s efficiency optimum parabola towards the

left as well. This contradicts large choke mass flows, resulting in an increased tendency

towards small design map widths.

As a result, compressors with good efficiencies are usually found along this lower edge,

such as compressor B*. While the unconstrained optimization design does not provide

good map width and surge mass flow rate, a manual optimization leading to compressor

B overcame this limitation. However, it also came with a notable drop in efficiency.

The constrained optimization, represented by the two designs G1849 and G675, achieves

the greatest design map width at the lowest surge mass flow rate. This is a direct result

of the additional map constraint, where the optimizer must fulfill both choke and surge

criteria. Consequently, the constrained optimization results in superior designs compared

to the unconstrained optimization run.

Most significantly, the proposed method demonstrates the ability to optimize efficiency

within a given map width. The manual optimization sacrificed efficiency to achieve map

width. The constrained optimization run, however, not only improved the efficiency,

map width and surge mass flow rate compared to compressor B but also closed the gap

towards the efficiency of unconstrained optimization design compressor B*, as shown in

Figure 6.31.

(a) absolute efficiency deviation, G1849 - Comp. B* (b) absolute efficiency deviation, G675 - Comp. B*

Figure 6.31.: efficiency comparison - G1849, G675, comp. B*

Thus, the surge feedback methodology effectively combines the optimal efficiencies,

previously only observed in impractical designs, with the desired map width and surge

margin, thereby demonstrating the method’s effectiveness. This not only validates the

robustness of the proposed approach but also highlights its potential to significantly

improve compressor development cycles by automatically achieving a balance between
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efficiency and surge stability.

6.3.7. Summary

In this section, an automated, surrogate-model-based optimization procedure was in-

troduced that considers all aspects of a compressor map: choke, surge, efficiency and

pressure ratio. An optimization run was performed, yielding designs that, according to

model predictions, outperformed the reference compressor B.

Analysis of the resulting geometries revealed comparably large diffusers and diffuser

inflow angles, often reported as being more surge critical in literature. Thus, the optimiza-

tion identified new design sets that would likely not have been considered in a manual

design process.

Following verification of mechanical robustness, the designs were manufactured and

tested on the HGTR. The measurements confirmed the optimization predictions, with

both compressors exhibiting superior performance in terms of surge margin and effi-

ciency relative to the baseline.

A comparison with an unconstrained optimization run showed that the constrained

optimization successfully combined high efficiencies with the required map width, effec-

tively ensuring that efficiency gains were not achieved at the expense of surge margin.

This stands in contrast to the unconstrained optimization, which failed to produce a single

design with an adequate surge margin.

It was also observed that the compressor performance model operated at, or beyond

the boundaries of its design space, necessitating extrapolation into unsupported regions.

While this led to an increased deviation between prediction and measurement, the predic-

tion remained remarkably accurate and correctly predicted surge margin improvements.

This is an important finding as it underscores the model‘s ability to detect trends and

enhances confidence that the compressor performance surrogate model found correct

relations between the geometric parameters and performance characteristic.

6.4. Design Space Investigation and Manual Optimization

The design methodology led to two automatically designed compressor geometries that

showed significant improvements in surge and efficiency. Yet, it was discovered that the

edge of the compressor models geometric design space limited the optimization run due

to the increasing prediction error. Hence, further improvement might be possible when

manually analyzing the test results.
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From Figure 6.26 it is evident that some type of stall happens at high compressor speeds

for G1849, although the compressor remains globally stable. This can be seen best for the

fourth speed line, where the speed line exhibits more the shape of a cubic, rather than a

quadratic polynomial. This is a typical indicator for a stall in the vaneless diffuser [51].

Although the flow is compressible, some basic incompressible considerations of the

vaneless diffuser help in identifying the stall-relevant parameters [12].

Mass conservation at in- and outlet of the diffuser leads to:

cm1r1 = cm2r2 (6.12)

For conservation of angular momentum:

cu1r1 = cu2r2 (6.13)

This leads to a flow path that follows a logarithmic spiral:

tanα1 =
cu1

cm1
= tanα2 (6.14)

With the length of the flow path in the diffuser given by:

L =
r2 − r1

cosα1
(6.15)

The (ideal) static pressure recovery coefficient can be determined with:

Cp = 1 −
c2

2

c2
1

= 1 −
r2

1

r2
2

(6.16)

Considering a diffusers operating condition close to surge, hence low mass flows, cm1

reduces significantly, while cu1 remains constant. This increases α1, leading to a sub-

stantially longer flow path in the diffuser. While the radial pressure gradient stays the

same, the already reduced radial velocity component in the boundary layer is further de-

celerated due to friction. At some point, the boundary layer detaches and develops a stall.

Based on these considerations, either a decrease in α1, or decrease in r2 will provide

better stall stability. However, α1 is a result of the exducer blade angle, diffuser height

and mass flow rate. Since the outlet blade angle is already at its technical limit, and the

diffuser already being pinched, α1 is not a feasible parameter.

On the other hand, r2 can easily be varied as it is an independent geometric param-

eter. Even more important, r2 is large for G1849 due to the mathematical optimization

procedure. While a large r2 will lead to better Cp, at some point, the efficiency gain will

become negligible. Nevertheless, the mathematical optimizer favors such a design due

to its marginally better performance. Thus, the overall impact on efficiency is considered

small, while a substantial influence in stall resistance can be expected.

Consequently, r2 should be reduced. To achieve this, the impeller from G1849 is com-
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bined with the compressor housing of G675, as both share the same shroud contour. This

configuration results in the design parameters listed in Table 6.5. The slightly smaller

volute of G675 is expected to further enhance surge stability. This configuration is referred

to as compressor C.

parameter manual optimization
shroud inlet radius 100%
shroud inlet blade angle 101.5%
shroud outlet blade angle 92%
diffuser width 115%
diffuser outlet radius 107%
diffuser outlet angle 103.3%
impeller outlet radius 100%

Table 6.5.: geometry parameters compressor C

The HGTR results of the new compressor are shown in Figures 6.32 and 6.33. As esti-

mated, the compressor maintains its high efficiency and superiority over compressor B.

However, the 86% speedline surge point is significantly shifted towards the left, showcas-

ing a 4.9% improvement over compressor B. Since the compressor chokes in the impeller,

the choke mass flow rate remains unchanged.

Figure 6.32.: compressor map compressor C
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Figure 6.33.: difference map: compressor C - compressor B
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The improved map width is showcased in Figure 6.34. The compressor exhibits a 3%

surge improvement even compared to G1849, while achieving a design map width of

0.455, representing a 2.9% enhancement over the previously best-performing geometry,

G675.

Figure 6.34.: manual optimization improvements

Thus, the manual optimization can be considered highly effective. While the automated

process accurately detected trends, it was unable to converge on the optimal parameter

combination due to limitations imposed by the design space boundaries and the occuring

steep gradients in that region. However, a simple analysis of the automated optimization

results correctly identified the diffuser as the surge trigger. By reducing the diffuser outlet

radius -along with a corresponding reduction in volute size- surge was significantly de-

layed, while the compressor retained much of its efficiency advantage over Compressor B.

Importantly, the surge point measured on the HGTR aligns with the model prediction

for G1849 within measurement accuracy, confirming that the model previously lacked

sufficient data at this design space edge. This lack of data can now be addressed by

integrating the three new designs into the model.

6.5. Conclusion

In this chapter, a reduced-order model for predicting compressor performance and a

reduced-order model for predicting surge in HGTR environments were introduced. Both

models were extensively validated using HGTR and URANS results. The compressor

performance surrogate model demonstrated such a high degree of accuracy that, in pre-

dictive mode, it enabled the identification and correction of hardware anomalies. With

this, the model independently contributes to, and significantly enhances, the compressor
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development process.

Upon achieving sufficient accuracy, the models were integrated into an automated com-

pressor optimization process that considers all thermodynamic requirements, including

choke, design point efficiencies, pressure ratios, and surge mass flow rate. An optimiza-

tion run was conducted, and two promising designs were identified. After ensuring

mechanical validity and prototype compliance, the geometries were tested at the HGTR.

The measurements showed that, in both cases, the map width was improved compared

to the baseline compressor B, which had been manually optimized for greater surge sta-

bility. Both designs were close to the predicted surge point showing deviations of -1.9%

and -5.4%, respectively. One geometry met all requirements while enhancing efficiency

compared to compressor B. The second design significantly improved the efficiency across

the entire compressor map, while being slightly, but purposely smaller than the required

maximum choke mass flow (-1.6%). Notably, this geometry required the model to extend

beyond the known design space, thereby validating and highlighting the compressor

model’s capabilities even at the edge or beyond its known range.

A comparison with a set of unconstrained optimization designs not only showed the

improvement in map width, highlighting a successful efficiency improvement not on

cost on surge margin, but also showed a significant diminishing gap in efficiency. The

constrained model successfully converged towards new designs to overcome the surge

constraint. Thus, new parameter sets were discovered that, on basis of engineering expe-

rience, would not have been selected.

Furthermore, a manual analysis of the surge trigger for G1849 was conducted and the

diffuser identified as the main driver. A combination of the G1849 impeller with the

G675 housing led to a new design that maintained much of the efficiency gain, while

significantly improving surge margin, setting a new benchmark. Importantly, this minor

change in geometry led to the exact surge value the model predicted for G1849. This

confirmed the suspected steep gradient of the surge - geometry relationship in this area,

which could not be well captured by the compressor model due to lack of training data.

However, the model correctly predicted the trend despite the extrapolation, enabling the

discovery of this improved design. The model can now be refined by incorporating these

results into its design space.

This demonstrates that surrogate-model-based optimization procedures can be effec-

tively safeguarded against converging towards surge-critical geometries without necessi-

tating overly conservative engineering guidelines. The proposed method proved capable

of meeting the demanding development goals, outperforming both manual and uncon-

strained approaches. With this, compressors can now be better tailored to specific engines,

reducing fuel consumption and emissions while at the same time, significantly cutting

development time, costs, and testing effort.



7. Summary

This phd thesis aimed to answer the following research question:

Describe and model the main influences relevant to compressor surge at both component and

system levels in heavy-duty commercial vehicle applications, so that new optimization potentials

for surge and efficiency can be identified and utilized using currently applied design approaches.

This main research question was broken down into four objectives, which were worked

on in the previous chapters.

Validation of the URANS Simulation Methodology (Chapter 4)

As outlined in Chapter 3, flow phenomena associated with surge pose significant chal-

lenges for CFD. At the same time, there is strong industrial demand for CFD setups that

are computationally inexpensive, fast and robust. Thus, the first objective of this work

was to investigate the capabilities and limitations of a typical industry-grade URANS

setup.

The URANS setup contains the full-annulus compressor, the test rigs‘ whole down-

stream piping, and a reduced upstream piping in order to keep numerical effort adequate.

The spatial CFD domain is a fully rule-based hybrid grid and employs a high-Re-approach

to avoid numerical instabilities and reduce numerical costs. The realizable k−ǫ turbulence

model is used based on industrial best practice, experience and comparison with litera-

ture.

First, a grid independence study was conducted. The spatial discretization was found

to be adequate with approximately 8 million cells,which is in line with other work. The

temporal discretization showed a global parameter independence for a 10deg time step,

yet it was decided based on a recent study that for detailed flow field analysis, a 1deg

time step is required.

Upon ensuring grid independence, investigations were carried out on the electric test

rig to obtain detailed transient measurements and enable comparison between test and

CFD data. Steady static pressure measurements in the diffuser showed a very good

agreement between URANS and experimental result, with maximum deviations of 2.5%

at the impeller outlet. Analysis of the pressure field attributed the increased deviation at

impeller outlet to the significant radial pressure gradient. In combination with manufac-

turing tolerances in the positioning of the sensor holes, this was identified as the main

cause of the deviations.

Transient pressure measurements were conducted at the onset of surge and compared

with the simulation. Analysis of the three pressure transducers showed a very good

agreement. In both the simulation and experiment, the pressure signals from the two

123
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diffuser transducers diverged, with the position "diffuser transient" exhibiting a higher

pressure. Moreover, once clearly distinguishable oscillation occurred, the phase shift

between both transducers was exceptionally well captured, with even slight crossovers

of the pressure signals being captured in simulation and experiment.

A more detailed look at the diffuser sensor data revealed that the time from initial

disturbance to fully developed stall matches very good, with the simulation requiring

20 rotor revolutions and the test 19 revolutions. Additionally, the amplitude and oscilla-

tion frequency during stall inception showed remarkable comparability. Only after the

stall was fully developed did the signals exhibit a sudden phase shift, attributed to the

now unstable flow field, where any random disturbance from the test rig could grow

undamped. This, naturally, could not be captured by the URANS setup.

Also, a comparison with global HGTR data was conducted at engine-relevant speeds.

Global data of the surge cycle matched well, leading to the conclusion that the CFD setup

is suited for investigating the fluid field near, or during surge. Furthermore, the setup can

be employed to validate global performance data from other, less sophisticated modeling

approaches.

Investigation of the Surge Mechanism of a High-Performance Compressor and Out-

line of Potential Optimization (Chapter 4)

With the URANS simulation validated, the surge mechanism of compressor B, equipped

with a ported shroud, was investigated.

Initially, a diffuser stall was observed that developed due to the non-axisymmetric

pressure distortion induced by the volute. Simultaneously, a flow feature emerged in the

compressor inlet and inducer region. It was revealed that this flow feature originated

from the ported shroud, which increases its recirculation flow as the compressor‘s mass

flow rate decreases. During recirculation, part of this flow then interacted with the ported

shroud ribs, generating jet-like vortical structures reaching into the compressor inlet. As

a result, the inlet flow conditions became significantly disturbed.

Eventually, the combination of the sudden adverse pressure gradient from the diffuser

stall and the incoming flow disturbance from the ported shroud triggered a rapidly grow-

ing exducer stall. This initiated two self-reinforcing feedback loops: the stalled exducer

increased recirculation through the ported shroud, as the inducer continued to pump

flow; simultaneously, the diffuser stall intensified due to a reduced mass flow caused by

the blockage in the exducer, amplifying the pressure distortion. This led to rapid flow

breakdown and the onset of deep surge.

With the surge trigger mechanism understood, optimization potential was identified.

The ported shroud can be aerodynamically improved to reduce the jet-like vortical
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structures that disturb the flow entering the impeller. Such modifications have been

demonstrated in literature, and further optimization depends on mechanical, acoustic,

containment, manufacturing and durability constraints.

For the impeller, the splitter blade axial position was found to be a viable optimization

parameter, as it does not influence surge inception. Experimental validation confirmed

this, enabling automated optimization for improved efficiency and choke performance

without compromising surge margin.

For the volute, a redesigned overhang volute acting as a self-regulating recirculation

channel was proposed, which reduces losses at low mass flow rates and mitigates cir-

cumferential pressure distortion, thereby enhancing both efficiency and stall resistance.

With this, not only compressor B but also the entire compressor family can be im-

proved. This can be achieved by integrating new design features such as a redesigned

ported shroud or volute. Additionally, the parameter space of the surrogate-based de-

sign approach can be expanded by including the non-surge-critical parameters, offering

greater flexibility and hence, lead to new designs with improved performance.

Investigation of Transient Environments and their Consideration in Early Stages of

Compressor Development (Chapter 5)

It is well established that steady-state conditions on a HGTR deviate from the transient

environment encountered in an ETR or in a vehicle, and that this can significantly alter

compressor performance and surge. Despite considerable research effort aimed at un-

derstanding pulse interactions, literature remains seemingly contradictory and industry

experience often opposes published work. Thus, it was essential to investigate the origin

of this discrepancy and determine at which stage of compressor development pulses need

to be considered.

To address this, an extensive experimental campaign was conducted to examine typi-

cal geometric components in turbocharger compressors and assess the influence of pulse

amplitude and frequency. To enable fair comparisons, a surge margin correction scheme

was proposed that accounts for the pressure drop under pulsating conditions, thereby

allowing the determination of the actual surge margin shift.

The first geometric feature investigated was the in- or exclusion of a ported shroud.

Large data testing revealed that compressors equipped with a ported shroud typically

exhibit a significant deterioration in surge margin. In contrast, tests using identical com-

pressor hardware without a ported shroud showed improvements in surge margin. This

finding is very important for interpreting much of the existing literature and reconciling it

with industry experience, as most academic studies have been conducted using compres-

sors without ported shrouds. Hence, findings and observations do not contradict, but are

due to fundamentally different setups. Moreover, this finding holds substantial relevance
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for industry practice, as ported shrouds are a design feauture added at late design phases.

Given the fundamentally different behavior of the compressor, pulse interaction cannot

be evaluated at earlier, less cost-intensive phases of development.

The second geometric feature investigated was the diffuser design, with both a vaned

and vaneless diffuser tested under increasing pulsation amplitudes. Results showed that

this plays a crucial role, as the vaned diffuser design‘s surge margin deteriorated signifi-

cantly under increasing pulses, whereas the vaneless diffuser design‘s surge margin first

decreased, but then increased. This behaviour was attributed to the differing stall mech-

anisms in the compressors. In a vaned diffuser design, stall in one component rapidly

triggers stall in the other component, leading to a swift and catastrophic flow breakdown

resulting in deep surge. Vaneless diffuser designs, however, can exhibit large "stable"

rotating stall areas and have a slow transition to deep surge. This slower progression

allows the imprinted pulse to counteract and delay surge. To the author‘s knowledge,

this behaviour has not been previously reported, making it a novel and important finding.

It may also help reconcile contradictory literature, particularly in cases where stationary

equipment (where vaned diffuser designs are more common) is used.

Furthermore, the influence of pulsation amplitude and frequency was investigated for

a compressor featuring a vaneless diffuser and a ported shroud. The experiments showed

that even a simple parameter set leads to a highly non-linear surge margin shift behaviour,

that is further affected by eigenfrequency interactions within the test rig. Again, this find-

ing helps to bridge the gap between seemingly contradictory results in literature, as even

marginal shifts in the setup can lead to vastly different results.

Lastly, the operating conditions of a compressor in an ETR environment were inves-

tigated. Transient pressure measurements revealed that, due to the EGR system of the

engine, pulses not only vary in amplitude but also undergo a significant shape change. It

was further observed that the EGR affects the entire charging system, again contrasting

with some literature that focuses on non-EGR systems.

As a result, it was concluded that pulses can only be considered at late design stages,

when detailed information about the engine and final compressor geometry is available.

Importantly, and, to the best of the authors knowledge, for the first time, a theory based

on geometric design features is proposed to explain the many contradictory reports on

pulsation effects. Future work is recommended to further investigate this theory and to

focus detailed flow field studies on the effect of pulses on compressors equipped with

ported shrouds.

Investigation of Surge Feedback for Surrogate-Model Based Design Approaches

Without Geometric Constraints (Chapter 6)

With the URANS setup established as a suitable method to validate lower-order ap-

proaches and the system-level behaviour thoroughly investigated, the foundation was
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laid to explore whether surrogate-model-based optimization can be safeguarded against

converging towards more-surge critical designs when maximizing efficiency.

In order to do so, a compressor model was developed that generates a complete com-

pressor map extending down to zero mass flow. This was achieved by utilizing a propri-

etary set of compressors, with test data linked to geometric parameters through surrogate

modeling. To prevent numerical overshoots in the unstable area of the quasi-steady com-

pressor characteristic, the RET was used as a boundary condition, successfully enforcing

the characteristic positive slope. The tuning parameter K of the RET was used in an opti-

mization scheme to further increase the surrogate models accuracy in the vicinity of surge.

When comparing the surrogate model‘s prediction in the unstable area of the map

with the limited experimental data available in literature, discrepancies were found in

the shape of the characteristic curve. While literature suggests a third-order-polynomial,

the model predicted an almost linear pressure drop. Therefore, a coupled model was

developed that uses the same surrogate model, but replaces the positive slope region

with the analytical Moore-Greitzer polynomial.

URANS simulations of the compressor alone, thereby enabling stable operation within

the otherwise unstable regime, showed better agreement with the coupled model than

with the constrained model. However, while the coupled model exhibited higher accu-

racy in the deeply unstable region, it degraded the model‘s accuracy near the surge line,

where reliable experimental data are available. Thus,the constrained model was selected

for further use.

In a direct comparison between the model in predictive mode and RANS simulation,

the model achieved comparable performance in the numerically stable region. However,

the RANS became numerically unstable in the vicinity of surge while the model closely

matched the test data. As a result, the model not only outperformed the RANS, but also

predicted the speedline within seconds.

The models true predictive capabilities were revealed when, by coincidence, a faulty

impeller was tested. This led to a deviation between test and model, on which a geometric

measurement was conducted and a reduced tip gap was found. After remanufacturing, a

second anomaly was found and linked to the test rig, which had triggered a stall event. A

passenger car test bench with less volume and more precise control validated the model‘s

prediction. This is a remarkable finding, as it demonstrates the model‘s utility not only as

a development tool but also as a means of actively monitoring test data to enhance data

quality.

In the next step, the compression system was modeled. As established in Chapter 5,

pulses cannot be modeled in early stages of development. Therefore, it was decided to

model the HGTR environment. The reduced Greitzer model proposed by Buehler et al.
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[46] was identified as the most suitable model, and its defining parameters and charac-

teristics were derived accordingly.

An evaluation of the models‘s accuracy showed that the model is very accurate for high

compressor speeds, but looses accuracy at lower speeds. It was revealed that this is due

to the models and test rigs inability to distinguish between different types of instabilities.

While the model predicts the mathematical onset of instability, the test rig permits a de-

gree of instability before reporting surge. This limitation is not critical at high compressor

speeds, where deep surge is triggered almost immediately upon instability onset. How-

ever, at lower compressor speeds, minor instabilities occur below the detection threshold

of the HGTR. Given that engine-surge critical regions are at high compressor speeds, this

behavior was deemed not-critical. Thus, no adaption for the surge feedback was made,

although future improvements are recommended.

Finally, the compressor and system models were combined with the optimization

framework proposed by Abel et al. [99]. All constraints and objectives were of ther-

modynamic nature, with no geometric constraints set. The optimization goal was to

surpass the performance of the baseline compressor B.

The optimization converged to unconventional geometries characterized by large dif-

fusers and volutes,wich, according to engineering guidelines, suggested a reduced surge

margin. Nevertheless, after confirming mechanical integrity, two designs were manufac-

tured and tested on the HGTR.

Both designs outperformed compressor B in terms of surge margin. While G1849

showed significant efficiency improvements across the entire compressor map, it did not

meet the choke requirement. In contrast, G675 achieved efficiency gains up to pressure

ratio of three while satisfying all imposed constraints. In both cases, the designs exceeded

compressor B in the fuel-consumption-relevant weighted efficiency of part and full load.

Additionally, both designs exhibited increased map width.

A comparison with an unconstrained design run showed that both designs achieved

superior surge margin relative to any of the unconstrained designs, comparable or better

map width than the best unconstrained design in this regard, while significantly reducing

the efficiency penalty typically associated with compressors designed for large map width.

A surge trigger analysis for G1849 identified the diffuser as the main source of instabil-

ity. Given that G1849 and G675 share the same shroud contour, the compressor housing

of G675 was combined with the impeller of G1849 to form compressor C. This design

has a slightly shortened diffuser an minimally reduced volute size. Despite these little

changes, compressor C set a global benchmark in surge margin performance, surpassing

compressor B by 5% and the best unconstrained design by 6%. Importantly, this improve-

ment came with only a minimal reduction in efficiency compared to G1849.
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Since the compressor model was operating out of its design space for G1849, it was hy-

pothesized that prediction accuracy might be compromised. However, it was anticipated

that the model would still capture the trend. Compressor C validated this expectation

and further highlighted the steep gradient the geometry-surge relationship exhibits in

this region. The experimental results can now be incorporated into the surrogate model,

expanding the design space in this critical area.

Conclusion

This work successfully addressed all four objectives that were set.

First, it demonstrated that URANS simulations, with emphasis on numerical robust-

ness and high levels of automation, can reliably capture the relevant flow phenomena

leading to surge. This finding supports broader application of URANS in compressor de-

velopment, enabling more frequent use with reduced computational cost and increased

confidence.

Second, the surge trigger of a high-performance compressor with ported shroud was

derived. Based on its understanding, optimization potential was outlined, including

both new design features and new variables in surrogate-model based approaches rec-

ommended. These findings enable improvements not only for a specific design but for

the entire compressor family.

Third, in a large experimental campaign, influences of pulses and geometric features

on surge were investigated. Importantly, it was found that many seemingly contradictory

results in literature and industry stem from the in- or exclusion of specific compressor

design features. Moreover, it was shown that even in simple setups, the surge shift is

highly nonlinear, making generalization across configurations nearly impossible.

Finally, this work demonstrated that surrogate-model based optimization procedures

can be constrained purely by thermodynamic criteria. This approach enabled the discov-

ery of superior compressor designs that defy conventional engineering guidelines. In the

presented case, a geometry declared invalid by both experience and engineering recom-

mendations achieved a new benchmark in surge margin within its compressor family.

With this, multiple critical gaps in compressor development are addressed. Industry

can apply the improvement recommendations and implement surrogate-model-based

optimization constrained solely by thermodynamic criteria. Simultaneously, a solid ex-

perimental foundation was laid for academia to support future research in transient

environments and to enable more targeted investigations into specific effects or com-

pressor types. As a result, this work directly impacts engine fuel consumption, offering

significant benefits to both the economy and the environment.



130 CHAPTER 7. SUMMARY



Bibliography

[1] Maria-Esperanza Barrera-Medrano. The effect of exit pressure pulsation on the perfor-

mance and stability limit of a turbocharger centrifugal compressor. Phd thesis, Imperial

College London, 2017. doi:10.25560/49451.

[2] Statista. transportvolumen des weltweiten logistikmarktes, 10.12.2024.

URL: https://de.statista.com/statistik/daten/studie/870589/umfrage/

transportvolumen-des-weltweiten-logistikmarktes/.

[3] DHL Freight. Gueterverkehr statistik weltweit, 10.12.2024.

URL: https://dhl-freight-connections.com/de/trends/

gueterverkehr-statistik-weltweit-deutschland-europa-und-international/.

[4] Statista. Transport und logistik, 10.12.2024. URL: https://de.statista.com/

themen/733/transport-und-logistik/.

[5] Hermann Hiereth and Peter Prenninger. Charging the Internal Combustion

Engine. Powertrain. Springer-Verlag, Wien, Vienna, 2007. doi:10.1007/

978-3-211-47113-5.

[6] Michael Wöhr. Entwicklung eines variablen Turbolader-Verdichters für schwere Nutz-

fahrzeugmotoren. Phd thesis, Technische Universität Dresden, 2016. URL: https:

//nbn-resolving.org/urn:nbn:de:bsz:14-qucosa-215989.

[7] Matthias Abel. Optimisation of a Turbocharger Compressor for Heavy-Duty Engines

based on Aerodynamic Loss Analysis. Phd thesis, Imperial College London, 2020.

doi:10.25560/83103.

[8] Heiko Lettmann and Karl Maderthaner. Grundlagen Verbrennungsmotoren: Funk-

tionsweise und alternative Antriebssysteme : Verbrennung, Messtechnik und Simulation.

ATZ/MTZ-Fachbuch. Springer Vieweg, Wiesbaden and Heidelberg, 9., korrigierte

edition, 2019.

[9] Jürgen Lehmann, Peter Kozuch, and Kleffel, Jens, Lorenz, L.M. Om471 – der

maßgeschneiderte heavy-duty-nutzfahrzeugmotor für den weltweiten einsatz bei

daimler trucks. Wiener Motorensymposium, 2022.

[10] I. J. Day. Stall, surge and 75 years of research. In Proceedings of the ASME Turbo

Expo 2015: Turbomachinery Technical Conference and Exposition. ASME, 2015. doi:

10.1115/GT2015-44109.

[11] Ronald H. Aungier. Centrifugal Compressors: A Strategy for Aerodynamic Design and

Analysis. ASME, New York, N.Y, 2000. doi:10.1115/1.800938.

[12] Michael Casey and Chris Robinson. Radial flow turbocompressors: Design, analysis,

and applications. Cambridge University Press, Cambridge, United Kingdom and

New York, NY, USA, 2021.

131

https://doi.org/10.25560/49451
https://de.statista.com/statistik/daten/studie/870589/umfrage/transportvolumen-des-weltweiten-logistikmarktes/
https://de.statista.com/statistik/daten/studie/870589/umfrage/transportvolumen-des-weltweiten-logistikmarktes/
https://dhl-freight-connections.com/de/trends/gueterverkehr-statistik-weltweit-deutschland-europa-und-international/
https://dhl-freight-connections.com/de/trends/gueterverkehr-statistik-weltweit-deutschland-europa-und-international/
https://de.statista.com/themen/733/transport-und-logistik/
https://de.statista.com/themen/733/transport-und-logistik/
https://doi.org/10.1007/978-3-211-47113-5
https://doi.org/10.1007/978-3-211-47113-5
https://nbn-resolving.org/urn:nbn:de:bsz:14-qucosa-215989
https://nbn-resolving.org/urn:nbn:de:bsz:14-qucosa-215989
https://doi.org/10.25560/83103
https://doi.org/10.1115/GT2015-44109
https://doi.org/10.1115/GT2015-44109
https://doi.org/10.1115/1.800938


132 Bibliography

[13] Teng Cao, Tadashi Kanzaka, Liping Xu, and Tobias Brandvik. Tip leakage flow

instability in a centrifugal compressor. In Proceedings of the ASME Turbo Expo 2019:

Turbomachinery Technical Conference and Exposition 2019. ASME, 2019. doi:10.1115/

GT2019-90217.

[14] Bernhard Semlitsch and Mihai Mihaescu. Flow phenomena leading to surge in a

centrifugal compressor. Energy, 103:572–587, 2016. doi:10.1016/j.energy.2016.

03.032.

[15] Nobumichi Fujisawa, Daiki Ema, and Yutaka Ohta. Unsteady behavior of diffuser

stall in a centrifugal compressor with vaned diffuser. In Proceedings of the ASME

Turbo Expo 2017: Turbomachinery Technical Conference and Exposition, volume 2D:

Turbomachinery. ASME, 2017. doi:10.1115/GT2017-63400.

[16] M. Hewkin-Smith, G. Pullan, S. D. Grimshaw, E. M. Greitzer, and Z. S. Spakovszky.

The role of tip leakage flow in spike-type rotating stall inception. Journal of Turbo-

machinery, 141(6), 2019. doi:10.1115/1.4042250.

[17] Elias Sundström, Bernhard Semlitsch, and Mihai Mihăescu. Generation mecha-
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A. Radial Equilibrium Theory

We assume an adiabatic compression and reshape to pressure ratio:

T2

T1
=

(P2

P1

)(
γ−1
γ )

(A.1)

P2

P1
=

(T2

T1

)(
γ
γ−1 )

=

(

T1 + dT
T1

)(
γ
γ−1 )

=

(

1 +
dT
T1

)(
γ
γ−1 )

(A.2)

We know that:

dh = cpdT (A.3)

which leads to:

P2

P1
=

(

1 +
dh

cpT1

)(
γ
γ−1 )

(A.4)

We now consider Gibbs equation and apply it over the impeller radius:

dh
dr
=

1

ρ

dp

dr
+ T

ds
dr

(A.5)

We then construct the balance of pressure and inertial forces on a fluid element in the

impeller. We conclude, that, in case of axisymmetric flow, the balance is given by the

following equation.

−1

ρ

dp

dr
= Cr

dCr

dr
+ Cx

dCr

dx
−

C2
θ

r
(A.6)

This is now substituted into aforementioned equation.

dh
dr
= T

ds
dr
− Cx

dCr

dx
− Cr

dCr

dr
+

C2
θ

r
(A.7)

We consider the entropy change negligible compared to the other terms. This reduces

the equation to:

dh
dr
= −Cx

dCr

dx
− Cr

dCr

dr
+

C2
θ

r
(A.8)

Since the mass flow is zero, Cx and Cr are zero. This further simplifies the equation to:

dh
dr
=

C2
θ

r
(A.9)

We substitute Cθ with ωr:

dh
dr
= ω2r (A.10)

We now integrate over r to get the enthalpy change from one to two:
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144 APPENDIX A. RADIAL EQUILIBRIUM THEORY

h12 =

∫ 2

1

ω2rdr =
ω2

2
(r2

2 − r2
1) (A.11)

Finally, we combine the derived enthalpy equation with A.4.

P2

P1
=

(

1 +
ω2

2cpT1
(r2

2 − r2
1)

)(
γ
γ−1 )

(A.12)



B. Program Flow Chart- Compressor Performance Prediction

Surrogate Model

Figure B.1.: Surrogate model optimization flow chart
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C. False Color Comparison G1849, G675

Figure C.1.: false color comparison G1849 Prototype vs. CAD

Figure C.2.: false color comparison G675 Prototype vs. CAD
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