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Abstract

Nowadays, ground transportation is a major source of air pollution with an impact on the
greenhouse effect and on the public health, especially in urban areas. In this work, an
investigation of the capabilities of a Continuous Variable Valve Lift system with the use of
computational fluid dynamics was carried out. The aim was to understand the benefits and
drawbacks of several valvelift strategies at various engine loads. This required validation of
the commercial code STAR-CD and the models associated with engine simulations as well as
implementation of a new flash-boiling model for fuel injection at low engine load. A
generalised approach was adopted for sub-cooled and flash-boiling sprays by minimising the
differences of the implementation. The Single Valve Actuation (SVA) was proved beneficial
compared to the Dual Valve Actuation (DVA) because of the increase of the turbulent kinetic
energy (TKE) and thus, the reduction of the combustion duration which allowed extension of
the dilution limit. Moreover, it increased the mixture homogeneity because of the introduction
of a strong swirl motion. However, the enhanced flow motion increased the heat transfer from
the gas to the walls which offset the benefit of faster combustion. In addition, the difference in
homogeneity was affecting the emissions depending on the dilution level. The benefits and
drawbacks were balanced with the use of two differential intake valve lift strategies. The heat
transfer could be reduced while the TKE and mixture homogeneity improved in comparison to
the DVA. Lastly, the cyclic variability of the DVA and SVA were studied at high EGR levels.
The lower in-cylinder velocity variability and lower variability of the laminar burning velocity
due to lower residual mixing variability with the SVA denoted the lower combustion variability

seen in the experiments.



Declaration of Originality

I, Alexandros Kountouriotis, declare that the work in this thesis is my own. Material taken from

other sources is appropriately referenced.

Copyright Declaration

‘The copyright of this thesis rests with the author and is made available under a Creative
Commons Attribution Non-Commercial No Derivatives licence. Researchers are free to copy,
distribute or transmit the thesis on the condition that they attribute it, that they do not use it for
commercial purposes and that they do not alter, transform or build upon it. For any reuse or

redistribution, researchers must make clear to others the licence terms of this work’



Acknowledgments

First of all, I would like to thank my supervisor, Prof. Pavlos Aleiferis for giving me the
opportunity to work on this exciting project. His recommendations, advice and guidance and

the dedication he showed to support me and my work during the PhD are appreciated.

I would also like to thank the people at Jaguar Land Rover for sponsoring this project and
contributing with their knowledge and experience. Dave Richardson was always trying to help
by answering all my questions and organising meetings with people within JLR who could
further assist me. I am grateful for the frequent discussions and advice from the CAE group
and special thanks to Li Cao, Paul Dunkley and Giuseppe Virelli who were my first points of
contact, always trying to assist me. I would particularly like to thank Phil Roberts whose
initiative, constructive comments and ideas resulted in a publication. Last but not least, [ would

like to thank Nathan Hinton for his help and for providing me 1D simulation data for my thesis.

I wish to acknowledge the help provided by the support team of STAR-CD and STAR-CCM+
for their help and support and predominantly to Karl Bass, Rohan Wanchoo, Alexandros
Panagoulias and Rickard Solsjo who were the main support for es-ice. With their help 1

managed to deal with numerous issues with the code.

My special thanks are extended to my PhD colleagues and more specifically, Ahmad, Arash,
Calo, Chris, Jai, Kobi, Niko, Pawel, Reza and Stavro for their support and invaluable

discussions about CFD and non-CFD matters.

Moreover, I would like to express my gratitude to all the people of the college for their

assistance.

My deepest appreciation goes to my parents and my brother for standing always by my side
and encouraging me to overcome all the difficulties I faced during this period. Finally, Laura’s

support and patience were invaluable.



Table of Contents

Table of Contents 5
List of Figures
List of Tables 18
Nomenclature 19
Introduction and Literature Review 23
0 R 5 U3 o1 1017 5 T ) B OO OO PO SRUSUPRO 23
1.2, TRESIS OULIINE ...ttt sttt st e bt st et e bt et e s bt ent e besbeeneenneas 29
1.3. EXhaust gas reCIrCUIAtION ......ccveeviierieiiieieeieeiees e sttesteere e e e e e e e steeseaessaessseesseessaesseesssesssenssas 31
1.4. Valve CONLIOL STTAtEEIES. .......eeitietieriieiieeie ettt ettt ettt ettt e st esatesete e teesbeesbeesbeesaeeeaees 37
1.5. GasSOliNe dIr€Ct INJECTION ......eeuvieiieriieiiieeie ettt ettt ettt e st st eateete e be e beesseesaeeeaees 43
1.6. PolIutant fOTMAION ........coueiiiiiiiiieie ettt ettt ettt bt et e bbbt et e steseeeneenaeas 59
1.7. Synopsis and present CONTIIDULION ........eeuieiiieriierieiieeie ettt 63
Mathematical Formulation 67
2.1. BaSic fIOW SOIULION. .....eeuiiiiiieieitiee ettt ettt sttt bt et be et e e e e e eees 67
2.2, Turbulence MOAEIIING ........ccverierieeiierieiieeeee e ete e et e ettt e saeser e e b e esseessaessaessaesenessseesseenns 68
2.3. Residuals and EGR Concentration Calculations...........cccecverierienirniieieeieeieesee st 74
N T 1L 1 1<t T 10 SRS 79
2.5, SPray MOAEIIING ........covieiieiieciieciecie ettt e e e e e e e bt e s eaessbeesbeesseessaessaesssesssessseesseenns 80
2.5.1. Flash boiling MOdEING .......cooieruiiiiieiieieee ettt ettt 82
2.5.2. Break-up MOdEIING .....cocvieiieiieiiecieeee ettt ettt et nae e 83
2.5.3. Droplet-Droplet INtETaCtion ...........cceccvirvieciieriierieiiesee e sve e ereereesresresressseesseesaesseens 84
2.5.4. Droplet-Wall INteraction...........ccverieriiiriiiietiesiiesieeseestesresreesreesseesseesssesssessseessesssesssenns 86
2.6. Liquid film mMOAEIING .......eevieiieiieiieeie ettt ettt ettt e st e e saee e e 91
2.7. Combustion and emissions MOAEIIING .........c..ccveriirieiiiieiiiee et sreeseneeereeere e 94
2.8. Numerical MEthOdOLIOZY ........cccvieriieriieriieiiecie ettt ettt eesttesaeebe e beesbe e aaessaessbessseesseessaesseens 100
Preliminary Studies and Model Validation 101
3.1. Grid independence STUAY .......c.coceeriiririiriiieeeet ettt ettt st 101
3.2, INitialiSAtION SEUAY ....ccviiiiiiieiiieiie e ettt et e b e e et e e teesteestaeetbeeebeesseessaesssesssessseessanseans 108
3.3, Validation Of PIESSUIE trACES ... .ccuvirreereirieriiesieiteereereeseesseesseestaeesreesseesseesssesssesssessseessesssenns 111
3.4. Validation of fIow fIeld........cooiiiiiiiiiiie et 123
3.5. Steady state port flow SIMUIALIONS .........ccveeivieiiiiieiiieteee et ere e ereestaeseresreesreesbeeeeens 132
3.6. Evaluation of turbulence models...........cccoeieiiiiiiiiiieeeeee e 136
3.7, ENGING NEAL fTUX ..eovviiiiiiiieiieteece ettt ettt ste e st e st e st e e e e b aesseesnsesnseensaensaens 140
3.8. Validation of fUel INJECTION .......ccviiiiieiicieeieecit ettt e ev e e veesta e tb e s eveerbeesbeeveens 142
3.8.1. Sub-cooled fuel injection — quiescent ChamMbET ..........c.cccvevvierierienienie e 142



3.8.2. Sub-cooled fuel injection — optical ENZINE........ccceerviriiriiieiieriierie et 153

3.8.3. Flash-boiling fuel injection — validation and development............c.cccceveevreevreevreenreennrennen. 159
3.9. Validation of fuel impingement and film formation...........cccccccuveeeviiiniiencieenieeeee e 184
310 CLOSUTE ...ttt sttt e h ettt ettt s bt et s bt e st e bt s bt e st e e bt e st et e saeenbesbeestebeeneeneenne 198

Effects of Valve Deactivation on In-Cylinder FIOW .........cccociinveiisvicscnicscnrcssnnncscsncscnsessassosnsesens 203
O R 6313 0T L1 13 T ) o WO OSSO PTUPRRPRRRPSRRO 203
4.2. Engine SIMUIAtION SELUP ...eceiiiiiiiiiiieitieei ettt ettt ettt ettt beesbeesatesateenteebeeaeens 205
4.3. Engine load: 3.6 bar GMEP, 1500 RPM.........cccciiiiiiiiiiiieciecie et 207

4.3.1. EXPerimental TESUILS.........ccccviiiiiiieiiieciee et cite ettt e etee e v e e st eeebeeeeveeetaeesebeeensseesssaans 207

4.3.2. In-cylinder flOW PIOPEILIES ......eevuiiruiiiiieieeieeeite ettt ettt ettt st sttt e sbe e b e seaeeeee e 209

4.3.3. Laminar BUIMING VEIOCIEY ......cccveriiriiiiieiieriiesiestesreereesreeseessaessnesssesssessseesseesseesssesssennns 219
4.4. Engine load: 7.9 bar GMEP, 1500 RPM.........cccciiiiiiiiiiiienie ettt eeee s 228

4.4.1. EXPerimental TESULLS.......c.eeiuiiiiiiiiiiiieie ettt ettt ettt st e te et e saeesaeeeaee e 228

4.4.2. In-cylinder flOW PIOPEILIES .......cvvverveireeirierieeriestesreereereeseessaessressseesseesseesseesseesssesssennns 229

4.4.3. Laminar DUINING VEIOCIEY ......ccviriiriiiiieiieiiesiesetesresreesseesseessaesssesssessseesseesseesseesssessseanns 233
4.5. Engine load: 9.8 bar GMEP, 2000 RPM.........cociiiiiiiiiieieieee ettt 234

4.5.1. EXPerimental TESULLS.........ceiiiiiiriiiiiieie ettt ettt ettt sttt et e bt e seeeeaee e 234

4.5.2. In-cylinder flOW PIOPEILIES ......eevveereririieiieiiesiesiesreereesreesseesseessresssessseesseesseesseesssesssennns 234
4.6. Heat transfer €fFECtS .......ooiiiiiieieee et 237
4.7, CLOSUIE ...ttt et et ettt e ettt et e bt e b te s bt e suteeateeateeste e seeebeeeneeeaseenseenseenseeseesseesatesnseenseanseans 243

Effects of Valve Deactivation on Mixture Preparation and Emissions 247
R R 1 T 10175103 s O TSRS 247
5.2. Engine load: 7.9 bar GMEP, 1500 RPM......ccccoiiiiiiiiiiiininicieeeteeteeeee et 254

5.2.1. In-cylinder flOW PrOPEITIES ......ccueeruierieeiieie ettt ettt ettt et e st e eteebe e b eaeeseeas 254

5.2.2. MIXEUIE PIEPATALION ....ecvvieevierieiriesiresereareeseeseeseesseesssesssessseesseesseessessssesssesssesssesssessseessees 257

5.2.3. EIMISSIONS ...eutieitietietie it et et et e stte et e et e e bt e bt e bt ebeesseesstesnteenseenseeseasseesnsesnsesnseenseenseanseas 264

5.2.4. COMDUSLION.....cuiitiiititiieeie et et et e et e et e e e et e bt e beesteesatessteenseesseeseasseesnsesnseanseenseenseanseas 278
5.3. Engine load: 3.6 bar GMEP, 1500 RPM.........ccccoiiiiiiiiiciiceeeestece et eve e 284

5.3.1. In-cylinder flOW PrOPEITIES ......cceervieeieeieeriereeteesieesteestreereebeereesbeestbessbesssesssessseesseeseas 284

5.3.2. MIXTULE PIEPATALION ...eevvreurieieeiieieentiesieeteeteeseeteesseesseesssesssessseeseesseesssesnsesnsesnseensesnsees 285

5.3.3. EIMISSIONS ..eutieuiieniieitiesite et et et et et e st e e te st enseesseesseesseesstessseenseansaaseesssesnsesnsesnseenseenses 201
R O a1 1 (< TSRS 297

Differential Intake Valve Lift 303
LT R T (T 18175 1o s USROS 303
6.2. EXPerimental TESUILS.......c.eeviiiriierieiie ettt ettt ettt e steestaessresabeesseessaesssesnsessseensaensaens 305
6.3. Late Intake Valve Opening (LIVO) ........ccvecieiiiiieiiiiieeieereeseeste e eve et ssse e esaens 307

6.3.1. In-Ccylinder flOW PIOPEITIES .....eeeeviieriiieciieeciee ettt et e et eeteeesveeebeeesereesabeeeseaeeseseeennns 307



6.3.2. MIXEUIE PIEPATALION ....eeuvieurieiieriierereeteeteeteesseesstessresssessseessaessaesseesseesssesssesssesssessseesssessees
0.3.3. EITIISSIONS 1.euttentietieeite et et ettt et e st et et e bt e bt e bt e satesateea b e enbe e bt e sbeesabesabeembeenbeebeanbeenaeas
6.4. Early Intake Valve Closure (EIVC) ......ccouiiiiiiiiiieciie ettt et eae e s
6.4.1. In-cylinder flOW PrOPEITIES .....cccverereriieiieiieiereeree st e ereereeieestaestaeseaessseenseenseesseessnennnas
6.4.2. MIXEUIE PIEPATALION ....evvvieereeieesiieriresteeteereeseesseesssesssessseasseessaesseesseesssesssesssessessseesseessees
0.4.3. EIMISSIONS ...eutientietieiie ettt ettt ettt ettt e bt e bt e sa e e sat e et e eabe e beesbeesatesabeembeenbeebeabeanneas

6.5, CLOSUIE oo

Effects of Valve Deactivation on Cyclic Variations
8 TR U 15 (016 1017 5 () s BSOSO PTUPRRUPRRRPSRR
7.2. MOdel ValIAATION .....eeiiiiiiieiieeet ettt ettt ettt et sb e bt e s at e st e enteeteens
7.3. Averaged in-Cylinder flOW PrOPEITIES ........ccveervierieriiiiieiieseeseestesereereeseesseesseessnessseesseeseens
7.4. Spatial distribution of in-cylinder flOwW Properties .........c.ccveveereeriiercrierrieseeseeseesre e ereeseeens
7.5 CIOSULE ...ttt ettt ettt ettt et e bt e bt e bt e s et e eateeateembeeebeesateeabeeabeenbeebeeseenntesnteenteenseans

Conclusions and Future Work

8.1. Summary and CONCIUSIONS .......cceeruirririieiieriiesieeseestesreereeseesteesseessresssessseessaesseesseesssenssennns
8.2, FULUIE WOTK ..ottt ettt sb e sttt e et e et e sbeesaeeease e

References




List of Figures

Figure 1.1 Historical data and proposed targets for CO2 from various countries normalised to NEDC.
Source: The International Council on Clean Transportation (ICCT)............cccccoevvevceiiienieciieeieaianins 24
Figure 1.2 P-V diagrams and Schematics of the actual and ideal cycle in a spark ignition engine (Cengel
ARA BOLES, 2015)......c.ooooviieieieiie ettt ettt et et e et e et e et eeaa e et e nab e e e eaaeeanae e 26
Figure 1.3 Thermal Efficiency of Otto cycle versus compression ratio for three different values of y.....26

Figure 1.4 Pollutant concentrations as a function of equivalence ratio (@) (Lumley, 1999).................. 28
Figure 1.5 The effect of EGR on NOx emissions for various fuels (Mardi et al., 2014)........................... 33
Figure 1.6 Two different methods for EGR stratification (Dong et al., 2002).............cccccooevveviannacnnann.. 35
Figure 1.7 Four investigated strategies for radial EGR stratification (Sarikoc et al., 2000).................. 36
Figure 1.8 The effect of LIVC on tumble ratio and the flow field at 100 deg CA after BDC (Mito et al.,
201 2) .ottt ettt he e a et a et et et e atea et e es ittt s e et e ene st e eteeteeneennas 38

Figure 1.9 Spatial distribution of TKE for Dual and Single valve Actuation. (Jovanovic et al., 2011)...40
Figure 1.10 Various valve strategies to increase tumble and swirl motion for improved combustion

(MAIPOUS €F AL, 20007).......oocveeeiieiiie ettt ettt et e ettt e et e e esbeesbaeestbeeenbeeebeeenneeas 41
Figure 1.11 Injector geometries and spray patterns for GDI engines (Baumgarten, 2000).................... 44
Figure 1.12 Stratified charge techniques, and injector positions. (Lee and Abraham, 2011)................. 45
Figure 1.13 A schematic of a full cone engine spray (Baumgarten, 2000)................cc.cccoevveveeveeveannin, 45
Figure 1.14 the break up regimes on the Ohnesorge diagram and the schematic description of jet break-
up regimes (Baumgarten, 20000).............c...ccceeecueeeiuierieieneieeetee et e eete e st e etee v e et sbe e etae e b etbeeenns 46
Figure 1.15 Various mechanisms explaining the primary break up (Baumgarten, 2000)....................... 47
Figure 1.16 Main droplet break up regimes (Otto and Kruger, 2000)...............cccoocevciioeniinoeeneenennn. 48
Figure 1.17 A schematic of the geometric colliSiOn Parameters................cc.cccovvveeveieieevieeeieeeireeieeeieenanns 49
Figure 1.18 A schematic representation of the droplet collision mechanisms (Baumgarten, 2000)....... 50
Figure 1.19 Distillation curves of various fuels (Kountouriotis et al., 2014).........c..c.cccoevvevvevvveniannin, 51
Figure 1.20 A schematic representation of a droplet evaporation (Baumgarten, 2000)......................... 51
Figure 1.21 Comparison of conventional injection and flash-boiling injection in a pressure-enthalpy
diagram (Baumgarten, 2000).................cccoocueevueivienieiiieieeeee et ettt ettt 52
Figure 1.22 Comparison of gasoline sprays with different fuel temperatures at 0.5 bar ambient pressure
(van Romunde and AIEferis, 2009).............ccooieeiiiiiiiiieeie ettt 52
Figure 1.23 schematic of the six impingement regimes (Bai and Gosman, 1996)..............c..cccccevvven.n. 54
Figure 1.24 Grid dependency of spray due to collision modelling for hollow cone and solid cone sprays
(Schmidt and Rutland, 2000; Hou and Schmidt, 2000)...................cccoevevveeiiinienieiieieeieeieeeieeeie e 57
Figure 2.1 A schematic of the Exhaust Gas Recirculation (EGR)..............cc.ccooovvevievienieeieiiicciieieeinnn 77
Figure 2.2 Predicted droplet diameter at varying temperature at ambient pressures of Poo = 1.0 bar,
Poo = 0.50a1, GNA PO = (0.3 DAT.....coooeeeeeeeeeeee e e et 83
Figure 2.3 Representation of the Bai-ONERA FEZIMES..............c..cccovvuiviueeiiiiiiseeeiesieeeieereeeisesiaeseeneens 88
Figure 2.4 Representation of the Senda FeQiMes.............c..ccovciioiiooeiiet ettt 89

Figure 2.5 Representation of liquid film stripping due to wave and body-force induced instability.
(Methodology, STAR-CD, 2016 CD-QAAPDCO)..............c..cccocevieiiiiiieiieiieiieeie ettt 91
Figure 2.6 Representation of liquid film stripping due to break-up caused by flow over a sharp edge....92
Figure 2.7 Boiling curve for water at 1 atm. (Cengel et al., 2011).............cccoovevieviiiiiiiiiiiiiieiieinennnn 92
Figure 2.8 A graphical representation of the film boiling as it is calculated by the software (blue line)
and the theoretical/experimental film boiling model (black line)..................ccoccevceiiciiiiiiiciiiiiieie 93



Figure 2.9 A graphical representation of the ECFM-3Z model in a computational cell (Colin and

Benkenida, 20014).............cooocuueeeuiieiieie et ettt ebeeenaae s 95
Figure 3.1 CFD model of the AJ20 thermal engine.................cccooeveiiiiiieoieiiieieeeeee e 103
Figure 3.2 Number of in-cylinder cells during a cycle for four different grid size modelis..................... 103
Figure 3.3 In-cylinder pressure traces for four different model Sizes...............ccocceeveeceioievenieioenencnne. 104
Figure 3.4 Average in-cylinder velocity magnitude for four different model sizes.....................c.......... 105
Figure 3.5cont. The 2D template from which the mesh is based on and a cross-sectional view of the
Jour models at mid-valve point At BDC..............cccccoooiiiiiiiieii et 107
Figure 3.6 Velocity magnitude for four model sizes at 20 deg CA before TDC.............c.covveevvevvvann.nn. 108
Figure 3.7 Comparison of the in-cylinder velocity magnitude during three consecutive cycles for two
different initialiSed STMULATIONS. ...............c..ccooevuiiiiiiiiiiiieeieeie ettt en 110
Figure 3.8 Comparison of the in-cylinder velocity magnitude for three consecutive cycles when
IRTHIALISEA DEFOTE EV Dottt ettt 110
Figure 3.9 Comparison of the velocity field at intake and exhaust valve opening.................c...c.......... 111
Figure 3.10 CFD model of the AJ133 optical engine and the AJ20 single cylinder thermal engine......112
Figure 3.11 Theoretical exhaust and intake cam profiles and derived valve profiles........................... 115
Figure 3.12 In-cylinder pressure for four experimental and five numerical cases from the AJ133 optical
e eq 1 TSP 116
Figure 3.13 In-cylinder pressure focused around TDC for four experimental and five numerical cases
Jrom the AJI133 OPLICAL @NGINE.............ccoovieiiiiiiiii ettt ettt 117
Figure 3.14 Experimental and numerical in-cylinder pressure and valve lifts for 1 bar intake pressure.
Intake cam: base position, Exhaust cam: 50 deg CA retard (AJ20)...........cc.ccooevvvevieiiiciiiiacianianin, 119
Figure 3.15 Experimental and numerical in-cylinder pressure and valve lifts for 1 bar intake pressure.
Intake cam: 50 deg CA advance, Exhaust cam: 50 deg CA retard (AJ20).............cccoovevveeveevenvannnnn. 119
Figure 3.16 Experimental and numerical in-cylinder pressure and valve lifts for 1 bar intake pressure.
Intake cam: base position, Exhaust cam: base poSition (AJ20)...........cccceevevoiroiioiniiniinoieniiiienenees 120
Figure 3.17 Experimental and numerical in-cylinder pressure and valve lifts for 0.5 bar intake pressure.
Intake cam: base position, Exhaust cam: base position (AJ20)...........c.ccccovveioieivieiieiiiaiieeie e 120
Figure 3.18 Experimental and numerical in-cylinder pressure and valve lifts for 0.5 bar intake pressure.
Intake cam: 50 deg CA advance, Exhaust cam. 50 deg CA retard (AJ20).............cccoevevvevvenvecniannn. 121
Figure 3.19 Investigation into the recompression at gas exchange TDC (AJ20).........c.cccooevvecveeennenn. 122

Figure 3.20 Experimental U velocity component at the intake runner and the region of the measurement
(ATI33). .ottt bttt a ettt ettt n e ne ettt ens 124
Figure 3.21 Numerical velocity magnitude at the intake runner and experimental and numerical U

velocity component at specific crank angles (AJI133).......cc.ccoveiiviiiiiiiiiiiieeie et 125
Figure 3.22 Experimental velocity profile of 200 cycles in the intake runner at five specific crank
QIS ..ottt ettt ettt ettt e h e ehe e ht e eh e b e tt e eb e e he e hae bttt e eabeeabeebeenbeenrs 125
Figure 3.23 Region of Dent FOOf MEASUFEIERLS. ..............c.cocueioueaeieesieeeee ettt see e 126
Figure 3.24 Experimental mean velocity of the valve jet at the mid-valve plane..................c..cc.c........ 127
Figure 3.25 Numerical mean velocity [m/s] of the valve jet at the mid-valve plane............................. 127

Figure 3.26 Comparison of experimental PIV data and numerical results of the velocity field for specific
CPAIR QIGLES..........ocvieieie ettt ettt ettt et eaa et e e ab e e ab et b e saeetb e beesbeesbeesbenssessee e 129
Figure 3.27 Velocity magnitude along x-axis at three different z-axis locations and three different crank
angles. First row z=-8mm, second row z=-28mm, third row z=-48mm. Data from current study, PIV
ANA BEAVIS €1 QL (2017)...c.uccviiieiiiiiieie ettt ettt ettt ettt b e eab e et e beestteeaaeenbeenaeenaas 131
Figure 3.28 Polyhedral and hexahedral grids of the port flow model.................cccccocevveniiioiiionennnn. 134



Figure 3.29 Grid independence study for port flow simulation and comparison with experimental data

Of the AJI33 @NGINE NEAA..............c...cccuieeiiieiiiiiie ettt re e et e et eeaae v s 135
Figure 3.30 Experimental and numerical results of the AJ133 flow coefficient for four different
turbulence models and two different types Of @rid..............ccocoioeveiiiiiiiiiiiiiieeee et 136
Figure 3.31 In-cylinder trapped mass for the four turbulence models...................ccccooevvveiivieiianninn. 138
Figure 3.32 Velocity magnitude at the intake runner for the four different turbulence modeis............. 138
Figure 3.33 Comparison between the PIV data and the flow field from the four turbulence models.....140
Figure 3.34 Heat flux at 0.5 bar intake pressure, 1500RPM (AJ133)....cc.cccovvevviiiiiniioiiicieeeieeeneenn 141
Figure 3.35 Heat flux at 1 bar intake pressure, I500RPM (AJ133).....c.cccoooveoiioiioiiiiiiiieeseeeee 142
Figure 3.36 AJ133 six-hole injector SPray PALLEIH..................cccueeeeeecueeeeieenieeeeieeeieereeeiaeeeveeeaee s 143

Figure 3.37 AJ20 detailed head geometry with zoom on the injector and how the six individual plumes
were located in the grid of a constant volume domain...................c..ccccocveeveviivieniieciiieeeiieeee e 144
Figure 3.38 Mass flow rate and injection velocity for the case with the Rosin-Rammler distribution...145
Figure 3.39 Spray formation and droplet diameter 0.78 ms after star of injection. Fuel: iso-octane,

T=20°C, Po=0.5bar. Experiments from Van Romunde et al. (2007)........c...cc.ccovvieviiivieaneaneeneennnenn, 147
Figure 3.40 Experimental and numerical spray penetration of iso-Octane at 0.5 bar ambient pressure
ANA 293K fUCL LEIMPETALUFC.............eeeeeie ettt ettt et et esabe et e st e st e sneeenaeeneeneas 148
Figure 3.41 Experimental and numerical Spray tip VElOCItY..............cccccvevveeiveeiiiiieciieerieeieeeieees e, 149
Figure 3.42 Numerical SMD number for the optimised blob method and the Rosin-Rammler
distribution, 25 mm below the INJECOF TIP............c..ccc.cceviuiiiiieiiiieieeeeee et 150

Figure 3.43 Experimental droplet size scatter plot versus time for gasoline at 20 °C and ambient
pressure Of 0.5 Bar And 1.0 DAT.............cccooccueiiiiiiiieieee ettt 151
Figure 3.44 Numerical droplet size scatter plot versus time for iso-octane at 20 °C and ambient pressure
at 0.5 bar for the optimised blob method and the Rosin-Rammler distribution, 25 mm below the injector

Figure 3.45 Experimental and numerical D10.Numerical setup: iso-Octane at 0.5 bar ambient pressure
and 293K fuel temperature. Experiment: gasoline at 20 °C and ambient pressure of 0.5 bar and 1.0

Figure 3.46 Numerical spray development and experimental spray development in the AJ133 optical

engine, Sub-cooled SPray, SWIFl DIANE.................c.c.ccooieviiieiiiiiciiii ettt 156
Figure 3.47 Numerical spray development and experimental spray development in the AJ133 optical
engine, sub-cooled spray, tumble plane. Images not in SCale...................ccccoeeviecienoeicieiiiiiiiiieiean 157
Figure 3.48 Experimental in-cylinder equivalence ratio distribution at 60° BTDC for the three different
tracers (1500 rpm and 0.521 bar iNtAke PreSSUFE)............cceeieeiieiiieiieae ettt 158
Figure 3.49 Numerical in-cylinder equivalence ratio distribution at 60° BTDC...............c..cccccven... 158

Figure 3.50 Experimental spray penetration of iso-octane at 0.5 bar ambient pressure and 293K fuel
temperature and of n-pentane at 393K fuel temperature, Numerical spray penetration of iso-octane at
0.5 bar ambient pressure and 293K fuel temperature and of n-pentane at 393K fuel temperature......160
Figure 3.51 Numerical tuning process of the flash boiling model with n-pentane in the AJ133 optical
engine. Experiments from Serras-Pereira et al. (2008)............c.ccoooioiiiiiiiiiiiiiiiiieieee et 162
Figure 3.52 Comparison of spray behaviour of gasoline and n-pentane at various temperatures and 0.5
bar ambient pressure. Experiments from van Romunde et al. (2007)..........cccccooioiimiiiiioianianieieeen, 163
Figure 3.53 Numerical tuning process of the flash boiling model with iso-hexane in the AJ133 optical
engine. Experiments from Serras-Pereira et al. (2008)............c.ccoovoiiiiiiiiiiiiiiiiieeeie e 164
Figure 3.54 Behaviour of the original flash-boiling spray with the EB2 injector location at two different
DOSILIONS TN TESPECE L0 LR TES ...ttt ettt et ettt et esbeesbe s e 166
Figure 3.55 EB2 injector location at two different positions in respect to the mesh with the plumes

10



Figure 3.56 Behaviour of the flash-boiling spray with the EB2 injector location at two different

positions in respect to the mesh at two fuel temperatures...................ccc.oecveeveeeeeesiieniieeeceeeeeeesee e, 169
Figure 3.57 Representation of the refined grid around the injector tip and the location of the plumes in
FESPECE 10 THE TSttt ettt ettt ettt ee e 170
Figure 3.58 Behaviour of the spray at three fuel temperatures on the refined grid............................. 171
Figure 3.59 Behaviour of the spray at 90°C fuel temperatures on the refined grid for three different
cone angles. Collision geometric constraints applied. Blob method applied..................c....cc..cc......... 172
Figure 3.60 Behaviour of the spray at 90°C fuel temperatures on the refined grid for three different
cone angles. Collision geometric constraints applied. Rosin-Rammler method applied...................... 173
Figure 3.61 Experimental results of sub-cooled and flash-boiling sprays by Yang et al. (2013).......... 174

Figure 3.62 Spray structure and pressure field at the EB2 injector symmetry plane. Fuel temperature
at 90°C, cone angle 17°, blob method, geometric constraints applied. (Figure 3.59, row I).............. 175
Figure 3.63 Numerical spray structure of the AJ133 injector for three different plume cone angles. Fuel
at 90°C, Rosin-Rammler, geometric cCOnStraints applied.................c.ccoccovcvvcvieoiiniiioiiiiieiiieee 176
Figure 3.64 Experimental penetration of gasoline and n-pentane at 90°C and 120°C. Numerical
penetration of n-pentane at 90°C with various cone angles at coarse and refined grid. Ambient pressure

QE Q.5 DA ... ettt ettt ettt e teenbe bt et e et e enteenean 178
Figure 3.65 SMD number of the optimum flash-boiling case for the AJ133 injector, 25 mm below the
el o)l 1 RSP R 179

Figure 3.66 The EB?2 flash-boiling spray structure for two plume cone angles. Fuel temperature at 90°C
and ambient pressure 1bar. Comparison against gasoline at 90°C and 1 bar ambient pressure........ 180
Figure 3.67 Numerical spray development and experimental spray development in the AJ133 optical
engine, optimised flash-boiling sSpray, SWIrl PIane..................ccccccoeovvuiviiiiciiiiiiiieieeie e 182
Figure 3.68 Numerical spray development and experimental spray development in the AJ133 optical
engine, optimised flash-boiling spray, tumble Plane.......................cccocueveuiecieiiiiiiiiieieecieeeeeeeeieie e 183
Figure 3.69 Experimental average peak heat flux and numerical peak heat flux of Senda model with
coarse and refined surface mesh, with and without the IDCHT model, with droplet to film transition
model, Various Wall teMPEFATUFES.................cc.ccovieiieriiiieeieeieeie ettt saa e eaaeenseseeeees 186
Figure 3.70 Experimental average peak heat flux and numerical peak heat flux of Bai-ONERA model
with coarse and refined surface mesh, with and without the IDCHT model, with droplet to film
transition model, Various Wall teMPEFAIUTES..................ccceeiiieiiiiiniieiieeieeeie et aeeveese s 187
Figure 3.71 Experimental average peak heat flux and numerical peak heat flux of Senda model with
coarse and refined surface mesh, with and without the IDCHT model, without droplet to film transition
model, Various Wall teMPEFATUFES.................ccoociiiiiiiie ettt ettt neeas 188
Figure 3.72 Experimental average peak heat flux and numerical peak heat flux of Bai-ONERA model
with coarse and refined surface mesh, with and without the IDCHT model, without droplet to film
transition model, Various Wall (eMPErAIUFES................ccccuieiiiiiiiiiie ettt 189
Figure 3.73 Experimental mean heat flux signal and numerical heat flux signal for coarse and refined
surface mesh, with and without IDCHT model, without droplet to film transition model, various wall
FOIMPEIAIUFES . ...ttt ettt et e e e e et e ekt ettt e ee e ettt e bt ettt e em b e e et e e enbeeembe e sbeesmteeesnbeanneeenns 192
Figure 3.74 Experimental liquid film footprint and film thickness, numerical liquid film footprint and
film thickness for Bai-ONERA and Senda models, coarse surface mesh with and without IDCHT model
ANA TEfINEA SUFTUCE MESH...........c..ocoieieiieii ettt ettt ettt et e tbeesaesees 194
Figure 3.75 Artefacts coming from the Lagrangian multi-phase treatment for both Bai-ONERA and
SORAQ MOAELS..........coiieee ettt ettt ettt eeas 195
Figure 3.76 Experimental and numerical heat flux for the motoring AJ133 engine. 0.5 bar intake
pressure, 1500 RPM, 20°C Wall teMPEFALUFE.................c..cccueevereiaeriieiee et 197

11



Figure 4.1 Typical valvelift strategies of the Jaguar Land Rover CVVL system (Roberts et al. 2018)..205
Figure 4.2 Comparison of the combustion stability limit for DVA and SVA. 3.6bar GMEP, 1500 RPM.

(RODEFLS €1 G, 201 8).....c..oeeeiiiiiieieee ettt ettt ettt ettt e bt eab e e bt e teesbesabeeabeesseanteenseens 207
Figure 4.3 Comparison of the comparison of the ignition to 10% MFB duration for DVA and SVA.
3.6bar GMEP, 1500 RPM. (Roberts et al., 2018)..........ccccoooeueiimiiaiiieiiieeee e 208
Figure 4.4 (a) normalised GSFC for DVA and SVA for a fixed combustion stability limit of 3% COV of
NM EP. (b) fuel consumption (GSFC) reduction from DVA to SVA. (Roberts et al., 2018)................... 209
Figure 4.5 Experimental and CFD pressure traces for DVA and SVA and for A=1.0 and A=1.5. 3.6 bar
GMEP, 1500 RPM........c.ocoouoeiiiiiiieeieeee ettt ettt ettt ettt ae et b et beeneensesbeensensennas 210
Figure 4.6 In-cylinder Velocity for DVA and SVA at 2=1.0 and the ratio SVA/DVA. 3.6 bar GMEP,
I500 RPM. ...ttt ettt ettt ettt ettt et et e b ekt e et ae s bt et ae b ebeenbenae s 211
Figure 4.7 Tumble and swirl for DVA and SVA at A=. 3.6 bar GMEP, 1500 RPM.............................. 212
Figure 4.8 Representation of the mechanism responsible for the reverse of the tumble...................... 212
Figure 4.9 Tumble and swirl plane positions, representation of the global coordinate system and the
POSition of the intake and eXRAUST POFLS..............c..ccoeveeiieiiiieeeeeieereeeie et 213
Figure 4.10 Velocity magnitude contour and vector plots for DVA and SVA at 2=1.0, 20 °CA before
TGttt ettt h b bt b ettt e ea e ekt n b b he st bt b ne e b e ereenbennenas 213
Figure 4.11 TKE for intake and compression strokes and a focus on the compression stroke. 3.6 bar
GMEP, 1500 RPM........cooooiveiiiiieieeieee et ettt ettt ettt ae st b et e e eneensesseessenaennes 214
Figure 4.12 Spatial distribution of TKE for DVA and SVA at A=1.0, 20 °CA before TDC. 3.6 bar GMEP,
IS00 RPM ...ttt ettt ettt ettt b et e st e s e et e e e e be st e b et ebeeneesseebeensenaennas 215
Figure 4.13 In-cylinder temperature for DVA and SVA at 2=1.0. 3.6 bar GMEP, 1500 RPM............ 216
Figure 4.14 Trapped mass for DVA and SVA at A=1.0. 3.6 bar GMEP, 1500 RPM...............c...c.......... 217
Figure 4.15 Total heat transfer from liner, piston and dome for DVA and SVA for 1=1.0. 3.6 bar GMEP,
IS00 RPM......ooieeeeee ettt et ettt et ettt et e ettt ettt e at et et et nt et bt et 218

Figure 4.16 Comparison of stoichiometric iso-octane burning velocity correlation of Metghalchi and
Keck (1982) (solid lines) and Marshall et al. (2011) that excludes data affected by cellularity (dashed
lines) with three different residual mass fractions, at 101 kPa. Taken from Marshall et al. (2011)......219
Figure 4.17 Spatial distribution of laminar burning velocity for DVA and SVA at A=1.0, 20 °CA before

TDC. 3.6 bar GMEP, 1500 RPM..........c.cccoooiioiiieeii ettt ettt eeeenee e 220
Figure 4.18 Laminar burning velocity for DVA and SVA at 2=1.0, 10 °CA before TDC. 3.6 bar GMEP,
SO0 RPM ...ttt ettt ettt et a e s e et e b et e e ae s et et e ebeene e s e eneensenaeeas 220
Figure 4.19 Laminar burning velocity versus residuals mole fraction and temperature at P=7 bar and
A=1. Calculations from Marshall et al. (2011)............cccccoeiviiioiiiiiiiii et 222
Figure 4.20 Residuals concentration and temperature for DVA and SVA at 2=1.0, 10 °CA before TDC
(tumble plane), 10 °CA before TDC. 3.6 bar GMEP, 1500 RPM..............ccccooovviviiiiieiiaiiaiiaieeneenn, 223
Figure 4.21 Residuals concentration and temperature for DVA and SVA at 2=1.0, 10 °CA before TDC
(swirl plane), 10 °CA before TDC. 3.6 bar GMEP, 1500 RPM..............ccccccooeviiiimianianiaeieeieeieeinenn 224

Figure 4.22 In-cylinder Velocity for DVA and SVA at A=1.0 and A=1.5. 3.6 bar GMEP, 1500 RPM....225
Figure 4.23 In-cylinder TKE for DVA and SVA at 2=1.0 and A=1.5. 3.6 bar GMEP, 1500 RPM......... 226
Figure 4.24 Laminar burning velocity and residuals concentration for DVA and SVA A1=1.5, 10 °CA

before TDC, (tumble plane). 3.6 bar GMEP, 1500 RPM............cc.cccooioiiiiiiiiiiiiieiie e 227
Figure 4.25 Laminar burning velocity versus residuals mole fraction and temperature at P=6 bar and
P28 BAF QE A1 5.ttt ettt 227
Figure 4.26 Comparison of the 10% to 90% MFB duration for DVA and SVA. 7.9bar GMEP, 1500
RPM. (ROBErts €t AL, 2018).......ccuveeeiaeiiaiiiiiieee ettt ettt ettt ettt etbe s abe b e baenseenseans 228
Figure 4.27 Fuel consumption (GSFC) reduction from DVA to SVA. 7.9bar GMEP, 1500 RPM. (Roberts
CF AL, 2018)..ceeeeeee e ettt ettt h ettt eae et ene et 229

12



Figure 4.28 In-cylinder velocity for DVA and SVA at 2=1.0 and the ratio SVA/DVA. 7.9 bar GMEP,

LS00 RPM.......coiiiiiiiiiiie ettt ettt 230
Figure 4.29 In-cylinder TKE for DVA and SVA at A=1.0 and the ratio SVA/DVA. 7.9 bar GMEP, 1500
RPM ..ottt ettt n bkttt n ettt n e ne ettt ene e 231
Figure 4.30 Total heat transfer from liner, piston and dome for DVA and SVA for 2=1.0. 7.9 bar GMEP,
IS0 RPM........ooooiieeeee ettt ettt h et e et n ettt ettt 232
Figure 4.31 Laminar burning velocity for DVA. 10 °CA before TDC 1=1.0. 7.9 bar GMEP, 1500
RPM ...ttt 233

Figure 4.32 Comparison of the combustion stability limit for DVA and SVA. 9.8 bar GMEP, 1500 RPM.
(RODBEFLS €1 AL, 2018)......cueiieiieiiieeiie ettt ettt e et e e et e et e e tae e eebeeebeeenns 234
Figure 4.33 In-cylinder velocity for DVA and SVA at 2=1.0 and the ratio SVA/DVA. 9.8 bar GMEP,
I500 RPM.......ooviiiiiiiiiiiieee ettt ettt ettt ettt 235
Figure 4.34 In-cylinder TKE for DVA and SVA at A=1.0 and the ratio SVA/DVA. 7.9 bar GMEP, 1500
RPM ..ot E ettt n bttt ettt n st n bt ene e 236
Figure 4.35 Total heat transfer from liner, piston and dome for DVA and SVA for A=1.0. 9.8 bar GMEP,
LSOO RPM........oooiieeeeee ettt ettt ettt ettt n ettt ettt ene s 237
Figure 4.36 Comparison between the actual and close cycle simulations for the in-cylinder velocity and
TKE at 3.6 bar GMEP, I500RPM..............ccccooociiiiiiiiiiiiiiiiieiiieeteeet ettt 239
Figure 4.37 Total heat transfer for the four closed cycle simulations and the two actual cycles. 3.6 bar
GMEP, 1500 RPM........coooiiiiiiiiiiiiiiieeeteeee ettt ettt 241
Figure 4.38 Total heat transfer for the four closed cycle simulations and the two actual cycles. 7.9 bar
GMEP, 1500 RPM........c.oooiiiiiieeeeeeeeee ettt ettt ettt s bt ene s 242
Figure 4.39 Total heat transfer for the four closed cycle simulations and the two actual cycles. 9.8 bar
GMEP, 2000 RPM........c.ocoiiiiiiiieeeeeeeeee ettt ettt ettt ae st ene s 243

Figure 5.1 Spray structure for DVA and SVA for two loads (3.6 bar GMEP and 7.9 bar GMEP, 1500

RPM), FUMBIE VIEW............ooceeeeiii ettt et ettt et e eae e 249
Figure 5.2 Spray structure for DVA and SVA for two loads (3.6 bar GMEP and 7.9 bar GMEP, 1500
RPM), SWITL VEEW.......ocouiiiiiiiieie oottt ettt et et e e et et e et e e eteeeeasaeaseens 250
Figure 5.3 Convergence of global Lambda for DVA and SVA...........cc.cccovveviviecenieiiieieeieeieeeeeaeen, 250
Figure 5.4 Intake pressure trace at various intake runner locations calculated with 1D simulation....251
Figure 5.5 Original AJ20 geometry and geometry with extended intake runner....................cc.cc....... 252
Figure 5.6 Verification of the normalisation approach for Lambda. Calculations at 20 degrees before
TDC ..ottt h e bbbkt he e n et e bttt et et e et be et e b st e b e ene et eneeees 253
Figure 5.7 In-cylinder velocity magnitude for DVA and SVA, with and without injection. 7.9 bar GMEP,
ISO0 RPM ... ettt ettt ettt et e s et bt e h et ee et e et ete st e e et et e eaeeneeneene e 255
Figure 5.8 In-cylinder TKE magnitude for DVA and SVA, with and without injection. 7.9 bar GMEP,
IS500 RPM ...ttt ettt ettt et b e bt et ettt bt e et ete et ee et ettt eneene e 255
Figure 5.9 Total heat transfer for DVA and SVA, with and without injection. 7.9 bar GMEP, 1500
RPM ..o e e ettt h et h et ne e n e b e ettt b ettt ntent e b e st neeaeereenes 256
Figure 5.10 Spatial distribution of Lambda for DVA at various crank angles during compression, A=1.0,
7.9bar GMEP 1500 RPM.........c.ccooiiiiiiaieeieeeeee ettt ettt nne e 258
Figure 5.11 Spatial distribution of Lambda for SVA at various crank angles during compression, 2=1.0,
7.9bar GMEP 1500 RPM.........c.ccooiiiiiiaiieieeeeee ettt ettt 259
Figure 5.12 Homogeneity Index for DVA and SVA at 7.9 bar GMEP, 1500 RPM, A=1.0.................... 260
Figure 5.13 Spatial distribution of Lambda for DVA and SVA 10 degrees CA before TDC, 1=1.5, 7.9
AP GMEP 1500 RPM........c.oociiiiiiiieeieeee ettt ettt ettt ea e ae e eneenaens 261

13



Figure 5.14 Spatial distribution of laminar burning velocity for DVA and SVA 10 degrees CA before

TDC, 2=1.0, 7.9 bar GMEP 1500 RPM............ccocoooiiiiiiiaieeee et 262
Figure 5.15 Accumulated liquid film mass at the piston and liner for DVA and SVA versus time. 2=1.0.
7.9bar GMEP, 1500 RPM............ccoccooviiiieiiaieieeieeeeieeeeete ettt ettt s ettt ese s e s easetsense s 263
Figure 5.16 Liquid film thickness at the piston for DVA and SVA at 20 degrees after SOI. 1=1.0. 7.9
BAF GMEP, 1500 RPM..........ccooooiiiiiieeieieeieeeeee et ettt ettt ettt ettt ese ettt eae s ebeeasensenseene s 264
Figure 5.17 Experimental emissions of NO,, THC and CO. 7.9 bar GMEP, 1500 RPM.................... 265
Figure 5.18 The size of the smallest and biggest spheres relative to the cylinder. Tumble and swirl
VECWS .ottt et et ettt et et et et ettt et et sttt et et et e st e et et e e et enaeeeaane 265
Figure 5.19 Percentage of the respective spherical volumes occupied with a rich mixture (1<1.0) for
DVA. Global A=1.0. 7.9 bar GMEP, 1500 RPM.............cccccoovviieianiaiiiaieieeieeieeieseeee e 268
Figure 5.20 Percentage of the respective spherical volumes occupied with a rich mixture (1<1.0) for
SVA. Global 2=1.0. 7.9 bar GMEP, 1500 RPM..............cccoioiiiiiiieieii et 268
Figure 5.21 Average lambda of the rich mixture within each spherical volume for DVA. Global 1=1.0.
7.9bar GMEP, 1500 RPM..........cccooiiiiiieieeee ettt ettt ettt et eae e 269
Figure 5.22 Average lambda of the rich mixture within each spherical volume for SVA. Global 2=1.0.
7.9bar GMEP, 1500 RPM...........cc.ccoooiiieieiieeeeieee ettt ettt sttt ens s 269
Figure 5.23 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for DVA. Global 2=1.0. 7.9 bar GMEP, 1500RPM...........ccccccoevvmiiiviniaiaiiiiacrenienenss 271
Figure 5.24 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A1.05,1.15] for SVA. Global A=1.0. 7.9 bar GMEP, 1500RPM............cccccccoovmviaviniaiaiiiaianennnnnes 271
Figure 5.25 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A1.05,1.15] for DVA. Global A=1.1. 7.9 bar GMEP, 1500RPM............ccovvoiiiaiiiineieieeieeeene 272
Figure 5.26 Percentage of the respective spherical volumes occupied with a lean mixture in the range
AM1.05,1.15] for SVA. Global A=1.1. 7.9 bar GMEP, 1500RPM.............cccoeviioiiiiieiiaieiieeeeene 273
Figure 5.27 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for DVA. Global 2=1.2. 7.9 bar GMEP, 1500RPM...........cccccccoovumiiiciiiaiaiiaiaeneennenne 274
Figure 5.28 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for SVA. Global A=1.2. 7.9 bar GMEP, 1500RPM............ccccccoovmmiiviniaianiaiaienennnnne 275
Figure 5.29 Experimental in-cylinder temperature derived from the experimental in-cylinder pressure
for DVA and SVA and for four different dilution CASes..................ccocviciieieiiiniianiieieeiieeie e, 276
Figure 5.30 Temperature term angle of eq. 5.2 versus crank for three dilution cases. 7.9 bar GMEP,
ISOORPM.......oooeeeeeeeeee e ettt a ettt e et e et ettt et e e st ettt e st et bt ens e te e e 277
Figure 5.31 Validation of the in-cylinder pressure trace and accumulated heat release rate for DVA
and SVA. Global A=1.0. 7.9 bar GMEP, I500RPM............ooueeeeeeeeeeeeeeeeeeeeeeeeeee e 279
Figure 5.32 Numerical predictions of CO and NOx for DVA and SVA. Global A=1.0. 7.9 bar GMEP,
ISOORPM. ...ttt ettt ettt ettt s ettt et e ettt ne et e 280
Figure 5.33 Spatial distribution of CO at the peak production (15 degrees after TDC) for DVA and
SVA. Global A=1.0. 7.9 bar GMEP, I500RPM..............cccc.cccoviiieimmiiiiiiiiieeeeeeeeieeteie e 281
Figure 5.34 Spatial distribution of NO. at the peak production (20 degrees after TDC) for DVA and
SVA. Global 2=1.0. 7.9 bar GMEP, I500RPM............ccccoocuiiiiiaieee et 282
Figure 5.35 Spatial distribution of temperature at the peak NOx production (20 degrees after TDC) for
DVA and SVA. Global 2=1.0. 7.9 bar GMEP, I500RPM..........c.cccccoovimiimoiiiiiiieieieeiee e 282
Figure 5.36 Numerical predictions of soot for DVA and SVA. Global 1=1.0. 7.9 bar GMEP, 1500
0 7 RSP SS 283
Figure 5.37 Spatial distribution (3D) of soot at EVO for DVA and SVA. Global A=1.0. 7.9 bar GMEP,
ISOO RPM.......oooeeiieieie ettt ettt ettt ettt ettt et e s ettt et e beeas b e s esseeneenseebeensenaennas 283

14



Figure 5.38 Spatial distribution of Lambda for DVA at various crank angles during compression, 1=1.0,

3.6 Dar GMEP, 1500 RPM..........occioeieieieeeeee ettt ettt be e 286
Figure 5.39 Spatial distribution of Lambda for SVA at various crank angles during compression, 1=1.0,
3.6 bar GMEP, 1500 RPM..........ccooovooieiiiieieeeeeeeeeeeeeee ettt ettt ettt ese et et 287
Figure 5.40 Homogeneity Index for DVA and SVA at 3.6 bar GMEP, 1500 RPM, A=1.0.................... 288
Figure 5.41 Spatial distribution of laminar burning velocity for DVA and SVA 10 degrees CA before
TDC, 2=1.0, 3.6 bar GMEP 1500 RPM...........cccoooiiieieeeieeee ettt 289
Figure 5.42 Accumulated liquid film mass at the piston and liner for DVA and SVA versus time. 2=1.0.
3.6 bar GMEP, 1500 RPM...........c.ccoooiiiiieiieeeeieeeeeeee ettt ettt ebe et 290
Figure 5.43 Liquid film thickness at the piston for DVA and SVA at 20 degrees after SOI. 1=1.0. 3.6
BAF GMEP, 1500 RPM............coooiiiiiaiiiiieieeeeeeeeee ettt ettt ettt ebe s seese s s s ens 290
Figure 5.44 Experimental emissions of NO,, THC and CO. 3.6 bar GMEP, 1500 RPM.................... 292
Figure 5.45 Percentage of the respective spherical volumes occupied with a rich mixture (A<1.0) for
DVA. Global A=1.0. 3.6 bar GMEP, I500RPM............ccccoooiiiiiiiiiiiiieeeeee et 293
Figure 5.46 Percentage of the respective spherical volumes occupied with a rich mixture (A<1.0) for
SVA. Global 2=1.0. 3.6 bar GMEP, I500RPM............c.ccccooouiiaieaiiiieieeeeeeeieeteieieie e 294
Figure 5.47 Average lambda of the rich mixture within each spherical volume for DVA. Global 1=1.0.
3.6 Dar GMEP, 1500 RPM........cc.cccooiiiiiieeeee ettt ettt eeee s 294
Figure 5.48 Average lambda of the rich mixture within each spherical volume for SVA. Global 2=1.0.
3.6 Dar GMEP, 1500 RPM.........cccoeiiiiiieeeeee et ettt ene s 295
Figure 5.49 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for DVA. Global 2=1.0. 3.6 bar GMEP, 1500 RPM.............c..cccoovviicimeiiiaiaeeniarenane 296
Figure 5.50 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for SVA. Global A=1.0. 3.6 bar GMEP, 1500 RPM...........c..cccccoovvevimiiiiaiaieeiieereene 296
Figure 6.1 The five different LIVO valve lifts and the full lift as applied in the model....................... 304
Figure 6.2 The five different EIVC valve lifis and the full lift as applied in the model....................... 305
Figure 6.3 Comparison of the experimental ignition to 10% MFB duration between LIVO and EIVC
mode. DVA and SVA are iNCIUAEd.................c..ccoociiiiiiiiiiiie ettt 306
Figure 6.4 Comparison of the experimental 10% to 90% MFB duration between LIVO and EIVC mode.
DVA and SVA are iRCIUAEA..................cccooeeeiiiieiee et 306
Figure 6.5 Experimental in-cylinder pressure trace during combustion for the five different LIVO
e =X TP U TP PSRRPSRPPTO 307
Figure 6.6 In-cylinder velocity magnitude for DVA, SVA and the five different LIVO lift cases......... 309
Figure 6.7 Swirl ratio for DVA, SVA and the five different LIVO lift CASeS..........cc.cccovveevevivrncranncenn. 310
Figure 6.8 Tumble ratio for DVA, SVA and the five different LIVO lift cases..............cccccoevvevvennnnn. 311
Figure 6.9 Turbulent kinetic energy for DVA, SVA and the five different LIVO lift cases with a zoom on
the compreSSion SIrOKe Qfter IV C.............c.ocoviiiiieiiie ettt re et ereevae 312
Figure 6.10 Spatial distribution of TKE for DVA, SVA and the five different LIVO lift cases for the
tumble and swirl planes at ignition (10 degrees CA before TDCY)..........ccccooovvoeeeciiiiiiiioiniiiieienne. 314
Figure 6.11 Heat transfer from the gas to the walls for DVA, SVA and the five different LIVO lift
COSS ettt ettt ettt et e et ea e Rt eRt ekt e R et eat e e e b e eat e e ettt e bt e e ent e e et e ettt ettt e eneeenaeeennes 316
Figure 6.12 Spatial distribution of Lambda for DVA, SVA and the five different LIVO lift cases for the
tumble and SWirl plAnes At IQRILION. ..............cocccoeoiiiiiiiiieee ettt 318
Figure 6.13 Homogeneity Index for DVA, SVA and the five different LIVO lift cases........................ 319
Figure 6.14 Total film mass on the piston versus crank angle for DVA, SVA and the five different LIVO
LTt CASES....e ettt ettt ettt et e et e ettt e ht e ehe e eee e eat et e et e aeente ettt e e teeateeaeen 320

15



Figure 6.15 Film thickness on the piston at maximum accumulated film mass for 1 mm and 5 mm lift

LIVIO CASES.....eeee ettt ettt et ettt ettt ettt e ettt ettt eeee e 320
Figure 6.16 Experimental data of NOx, CO and THC for DVA, SVA and the five different LIVO lift cases
WIEH VATIOUS AIIUTION. ...ttt ettt st 321

Figure 6.17 Percentage of the interrogating spherical volumes occupied by a mixture with A<I.0 and
Average Lambda of the lambda zones below A=1.0 for various interrogating spherical volumes for the

JIVe dIfferent LIVO LIft CASES.........c..cccooveiieeiiiiieeeee ettt 323
Figure 6.18 Percentage of different interrogating spherical volumes occupied by a mixture with A in the
region [1.05,1.15] for the five different LIVO [ift CASES........c..ccouuviiimiiiiiiaieeie et 324
Figure 6.19 Experimental in-cylinder pressure trace during combustion for the five different EIVC
e R 2 O PPN 325
Figure 6.20 In-cylinder velocity magnitude for DVA, SVA and the five different EIVC lift cases........ 326
Figure 6.21 Swirl ratio for DVA, SVA and the five different EIVC lift cases.............cc.ccoceevevvenivanncenn. 327
Figure 6.22 Tumble ratio for DVA, SVA and the five different EIVC lift cases.........cccccccovcvvcvronnense. 328
Figure 6.23 Turbulent kinetic energy for DVA, SVA and the five different EIVC lift cases with a zoom
on the compresSion Stroke After IV C............ccoooieiiieiiioeiteee ettt 329
Figure 6.24 Spatial distribution of TKE for DVA, SVA and the five different EIVC lift cases for the
tumble and SWirl plAnes At IGNILION. .............c...cccoeeeuieiiieeiieeciie ettt ae e e b e e seveesae e 331
Figure 6.25 Heat transfer from the gas to the walls for DVA, SVA and the five different EIVC lift
CUSES. ..ttt ettt et e ettt e etk h et et ea ettt ekt Rt e Rt e bt bt e bt e bt e bt eate et enbeenteenteenneen 332
Figure 6.26 Spatial distribution of Lambda for DVA, SVA and the five different EIVC lift cases for the
tumble and SWirl PlAnes Gt IGNTLION. .............c.cccoeiciiiiiieieieee ettt ettt 334
Figure 6.27 Homogeneity Index for DVA, SVA and the five different EIVC lift cases.............c............ 335
Figure 6.28 Total film mass on the piston versus crank angle for DVA, SVA and the five different EIVC
LUfE CASES....oooevioieeie et ettt ettt ettt as et ettt be et e e ae et e e be e eteeabeetbeenbeerbeeteenre e 336
Figure 6.29 Film thickness on the piston at 20 degrees after SOI for the five different EIVC lift
CUSOS. ..ottt ettt ettt h ekt Rt e ate ettt R et e bt e e Rt e ettt e Rt e e ebae e e teeenaeeeneeeenteeeeneeeneeenns 337
Figure 6.30 Experimental data of NOx, CO and THC for DVA, SVA and the five different EIVC lift cases
WILH VATIOUS AIIUTION. ...ttt ettt sttt 338

Figure 6.31 Percentage of the interrogating spherical volumes occupied by a mixture with A<I.0 and
Average Lambda of the lambda zones below A=1.0 for various interrogating spherical volumes for the

Jive different EIVC Lift CASES.......ccouiiieiieiieiee ettt ettt 340
Figure 6.32 Percentage of different interrogating spherical volumes occupied by a mixture with A in the
region [1.05,1.15] for the five different EIVC lift CASES........cccuioumiiiiiiiiiieii et 341

Figure 7.1 Turbulence resolution parameter for DVA and SVA at 30 and 25 degrees before TDC

respectively. Cutting line at z=+5mm, Xx=0mm and Y=0MM.............cc.cccectrvtriimmiiniiiiiieereee e 348
Figure 7.2 Experimental and average over 25 cycles LES in-cylinder pressure trace for DVA.......... 349
Figure 7.3 Experimental and average over 25 cycles LES in-cylinder pressure trace for SVA........... 350
Figure 7.4 in-cylinder velocity magnitude of the 25 individual cycles and their mean for DVA and
SVA oottt ettt 353
Figure 7.5 Standard deviation of average in-cylinder velocity for 25 cycles during intake and
compression Strokes for DVA QA SVA............ccccooveiiiiiiiiiiiece e 354
Figure 7.6 CoV of average in-cylinder velocity for 25 cycles during intake and compression strokes for
DVA GQIA SVA......coiiiiiieeee ettt ettt ettt 354
Figure 7.7 Statistical convergence of the velocity magnitude for the first 5, 10, 15, 20 and 25 cycles in
the tumble and sWirl planes fOr DVA...........cccccooiiiiiiiiieeieee ettt 356

16



Figure 7.8 Mean velocity magnitude along the x- and y-axis at z=+5 mm for the five different averaging

GEOUPS. DV A ..ottt ettt e e e e e b e e et e et e et e e e ab e ta e e bt e e ebeeetaeenraeens 357
Figure 7.9 Statistical convergence of the standard deviation of the velocity magnitude for the first 5,
10, 15, 20 and 25 cycles in the tumble and swirl planes for DVA..........ccccoooioioiivineiiiicieiiiieene, 358
Figure 7.10 Standard deviation of velocity magnitude along the x- and y-axis at z=+5 mm for the five
different averaging Groups. DVA............ccociioiiiiieiiii et 359
Figure 7.11 Statistical convergence of the velocity magnitude for the first 5, 10, 15, 20 and 25 cycles in
the tumble and SWirl PIAnes fOr SVA...........cccoviiiiiiiiiieieeeeeeee et 361

Figure 7.12 Mean velocity magnitude along the x- and y-axis at z=+5 mm for the five different
AVEFAZING GFOUDS. SVA.....occoiioiiiiiiii ettt ettt et e et e et e e e aseesbaeetbeessbeeesbeenseeas 361
Figure 7.13 Statistical convergence of the standard deviation of the velocity magnitude for the first 5,
10, 15, 20 and 25 cycles in the tumble and swirl planes for SVA...........ccccccoovveviiiiiniiiciiiieeieeieennen, 363
Figure 7.14 Standard deviation of velocity magnitude along the x- and y-axis at z=+5 mm for the five

different averaging Groups. SVA..........cccooii ittt 363
Figure 7.15 Spatial distribution of mean, standard deviation and coefficient of variation of DVA and
SVA over 25 cycles. TUMDIE PIANE.................cccoooeeiiioiiiiieiieeeeee e 365
Figure 7.16 Spatial distribution of mean, standard deviation and CoV of DVA and SVA over 25 cycles.
SWIFLDIANC. ...ttt et ettt ettt ettt e et et b e ae e eae e eaeeetaeereeteas 366
Figure 7.17 Spatial distribution of mean, standard deviation and CoV of laminar burning velocity of
DVA and SVA over 25 cycles. Tumble PIANe...................cc.cccooeveviieiiiciiiiiiiiecieeeeeeie e 367
Figure 7.18 Spatial distribution of mean, standard deviation and CoV of laminar burning velocity of
DVA and SVA over 25 cycles. SWIFL PLARe.............c..cccoveiioiiiiiiiiieiee et 368

Figure 7.19 CoV of laminar burning velocity for DVA and SVA along the x- and y-axis at z=+5mm...368
Figure 7.20 Spatial distribution of mean, standard deviation and CoV of temperature for DVA and SVA

over 25 cycles. TUMDIE PIANE.....................cc.ccoooviiiiiiciieiiiie et 370
Figure 7.21 Spatial distribution of mean, standard deviation and CoV of temperature for DVA and SVA
over 25 cycles. SWIFIPIANC......... ..ottt 371
Figure 7.22 CoV of temperature for DVA and SVA along the x- and y-axis at z=+5mm.................... 371
Figure 7.23 Spatial distribution of mean, standard deviation and CoV of residuals for DVA and SVA
over 25 cycles. TUMDIE PIANE.....................cc.coceoviiciiieiiiieeie ettt 373
Figure 7.24 Spatial distribution of mean, standard deviation and CoV of residuals for DVA and SVA
0Ver 25 CYCLES. SWIFL PIANC............c.cociiiei ittt ettt 374
Figure 7.25 CoV of residuals for DVA and SVA along the x- and y-axis at z=+5mm......................... 374

17



List of Tables

Table 2.1 Mass fraction calculations of various species for initialisation before EVO.......................... 79
Table 3.1 Characteristics of the AJ20 thermal engine for the preliminary studies.................c............ 102
Table 3.2 Initial and boundary conditions for the grid dependence study................ccocooccvvveroeenenncne. 104
Table 3.3 Characteristics of the AJ133 single cylinder optical engine and the AJ20 single cylinder
FREITNAL @UGINC. ...ttt ettt ettt n et 113
Table 3.4 Initial and boundary conditions for the validation of the AJ133 optical engine.................... 114
Table 3.5 Boundary conditions for the steady state port flow Simulations....................cccceveeveevennn.nn. 133
Table 3.6 Valve lift and L/D eqUIVALENCE. ..................c...ccoovveeieiiciiicriiieeieeeeeeee e 133
Table 3.7 Initial droplet size and Reitz break-up constants for the baseline and optimised cases......146
Table 3.8 Injection parameters for the AJ133 optical engine..................cccccoevveeiecieiieveeiieeieneanne. 154
Table 3.9 Liquid film mass for Bai-ONERA and Senda models with coarse and refined surface mesh
and COMPAriSON With @XPEFITENES. ...........cccuie e ettt ettt ettt ettt ettt eee e 195
Table 4.1 ENGINE LSt MALFIX.........ccueecue et eeieiee et ettt e ettt e tesabe et e e eenbeasbeeseesseeeabeenneenseeaneeans 205

Table 4.2 Polytropic indexes for DVA and SVA at A=1.0 and A=1.5. 3.6 bar GMEP, 1500RPM.......... 218
Table 4.3 Closed cycle simulation at 3.6 bar GMEP, 1500RPM. *represents the actual cycles.......... 239

Table 5.1 Experimental and numerical compression polytropic index (y) for DVA and SVA at various
lambdas. 7.9 bBar GMEP, 1500 RPM...........ooooee e e 254

Table 6.1 Velocity reduction of the five different lifis from the SVA and the ratio LIVO / DVA velocity

e g 1711 /SR UUSPRSTS 308
Table 6.2 Percentage reduction of the swirl ratio from SVA at ignition for the LIVO mode.............. 310
Table 6.3 TKE reduction of the five different lifts from the SVA and the ratio LIVO / DVA velocity at
EQIUEEIOMN. ..ottt et ettt ettt e ettt e et e e e te e ta e e s ab e e e abe e ekt e e tb e e eab e e e abeeenteeenbeetbeeenbaeentbeennreans 312
Table 6.4 Heat transfer reduction of the five different LIVO lifts from the SVA and the relative reduction
WIth 17eSPeCt 10 DVA QIA SVA........c..coovieiiiiiiiiiee ettt 316
Table 6.5 Velocity reduction of the five different lifis from the SVA and the ratio EIVC / DVA velocity
e g 17 /PSPPSR 326
Table 6.6 Percentage reduction of the swirl ratio from SVA at ignition for the EIVC mode................. 327
Table 6.7 TKE reduction of the five different lifts from the SVA and the ratio EIVC / DVA velocity at
QIUEEIOMN. ..o eeee ettt ettt ettt e et e e e tb e e e bt et e e e ab e e e bt e ekt e e tbeeeab e e tbeeenteeeabeetbeeenbaeentbeenneeans 329
Table 6.8 Heat transfer reduction of the five different EIVC lifts from the SVA and the relative reduction
WIth 17eSPeCt 10 DVA QIA SVA........c..covieiiiiiiiiice ettt ere e 333

Table 7.1 Statistical convergence of the mean, standard deviation and CoV average in-cylinder velocity

JOF DVA QIA SVA ..ottt ettt ettt ettt et ettt et e et e eneeente e e 351
Table 7.2 Mean, standard deviation and CoV of in-cylinder pressure over 25 cycles......................... 351
Table 7.3 Mean, standard deviation and CoV of in-cylinder temperature over 25 cycles................... 352

18



Nomenclature

Abbreviations

IDCHT
AIAA
ASOI
BDC
BMEP
CA
CFD
CI
CNG
CO
CcO2
CoV
CR
CVVL
DI
DISI
DNS
DVA
ECFM3Z
EGR
EIVC
EVO
GDI
GMEP
GSFC
H

H2
HC

HI
IMEP
ISFC
IvC
IVO
JLR
KHRT
LES
LIVC
LIVO
MFB
N

N2
NMEP
NO
NOx

1D Conjugate Heat Transfer
American Institute of Aeronautics and Astronautics
After Start Of Injection

Bottom Dead Centre

Brake Mean Effective Pressure
Crank Angle

Computational Fluid Dynamics
Compression Ignition
Compressed Natural Gas

Carbon Monoxide

Carbon dioxide

Coefficient of Variance
Compression ratio

Continuous Variable Valve Lift
Direct Injection

Direct Injection Spark Ignition
Direct Numerical Simulation
Dual Valve Actuation

3-Zones Extended Coherent Flame Model
Exhaust Gas Recirculation

Early Intake Valve Closure
Exhaust Valve Opening

Gasoline Direct Injection

Gross Mean Effective Pressure
Gross Specific Fuel Consumption
Hydrogen

Hydrogen Molecule
Hydrocarbons (unburnt)
Homogeneity Index

Indicated Mean Effective Pressure
Indicated Specific Fuel Consumption
Intake Valve Closing

Intake Valve Opening

Jaguar Land Rover
Kelvin-Helmholtz Rayleigh-Taylor instabilities
Large Eddy Simulation

Late Intake Valve Closure

Late Intake Valve Opening

Mass Fraction Burnt

Nitrogen

Nitrogen Molecule

Net Mean Effective Pressure
Nitric Oxide

Oxides of Nitrogen

19



0) Oxygen

02 Oxygen molecule

OH Hydroxide

PDA Phase Doppler Anemometry

PFI Port Fuel Injection

PIV Particle Image Velocimetry

PM Particulate Matter

PN Particulate Number

QPLIF Quantitative Planar Laser-Induced Fluorescence Imaging
RANS Reynolds-averaged Navier—Stokes
RNG Re-Normalisation Group

RPM Revolutions Per Minute

SACI Spark-Assisted Compression-Ignition
SGS Sub-Grid Scale

SMD Sauter Mean Diameter

SST Shear Stress Transport

SVA Single Valve Actuations

TAB Taylor Analogy Break-up

TDC Top Dead Centre

TDCE Firing Top Dead Centre

TDCgx Gas Exchange Top Dead Centre
THC Total Hydrocarbons

TKE Turbulent Kinetic Energy

TMB 1,2,4 tri-methyl benzene

VVT Variable ValveTrain, Variable Valve Timing
WOT Wide Open Throttle

Latin symbols

Ag4 Droplet cross-sectional are

A Droplet surface area

B Impact parameter

Cq Drag coefficient

Cr Flow coefficient

Cp Specific heat capacity

Ce1, Cez, Ce3, Cey, €, Turbulence model coefficients

D,d Diameter, Diffusivity in ECFM3Z model
D, Diffusivity of vapour

D, Diffusion coefficient of air-vapour mixture
E, Collision efficiency

e Internal energy

h Heat transfer coefficient

hg Heat of vaporisation

hsg Latent heat of phase change

J) Integer

K, Mass transfer coefficient

k Turbulent kinetic energy

ko Thermal conductivity

La Laplace number

20



ERES

Nu

Oh
Pr

Q,qw

Greek symbols

14
A

AT,y

Molecular weight of component 1
Mass

Nusselt number

Efficiency

Ohnesorge number
Prandtl number

Pressure

Heat transfer, Heat flux
Ideal gas constant
Reynolds number
Roughness parameter
Radius of droplet
Compression ratio
Schmidt number
Sherwood number

Source term, internal energy
Strain rate tensor

Laminar burning velocity
Source term, momentum
Turbulent burning velocity
Temperature

Leidenfrost temperature
Nukiyama temperature
Saturation temperature
Wall temperature

Time

Velocity of droplet
Velocity component
Friction velocity

Kinematic viscosity, Collision frequency

SGS turbulent viscosity

Volume

Droplet volume

Work

Liquid weber number

Gas weber number

Cartesian coordinate

Fuel mass fraction in the burnt gases
Fuel mass fraction in the unburnt gases
Mass fraction of a component 1
Distance from wall

Specific heat ratio or polytropic exponent
Filter width

Degree of superheat

Kronecker’s delta

21



22

Turbulence dissipation rate
Angle

Excess air Equivalence ratio
Dynamic viscosity

Dynamic viscosity of Liquid
Turbulent viscosity

Liquid density

Flame surface density
Surface tension

Turbulent Prandtl number
Empirical coefficient

SGS stress tensor

Isotropic part of the sub-grid scale stresses
Equivalence ratio

Mole fraction

Specific dissipation rate
Reaction rate for species i
Burning rate



Chapter 1 - Introduction and Literature Review

Chapter 1

Introduction and Literature Review

1.1. Introduction

Since the late 19™ century, when the spark-ignition engine appeared, a lot of developments and
improvements have been applied to the early designs as new technologies were available.
However, the operation of an engine still relies on the understanding of basic thermodynamics
and fluid mechanics. The aim of this research project is to obtain fundamental understanding
of complex multiphase flow phenomena in direct-injection spark-ignition engines using

Computational Fluid Dynamics.

In our days, the climate change is evident and the impact of air pollution on human health is
leading governments and organisations to decrease the emissions onto the atmosphere. More
specifically, in order to reduce the pollution caused by road vehicles, stricter emission limits
are established (Figure 1.1), such as the Euro 6 standard in Europe. Complying with these limits
is a major challenge as aiming at reducing one pollutant (CO, NOx etc.) can increase the others.
Moreover, the reduction of non-renewable energy sources (crude oil and its derivatives)
demands lower fuel consumption and higher engine efficiency to decrease the rate of their

usage and sustain them for longer.
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Figure 1.1 Historical data and proposed targets for CO: from various countries normalised to NEDC.
Source: The International Council on Clean Transportation (ICCT)

To begin with, a simplified model of an actual system allows engineers to study this system
and its basic parameters before any in-depth study. The idealised cycle for four-stroke spark-
ignition engines is called Otto cycle and a schematic of an actual spark ignition engine cycle
and Otto cycle is showed at Figure 1.2. The thermal efficiency of the Otto cycle under the air-

standard assumptions (Cengel and Boles, 2015) can be written as:

_ Wher Qout _ Ty —Ty T (T,/T, — 1)
Notto =7 — = 1— =l-F0F=1-FF (1.1)
Qin din T3 =T, Tp(T3/T, — 1)
Because the processes 1-2 and 3-4 are isentropic:
n_ (ﬁ)y_l _ (E)H _L (1.2)
T, \1 Va T3
and the compression ratio 7 is:
_A 1.3
TC - VZ ( . )
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the thermal efficiency can be written as:

1
Notto = 1 — 7—1 (1.4)

L

This means that the efficiency of the engine depends on the compression ratio and the specific
heat ratio y. By plotting the thermal efficiency versus compression ratio (eq. 1.4) it can be seen
that for a specific ratio y the efficiency increases (Figure 1.3). Thus, higher compression ratio
(CR) is a sector to which automotive industry is working on. However, by increasing the CR,

the knock tendency increases, and this is of particular interest in engine studies.

Moreover, the specific heat ratio y of the working fluid (trapped mass in an engine) is the other
parameter that affects the thermal efficiency. For a specific compression ratio, efficiency
decreases as y decreases. At room temperature y = 1.4 for air, y = 1.3 for carbon dioxide and
y = 1.2 for carbon dioxide at around 700°C. In order to achieve high values of y, which means
closer to pure air, lean combustion is preferred. Lean combustion is also preferred (if the
combustion efficiency is not deteriorated) because of the reduction of the incomplete
combustion products such as CO and unburnt hydrocarbons as well as the NOx emissions at
very lean mixtures as it can be seen from Figure 1.4. Furthermore, with lean combustion the
fuel efficiency increases and thus, the production of CO, decreases. However, the main
disadvantage of lean burn is that the 3-way catalyst cannot work with excess oxygen to reduce

the NOx emissions and the engine has to work near the stoichiometric region.

Exhaust gas recirculation (EGR) is a technique used to dilute the intake charge and overcome
the problem of lean burn with excess air. Therefore, CO> can be a considerable amount of the
mixture composition and the specific heat ratio of this mixture can be decreased which affects
the thermal efficiency of the engine. However, the use of exhaust gases can be beneficial for
NOx reduction, for reduction of heat losses to the walls and also suppression of knock as the
peak in-cylinder temperature is decreased. This means that EGR can be a compromise between

thermal and fuel efficiency and emissions control.
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In addition to the above, direct injection is another development for spark-ignition engines.
This offers some advantages over earlier methods of fuel delivery in the cylinder. Alkidas and
El-Tahry (2003) reported that direct injection has a 15% improvement on fuel economy over
Port Fuel Injection (PFI). Most importantly, direct injection has higher resistance to knock and
allows higher compression ratios due to lower in-cylinder temperatures. The evaporation of the
liquid fuel reduces the temperature of the in-cylinder charge, which can also increase the
volumetric efficiency by up to 10% according to Eichlseder et al. (2000). This is more evident
when fuels with higher heat of vaporisation are used such as alcohol fuels. Another advantage
is the possibility of stratified charge, which is a stoichiometric air/fuel mixture cloud near the
spark plug while in the rest of the volume the mixture is very lean. With this approach, extreme
lean combustion can be achieved for fuel economy. Nonetheless, direct injection can have
negative effects on the emissions if it is used without deep investigation. Stratified combustion
can be the cause of unburnt hydrocarbons and NOy emissions (Baumgarten, 2006). Moreover,
fuel impingement on the cylinder walls and piston can be the reason of high particulate matter
during combustion. Various injection strategies such as double and triple injections as well as

flash boiling are under consideration to minimise the drawbacks of direct injection.

Lastly, alternative designs of those to Otto’s four stroke engine with different theoretical cycles
were proposed. One example is James Atkinson who built an engine with longer expansion
than compression stroke and had high efficiency for that time (Heywood, 1988). Nowadays,
the idea of Atkinson cycle can be used in a conventional four stroke engine by using appropriate
intake valve timing. More specifically, the valve is kept open longer on the compression stroke,
late intake valve closing (LIVC), thus some of the intake charge is directed back to the intake
manifold instead of being compressed. With this technique, the engine has higher efficiency
because less work is needed for the compression stroke while the expansion stroke is kept the
same. Nevertheless, the Atkinson cycle has less power output compared to Otto cycle for the
same engine because less air and fuel mas is trapped. Therefore, Atkinson cycle is used at low
load or in conjunction with hybrid systems such as electric motor when fuel efficiency is the
key. An alternative to Atkinson cycle that can be applied to an engine is referred as Miller cycle
(Zhao, 2010). In this case, the intake valve closes before bottom dead centre, which is called
early intake valve closure (EIVC), therefore, the actual compression stroke is smaller. Again,
the trapped mass is lower than a conventional valve timing due to the early closing of the valve
and consequently, loss of power follows. To overcome the problem of lower power output of

both cycles, the loss of air is compensated with the use of a supercharger. Depending on the

27



Chapter 1 - Introduction and Literature Review

operating conditions, either Otto or Atkinson/Miller cycles can be applied on a modern internal

combustion engine by a variable valve train (VVT) system.

Air/fuel ratio
20 17 15 14 13 12
T 1 1 1 T
Lean Stoichiometric Rich

i | by

NO, CO, and HC concentrations (not to scale)

07 08 09 10 11 12 13
Fuel/air equivalence ratio

Figure 1.4 Pollutant concentrations as a function of equivalence ratio (®) (Lumley, 1999)

To sum up, various approaches have been proposed and are being investigated at the moment
in order to meet emissions regulations and improve the efficiency of a spark ignition engine.

These are:

e Increased compression ratio
e Useof EGR
e Various valve control strategies

e Various direct injection strategies

All of them have their advantages and disadvantages and with compromises, the right
combination can lead to an improvement overall. This can be achieved by experimentation and
the use of CFD. CFD is a useful tool for engineers to simulate and predict the behaviour of
different designs of a combustion chamber without the cost of manufacture and it is essential
to optimise the parameters that affect the formation of air pollutants and the efficiency of an

engine.
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1.2. Thesis outline

Nowadays, ground transportation is a major source of air pollution with an impact on the
greenhouse effect with CO, emissions as well as on the public health, especially in urban areas
with high concentrations of oxides of nitrogen, CO, particulate matter, and unburnt
hydrocarbons. Legislations across the globe have been posed to reduce these emissions and for
the automotive industry it is a challenge to meet these targets while maintaining high efficiency
and low fuel consumption. In order to do so, novel strategies such as variable valvetrain
systems, Exhaust Gas Recirculation (EGR) and increased compression ratio are introduced to

direct injection spark ignition engines.

In Chapter 1, an introduction to the internal combustion engines and the basics of the
thermodynamics is presented. In addition to this, a literature review for the advancements of
gasoline direct injection, variable valvetrain systems, exhaust gas recirculation and the
pollutant formation is performed. This is done with the aim of giving an insight of the benefits
and drawbacks that these strategies introduce in an engine, together with revealing any
contradictions that may exist between researchers. Moreover, topics and areas with limited
work and information are identified. According to the findings of the literature review, the

objectives of this study are defined.

In Chapter 2, the basic mathematical formulations of the flow solution and the turbulence
modelling that govern computational fluid dynamics (CFD) are reported. Moreover, the
calculations of the species that are present in the combustion chamber and the intake and
exhaust ports before Exhaust Valve Opening (EVO) for various dilution cases with EGR,
excess air or combination of both is presented. In addition, the formulations which govern the
Lagrangian multi-phase treatment for spray modelling along with all the relevant sub-models
of droplet break-up, droplet-droplet interactions, droplet-wall interaction and liquid film
modelling are described. Lastly, the basic formulation of the combustion modelling is also

described.

In Chapter 3, some preliminary studies are conducted, focused on the in-cylinder flow. More
specifically, a grid dependence investigation for engine simulations is carried out to identify
the grid size which can be supported by the available computational power without
compromising the accuracy of the solution. Furthermore, a study for the most appropriate
initialisation point is done due to various cases seen in the literature. This is important in order

to minimise the effect of initial conditions to the rest of the simulation. With the findings of the
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preliminary studies, validation of the commercial code STAR-CD for engine simulations is
performed by comparing numerical data against experimental in-cylinder pressure traces from
two different Jaguar engine families, a thermal and an optical research engine. In addition,
Particle Image Velocimetry (PIV) data from the Jaguar optical research engine are compared
against the flow field predicted by the CFD code. Moreover, steady state port flow simulations
are conducted for the optical engine to identify the reasons behind the differences in the
predicted and experimental flow field and the performance of four different turbulent models
is investigated for both steady state and dynamic simulations. Further validation was carried
out for the engine heat flux. The predicted heat flux from the gas to the walls of a motoring
engine throughout the engine cycle is compared against experimental data. Furthermore,
validation of the fuel injection and spray modelling is performed in a quiescent chamber and
in the dynamic model of the optical engine. The spray structure, the penetration and the droplet
sizes are matched those of the experimental data. This procedure is completed for sub-cooled
fuel injection, as well as for a newly developed flash boiling model. A generalised procedure
is adopted for sub-cooled and flash-boiling spray modelling by minimising the differences of
the implementation. Lastly, validation is carried out for the fuel impingement on a wall and the

creation of the liquid film.

In Chapter 4, the above findings are used to study the effects of valve deactivation and give an
insight into the experimental results of the AJ20 thermal engine. More specifically, the
enhancement and the alteration of the in-cylinder flow and turbulent kinetic energy is
investigated when single valve is adopted without the fuel injection. Other in-cylinder
quantities such as temperature, residuals and laminar burning velocity, as well as the heat
transfer from the gas to walls are also studied. Benefits and drawbacks of the Single Valve
Actuation (SVA) are identified. Due to the increased heat transfer when utilising SVA, the
reasons behind the increase are investigated. All the above are done for three different engine

loads at two engine speeds.

In Chapter 5, the spray modelling is introduced to study the combined effect of valve
deactivation and fuel injection on the flow properties, air-fuel mixture and pollutant formation
for two different engine loads at 1500 RPM. Due to the different in-cylinder conditions for the
two loads, both sub-cooled and flash-boiling modelling are implemented. Combustion

modelling is also introduced to test and validate suggested theories behind pollutant formation.
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In Chapter 6, to utilise the benefits seen when SV A is adopted while minimising the drawbacks,
an investigation of the capabilities of the CVVL system with staggered intake valve lift in order
to achieve the optimal level of charge motion for reduced fuel consumption and heat transfer
is carried out. Two different methods of differential valve lift are tested; Late Intake Valve
Opening and Early Intake Valve Closure. The in-cylinder flow properties with and without fuel
injection, the air-fuel mixture and the pollutant formation are studied at 7.9 bar GMEP and

1500 RPM.

In Chapter 7, due to the differences in the combustion stability between the Dual and Single
Valve Actuation at high dilution levels, an investigation of the cycle-to-cycle variations of
DVA and SVA at these conditions is performed. Firstly, an in-cylinder pressure validation is
performed, and the adequacy of the grid is checked. The variations of the average in-cylinder
quantities as well as the spatial distribution within the cylinder are studied at 3.6 bar GMEP
and 1500 RPM.

In Chapter 8, the conclusions of the current studies and recommendations for future work have

been presented.

1.3. Exhaust gas recirculation

Introducing exhaust gases into the cylinder as a charge dilution method was first applied to
diesel engines in order to reduce NOy emissions (Wei et al., 2012). With the stricter emissions
regulations, the necessity of reducing NOx and CO; led the engineers to implement the
technique of EGR in the gasoline engines as well. Generally, EGR can be beneficial for NOy
reduction, for reduction of heat losses to the walls, reduced throttling losses and suppression
of knock. The EGR can be classified into two categories, internal EGR or internal residuals
and external EGR. The internal EGR technique can be achieved with appropriate valve
strategies in order to trap some of the combustion products into the cylinder. In the external
EGR method, some of the exhaust gases are taken from the exhaust port and are fed back to
the intake manifold and two categories of external EGR exist. If the exhaust gases are cooled
down before directed to the intake manifold then the method is called cooled EGR, otherwise
the gases are recycled directly to the intake and this is called hot EGR. Each technique has its
benefits with cooled EGR being able to reduce further the NOx emissions and it is better for
knock suppression while with hot EGR faster combustion can be achieved and lower

hydrocarbons are emitted (Wei et al., 2012)
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In the literature, a lot of studies can be found for compression ignition (CI) engines mostly
experimental and some numerical, however, CFD studies about EGR in spark ignition engines
are more limited. As an example, a review of EGR on gasoline engine (Wei et al., 2012) only
stated two numerical studies. The internal EGR distribution and scavenging process was the
aim of Copeland et al. (2013). Two scenarios were investigated in this preliminary, part load
and full load at low speed (1500 and 2000 RPM). The simulations started before exhaust valve
opening (EVO) and the initial gas was assumed to be 100% burned gas. Firstly, at full load, the
engine was boosted with intake pressure at around 2 bar. The results showed that the
scavenging takes place rapidly because of the pressure difference between intake and exhaust
manifold and the 67 deg CA valve overlap, thus, almost any exhaust gases remain. When the
overlap was reduced to 27 deg CA, the amount of residuals was increased (1.7% total residual
mass) but the differences were minor. This has also a minor effect on the in-cylinder
temperature which indicates that low amount of EGR cannot affect the charge temperature.
However, at part load in which the intake pressure was 0.5 bar absolute, the airflow from the
intake to the exhaust valves was not strong enough to flush the residuals and a higher amount
of exhaust gasses was trapped compared to full load. Moreover, the in-cylinder temperature
was affected with almost 100K more that the full load case, due to higher residual concentration
(30% total residual mass). It has to be said that in this study, the authors did not mention the
properties of the residuals as this can affect the mixing process with the air and the in-cylinder
pressure. Moreover, no spray was modelled which can affect the in-cylinder temperature

especially with direct injection.

Pan et al. (2014) studied the effect of compression ratio on cyclic variations at an engine speed
of 1000 RPM. In that study the authors also investigated the reasons of the variations with the
presence of EGR, using CFD. More specifically, they focused on the flame speed, turbulence
intensity and mean velocity at spark timing, parameters that affect combustion process.
Simulations showed that EGR had a minor effect on turbulence intensity and mean velocity
but had a significant impact on flame speed. Higher EGR, produced lower flame speed which
effects the flame propagation, an indication of cycle to cycle variation. However, no details
were given for the mixing process of EGR and the presence exhaust residuals of a previous
cycle. Moreover, this study used a PFI engine therefore, a direct injection can have an effect

on the turbulence intensity during air-fuel-EGR interaction.

Two numerical studies which investigated the cyclic variability due to EGR and compared to

experimental results were performed by Scarcelli ef al. (2014) and Scarcelli et al. (2015). The

32



Chapter 1 - Introduction and Literature Review

first interesting point of this work was that while RANS modelling of the whole cycle including
combustion was used, and an averaged result was expected, they were able to capture variations
of consecutive cycles. The authors stated that the reason of this behaviour was the different
initial conditions for each cycle that were never damped out. While these papers focus on the
cyclic variability of RANS simulations, some useful conclusions can be derived about the EGR
effect. The engine speed was 2000 RPM and two stoichiometric cases were compared, one
without EGR and one with 18% EGR. Both the experiments and the simulations showed a

much higher cycle to cycle variability on pressure traces when EGR was introduced.

Mardi et al. (2014) investigated the effect of EGR on emissions and performance of a
supercharged direct injection spark ignition engine using CFD. Their study was focused on the
closed system, from intake valve closure to exhaust valve opening at an engine speed of 2000
RPM. This means that combustion at stoichiometric ratio and NOx formation was modelled
however, the mixing process during intake was omitted. Various fuels were simulated, and the
results showed that the use of EGR reduced the NOx formation for all the fuels. Hydrogen and
Methane, due to higher flame temperature produced high numbers of NOx when no EGR was
used. With increased EGR ratios, the NOx production was reduced and but for EGR rates above
15% the changes were minor for all fuels (Figure 1.5). At constant initial pressure of 1 bar,
which represents the intake pressure, the increase of EGR led to decrease of IMEP and increase

of ISFC.
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Figure 1.5 The effect of EGR on NOx emissions for various fuels (Mardi et al., 2014)

Another CFD study on the effect of EGR on the combustion process and NOx emissions on

direct injection spark ignition (DISI) engine was carried out by Polat et al. (2016). The analysis
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was performed at 2500 RPM with five different EGR ratios, from 0% to 20%. While fuel
injection is mentioned, it is not clear if the whole cycle is simulated, or a homogenous mixture
is assumed at spark timing. From the results, it can be derived that the presence of exhaust
gases affects the knock tendency, heat release rate, in-cylinder pressure and temperature. An
increase of EGR ratio lead to reduction of in-cylinder pressure and temperature which also
benefits the knock suppression. Moreover, higher levels of EGR reduce the heat release rate
and slows the combustion. Lastly, it was observed that NOx emissions were reduced with
increased EGR ratios, nonetheless, ratios above 10% did not have any significant influence, an

observation that has already noted by Mardi et al. (2014)

Galloni ef al. (2012) investigated the effect of EGR on flame propagation, knock and in-
cylinder temperatures by means of CFD at an engine speed of 4000 RPM. Comparisons were
made between a base case without exhaust gas recirculation and a case which consists of about
11% of EGR at intake valve closing (IVC). The authors mentioned that this value was taken
from 1D analysis but it was not stated how this was applied on the 3D model and if it was
external or internal EGR. Nevertheless, some important conclusions were derived from this
work. First of all, the peak pressure and temperature were reduced with the use of EGR.
Moreover, the heat release rate was reduced and the flame speed was slower. Comparing the
base case with the EGR case, the use of exhaust gases allowed a 3 degree CA spark advance.
Lastly the authors stated that the benefits of EGR can be exploited however, a new optimisation

is needed for the performance of the engine.

An optimistic idea with potential benefits when using EGR is called stratified EGR. In this
method, the stoichiometric air-fuel mixture is kept separated from EGR or the mixing between
them is minimised for stable combustion. The benefits of this approach were demonstrated by
Xu et al. (2000) with various EGR ratios and swirl ratios at 1500 RPM. The effects of
temperature and density difference were also studied. The simulation only included the closed
system, from IVC to EVO and the stratified EGR was initialised according to the theoretical
idea. The exhaust gas occupied an outer ring of the cylinder and the mixture occupied the
central volume. Moreover, simulations were run for less idealised initial conditions, again for
a closed system, to investigate the effect of air-EGR mixing. For the idealised tests, EGR ratios
up to 90% were tested. The simulations showed that this method could be beneficial for reduced
fuel consumption and decreased in-cylinder temperature, heat losses to the walls and NOx.
Because EGR is not included in the combustible mixture, the heat release rate and the

combustion are similar to cases without EGR. Although high EGR ratios were tested, values
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above 50% were not suitable for stable combustion due to over-mixing. Furthermore, high
swirl ratios are also a barrier as they promote the mixing process. While this method can have

theoretical advantages, obstacles have to overcome for a feasible application.

The same team conducted a preliminary study of the preparation of EGR stratified distribution
Dong et al. (2002). The aim was to prepare the charge and keep EGR and air-fuel mixture
separated using two different methods namely corndog and conjugate vortex EGR (Figure 1.6).
In order to achieve these two methods, various geometrical configurations of the combustion
dome, intake and exhaust ports and valve masks were simulated at 1500 RPM. The results
showed that during the early intake stroke, it is possible to achieve both types of EGR
stratification with the correct geometry of the combustion chamber and valve timing. However,
during the late intake all the compression stroke mixing of exhaust gases and fresh air takes
place. The tumble due to piston movement, the turbulent intensity and the temperature and
density difference are factors that affect the mixing of the two species. Furthermore, the authors
stated that it is difficult to calibrate the formation of stratified EGR for various loads and
speeds. Lastly, in this study fuel injection was not included which can affect the flow field and

mixing process even to cases in which partial stratification can be achieved.
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Figure 1.6 Two different methods for EGR stratification (Dong et al., 2002)

Despite the difficulties of EGR stratification that were described above, another group (Sarikoc
et al., 2006) exploited the potential use of radial stratified EGR with experiments and CFD and
compared to results of homogeneous EGR which was the base case. In order to achieve
stratified EGR, the intake manifold had to be redesigned with special air baffles to guide the
air and EGR flow. The numerical results showed a very good mixing for the case of
homogeneous EGR and the experiments revealed the benefits of it (NOx reduction of 58%
compared to non EGR operation). The engine could tolerate EGR up to 16%, without misfires,
a finding reported by others. Moving to the stratified EGR, four strategies were tested and
showed at Figure 1.7. In all strategies, the air and EGR were fed in the chamber separately, the

one after the other. The first two cases had the left port closed to achieve a swirl motion. CFD
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showed that for the first strategy no stratification can be achieved, and the experimental results
were similar or worse compared to the homogeneous EGR case meaning of a bad mixing
process. A minute stratification with low exhaust gas concentration was achieved with the
second process. This lead to a higher EGR tolerance of 24% compared to homogeneous EGR
case (16%) in the experiment. Also, the reduction of NOx was about 50% compared to
homogeneous EGR. The other two strategies had both ports open for the air and one port open
for the exhaust gas. The experiments showed an increase of EGR tolerance of 26% and the
reduction of NOx was about 80% compared to the base case. The reason of this behaviour was
the much better stratification of the exhaust gas. Lastly, the experiments of strategy four, were
further improved with EGR tolerance of 39% and an 88% reduction of NOx compared to the
base case. The CFD showed the best stratification among the four strategies, the reason of the
experimental improvements. Whilst it was demonstrated that EGR stratification can be
beneficial, to achieve the best outcome, a redesign of the intake manifold is needed, and more

complicated systems have to be applied.
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Figure 1.7 Four investigated strategies for radial EGR stratification (Sarikoc et al., 2006)

To sum up, the use of EGR on a DISI engine becomes more popular due to stricter emissions

regulations. The major benefit that was reported in the aforementioned numerical studies is the
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reduction of NOx. Moreover, the presence of EGR reduced the peak pressure and temperature
which helps to knock suppression and reduces the heat losses. This can be beneficial for the
increase of CR. Furthermore, it was stated that the use of EGR can reduce the throttling losses.
The disadvantages though are the slower combustion and the increase of cycle to cycle
variability. While there are data about the positive and negative effects of EGR, there is lack
of data about the mixing process of internal residuals, external EGR and fuel vapour during
intake and compression stroke. Moreover, how this mixture is distributed in the cylinder and
near the spark plug at spark time as well as the properties of the mixture are not showed. Studies
that use closed system, assume prefect homogeneous mixture at [IVC and subsequently at spark
timing. Moreover, works that simulate the intake process do not specify the mixture formation
and potential residuals due to previous cycle. Lastly, the effect of internal and external EGR

temperature on fuel evaporation and mixture formation and distribution needs investigation.

1.4. Valve control strategies

To further increase the efficiency of an engine, Atkinson and Miller cycles were proposed to
substitute Otto cycle. Both Atkinson and Miller cycles are based on the difference between
geometrical and effective compression ratio while the expansion ratio is the same and can be
assumed as the geometrical compression ratio. For the effective compression ratio, the total
volume is calculated as the volume at IVC. It has been reported that the efficiency increases
with increased expansion ratio (Heywood, 1988). These two cycles allow the increase of
geometric compression and expansion ratios while having a reasonable effective compression
ratio, limited due to knock Ferrey ef al. (2014) However, the in-cylinder pressure and
temperature were reduced and the knock was supressed. It has to be mentioned here that some
studies refer Miller cycle as late intake valve closing. For this reason, the use of late or early
closing will be used. Except from the impact on the thermodynamic cycle, the valve lift and
timing have an effect on the flow field which potentially can be detrimental for air-fuel mixing

and combustion efficiency thus, all the aspects have to be investigated.

The study of Ferrey et al. (2014) showed that Miller cycle and increased CR can improve the
thermal efficiency. However, the slow combustion duration can be due to EIVC. In order to
reduce the Indicated Specific Fuel Consumption (ISFC), quicker combustion is suggested. For
this reason, comparison between EIVC and LIVC showed that the second strategy can increase

the turbulence and thus reduce the combustion duration. Experimental comparison between
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LIVC and EIVC valve strategies showed minor differences for ISFC but lower with LIVC.
This was due to the combustion duration which was 20% lower in LIVC compared to EIVC a
finding that was validated with the simulations. However, no results were showed of the effect

of these two strategies on the flow field and turbulence.

The numerical part of Diana et al. (2001) investigated the effect of various EIVC strategies on
tumble flow, in-cylinder TKE and air-fuel distribution and the results were compared to a base
case of conventional valve timings. It was clear that these strategies produced much higher
tumble and TKE values. The tumble motion peaked at the time of the maximum valve lift, but
during the compression stroke was decaying. However, the higher values were kept at spark
timing with EIVC. For the case of TKE, during compression the values converged to the same

value. Lastly, it was evident that the air-fuel mixing was enhanced with the EIVC strategies.

Mito et al. (2012) have developed a new 1.2 L inline 3-cylinder supercharged gasoline engine
in a LIVC in order to meet EURO 5 emission regulations and improve fuel efficiency using
CFD and experiments. CFD was used to determine the best design of the fuel spray geometry,
intake port geometry and the geometry of the flow control device in order to improve the flow
characteristics of LIVC. CFD simulations at 2000 RPM were used to address the problem of
weak in-cylinder flow related to the late intake valve closing (LIVC). The tumble ratio of a late
IVC (100CA after BDC) was compared with an ordinary IVC (59 deg CA after BDC) when
the intake valve opening (IVO) was the same for both cases. Results showed very similar
tumble ratio during intake, however, for the LIVC cycle it was much weaker at ignition timing
(Figure 1.8). This indicates that the flow has to be strengthened if this valve strategy is applied.
Nevertheless, back to 1995, a numerical study from Mazda Motor Corporation (Fujimoto et

al., 1995) showed that the TKE can be intensified with a LIVC strategy.
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Figure 1.8 The effect of LIVC on tumble ratio and the flow field at 100 deg CA after BDC (Mito et al.,
2012)
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De Bellis et al. (2014a, 2014b) showed briefly the effect of various valve closing timings on
the mean in-cylinder velocity. Four cases were presented with four different engine speeds
(5100, 2500, 3000, 2000 RPM) and four different valve lifts and durations. For the two first
speeds, full valve lift was applied with very similar duration and for the last two speeds, lower
lift was used, again with very similar durations but smaller than the duration of the full lift.
Results were presented at mid-intake stroke which corresponds to the time of the case with the
earliest IVC and at compression TDC. Due to different speeds, lifts and durations, safe
conclusions cannot be derived. It was shown that at mid-intake stroke the flow fields had
noticeable differences however, at TDC the differences were partially damped out. It was

concluded that EIVC allow longer time for turbulence decay.

Horie et al. (1992) developed a lean-burn four-valve engine with the use of differential valve
lift which lead to an increase in the lean operating limit and a reduction in Brake Specific Fuel
Consumption (BSFC). In addition, the combustion duration as well as the cyclic variations
were decreased showing improved combustion event. This was achieved by a special variable-
swirl system in which one valve was completely open with the maximum lift on the second
valve altered to achieve optimum levels of charge motion. The authors also suggested a change-
over point from differential lift to two-valve operation at 2500 RPM for high load (1 bar intake
pressure) and at 3200 RPM for lower loads (intake pressure < 0.9 bar).

Another study, by Wilson et al. (1993) investigated the effect of asymmetric valve strategies
including valve deactivation. It was found that by increasing the swirl ratio the combustion
duration was decreased with the highest swirl ratio produced by the valve deactivation. In
addition, the increase of tumble ratio also decreased the combustion duration, but it was
concluded that the increase of the swirl was the dominant factor of the reduction of the ignition
delay (ignition to 10% MFB). Lastly, they investigated the effect of asymmetric valve strategies
on the idle stability. It was found that the valve deactivation greatly improved the stability

especially when compared to the dual, symmetric lift operation.

Similarly, Kreuter et al. (1992) studied potential improvements of a spark ignition engine with
variable valve lift and valve deactivation. By operating with a single valve, and depending on
the lift of the other valve, flow velocities ranging from 50 m/s up to 200 m/s could be achieved.
Moreover, with the valve deactivation shorter combustion delay, improved stability and

efficiency were observed.

39



Chapter 1 - Introduction and Literature Review

Matsumoto et al. (2011) and Moore et al. (2011) used CFD to support experimental
measurements and predict the charge motion for EIVC and LIVC strategies with either one or
both intake valves in operation at 1000 RPM. When both valves were in operation, the tumble
motion produced by LIVC was greater than EIVC. When only one valve was in operation, the
CFD study showed an increase of charge motion with the valve deactivation by increasing the
tumble motion and producing high swirl motion. Moreover, due to lower lift of EIVC the
airflow was stronger and the TKE was higher in this case and this strong air flow, also
benefitted the fuel vaporisation. At spark timing though, the TKE was higher with LIVC.
Moreover, they found higher gas temperature and heat transfer with the single valve. For these
reasons, the air-fuel distribution and homogeneity have to be investigated for the intake and
compression stroke in order to assess the benefits and the drawbacks of each valvetrain

strategy.

Another study of valve deactivation by Jovanovic et al. (2011) showed increase of TKE and
generation of swirl motion. In addition, the spatial distribution of TKE was also improved by
occupying the whole area from piston to cylinder head and in was centrally positioned, closer
to the spark plug. From Figure 1.9 it can be seen the more favourable location of the TKE

which is near the spark plug and with higher magnitude when valve deactivation was used.
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Figure 1.9 Spatial distribution of TKE for Dual and Single valve Actuation. (Jovanovic et al., 2011)

Other researchers (Kim et al., 2008) investigated the valve deactivation and valve lift
asymmetry concerning in-cylinder flow and air-fuel mixing. Their study showed that the valve
deactivation improved the air-fuel homogeneity by increased swirl and tumble motion.
However, their results showed no difference in in-cylinder temperature prior to combustion for

the various simulated cases.
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Ramasamy et al. (2016) studied the increase of swirl motion via dissimilar valve lift in a bi-
fuel Compressed Natural Gas (CNG) engine. It was found that when the one valve was
operating with lower lift that the baseline, the TKE and the swirl number was increased and as

a result the flame propagation speed was increased.

In order to strengthen the swirl and tumble motion for improved combustion Mahrous et al.
(2007) investigated unconventional intake valve strategies with different lifts (high or low lift)
and durations for each valve. The simulated engine is a 4 stroke 4 valve motored at 1500 RPM
and four different cases were tested (Figure 1.10). Case 1 is the base case where both intake
valves have the same lift and duration. To quantify the flow field swirl and tumble motions
were calculated and compared for the four cases. Swirl motion was only produced for the cases
with different intake valve lifts which was increasing until the maximum lift of the high lift
valve. During compression, the swirl was decreasing but comparing to other studies, the
differences were noticeable at TDC for the three cases (Fontana and Galloni, 2009).
Comparison of tumble ratios showed that the base case has a positive tumble (counter
clockwise) and slightly different behaviour of the other three scenarios which have a negative
tumble with similar trends. Moreover, all tumble ratios decayed during compression and at
TDC all converged to similar values. Lastly, similar trends could be seen for the TKE, with

cases 3 and 4 reached higher values but at TDC again all scenarios converged.
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Figure 1.10 Various valve strategies to increase tumble and swirl motion for improved combustion
(Mahrous et al., 2007)
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In addition to the above strategies, Mahrous et al. (2008) investigated the effect of low lift and
short duration at different timings with an aim at improved in-cylinder mixture formation. In
this study, all four valves were operating with the same profile of 150 deg CA duration and
maximum lift of 3 mm. Three different cases of intake valve timing were tested, the two first
sets were with both valves working at either early or late timing and the third case one valve
was working at the early closing and the other at the late closing profile. The parameters that
were examined to evaluate the effect of valve timing on the flow field were the tumble and
swirl ratios and turbulent intensity. As it was expected, when the intake valve timings were
different, the swirl ratio was significantly increased. For the cases with the same valve timing
for both valves, the late intake valve duration produced higher swirl motion. In these two cases,
the tumble motion is characterised by a rapid increase followed by a rapid fall, with the late
timing strategy to generate higher values. The non-identical intake timings had a gradual
increase and decrease of the tumble motion which was better maintained until compression
TDC. Lastly, the late valve timing produced the highest values of turbulent intensity and the
case of the non-identical timings had similar results. The early valve timing gave significantly
lower values of turbulent intensity. In this work, not only the effect of valve deactivation on
the charge motion was studied, but also on the exhaust residuals and their role on combustion
efficiency. It was concluded that non-identical intake valve timing can improve the mixture
preparation with increased tumble and swirl ratio. When the other two cases were compared,

the late valve timing gave better results of flow motion and turbulent intensity.

Clenci et al. (2014) studied numerically the effect of low valve lift on the in-cylinder
aerodynamics of a PFI 2 valve 4 stroke engine at idle speed (800 RPM). While this type of
engine has differences on the combustion chamber geometry and flow motion (designed for
swirl motion) compared to a 4 valve 4 stroke engine Direct Injection (DI) with a pent-roof
head. However, some interesting findings of this work can be derived. Firstly, with higher valve
lift there is a backflow to the intake manifold, but at the end, higher mass is trapped at the IVC
compared to the lower lift profile. Moreover, the pumping work was higher with the low lift
profile. Considering the flow field, the swirl ratio decreases during compression for both cases,
but the low lift case produced higher values, and these were kept for the whole cycle, which is
important for the mixing process. In addition, TKE is much higher in the case of low lift, up to
the end of the intake stroke, however, at spark timing the value is very similar in both cases. In
other words, the valve lift strategy can be beneficial for the mixing process, but the kinetic

energy of the charge has to be increased in order to improve the combustion process. The
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authors also mentioned reduction of internal residual with low lift but no modelling of EGR or

results with EGR are showed.

Another analysis for a 2 valve 4 stroke engine of the effect of variable valve timing on the in-
cylinder phenomena including internal EGR distribution, this time with an engine speed of
2000 RPM low load, was carried out by Fontana and Galloni (2009). Three cases with both
valve retards (constant overlap) of 46, 50, 54 deg CA compared to a base case. First of all,
results showed that retarded valve timings, result a backflow of exhaust gases and thus residuals
are trapped in the cylinder and also in the intake manifold due to the valve overlap. This results
in added residuals to the next cycle, a point that needs caution when specific amount of EGR
is needed. Moreover, it was observed that a delay of intake valve timing resulted in a reduction
of swirl motion due to having the maximum lift at BDC and the flow is generally small. The
maximum swirl ratio was observed with the base case. The same behaviour was seen with TKE,

lower values were produced with retarded valve timings.

To summarise, numerical studies and theoretical analyses have pointed the benefits of altering
valve lift and opening and closing timings for different loads and speeds of a 4 stroke DI
gasoline engine. However, it is essential to understand the impact of variable valve lift and
timing on the in-cylinder gas motions and mixing processes as well as to the efficiency of the
cycle. Because of contradicted studies, the literature needs to be enriched with more data.
Examples of these contradictions are the studies of Ferrey ef al. (2014), Schernus et al. (2013)
and Benz et al. (2013) who suggested LIVC over EIVC due to increased turbulence while Mito
et al. (2012) showed a decreased tumble which had to be improved and Diana et al. (2001)
showed improved data with EIVC. Matsumoto et al. (2011) agreed with Ferrey et al. (2014)
that LIVC is a more beneficial strategy for strengthening the flow field. For the reasons
mentioned above, more work has to be done on the effect of valvetrain strategies on the engine
cycle and coupled with other aspects such as increased compression ratio and internal and

external EGR.

1.5. Gasoline direct injection

The idea of gasoline direct injection was first applied in aircraft piston engines during the 1930
and the first automotive application was done by Goliath and Gutbrod in 1952 (Zhao, 2010).
During the last 20 years, car manufacturers have put effort on exploring the benefits of gasoline

direct injection with various injection systems and techniques. More specifically, three injector
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types are used in GDI engines namely, multi-hole, outwardly opening and in-wardly opening
pressure-swirl injector. Schematic diagrams of the three types and their spray patters are
showed in Figure 1.11. Direct injection has the ability of fuel delivery during the intake or
compression stroke leading to a homogeneous or stratified charge respectively, depending on
the engine load. The three most common strategies to achieve a stratified charge are wall-
guided, air-guided and spray-guided injection and are illustrated in Figure 1.12. In the recent
years, the spray-guided strategy has been adopted by the automotive industry. In addition, split
injection techniques are used to overcome problems of the GDI such as fuel impingement and
as a result, soot formation and increased unburnt hydrocarbons. As it can be seen, depending
on the strategy, different injector type and position (side or top mounted injector) have to be
applied. From all the above, it is evident that the design choices for a GDI system are numerous,
which makes CFD an important tool for design exploration. A schematic of a full cone engine

spray is showed in Figure 1.13 and includes the phenomena of:

e primary and secondary break up
e droplet collision and coalescence
e sub-cooled and flash boiling evaporation

e gspray-wall interaction and wall impingement.
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multi-hole outwardly opening in-wardly opening
Figure 1.11 Injector geometries and spray patterns for GDI engines (Baumgarten, 2006)
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Wall-guided injection Air-guided injection Spray-guided injection
Figure 1.12 Stratified charge techniques, and injector positions. (Lee and Abraham, 2011)
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Figure 1.13 A schematic of a full cone engine spray (Baumgarten, 2006)

In order to model fuel sprays, the principals of liquid jets and spray development have to be
analysed. Four forces that act on a liquid jet are important for the liquid break up. These are
gravity force, inertia, surface tension and viscous force and can be related to each other with
non-dimensional expressions of Reynolds number (eq. 1.5) (ratio of inertial forces to viscous
forces), Weber number (eq. 1.6) (ratio of inertial forces to surface tension forces) and
Ohnesorge number eq. (1.7) (ratio of viscous forces to the inertial and surface tension forces,)

(Sirignano and Mehring, 2000).

_uDp
2]

Re (1.5)
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Where p; is the liquid density, u is the jet velocity, y; is the dynamic velocity of the liquid jet,
o is the surface tension, D is the nozzle hole diameter. Depending on the relative velocity and
properties of the liquid jet and the surrounding gas, four liquid jet break up regimes (Primary
break up) can be identified; the Rayleigh regime, the first and second wind-induced regime,
and the atomization regime (Reitz and Bracco, 1982). Figure 1.14 shows the break up regimes
on the Ohnesorge diagram and the schematic description of jet break-up regimes (Baumgarten,
2006). The atomisation regime is related to engine sprays and various theories have been
proposed to explain the mechanisms of primary break up. These include growth of surface
waves due to aerodynamic forces, turbulence, relaxation of the velocity profile and cavitation
as showed in Figure 1.15. Reitz and Bracco (1982) by eliminating one by one the
aforementioned mechanisms found that atomisation could occur in the absence of these four
mechanisms. It has to be mentioned that all these regimes take place inside the nozzle, which
is difficult to investigate them experimentally, especially under engine conditions. Arcoumanis
et al. (2000), Gilles-Birth et al. (2005) and Serras-Pereira et al. (2010) are examples in the
relatively limited literature of experimental investigations of the effect of cavitation in primary

break up in real size transparent injectors.
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Figure 1.14 the break up regimes on the Ohnesorge diagram and the schematic description of jet break-
up regimes (Baumgarten, 2006)
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Figure 1.15 Various mechanisms explaining the primary break up (Baumgarten, 2006)

After the primary break-up of the liquid jet and the formation of droplets, further break up
mechanisms (secondary break up) occur to each droplet itself due to aerodynamic forces of
friction and pressure caused by the relative velocity of the droplet and the surrounding gas.
This process can be expressed by the gas phase Weber number and depending on the value of
this number, different droplet break-up regimes exist as shown in figure 1.16. While distinct
boundaries of these droplet break up regimes do not exist, and various researchers propose
different transition numbers (Krzeczkowski, 1980; Wierzba, 1990; Hwang et al., 1996;

Arcoumanis et al., 1997), all droplet break up mechanisms occur in an engine spray.
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Figure 1.16 Main droplet break up regimes (Otto and Kruger, 2006)

A collision occurs when two droplets travelling towards each other and the dimensionless
impact parameter B eq. 1.8 is in the range of [0,1]. When B=0 the collision is called “head-on
collision” and when B=1 the collision is called “grazing collision”. The distance X is the
distance between the droplet centres in the direction normal to that of the relative droplet
velocity U,; as shown in Figure 1.17. Depending on the droplet sizes, the impact energy and
the conditions surrounding the droplets, the outcome of the collision can be classified in five
regimes (bouncing, coalescence, reflexive separation, stretching separation and shattering
collision). During bouncing it is believed that a layer of the ambient gas is trapped between the
two droplets and their surfaces are prevented from contact. As a result, the droplets deform and
bounce back, having the same volume as before impact. Coalescence occurs when the two
impacting droplets merge and form a new droplet with the new volume equal to the sum of the
two droplets. For head-on or near head-on collisions, the phenomenon of reflexive separation
occurs. The liquid system that forms upon impact, due to the high kinetic energy of the
impacting droplets, breaks up and often to three droplets. If the kinetic energy of the droplets
is not high enough, then coalescence will be observed. With an impact parameter greater than

0.5 (B>0.5) the stretching separation regime can be seen. During this type of collision, a smaller
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area of the impacting droplets interacts and forms a common region. Due to the inertial motion,
the droplets separate, and they form two or more droplets. However, if the kinetic energy of
the initial droplets is not high, coalescence will occur. Lastly, when the relative velocity of the
impacting droplets is very high, deformation and finally fragmentation into many smaller
droplets is seen. A schematic representation of the aforementioned regimes is shown in Figure
1.18. More information about droplet collisions can be found in Baumgarten (2006) and Brenn

(2011).

(1.8)

Figure 1.17 A schematic of the geometric collision parameters
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Figure 1.18 A schematic representation of the droplet collision mechanisms (Baumgarten, 2006)

Evaporation is the phase change from liquid to vapour from the liquid-gas interface when the
gaseous phase is not saturated. In a single droplet basis, the evaporation process includes heat
and mass transfer from and to the surrounding gas. The evaporation process can be increased
by supplying heat to the liquid or reduce the ambient pressure. The energy is transferred from
the in-cylinder gas to the droplet in terms of conductive, convective, and radiative heat transfer.
The mass transfer is done via diffusion and convection of the fuel vapour to the surrounding
gas. While typical pump-grade gasoline consists of over 150 hydrocarbon compounds,
experimental data with single component fuels such as iso-Octane, n-Pentane and Ethanol
(comprise about the 70% of the volume of gasoline, Kountouriotis et al., 2014) are also
available (Van Romunde and Aleiferis, 2009). The distillation curves of different gasoline
types and various single components (Figure 1.19) show that the concentration of each
compound affects the evaporation, with the more volatile components to evaporate faster while
those with higher molecular weight to evaporate later. A schematic representation of a droplet
evaporation is shown in Figure 1.20. The evaporation of the liquid droplets plays a significant
role in the mixing process and the air-fuel distribution. In addition, the cooling effect of the
fuel evaporation, especially in DI engines, reduces the temperature of the charge with the

benefits that have already been discussed.
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Figure 1.19 Distillation curves of various fuels (Kountouriotis et al., 2014)
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Figure 1.20 A schematic representation of a droplet evaporation (Baumgarten, 2006)

As it was said, the evaporation can be increased by reducing the ambient pressure. When the
pressure is below the saturated vapour pressure of the fuel, the liquid undergoes a rapid boiling
process which is called flash-boiling. During this process the liquid evaporates almost instantly,
which results in the increase of the spray volume, the break-up of the droplets is accelerated
and the spray pattern changes. Flash-boiling is easier to be achieved during gasoline injection
at low engine loads due to the lower boiling curve and low saturated vapour pressure of some
gasoline components. A comparison of a sub-cooled and a flash-boiling injection in a pressure-
enthalpy diagram is shown in Figure 1.21. For the sub-cooled case the highly pressurised fuel
leaves the nozzle and the pressure decreases to the ambient pressure but due to the low fuel

temperature and thus low enthalpy the liquid saturation line is not crossed. In the case of flash-
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boiling, the increased fuel temperature allows the fuel to cross the liquid saturation line and
vapour bubbles are formed (point 2 to 3). Just under the liquid saturation line, the first nuclei
(vapour bubbles) are formed at the nozzle walls due to imperfections such as roughness. As the
pressure further decreases, close to point 3, the nucleation rate increases and the transition from
liquid to vapour is extremely rapid. Due to the increase of the nucleation rate, bubbles grow in
the liquid which result in the atomisation process through three possible mechanisms (bubble

coalescence, inertial shattering and micro-explosions of droplets).

The flash-boiling injection in a direct injection gasoline engine may lead to enhanced
atomisation, better air-fuel mixing and decreased penetration to avoid fuel impingement. In
extreme flash-boiling conditions though, the penetration can be increased even above the
penetration of the sub-cooled spray with undesired results. A comparison of a sub-cooled and
a flash-boiling gasoline injection from a multi-hole injector in a quiescent chamber is shown

in Figure 1.22 (van Romunde and Aleiferis, 2009).
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Figure 1.21 Comparison of conventional injection and flash-boiling injection in a pressure-enthalpy
diagram (Baumgarten, 20006)

20 °C

Figure 1.22 Comparison of gasoline sprays with different fuel temperatures at 0.5 bar ambient pressure
(van Romunde and Aleiferis, 2009)
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A penetrating spray in a direct injection gasoline engine interacts with the chamber walls and/or
intake valves depending on the injection pressure, in-cylinder gas properties, injection timing,
injector position, orientation and pattern. The spray-wall impingement and liquid film
formation can have positive and negative effects. Droplet break up at the wall may improve the
evaporation as well as the spray impingement on a hot wall can enhance the evaporation. In
addition to this, intentional spray-wall interaction can be seen in wall guided stratification
strategies. On the contrary, the fuel deposition on a cold wall increases the unburned

hydrocarbon and soot emissions.

The impact of droplets on a solid surface may produce various impingement regimes,
depending on the size, the velocity and the liquid properties of the droplets, the nature of the
surface (rough or smooth, dry or wet) and the temperature of the surface. The six regimes that
are mentioned in Baumgarten (2006), taken from Bai and Gosman (1996) and are also

implemented in CFD codes are:

e Stick — the impinging droplet adheres to the wall in spherical form and continues to
evaporate

e Spread — the droplet spreads out along the wall surface creating a wall film in case of
a dry wall or mixes with the existing film in case of a wet wall.

e Rebound — the impinging droplet bounces off the wall after the impact without
breaking up

e Splash — the impinging droplet breaks up into smaller droplets, some of which are
reflected from the wall

e Break-up — the impinging droplet breaks up into smaller droplets and rebound from
the wall.

¢ Boiling induced break up — The droplet disintegrates due to a rapid liquid boiling on

a hot wall near the Nakayama temperature

The schematic of the six impingement regimes can be seen in Figure 1.23.
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Figure 1.23 schematic of the six impingement regimes (Bai and Gosman, 1996)

The most important dimensionless numbers associated with the impacting droplet that describe
the transition between these regimes are the Weber number and the Laplace number. Other
dimensionless numbers related to the droplet-wall interaction can be found at Moreira et al.
(2011). In addition, three characteristic wall temperatures that affect the impinging regimes are
the liquid boiling temperature, the Nakayama temperature at which a droplet reaches its
maximum evaporation rate and the Leidenfrost temperature at which a thin layer of vapour

forms between the surface and the drop and evaporation is minimized

Several methods have been proposed to model the aforementioned phenomena related to
engine sprays. Here, a brief description of the most common models in the literature for full
cone sprays will be attempted and studies of various researchers will be discussed. In the next
chapter, the methodology of the models used in this work will be further discussed. To simulate
the fuel injection, the Lagrangian multi-phase treatment is used which models the liquid
droplets (dispersed phase) of the fuel. The droplets are initialised at the nozzle exit of the
injector which start to penetrate into the continuous phase. The role of the primary break-up is
to provide the initial conditions for the droplets, mainly the velocity and the diameter. The
simplest and most popular way to initialise the droplet size is the blob method suggested by
Reitz and Diwakar (1987). The idea behind it is that in the domain near the nozzle exit, a liquid
core exists within the dense spray which is represented by large droplets, with diameters similar
to that of the nozzle. With this approach, the starting diameter of all the droplets equals to the
diameter of the nozzle exit and the velocity is calculated from the conservation of mass for the
flow inside the nozzle. Various researchers with different CFD codes have been using this
method to initialise the droplet diameter, in both quiescent chambers and engine simulations
for both gasoline and diesel fuel. (Malaguti et al., 2011; Lucchini et al., 2013; Pomraning et
al., 2014; Liu et al., 1993; Lucchini et al., 2014; Scarcelli et al., 2015). A modified version of
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the blob method which takes into account the reduction of the nozzle flow area due to cavitation
has been suggested by von Kuensberg Sarre et al. (1999) for diesel injectors but a similar
method is followed for gasoline sprays by a number of researchers such as Montanaro et al.
(2011) and Lucchini et al. (2012). Due to the decrease of the effective flow area, the initial
droplet diameter is smaller than the diameter of the nozzle and an increased initial velocity of
the droplets is calculated. For diesel sprays, a primary break-up model was developed by Huh
and Gosman (1991) in which the in-nozzle turbulence generates waves on the jet surface at the
nozzle exit which grow and detach in the form of new droplets. For the initialisation of the jet
however, the blob method is used. In addition, the droplet velocity and the spray cone angle
are also predicted by the model. A similar approach to the Huh and Gosman atomisation was

developed in the work of Malaguti et al. (2013) for gasoline sprays.

Another approach for the initialisation of the droplet sizes is the use of distribution functions.
In this approach, it is assumed that the fuel has already been atomised at the nozzle exit and
can be represented by a mathematical distribution. While the distribution of the droplet size at
the nozzle exit could not be quantified experimentally until now, in this method an estimated
distribution is applied so as to match the experimental data downstream the injector tip. Various
distributions have been used in the literature based on the calculation of the SMD of the spray
(Martinelli ef al., 1985), the power law (Levy et al., 1998), the log-normal distribution (Costa
et al., 2009), the Nukiyama-Tanasawa distribution (Nukiyama, 1939; Hosaka et al., 2016), the
x2-distribution (Reitz and Diwakar, 1986) and distributions that are not mentioned in the studies
and were taken directly from experiments (K&pple ef al., 2015; Forte ef al., 2014b; Dahms et
al., 2009; Frottier et al., 2014). However, the Rosin-Rammler distribution is the most widely
used for initialisation of the fuel droplets (Huang and Lipatnikov, 2011; Verma et al., 2016;
Breda et al., 2016; Chryssakis et al., 2003; Fontanesi et al., 2006; Huang et al., 2014; Habchi
et al., 1999) but the two constants have to be tuned to match the experimental data downstream

the injector nozzle.

Various models have been developed for the secondary break-up due to the aerodynamic
forces. The Taylor Analogy Break-up (TAB) model was developed by O’Rourke and Amsden
(1987) initially for diesel sprays but is known that underpredicts the penetration when it is
combined with the blob-method (Liu ef al., 1993). Modified versions of the TAB model have
also been developed however, they have lost their position with regards to break-up modelling.
Another model for the secondary breakup which is widely used nowadays was proposed by

Patterson and Reitz (1998) initially for diesel engine and it is named KHRT break up model.
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This takes account the Kelvin-Helmholtz aerodynamic instabilities growing from the droplet
surface and the Rayleigh-Taylor instabilities due to the deceleration of the droplets. An
alternative secondary break up model which is popular for fuel injection was described by Reitz
and Diwakar (1986) and is based on the ‘bag’ or ‘stripping’ droplet break-up due to
aerodynamic forces on a diesel fuel droplet. Other break up models have been proposed such
as those by Pilch and Erdman (1987) which distinguishes five regimes of break up instead of
the two and by Hsiang and Faeth (1992) for diesel spray applications. Moreover, models for
primary break up such as the Huh and Gosman (1991) model has been used for gasoline sprays
as primary or secondary break-up in various studies. It is clear that a general, unified
methodology for modelling the droplet break up during gasoline injection does not exist and
various models can be used but the constants of the models have to be tuned for a specific
application to match the experiments. In addition, models that were initially developed for

diesel sprays are used for gasoline sprays as well with the appropriate constant tuning.

To model the inter-droplet collisions, the statistical approach proposed by O’Rourke (1981) is
the most common in the literature. This model distinguishes three regimes: coalescence,
separation and bouncing. However, it has been observed that the original modelling approach
is sensitive to the grid size, type and orientation relative to the nozzle. This sensitivity has been
observed for both hollow-cone and solid-cone sprays in various studies (Aneja and Abraham,
1998; Schmidt and Rutland, 2000; Hou and Schmidt, 2006; Li ef al., 2006). This dependency

on the grid can be seen in Figure 1.24 for hollow-cone sprays and solid-cone sprays.

The root of the problem comes from the fact that only parcels within a computational cell can
collide. Parcels which are travelling 90° apart have high relative velocity and this increases the
possibility of collision. The velocities after the collision are near the mean velocity of the
original velocities due to coalescence or separation. In addition, the original model calculates
all possible collisions and then checks if they reside in the same cell which made it time
consuming. To overcome these issues, the O’Rourke model has been extended with a speed-
up algorithm suggested by Schmidt and Rutland (2000), geometrical constraints proposed by
Nordin (2001) and coalescence timescale described by Aamir and Watkins (1999). Except from
the speed-up algorithm, Schmidt and Rutland introduced a secondary mesh which is
independent of the computational mesh and randomly rotates around the injector axis in order

to supress the numerical artefacts.
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Figure 1.24 Grid dependency of spray due to collision modelling for hollow cone and solid cone sprays
(Schmidt and Rutland, 2000; Hou and Schmidt, 2006)

For the mass transfer of a single component sub-cooled fuel, various models can be found in
the literature such as the one described by Bird ef al. (1966) and is implemented in STAR-CD,
by Dukowicz (1979) and it has been used in the work of Costa et al. (2009) and Li et al. (2014)
among the others and the model by Borman and Johnson (1962). Common ground of these
models is the use of the Nusselt number for the heat transfer and the Sherwood number for the

mass transfer described by Ranz and Marshall (1952).

The modelling of flash-boiling is challenging due to the complex phenomena taking place
within the nozzle, the limitations of the experimental techniques and the lack of fundamental
understanding of the flash-boiling which is still under investigation with new experiments. One
of the earliest numerical studies for the atomisation and vaporisation of flash-boiling spray was

carried out by Senda er al. (1994). Results of spray angle and droplet sizes were in a good
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agreement with the experiments however, this was a 1D modelling approach and the spray
structure was not presented. Another attempt of 1D modelling of a multi-component flash-
boiling spray was carried out by Negro et al. (2011). Various blends of gasoline/ethanol were
studied and their effect on evaporation and atomisation were analysed. Again, due to the 1D
modelling, no spray structures were modelled. Attempts to model flash-boiling with the
Lagrangian method using 3D CFD have been made by Zeng and Lee (2001), Zuo et al., (2000),
Kim and Park (2018), Huang et al. (2017) and Price et al. (2015, 2016). Zeng and Lee
developed an atomisation model for flash-boiling which essential is the competition of

aerodynamic break-up based on the TAB model and bubble growth.

Zuo et al. (2000) modified the existing LISA break-up model for hollow-cone sprays to include
atomisation due to flash-boiling and superheat evaporation according to Adachi’s experimental
correlation (Adachi et al., 1996). Kim and Park (2018) developed a break-up mechanism for
flash-boiling sprays based on bubble growth dynamics which was calculated by the Rayleigh-
Plesset equation. Price et al. (2016) and Huang et al. (2017) used the technique of the reduction
of the initial droplet diameter in the blob concept. The reduction factor is calculated via either
the Riznic heterogeneous nucleation model (Riznic and Ishii, 1989) or by the model proposed
by Janet et al. (2015). In addition, Price et al. (2015) included a flash-boiling evaporation model
by adding the superheated droplet evaporation term by Adachi.

One of the first attempts to model fuel impingement was done by Naber and Reitz (1988). In
this model, three regimes of droplet-wall interaction were defined (stick, rebound and slide).
In the stick regime, the droplets stick to the wall and continue to evaporate. In the rebound
regime, a perfect reflection of the droplet occurs. In the case of the slide, the droplets follow a
motion tangential to the wall, with the same velocity magnitude as before the impact. In all the
regimes, the droplet sizes do not change due to the droplet-wall interaction. In addition, no
liquid film formation is described in the model. A more detailed model for droplet-wall
interaction was developed by Bai and Gosman (1995) based on their literature review of
experimental data. The regimes for this model are the adhesion, rebound, splash, break-up or a
combination of them. In addition, the model distinguishes the difference between a dry and a
wetted wall and different regimes are applied to each case. The stochastic nature of wall
impingement is replicated by a random procedure which allows the post-impinging droplets to
have a distribution of size and velocity. Similar wall-impingement models to the Bai and
Gosman (1995) have been proposed by Stanton and Rutland (1996) and O'Rourke and Amsden

(2000). The main differences of these models appear on the splash regime in terms of transition
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criteria, splash mass ratio and secondary droplet sizes and distribution after the impingement.
Rosa et al. (2006) developed a model for smooth and dry wall based on experimental data.
Another detailed droplet-wall interaction model was developed by professor Senda in series of
publications (Senda and Fujimoto, 1999; Senda et al., 1997; Ashida et al., 2000; Senda et al.,
1996; Matsuda and Senda, 2003) based on extensive experimental data. The model has many
similarities to Bai and Gosman (1995) such as the regimes distinguished by the model and the
conditions of the wall (dry or wetted). More specifically, the treatment of the adhesion and
rebound are identical and only the splash regime differs in terms of splash mass ratio, secondary
droplet number, sizes and velocities. All the aforementioned models have been developed and
validated based on specific experiments and the most popular in the literature for engine
simulations is the Bai and Gosman model. However, in most cases, the model is used without
being validated for the specific application (Fontanesi ef al., 2014; Wang et al., 2015; Kopple
et al., 2015) due to the difficulty of in-cylinder measurements. For some studies (Malaguti et
al., 2011; Lucchini et al., 2013), an endoscopic method has been used to identify the areas of
fuel impingement and validate the numerical results qualitatively. To quantitatively assess the
performance of a droplet-wall interaction model, Piazzullo et al. (2017) utilised experiments
in a constant volume chamber in order to measure the liquid film footprint and liquid mass with

the method of laser induced fluorescence (LIF).

1.6. Pollutant formation

It was mentioned in the introduction that effort is made to reduce the carbon dioxide as it is the
main substance which contribute to the greenhouse effect and global warming. However, CO>
occurs naturally in the atmosphere and it is the main product of complete combustion along
with water vapour. In the exhaust gases after the combustion event of a spark ignition engine,
more substances are contained such as oxides of nitrogen, carbon monoxide, unburnt
hydrocarbons and particulates. These species are the major source of urban pollution and
legislations have been posed for their reduction. One of the most important factors of the spark-
ignition engine emissions is the air-fuel ratio and the spatial distribution of the air-fuel ratio.

Figure 1.4 shows how the first three aforementioned pollutants vary with the equivalence ratio.

The oxides of nitrogen are known as NOx and consist mostly of nitric oxide (NO) and small
amounts of nitric dioxide (NOz). The NO is mostly formed in the high temperature post flame

gases where oxygen and nitrogen molecules react. Thus, high temperatures and high oxygen
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concentration result in high NO production. In a spark ignition engine, the peak of the NO
production is seen for mixtures slightly leaner than stoichiometric and around A=1.1. At this
dilution level, the combustion temperature is high while the availability of oxygen starts to
increase. Further dilution with excess air, increases the availability of oxygen nevertheless, the
temperature of combustion decreases, leading to lower NO formation. The reactions taking
place during the NO production were firstly discussed by Zeldovich et al. (1947) who
proposed:

O+ N, > NO+N (1.9)
N+0, < NO+O0 (1.10)
Later, Lavoie ef al. (1970) suggested a third reaction which contributed significantly on the

NO production mechanism and it is given by:

N+ OH & NO+H (1.11)
While mechanisms exist to describe the NO formation in the flame front, the reaction zone in
engine combustion is thin enough with very short timescales and as a result the NO formation

is dominant in post flame gases.

It was mentioned that the air-fuel mixture determines the NO formation which peaks at A=1.1.
The combustion event itself and the spatial distribution of the air-fuel mixture also play a role
on the NO formation. As an example, in the work of Zhou et al. (2017) the same engine for the
same load which operates with a tumble flap for increased tumble motion showed different NO
concentration depending on the position of the flap. With the increased tumble ratio, the NOx
production was higher than the case with the lower tumble ratio for all tested dilution levels
with excess air and peaked for both tumble ratios at A=1.1. The increase of the NOx was
believed to be due to the faster combustion which increased the in-cylinder temperature. In the
work of Wilson et al. (1993) it was mentioned that the NOx emissions with different valve
strategies at stoichiometric air-fuel ratio were very small (less than 5%) but the trend was NOx
reduction with shorter combustion duration. As it can be seen from these two different studies,
the reasons behind the increase of NOy are contradicted. Moore et al. (2011) investigated
among other quantities the emissions of NOx when the engine was operated either with two or
one intake valves at various engine speed and load conditions. There was not a clear trend of
the differences of NOx between single and dual valve activation for the range of the operating

conditions.
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Carbon monoxide is formed during combustion at zones of rich air-fuel mixture where the
insufficient oxygen is partially burnt with the fuel forming CO instead of CO». Generally,
engines operate at stoichiometric or slightly rich mixtures thus, the CO emissions are
significant. For lean mixtures the CO emissions vary little and are much lower than the
stoichiometric mixture. The air-fuel mixture distribution is also important for the CO
production. Better air-fuel homogeneity leads to less rich zones and as a consequence reduced
CO. This was demonstrated by Huang et al. (2016) who showed the CO spatial distribution for
various injection timings. The increased CO was linked to the uneven mixture and the regions
with higher CO concentration were those with rich mixture. When the CO emissions were
compared for dual and single valve actuation in the study of Moore et al. (2011), there trend
for all engine load conditions was the reduction of CO with the valve deactivation. Similarly,
in the work of Zhou et al. (2017) the increase tumble motion with the use of the tumble flap,
reduced the CO emission when compared to the low tumble case. This was again linked to the

uneven air-fuel mixture.

The unburnt hydrocarbons (HC), as their name denotes, are organic compounds that emitted
into the atmosphere due to the incomplete combustion of the fuel. In a spark ignition engine,
various sources of HC exist. Again, the equivalence ratio is an important variable for the HC.
As the mixture becomes richer, the insufficient oxygen leads to partially burnt fuel and thus
increase of the unburnt hydrocarbons. In very lean mixtures where the combustion efficiency
deteriorates the HC increase due to misfires or partially burnt cycles. Other mechanisms for
HC emissions are the flame quenching at the combustion chamber walls, the filling of crevices
with unburnt mixture, absorption and desorption of liquid or gaseous fuel into oil film
(Heywood, 1988). With an aim to reduce the unburnt hydrocarbons with the use of differential
valve lift, Nakayama er al. (1994) showed that a reduction of 45% could be achieved during
cold start by optimising the air-fuel ratio (AFR=15.5) and ignition timing. However, this was
achieved because the variable valve lift allowed lean burn in comparison to the rich mixture of
the baseline. In addition, they showed that by reducing the combustion duration with the
differential valve lift, the HC emissions were increased for stoichiometric combustion. In the
work of Wilson et al. (1993) however, it was stated that reducing the ignition delay via changes
to in-cylinder flow decreased the unburnt hydrocarbons. They also stated that asymmetric inlet
valve strategies showed improvements in HC emissions over the baseline strategy because of
the increased charge motion which promoted a more homogenous mixture. The same

conclusion of reduced HC with the valve deactivation compared to the two-valve baseline was
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reported in the work of Kreuter et al. (1992). Moore et al. (2011) also showed that the unburnt
hydrocarbons could be reduced with the valve deactivation in a range of engine speeds and

loads.

The particulate emissions of gasoline engines were traditionally much lower than those of
diesel engines and for this reason no regulations were posed. The lower particulates were due
to port fuel injection which resulted in the fuel being very well mixed with the air before the
combustion. When gasoline direct injection was introduced, it was found that this approach
leads to produce up to two times more Particulate Matter (PM) than the PFI (Raza et al., 2018)
and for this reason, legislations have been applied to limit the PM which is essentially the total
mass of the particulates. However, the size of the particles has also an impact on human health,
especially the ultrafine particles with sizes below 100 nm (Kampa and Castanas, 2008).
Particulate mass can be misleading in measuring the health hazard, because one particle of 10
um size has approximately the same mass as 1 million particles of 100 nm size. Thus, the latest
European legislation limits both the PM (4.5 mg/km) and the particulate number (PN) (6x10!
#/km). The global air-fuel ratio and the air-fuel distribution play an important role in the
particulate formation. Rich mixtures give an order of magnitude greater numbers of particles
compered to stoichiometric combustion (Pei et al., 2014) and rich pockets due to air-fuel
inhomogeneity even at lean operating condition can result in an increase of particulates. In
addition, pool fires which is the combustion of liquid fuel is another dominant factor for
particulate emissions from GDI engines. The fuel spray impingement on the engine walls, the
interaction with the lubricant and the formation of liquid film is the source of pool fires (Drake
et al., 2003). In the work of Moore et al. (2011), the valve deactivation showed a decrease of
soot emissions for various engine speeds and loads and for both rich and stoichiometric
combustion which was about 95% reduction when compared to the dual valve activation. This
was believed to be due to reduced fuel impingement on the walls and better mixing of the fuel
and air. Sukegawa ef al. (2014) proposed a method to estimate the PM based on the fuel mass
in regions of rich mixtures at the time of ignition obtained by non-combustion CFD of a
gasoline direct injection engine. A correlation between the amount of PM and the amount of
fuel in rich mixtures due to inadequate mixing and due to the evaporation of the liquid film
was derived. After tuning the constants of this correlation with the use of experimental and
CFD data, various engine running conditions with different spray patterns and strategies (start
of injection and split injections) were tested and experimental measurements were reproduced

using that correlation.
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1.7. Synopsis and present contribution

In the last decade, effort is being made to reduce the emissions of greenhouse gas and other
pollutants produced by road vehicles as well as to increase the efficiency of the engine.
However, due to higher cost, lower than expected fuel economy and the need of a lean NOy
aftertreatment of a gasoline engine, nowadays, more than 50% of the passenger cars in Western
Europe operate with a diesel engine (Zhao, 2010). As a result, extended research, numerical
and experimental, has been done and focused on direct injection diesel engine. Nevertheless,
because of the refinery of crude oil, production and usage of gasoline is inevitable and possible
future stricter emissions regulations for diesel engines, it is necessary to improve the direct

injection gasoline engines that can close the gap.

The two most important improvements on a gasoline engine is the increased geometrical
compression ratio and the increase in the ratio of specific heats (y) for increased thermal
efficiency. The dilution tolerance of the engine can be improved by manipulating the in-
cylinder charge motion to increase the turbulent kinetic energy, accelerate the combustion rate
and reduce the cycle-to-cycle variations. In addition, exhaust gas recirculation is an approach
for increased dilution, for reduced NOx emissions and supress the knock limit due to lower
temperatures. Experimental studies have showed the benefits of the aforementioned strategies,
more limited for the extension of dilution tolerance with the use of variable valve systems.
However, fundamental understanding of the processes that take place in the cylinder with these
strategies and the effect on the airflow and mixture formation is needed in order to optimise
the use and incorporate all of them. Optical engines, with the use of high quality images and
particle image velocimetry (PIV) data can give an insight of the in-cylinder phenomena.
Nevertheless, the optical access can be limited, obstructed by engine parts and/or restricted in

terms of engine load.

As the computational power increases and becomes cheaper, CFD simulations can give an
insight on the processes and the physical phenomena taking place within an engine cylinder
and explain the benefits and drawbacks of each adopted strategy on the engine cycle. Moreover,
new designs and ideas can be tested without the cost of manufacture. This can guide the

optimisation for a future high efficiency gasoline engine with reduced emissions.

In the literature, extensive studies have been carried out for improving the direct injection diesel

engines however, for gasoline engines the work is more limited and mostly experimental. More
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work is needed to improve the accuracy of the CFD solution for better interpretation of the
experimental results. Studies have showed the benefit of using variable valvetrain systems to
either control the effective compression and expansion ratio or to manipulate the in-cylinder
flow motion with an ultimate goal the increased thermal efficiency. However, different valve
strategies have an effect on the flow field, which can reduce the in-cylinder velocity and kinetic
energy with a negative effect on combustion efficiency and fuel consumption. In the literature,
findings of different researchers contradict each other, and further investigation is needed to
understand the reasons of these conflicts and improve these methods. To achieve the increased
thermal efficiency, this has to be done within the total range of operating conditions of an
engine, from low to high load. It is not clear at which engine load the benefits of each adopted
strategy diminish and what are the causes behind this. Models have to be implemented and
work accurately within this range. Truthful prediction of the fuel injection event is a key to
achieve the increased thermal efficiency however, the behaviour of the spray alters depending
on the conditions. Limited work has been done in implementing flash-boiling modelling on

engine simulations which is crucial at low engine load.

The objectives of the present work based on the findings of the above literature review and the
needs for an accurate CFD simulation are:

e Establish a best practice approach for setting up in-cylinder simulations with grid
independent solution and without the effect of the initial conditions.

e Validate the CFD code for the in-cylinder pressure and flow field according to available
experimental pressure traces of the AJ20 thermal engine equipped with a Continuous
Variable Valve Lift (CVVL) system and the AJ133 optical engine as well as PIV data
from the AJ133.

e Further validate the code for the flow around the valves and identify limitations of the
grid resolution and the turbulence modelling.

e Establish a modelling approach for sub-cooled fuel injection with the use of the
Lagrangian multi-phase treatment and validate it against detailed experimental data of
spray structure, penetration and droplet sizes in a quiescence chamber and in the AJ133
optical engine. Validate all necessary sub-models within the Lagrangian framework.

e Introduce an in-house flash-boiling model to two different engine geometries and
validate its behaviour against experimental data of flash-boiling spray structure in the

AJ133 optical engine.
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e Establish a best practice approach for implementing both sub-cooled and flash-boiling
spray modelling in a quiescent chamber and in engine simulations with the least
possible differences in the implementation process. This means improvement of the
grid independency of the existing flash-boiling model and align it with the existing
setup of a sub-cooled spray.

e Investigate the effects of valve deactivation on the in-cylinder flow and heat transfer
for different engine loads. Provide interpretation of the experimental results of the valve
deactivation and give an insight of the reasons behind benefits and drawbacks.

e Investigate the effects of valve deactivation on the in-cylinder air-fuel mixture at two
different loads with the use of the appropriate spray modelling for each load.
Understand the behaviour of the flash boiling model on real engine operating
conditions. Provide interpretation of the experimental results of emissions with and
without the use of combustion modelling.

e Utilise the capabilities of the CVVL system with differential intake valve strategies,
understand and exploit the benefits and reduce the disadvantages of the valve
deactivation. Provide interpretation of the experimental results and guide the
development of valve strategies to extend the dilution tolerance of the engine and
increase the thermal efficiency.

e Investigate the reasons of cyclic variability differences at high dilution levels of Dual

and Single Valve Actuation.
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Chapter 2

Mathematical Formulation

2.1. Basic flow solution

In this study, the commercial CFD code STAR-CD, which is based on the finite volume
method, is used to calculate fluid flow, heat and mass transfer and other related phenomena by
using numerical methods that solve the well-known Navier-Stokes partial differential equations
which govern them. These equations are based on the conservation laws of mass and

momentum and are showed below (Versteeg and Malalasekera, 2007):

dp 0
E-Fa_xi(pui) =0 (2.1)
a(Puj)_l_i( u.u.)z—a—p+i % +S (22)
ot 0x; pUjthi dx;  0x; ‘uaj " .

Where, t is time, x; the Cartesian coordinate (i = 1,2,3) the Cartesian coordinate, u; the
absolute fluid velocity component in direction x;, p the density, p the pressure, u the dynamic

viscosity and S,,, is the momentum source term.
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In addition, the conservation of energy is considered:

o(pe) 0 ou; 0 ( 6T>+Se 2.3)

P +a—xi(Peui) = —Pa—xi‘l'a—xi

Where, e is the internal energy, k is the thermal conductivity, T is the temperature and S, the

energy source term.

One more equation can be added, the equation of state and it is related to the density. A common
assumption in the case of liquids or incompressible gases is p = costant. Also, the ideal gas

law can be used for the equation of state. In this study, the ideal gas law was used:

p
p=

=T = % ) 2.4)

Where p is the pressure, R is the universal gas constant, T is the temperature, Y; is the mass

fraction of a component with molecular weight M;.

The viscosity was calculated based on the Sutherland's law:

T \*°273.15+C
k= (5512) A (2.5)

273.15 T+ C,

Where 1o = 1.716e — 05 =% and C; = 116 K.

2.2. Turbulence modelling

The air flow in an internal combustion engine is turbulent with Reynold number of the order
of 5-10* - 4-10° in the manifold branch, depending on the engine speed (Heywood 1988).
Turbulence affects not only the manifold flow field but also the in-cylinder flow, the mixture

formation and the combustion.

In order to capture the turbulence of the flow, various methods have been proposed. The most
accurate way is the Direct Numerical Simulation (DNS) which resolves all the scales of
turbulence from the smallest (Kolmogorov scale) to the largest without any turbulence model.
However, this method is very expensive computationally and it is not used in industrial
applications. Another approach based on space-filtered equations called Large Eddy
Simulation (LES) is getting more popular as the computational power is increased. In this

approach, it is assumed that the large eddies of the flow are dependent on the geometry and
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they are numerically solved while the sub-grid scales are modelled. It is less expensive than
DNS but it provides very accurate results. Because engineers are generally interested in mean
values and properties of a turbulent flow, using the two methods discussed above, are not
typical in common engineering practice. For this reason, the time-averaged Reynolds-
Averaged Navier-Stokes (RANS) method is used to predict the average of turbulent flows. This
method is based on equations obtained by averaging the equations of motion over time to which
approximations are introduced with the turbulence models. Specifically, Reynolds averaging

gives rise to velocity covariancesu; u; referred to as the Reynolds Stresses. Boussinesq (1877)

proposed that the turbulent shear stress arising from the cross-correlation of fluctuating

.. ) — au ) L
velocities could be determined as: —pw,u; = pv, 7" where v, is the Turbulent Viscosity or

Eddy Viscosity that needs to be modelled. Based on the RANS equations the most popular
models for turbulence, are the two-equation standard k-¢ and k- models and their variants. In
the current work, the RANS approach was used to obtain understanding of the average of the
in-cylinder phenomena with the use of the k-¢ RNG model which seemed to be the most
appropriate for engine simulations and the LES approach was used to obtain understanding of
the variability of the in-cylinder parameters. Due to modifications that the STAR-CD software
applies to some formulations, the description of the models bellow, follows the notation of the

STAR-CD code.

Standard k-¢ model
Based on the work of Jones and Launder (1972) and Launder and Spalding (1974), the transport

equations as they are solved by the software are:

Turbulence kinetic energy (k):

9 o) + -\ puk ( +”t)ak
Jt p 0x; PY # o/ 0%; 2.6)
2 aui aui ‘
= (P + Pg) — pe —§<Mt%+l)k>%
L l
Where,
aui
P=S;— (2.7)
Y Oxl-
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gi 10p
Pp=——= .
7 O-h,tpaxl (2 8)

and gy, is the turbulent Prandtl number. The first term on the right-hand side of the equation
represents turbulent generation by shear and normal stresses and buoyancy forces, the second
viscous dissipation, and the third amplification or attenuation due to compressibility effects.

The last term accounts for the non-linear contributions.

Turbulence dissipation rate (g):

( 0 + i} l < N ) de
pe puse — (u
] 0x;
€ 2 ou; ou g?
=Cay; [utP - §<uta—x: + pk) axl] + Ce k.utPB Cop7 (29
aui
+ Cs4P€a—xi

Where, o, is the turbulent Prandtl number, C,q, C,,, Cc3, Cey are coefficients that were kept
constant at their default values. The first term on the right-hand side represents the contribution
to the production of dissipation due to linear stresses and dilatation/compression effects, the
second the contribution due to buoyancy, the third term in the equation accounts for the
dissipation destruction, the fourth the contribution due to temporal mean density changes and

the fifth the contribution due to non-linear stresses. The turbulent viscosity is defined as:

C

upk?

&

(2.10)

Uy =

With C, and empirical coefficient.

RNG (Re-Normalisation Group) k-¢ model
Based on the work of Yakhot and Orszag 1986 and Yakhot et al., 1992 the transport equations

as they are solved by the software are:
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Turbulence kinetic energy (k):

ok

d
(pk) T o Ipu]k (ﬂ * ak) 0x;

2.11)

(P + Pg) — 2( o k)aui
_nut B p{;‘ 3 l’l'tal p axl

Turbulence dissipation rate (¢):

0 de
(ps) + pujs - (u + )ax]

£ 2 ou; g2
= ‘91; [Mtp - §<I’l‘t a + pk) ax ] + ng k[ltPB C£2p7 (212)

0w Cun(1 —n/no) pe?
0x; 1+ pn3 k

+ Ceape

Where,n =S g and 7, B are empirical coefficients.

Comparison of the equations of standard k-¢ and RNG k-¢ shows that the only difference
appears at the turbulence dissipation rate (&) equation. In the RNG model an extra term at the
end of the equation is added and represents the effect of mean flow distortion on the turbulence
which was described by Rodi (1979). Moreover, minor differences exist between standard and
RNG model at the values of the coefficients. Again, they were kept constant at their default
values. Lastly, it has to be noted that in the original form of the RNG model, no compressibility
or buoyancy effects were taken account however, in STAR-CD are modelled as in the standard

k-& model.

Standard k- model
Based on the work of Wilcox (1998) the transport equations as they are solved by the software

arc:

Turbulence kinetic energy (k):

d ok
(pk) +o [pu]k <u + UT> ale = pu(P + Pg) — pfrkw (2.13)
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Specific dissipation rate (w):

d d U\ Ow ) 5
a(pw) + a—x] pU® — (,u + @)a_, = azutP — pBw* + Ce3uPpCw (2.14)
and by definition
:
W = Ck (2.15)
Where,
B = Bofp. B = Bofp (2.16)
1 Xk <0
1+ 70y, 2
=— 2% £~ -114+680 2.17
Ts 1+ 80y, Ts —X’; Ye >0 (2.17)
1+ 400x;
1 0k dw "Qij'ijSki
Xk =373 X0 = |75 N3 2.18
w3 dx;0x;" " | (2Byw)3 (2.18)
Ce3, Cy, are empirical coefficients and the turbulent viscosity is given by:
= _ kK (2.19)
He = pVe = 'Da) :

k- SST (Shear Stress Transport) model
Based on the work of Menter (1993) the transport equations as they are solved by the software

arc:

Turbulence kinetic energy (k):

9 o) + 2wk — (u+ 2NN P+ Py — 0Bk 2.20

k J
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Specific dissipation rate (w):

0 (0e) + d ( N ut>6m
gt P 0X; pLj© —(H O/ 0X;
(2.21)
W ) 1 10w 0k
= o ieP = pP” + CestePpCyoo +2(1 — Fl)Pgaa—Xja—X]
Where the blending function F; is:
F, = tanh(arg?) (2.22)
Vk 5000 4pk
= mi 2.23
g, = mm [max <0.09wy' Yo )’ag’chkwyZl (2:23)
Dy = 2p Ok 00 420 2.24
ko = MHAX wol, 0x; 0x;’ 224)
The turbulent viscosity is:
- ak 2.25
He = pmax(alw,Q*FZ) (225)
Where a; = 0.31 and the blending function F, is:
F, = tanh(arg3) (2.26)
vk 500v
— 2.27
arg, = max (2 0,090y y2w> ( )

Comparison of the equations of the standard k-o model and the k- SST model shows
difference only on the specific dissipation rate (w) equation. For the k- SST model an extra
term is added at the end of the equation. The two equations of k and ® of the SST model are a
blend of the standard k- model and the k-¢ model in order to incorporate the advantages of
both models. With this, standard k- is used near the boundary layer (wall) and it gradually

changes to k-¢ for the rest of the flow.

The constants ¢ of the model are functions of the blending function F; and are expressed in

the general form:

@ =Fo;+1-F)o, (2.28)
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Where ¢4, ¢, represent the constants of the k- and k-& models respectively and are given by
two separate sets of constants. The first set corresponds to the standard k-o model and the

second corresponds to the k-& model.

However, deeper investigation of the turbulence models was out of the scope of this study,
thus, detailed information about the aforementioned models and their mathematical
formulations can be found elsewhere (Blazek 2015), (Ferziger and Peric 2012), (Versteeg and
Malalasekera 2007) and (Wilcox 1998).

LES — Smagorinsky sub-grid scale model

As discussed before, the concept of the LES is to solve explicitly the large-scale eddies which
are dependent on the flow geometry, while the eddies smaller than the computational grid (sub-
grid scale or SGS) are modelled. The LES approach does not use an averaging procedure but
applies a spatial filter to the Navier-Stokes equations and for a flow variable ¢ (x, t) the filtered

variable is defined as:

Bl t) = f# 60— 2, D)o £) i (2.29)

Where G is the filter function with filter width of 4 = 3/V,;;.

When the LES filtering is applied to the Navier-Stokes equations, it results in the SGS stress

tensor Tggsij = ﬁ((uiuj) — (ui)(uj)) which requires modelling.
The simplest way to model this SGS stress tensor is by using a Boussinesq assumption and

takes the form:

Tsgsij = —2PVsgsSij + §TSGS,kk5ij (2.30)

Where p denotes filtered density, S;; is the strain rate tensor and Tsgg k is the isotropic part of

the sub-grid scale stresses which is not modelled, but added to the filtered pressure equation.

The sub-grid scale turbulent viscosity equation was suggested by Smagorinsky (1963) and is

Vsgs = (CSA)Z ’ZSUSU (231)

given by:

74



Chapter 2 - Mathematical Formulation

The constant C, is the Smagorinsky constant and typically is in the range of 0.1 — 0.2. In this
work (C4)? = 0.02.

2.3. Residuals and EGR Concentration Calculations

The residuals (combustion products) and EGR concentration before Exhaust Valve Opening
(EVO) in the cylinder and the intake and exhaust ports were calculated based on the complete
stoichiometric (®=A=1) or lean (®<Il or A>1) combustion reaction. To begin with, the

stoichiometric combustion equation of a hydrocarbon in oxygen is:

In an IC engine, air is used as a source of oxygen and nitrogen can be added to the equation.
While nitrogen can be oxidized to NOx due to the high combustion temperature, the amount
of NOx is significantly less compared to the other products. For this reason, nitrogen was added
to the equation, but it was assumed that it does not take place to the chemical reaction. The
approximate air composition in mole basis is 21% oxygen (O2) and 79% nitrogen (N2). Thus,

the stoichiometric combustion equation of a hydrocarbon in air can be written as:

CqHgO +<0(+E—X)(O +2N )—>aCO +EH O+(a+ﬁ—z>2N
By 4 2)\"27 21?2 2Tt 47 2)7102  (2.33)
AIR
For lean combustion, the chemical reaction can be written as:
1 B vy 79
IC“HBOY+(O(+Z_§>(OZ +ﬁN2>
AIR
1 1B B v\79 (2.34)
—>EOCCOZ +EEHZO+<CL+Z—§)ZN2

+(1-2) e+ 5-3)o:

When EGR is used, an X (mass fraction) amount of combustion products remains in the

chamber and the combustion equation with EGR can be written as:
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1 B vy 79
ZC‘XHSOY + (O( +Z—E> <02 +ﬁN2>
AIR
1 1B B y\79 1 B vy
X|-aC0O, +—-=H,0 ——=]=—=N. 1—- —-—=]0
* (A“ 2t 32" +<a+4 2)21 2+< A)<“+4 2) 2)
TCR (2.35)
1 15 B v\79
—>(1+X)za602+(1+X)EEH20+(1+X)<CL+Z—§)Z 2
1 B v
+(1+X)(1_I)<a+z_§)02
Therefore, the relative mass of exhaust gases is given by:
1 15 L y\79
Meg=(1 +X)IaWCOZ+(1+X)I§WHZO+(1 +X) a+Z—§ HWNZ

(2.36)
ra+0(1-3(a+B-Yw,
A 4 2 2
Experimentally, engine out emissions, EGR and Air Fuel Ratio (AFR) were measured using a

Horiba Mexa One emissions analyser. EGR was measured in volume fraction (or mole fraction

for ideal gas) which was based on the equation:

(IPCOZ_int - l‘UCOZ_air)

EGR%(vol) =
(I‘UCOZ_exh - l‘UCOZ_int)

100% (2.37)

Where Wco, x 1s the mole fraction of CO2 at an x location which is the intake, exhaust or
ambient air. All the data except from W¢¢, ;e Where recorded by the analyser, thus Y¢o, int

could be calculated.

EGR volume flow rate

For the Horiba Mexa One analyser the EGR is defined as EGR =

Fresh Air volume flow rate

However, STAR-CD is working with mass fractions and all the volume fractions had to be

converted. Thus, the EGR mass fraction was calculated from:

(YCOZ_int - YCOZ_air)

EGR(mass) = (2.38)
(YCOZ_exh - YCOZ_int)
M M
qJCOZ_int % - qJCOZ_air %)
EGR(mass) = int air (2.39)

leCOZ h MCOZ - qJCOZ int MCOZ)
ex in
- Mexh - Mint

Where M, is the molecular weight of CO2, the intake mass, exhaust mass and the ambient air.
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The molecular weights of intake mass and exhaust mass where calculated from:

Mexn = ¥co2_exn " Mcoz + Peo,, “ Mco + Yoz, * Moz + Phe,,, " Muc
+ PNoxown " Mnox (2.40)

+ (1 - qJCOZ_exh - leCO_exh - qJHC_exh - leNOx_exh) "My,

(qJCOZ_int - leCOZ_air)

(leCOZ_exh - qJCOZ_air)

Min: = Mg + (Mexh - Mair) * (2.41)

M; ¢xp 1s the molar mass of its substance at the exhaust. Again, all the concentrations for the

above calculations were taken from the analyser.
The mass fraction of the EGR in the intake port is:

in EGR mass flow rate EGR(mass)
EGR = = (2.42)
Total mass flow rate 1+ EGR(mass)

Finally, the calculation of the exhaust and intake gas mass fraction are calculated from the
Table 2.1. Because the simulation started before EVO, the cylinder was initialised with exhaust

gases.

It can be seen that the (1 + X) term is cancelled out for the mass fraction calculations, meaning

that the EGR is not taking part in the combustion formula and it can be omitted.

Mair Mint Mexh

Cylinder

Figure 2.1 A schematic of the Exhaust Gas Recirculation (EGR)

To calculate the EGR mass fraction of equation 2.35 we have:
At the intake port the mass of CO2 can be written as Moy int = Mco2_ air T Mco2 EGR

The mass fraction of CO2 in each location (intake, EGR and ambient air) can be written as:

Yeoz air =——— (2.43)
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_ Mco2 EGR
Yooz kR = ———
MEGR
_ Mcoz_int
YCOZ int —
Mint

With Yeo2 g6r = Yco2 exn

Thus,
Yeoz_ine " Mine = Yco2_air * Mair + Ycoz_exn * Mecr
With
Mint = Mgir + Mggp

And rearranging:

MEGR (YCOZ_int - YCOZ_air)

= = EGR(mass)
Mair (Ycoz_exh - YCOZ_int)

The same procedure can be followed for the calculation of the EGR (vol).

At the intake port the mole of CO2 can be written as:

Ncoz int = Nco2_air T Nco2_EGR

(2.44)

(2.45)

(2.46)

(2.47)

(2.48)

(2.49)

The mole fraction of CO2 in each location (intake, EGR and ambient air) can be written as:

p _ Mco2_air
CO2_air —
Mair
W _ Mco2 EGR
CO2EGR = —_—
MEgGR
W _ Mcoz_int
coz2_int —
Mint

And thus:

(I‘UCOZ_int - l1UC02_air)

EGR(vol) =
(SUCOZ_exh - IIUCOZ_int)
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Species | In-cylinder and Exhaust Gas Mass Fractions | Intake Gas Mass Fractions
1 . WCO '
co2 Gr=7 - 2(1+X) Vin, - Ve
. i in exh
H20 exh 2 2 yin .
Y, = —, (1 + X) 5o " Y0
H20 = 7T
N2 ;2 (a + % - %) Wy 0.767.(1 — Yig) + Yigr
exh __
Yy, " = M, a+x g
02 (a + % - %) Wo 0.233.(1 = Y{%R) + Yigg
Yexh — (1 _ _) Lax
- 4 Me (% Y5
_(1 1 B 79 . 5y
Moy = (70 Weo, + 3.5 oo + (a+5=3) g7 W+ (1=3) (x5 =3)- Weu ) 140

Table 2.1 Mass fraction calculations of various species for initialisation before EVO

2.4. Wall heat flux
The wall heat transfer was dealt with by the Angelberger model (Angelberger et al. 1997),

which is given by Equation 1. g, is heat transfer that is calculated according to equation 2.51,

density p, specific heat capacity at a constant pressure ¢, friction velocity u., and temperature

T with subscript w referring to wall values:

_ PwCpuTy T

Gw=""(g+ 1 (a) (2.54)

Pryt, yt <132

t = 2.
¢ {2.075 In(y*) + 3.9, y*t >13.2 (2.55)
The friction velocity is calculated from:
u—u

Up = —— d (2.56)

with ut =

yh oyt <uynm
= In(Ey*), y* > i
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The y, satisfies the equation y,;, = %ln(E yi+), k is the von Karman constant (k = 0.4) and E

is an empirical coefficient which depends on the turbulence model which is E = 9 for k- RNG.

Pr is the Prandtl number, u is the tangential fluid velocity and u,, is the tangential wall velocity.
For the k-¢ model the y* is given by: y* = pCMl/‘Lkl/2 y/u with C, = 0.085 for k-¢ RNG

model.

2.5. Spray modelling

The Lagrangian multi-phase modelling was adopted to simulate the fuel injection. In this
framework, the dispersed phase consists of liquid droplets which interact with the continuous
phase, with each other and with solid boundaries. The interaction with the continuous phase
can lead to change of the trajectory of the droplet, heat and mass transfer, and break up of the
element due to aerodynamic forces. The interaction of each other can lead to further break up,
coalescence etc. Finally, the interaction with boundaries may result to liquid film formation

depending on the impact conditions.
The momentum equation for a droplet of mass m travelling with a velocity u, is:

du
mdd—: = Far + By + Fypy + F, (2.57)

Where:

e F,, is the drag force of a spherical droplet:

1
Far = 5 CapAa(u = ug)? (2.58)

where C is the drag coefficient, p is the density of the continuous phase, 4, the droplet cross-
sectional area and (u — uy) is the relative velocity between the droplet and the continuous

phase.

The drag coefficient is based on a sphere:

0.687 <
C, = {24(1 +0.15Re;"**”)/Req,  Req < 1000 (2.59)

0.44, Re; > 1000
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_ plu—uqlDy

Rey; = p (2.60)
e F, is the pressure force:
F, = —V,Vp (2.61)
where V; is the droplet volume and Vp is the pressure gradient in the carrier fluid.
e [, is called virtual mass and it is given by the formula:
E, = —o.spvdW (2.62)

e [, represents the gravitational force.
The rate of change of mass for a single component droplet according to Bird et al. (1966) is:

dmd

= = —AK,p,In <M> 2.63)

Pt — Pus

Where A; is the droplet surface area, K is the mass transfer coefficient, p¢, py o,and p,, s are
the gas pressure and partial pressures of the vapour in the droplet surroundings and at its
surface, respectively. The surface vapour pressure is assumed to be equal to the saturation

pressure at the droplet temperature. The mass transfer coefficient is taken from Ranz and

Marshall (1952):

Sh D,

=" 2.64
g Rm Tm Dd ( )

Where R,, is the mixture gas constant, T}, is the mean (film) temperature and D,, is the vapour

diffusivity. The Sherwood number Sh is given by:

Sh =2(1+ 0.3Re;**Sc/?) (2.65)

Hm

And the Sc is the Schmidt number: S¢ = Dy

Um 1s the average viscosity of air-vapour mixture
in the film and D,, is the diffusion coefficient of air-vapour mixture.
The conservation of energy of a droplet is:

de v dmd
MuCpa W = _Asqd + hfg 7 (266)
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Where ¢, 4 is the droplet specific heat, hy, is the latent heat of phase change and q'(’i’ is the

surface heat transfer rate given by:
qy =h(Ty—T) (2.67)
And h is the heat transfer coefficient taken from El Wakil et al. (1954):

ky NuZ

where k,, is the average thermal conductivity of air-vapour mixture in film, Z is a correction

factor and Nu is the Nusselt number according to Ranz, and Marshall (1952):

Nu = 2(1 + 0.3Re,**Pr'/?) (2.69)

Cp,m Um

in which Pr is the Prandtl number: Pr = and ¢, -, 1s the average specific heat of air-

m

vapour mixture in film at constant pressure.
The correction factor is given by:

_ Cpm (dmg/dt)

/ =
T[Dd kmNu

(2.70)

2.5.1. Flash boiling modelling
The flash boiling modelling was based on the work of Price et al. (2015, 2016). A brief
description of the models follows. More information can be found in the aforementioned

publications.

During flash boiling cases, an empirical equation of superheated droplet evaporation proposed
by Adachi et al. (1996) based on experiments of n-Pentane was added to the subcooled rate of

change of mass. This equation is:

dmd,sh _ ASaATSh

2.71
dt hy @71

where « is a heat transfer coefficient, ATy, is the degree of superheat, and h, is the heat of

vaporisation. Depending on the superheat degree, the heat transfer coefficient « is:
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760AT, %%, AT, <5
a= 274T, %3, 5 < ATy, < 25 (2.72)
138004T,,%%°, ATy, =25

Where ATy, = Ty — Tsar

A flash boiling boundary condition model documented in Price ef al. (2016) in order to estimate
the initial droplet diameter was applied. With this, the initial droplet diameter is smaller than
the nozzle diameter by a reduction factor which depends on in nozzle cavitation and vapour
generation through wall nucleation. This model is based on the work of Riznic and Ishii (1989).
In Figure 2.2 the diameter reduction factor is displayed for n-Pentane and iso-Octane versus
fuel temperature at three different ambient pressures. It is evident that the rate of reduction
increases as the fuel temperature is increased. A limit of 14 pm has been applied to the model

as the minimum droplet diameter

1.0

= 0.9 1
3]
K 0.8 +
| =
o 0.7 +
=)
S 0.6 + LR}
T % ) n-Pentane P_ = 1.0bar \
5 o5 - \ L
3 ég ' - — - n-Pentane P, =0.5bar \ \
Q= 044 \
g ..... n-Pentane P = 0.3bar \
a 03 + -
a iso-Octane P_, = 1.0bar %
= 02 + ; :
g = = jso-Octane P =0.5bar i

1 ; \
- 01 T ===+ js0-Octane P, =0.3bar '

0.0 ey , :
250 300 350 400 450 500 550

Temperature ( T)) [K]

Figure 2.2 Predicted droplet diameter at varying temperature at ambient pressures of Poo = 1.0 bar,
Poo = 0.5 bar, and Pxo = 0.3 bar. Price et al. (2016)

2.5.2. Break-up modelling

The Reitz-Diwakar model based on the work of Reitz and Diwakar (1986) was chosen in this
study which takes into account the aerodynamic forces in the break-up mechanism. Two
regimes of the break-up process are modelled, named ‘Bag’ and ‘Stripping’. During the bag

break-up, the droplet expands in the low pressure wake region and collapses when the surface
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tension is overcome. In the stripping mechanism liquid fragments are stripped from the droplet

surface. The break-up rate (rate of reduction of droplet diameter) is calculated from:

dDy _ (Da = Dastavte) 2.73)

dt Ta

Where Dy is the instantaneous droplet diameter, Dy s¢qp1e 15 the stable droplet diameter and 74

is the characteristic time scale of the break-up process.

The instability criterion for the bag break-up is determined by the critical value of the Weber

number:

_p(u—ug)?Dy

14
€ ZO'd

> Cpq (2.74)
The stable diameter is calculated when the equality is satisfied. Here, o, is the surface tension
of the droplet, and €, is an empirical constant and the default value is 6.

The time scale of the bag break-up is calculated by:

_ Cpz Pa°° Ddl's

q= 20,05 (2.75)
The default value of the constant Cy,, is 3.1416.
The instability criterion for the stripping break-up is determined by:
We
2 Csy (2.76)
Red

The default value of the Cg; constant is 0.5.

The time scale of the stripping break-up is calculated by:

1 Dy ’Pd
==Cy— |— 2.77
Ta 2 s2 |u _ udl p ( )

The default value of the Cs, constant is 20.

These four constants can be altered in order to increase or reduce the severity of the break-up

mechanisms and ultimately determine the penetration and droplet size of a spray.
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2.5.3. Droplet-Droplet Interaction

The inter-droplet collisions are modelled according to the work of O’Rourke (1981). Which
distinguishes three regimes (coalescence, separation and bouncing) and it is based on a
statistical approach. For the separation and bouncing regimes, only momentum is exchanged
between droplets and in coalescence mass and energy are also exchanged. In addition, in the
O’Rourke model, neither shattering of the droplets nor formation of satellite droplets due to

the collision are considered.

In the model, all droplets are considered to be uniformly distributed in each computational cell.

A collision frequency is calculated from:

T Nd
v =72 (Dar + Daz)*uas — uaz|Erz (2.78)

In this equation the subscript 1 denotes the parcel with the larger diameter (collector) and the
subscript 2 denotes the parcel with the smaller diameter (donor). N, is the number of the
droplets in the donor and V' is the cell volume. The parameter E; , is called collision efficiency

and it is given by:

. 0.75In(2 W)\ > W 1214
Ei, = W —1.214 ’ ' (2.79)
0 ., W<1214

The parameter W is given by:

_ Paz lua1 — Ugz| D,

w (2.80)
9 uDgq
The probability of n collisions follows a Poisson distribution:
n)*
p =) (2.81)
n!

Where n' is the mean value of the distribution: n" = v 6t, and 6t is the time interval.

After that, a random number N,; from the interval (0 — 1) is chosen and if N,; < B, then no

collision occurs.

As soon as a collision is detected, the type of collision is calculated based on the droplet Weber

number We; and the probability of coalescence E,q;.
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_ pa(u—1ug)®Dy

Wep, = 2.82

eL 20, (2.82)
(241 (4)

Ecoal = min lW—eL, 1 (283)

Where f(y) = y3 — 2.4y2 + 2.7y withy = Dy, /Dgy;

A second random number N,., is generated and if N,; < E,,; then coalescence or bouncing
occurs. For the bouncing regime the criterion of We; < Wey,,, has to be met as well. The

Wep,, is given by Wey,,, = 2.4 f(y) N,,>.

From the above description it can be seen that O'Rourke did not propose a trajectory model,
with associated grid dependence effects as reported in Hou and Schmidt (2006). For this reason,
a geometric constrain proposed by Nordin (2001) was also applied. In this, the droplets have

to travel towards each other meaning that:

Xaz2 — Xd1
Uiz = (Uas — udz)—lxd ol >0 (2.84)
2 1

Where u, are the droplet velocities and x,; are the parcel position vectors.

Furthermore, the relative displacement between the parcels must be larger than the distance

between them:
Uiz At > |xgp — xq1| — (rg1 + 742) (2.85)

Where At is the timestep and 1,4 the droplet radius.

2.5.4. Droplet-Wall Interaction

For the droplet - wall interaction, various theories have been proposed depending on various
experimental data with different liquids, however, a generalised theory does not exist. Some of
the theories or combination of them are implemented in STAR-CD. Two of the most detailed,
with different sub-models depending on the wall conditions, the dynamic characteristics of the
impacting droplets and the physical properties of the droplets are the Bai-ONERA and Senda
models. The first model is a combination of the work of Bai and Gosman (1995) and Rosa et
al. (2006) along with modifications made for STAR-CD to incorporate non-smooth and wetted
walls. The Senda model is based on a series of publications of Prof. Senda and his co-workers

but some of the droplet - wall interaction regimes (deposition and rebound) described in Senda
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model are identical to these of Bai and Gosman. In addition, some features of the Bai-ONERA
have been introduced to the Senda model by the STAR-CD software. These two models were

used in the validation of the liquid film generation and a brief description of them will follow.
Both of the models are based on the dimensionless parameters:

e Droplet Weber number We

e Reynold number Re

Ha

e Ohnesorge number Oh = (paDaoa)

e Laplace number La, where Oh = La™%°
. . o s _ Tw=T
e Dimensionless temperature T*: T* = 2*—~
TL-TN

Where Ty, is the wall temperature, Ty is the Nukiyama temperature and T, is the Leidenfrost

temperature.

The Nukiyama temperature is given by Ty = Bg Tpoi1ing Where By is a constant and for iso-

Octane Bg = 1.062.
The Leidenfrost temperature is given by the Habchi model (Habchi 2010):
Ti1 — Thoiting, P < 1bar

T Thotling™2 (7 _ Ty + A, P > 1 abr
Tc=Tp

T, =T, + AT, AT = (2.86)

Where T, is the critical temperature and T the saturation temperature. A = max|1, T;; — T¢|

and T}, is calculated based on the Speigler ef al. (1963) model: T, = % Tc.

In addition, both models distinguish three regimes depending on the value of T*. These regimes

arc:

1. Natural convection and nucleate boiling regimes, T* < 0.0
2. Transition boiling regime, 0.0 < T* < 1.0
3. Film boiling regime, T* > 1.0
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Bai-ONERA model

The three regimes of the model, along with the various impingement outcomes are shown in

Figure 2.3.
1 .-
Splash & | Splash & I Deposition
Deposition I Faded ' .
: Deposition : Transition
SN B :‘ N | Splash no Deposition
~ 1
| 2 !
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’/ I Rebound
|
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TW=TN TW=TL

Figure 2.3 Representation of the Bai-ONERA regimes. (Solsjo, personal communications)

The dimensionless number K of the y-axis is given by K = We Oh™%*. Depending on the K
number of the droplet and the T*, the outcome of the impact may be deposition, rebound or
splash or a combination. In the deposition outcome, liquid film is created. In the rebound, the
impacting droplet bounces off the wall. During splash, the impinging droplet breaks-up into
many secondary droplets. These outcomes were firstly discussed in the work of Bai and

Gosman (1995).

The K, value defines the transition between deposition and splashing and the K, value defines
the transition between deposition and rebound. The grey lines of K and K, denote alternative
critical values which depend on the roughness of a dry wall in the case of K and the Laplace
number of the droplet in the case of a wet wall. The equations which govern these transitions

arc:

K, T*<0.0
K, ={ Ky, + T*(450 — K,), 0.0<T*<1.0 (2.87)
450, x>0
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00, T*<0.0
K, ={450+(T*)3,  00<T*<1.0 (2.88)
450, x>0

Where K, = 3000 for a smooth and dry wall. For a non-smooth and dry wall the K|, is given

180 Rs°3°, Rs < 0.03

by: K, ={
Y- fo 600, Rs > 0.03

Where, Ry is the roughness parameter

For a wetted wall the rebound to deposition transition is affected (grey line of K,) by K, <

5 La®?

Senda model
The three regimes as in the Bai-ONERA model, depending on the value of T*are shown in

Figure 2.4 together with the outcome of the impact.
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v | | -
5 1 Splash & : Transition
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g |
E: ( ____________ |Wecrit
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Deposition &= = = = = = = — = = 200 I
: Rebound &
(ﬂ( 1) ; 1 Breakup
Rebound 100F===-—---
Sp|85h&DEp i 1 Rebound
T'=0 T =1 T [_?
Tw=Tn Tw=T,

Figure 2.4 Representation of the Senda regimes (Solsjo, personal communications)

Here, the outcome of the impact which can be deposition, rebound or splash or a combination

depends on the Weber number of the droplet and the condition of the wall (dry or wet).

1. Natural convection and nucleate boiling regimes, T* < 0.0
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For a dry wall and We < 400 the outcome of the impact can be either deposition or deposition
and splash. This depends on a time scale parameter a. For Weber number greater than 400
(We > 400) the outcome is deposition and splash. After the impingement outcome, splash

mass ratios, the diameters and the reflection angles of the secondary droplets are calculated.

For a wetted wall, Weber numbers smaller than 300 and also depending on the thickness of the
existing film the splashing mechanism is classified into three types (rim-type, cluster-type, and
column-type). Depending on the splashing type, which is the interaction between droplet and
existing film, various numbers of secondary droplets are generated. For 300 < We < We,,
the outcome is deposition of the droplet into the existing film. For Weber numbers greater than

the critical, the impacting outcome is splash. The critical Weber number is given by:

We. = (2164 + 75605178)La=%2. § is called dimensionless film thickness which depends

on the Weber number of the impacting droplet.
2. Transition boiling regime, 0.0 < T* < 1.0

In this temperature region the original Senda model does not allow deposition however, in
STAR-CD, features of the Bai-ONERA were applied for partial deposition. The distinction
between the three outcomes is again the Weber number. For We < 200 the outcome is
rebound, for 200 < We < We,, the outcome is deposition/spread and for We > We,, the
outcome is splash. The critical Weber number is calculated with the same equation as the first
regime. The post-impingement behaviour for rebound and spread is identical to that used in the

Bai and Gosman (1995) model.
3. Film boiling regime, T* > 1.0

For this regime, there is no deposition due to the high temperature of the wall. As a result of a
vapour layer between the surface and the droplet, the possible impacting outcomes are rebound,
splash or combination which depends on the Weber number of the impacting droplet. If We <
100 then the outcome is rebound, for 100 < We < 200 the outcome is rebound and break up
and if We > 200 the outcome is splash. For different Weber numbers the secondary droplets

will have different diameters and reflecting numbers.
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2.6. Liquid film modelling

The result of the deposition from a droplet - wall interaction is the formation of liquid film. In
STAR-CD, the work of Bai and Gosman (1996) has been implemented to solve the liquid film
conservation equations and it is based on an Eulerian model within the boundary-layer
framework. These take into account phenomena such as the change of mass due to droplet
impingement, film separation, and/or evaporation, exchange of momentum with the gas or

impacting droplets, heat transfer from/to the wall (conduction) and air (convection).

Depending on the geometry of the wall where the film resides and the flow condition, film
stripping may occur. During the film separation or film stripping, an amount of liquid is
detached from the film and takes the form of droplets into the Eulerian phase. Three

mechanisms are responsible for the stripping:

e Stripping due to wave instability generated by an adjacent gas flow
e Stripping due to body-force induced instability (gravity, piston acceleration)

e Break-up caused by flow over a sharp edge

The two first mechanisms are modelled in STAR-CD based on the work of Foucart (1998).
Due to external forces, waves are generated on the liquid surface and as these waves grow, they
become unstable and are separated from the liquid film, generating droplets. These instabilities
are based on the Kelvin-Helmotz model and the detach is based on the Rayleigh-Taylor model.

An illustration of the first two processes is displayed in Figure 2.5

- /* /|
¥ W

Sgma =) > et —
P 74 u; N 74 Uy P ) ;)
) 7 s o v =
wau‘J

5 ) Ejected 3 Ejected

n Cylinder n Droplets
Figure 2.5 Representation of liquid film stripping due to wave and body-force induced instability.
(Methodology, STAR-CD, 2016 CD-adapco)

Sy -

The third mechanism is modelled according to the work of Friedrich et al. (2008) which is
based on a force balance and the generated droplets follow a distribution proposed by
Maroteaux et al. (2002). The representation of the film stripping is showed in Figure 2.6. The

model is activated only when 0 is smaller than a critical value with a default value of 45°.

91



Chapter 2 - Mathematical Formulation

Liquid film Generated droplets
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Figure 2.6 Representation of liquid film stripping due to break-up caused by flow over a sharp edge.
Based on Methodology, STAR-CD, 2016 CD-adapco

Lastly, the evaporation of the liquid film is based on the wall temperature and the characteristic

liquid temperatures (saturation, Nukiyama and Leidenfrost temperatures).

For T,, < Ty, the evaporation is slow and depends on the turbulence level in the ambient gas

(Habchi 2010). The evaporation is modelled based on Torres et al. 2003.

When the wall temperature exceeds the saturation temperature of the liquid, then the so-called
pool boiling model is applied (White 1988). A graphical representation of pool boiling for

water at atmospheric pressure taken form (Cengel et al. 2011) is shown in Figure 2.7.
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Figure 2.7 Boiling curve for water at 1 atm. (Cengel et al. 2011)
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For Tgqe < T,, < Ty the film starts to boil and the heat flux q; from the wall to the liquid is
proportional to the cubic power of T,, — Ts,4:. In addition, it is related to the liquid properties
and the wall surface as well as empirical coefficients which depend on the liquid and wall
properties. The increase of heat flux reaches a maximum value g,,,, near the Nukiyama
temperature, which is called Ts in the code. At this point the code is keeping the g4, for a
small range of wall temperatures above Ts. The maximum of the range is specified by an

empirical constant C;based on the liquid properties.

Above this temperature and T, < T}, the heat flux is reduced to a minimum value g,;, at T,, =

T, (Leindfrost temperature).

For wall temperatures above the Leindfrost temperature, the heat flux increases linearly in the

code.

A graphical representation of the film boiling as it is calculated by the software (blue line) and
the theoretical/experimental film boiling model (black line) is shown in Figure 2.8. For each
quantity, the parameters that affect the calculations are in the parenthesis. These are the

viscosity us, Prandtl number Pry, specific heat ¢, ¢, the density ps, surface tension o and the

heat of vaporization hsof the liquid and the density p, of the gas phase.

qmax(pf' Pg> O, hfg)

g [w/m?]

'qmin (P Py O hrg)

1 1
Tsat TS CSTS TL
(s Pry. Py g 9f Epp hyg)
Figure 2.8 A graphical representation of the film boiling as it is calculated by the software (blue line)

and the theoretical/experimental film boiling model (black line). Based on (Solsjo, personal
communications)
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For this research, the liquid properties for both droplets and film are applied through user

defined temperature dependent polynomials. These properties are:

e Density [kg/m3]

e Surface tension [N/m]

e Viscosity [kg/(m s)]

e Thermal conductivity [W/(m K)]
e Specific heat [J/(kg K)]

e Heat of vaporisation [J/kg]

e Saturation pressure [Pa]

and were taken from Yaws and Gabbula (2003).

2.7. Combustion and emissions modelling

In this study, to model the combustion process and subsequently the emissions in a direct
injection spark ignition engine, the 3-Zones Extended Coherent Flame Model (ECFM3Z)
model based on the work of Colin and Benkenida (2004) was used. This model is the
development of the Extended Coherent Flame Model (Colin et al. 2003) which was developed
for simulating the combustion in a direct injection spark ignition engine and introduced a

description of the mixing state of the gases. The ECFM3Z model is based on four components:

e Mixing model (3-Zones)
e Flame propagation model (ECFM)
e Post-flame and emissions model

e Spark ignition and auto-ignition/knock model

The mixing model represent three mixing zones, a pure fuel zone, a pure air plus residual gases
zone and a mixed air and fuel zone in which the ECFM combustion model is applied. A
schematic representation of the ECFM3Z model in a computational cell is represented in Figure

2.9. The mass fractions of species in the computational cell can be defined:

dpY; He .
?+V (puYi)—V [<D+S—Ct)VYi]—wl (289)
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where Y; is the mass fraction of the species i and w, is the reaction rate for species i. All species
in ECFM-3Z are present in the mixed zone. These species are: fuel, Oz, N2, NO, CO,, CO, Ha,
H»0, O, H, N, OH, and soot.

Flame propagation

n A

u = unburned gases b = burned gases

®

A = unmixed air
(+ EGR)

Turbulent
mixing

M = mixed air
and fuel

Burnt
| gases

(¥ ®

F = unmixed fuel

Homogeneous

Auto-ignition reactors

Premixed flame Diffusion flame
(oxidation) (oxidation + pollutant formation)

Figure 2.9 A graphical representation of the ECFM-3Z model in a computational cell (Colin and
Benkenida 2004)

The equation (2.89) for the fuel mass fraction in the unburnt gases (Yz,) and the burnt gases

(Y2,) becomes:

0 Yeu o uvey—v-[(p+  vre] = o 4 o 2.90
+ (p u Fu) + Fu| = Wry + wFu,evap ( . )
Jt Sc;
dp Y, 1y : .
o “+V-(puvd)-v: [(D + S_ct) VY,,Pu] = OPy + OGPy evap (2.91)

Where @py epqp and d),?u,emp is the fuel evaporation in the unburnt and burnt gases

respectively, w2, is the fuel post-oxidation in the burnt gases (eq. 2.103) and w¥,is the reaction
rate which represents the oxidation of the unburnt fuel by auto-ignition or premixed flame and

it is given by:
Oy = —p U Yrp2 (2.92)

In the above reaction rate (eq. 2.92) X is flame surface density function which is determined by
the equation (2.97). To describe the three mixing zones, the unmixed fuel and the unmixed
oxygen are introduced to the mixing model. The equations governing the mass fractions of the

unmixed fuel (Yf,;,) and unmixed oxygen (Yp2y.) are:
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dp Yy He
TV () = V(D4 ) P
t
p W (2.93)
P Wm .
= ——Yrum | 1= Yeyum ——m
T fum ( fum Du Wf) + wevap
dp Yo, He
Tum +V- (p u YOZum) -V [(D + S_Ct) VYOZum]
(2.94)
=—£Y (1_Y02um£%>
Tm ozum YOZinf Pu WOZ

where W;,, Wy and Wy, are the molecular mass of the mean gases, fuel and oxygen,
respectively, B is a tuning coefficient (with a default value of 1.0), and 7, is the mixing

timescale calculated as: 7, = k/e. Yp,ins. The oxygen concentration in the unmixed air is

computed as: Yo inr = YTOZ/(]- — YTf)

Species in the mean space are transformed to the corresponding species in the mixed zone. The

mass fraction of the species i is then given by:
m _ p
Y = (Y = Yri Cx)m (2.95)

Where the suffix T denotes the tracer species, brackets “()” denote either tracer (T) or non-

tracer species and pYM is the mass of the unmixed zone per unit of gas volume given by:
UM _
p- = p[Cx(YTOZ + Yruz + Yrco + Yrnvo + Yrsoor + ) + qum] (2.96)

And the C, is a coefficient ratio of the unmixed to mean masses and it is given by: C, =

Yooum/Yro2 = Yium/Yr,i,» where Y; ,,, 1s the mass fraction of species 1 in the unmixed zone.

The flame propagation is modelled by the flame surface density X function which is determined
by the transport equation:

g—fw-(uz)—v-[(p +S’“‘—Ctt)v(§)]

2 € 2 pu 1-c
=2[Cdi,,u§V-u+CaI’E+C§p—bUlZ'

1
—BUIT—  (297)

210p

—|+5
3yp at] conv

Where D is the molecular diffusivity, C4;,, = 1 an empirical parameter, I' the ITNFS (Net

Flame Stretch) function, p,, and p;, are the density of the unburnt and burnt gases respectively,
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U, = 5,0, is the effective laminar flame speed, where S; is the theoretical laminar flame speed
and Q; a heat-loss effect correction factor, y is the isentropic coefficient, S, 1s an additional
contribution to the flame surface density from convection at the spark plug, « = 1.6 and f§ =
1.0, p, is the turbulent viscosity, ¢ = 1 — Y /Y7 is the progress variable, ¢ = 1 — p Yy /p, Y7

is the Reynolds-averaged progress variable.

The theoretical laminar flame speed is based on the correlations of Metghalchi & Keck (1982)
and Giilder (1991) and it is given by:

a

T, p\?
5= 50 (74) (5) maxlt = UigmaXe, exp(UigmaX,)] (298)
0 0

With b = by — 0.08(p/U;4m3), S0, @ and b are functions of the fuel used and the equivalence
ratio, Ty and py is the reference temperature and pressure and X, is the mole fraction of the
residual gases. The parameters Ujgm1 = 2.1, Ujgmz = —3.0, Ujgmz = 40.0. The correction

factor C is given by:

C= {1+[“rg+2p”U1_cz]} 2.99
_CIW/ k 3Pb l c Tc ( )

Where 1, = §;/(U,Ze) is the chemical time scale, 6; = 2u;, /(p, U;Pr) is the laminar flame
thickness and Ze is the Zeldovich number. The factor q,, is the flame quenching factor given
by:

1, y*/11.5<5
-

—lo, y*/115>5 (2.100)

The source term S, is coming from the convection at the spark plug and is given by:

] SeomydV = Coomy2TRe LU (2.101)

u
%4

where V is the total volume, U the fluid velocity at the spark plug, R the flame laminar kernel

radius and C,,,,, = 1.0. The contribution is added only during a time interval of 2 ms.

The burning rate due to flame propagation is added to equation 2.91 to represent the transport

equation of fuel in the mixed zone.
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The reaction mechanism of the premixed combustion for a fuel C,,H,,is:

CnHm+F(n+%)02+(1—F)(g)02

. " (2.102)
- FnCO, + (1 — F)nCO + F (?) Hy0 + (1= F)(5)H,

1, <1
a(n+7) "
Where F =<{1|—5— —2n[/@n+m), 1 <P <(2+)

L 0, ®=(2+)

Any species in the burnt gases can undergo a series of reactions such as fuel post-oxidation
chemistry, dissociation and radical formation chemistry, CO < CO, kinetics chemistry, NO

chemistry and soot chemistry. Firstly, the composition of the fuel in the burnt gases in the

YMm—(1-o)*

mixed zone is given by: Yt = .

When fuel evaporates into burnt gases or when there is insufficient oxygen to burn the existing
fuel partially into CO, an additional fuel species is created. This will be burnt behind the flame
(diffusion-mode combustion). The oxidation reaction is: Fuel + 0, - CO, + H,0 and the

burning rate is:
€
Oy = €7 min[V7, Y53 /Soz ] (2.103)

So> 1s the stoichiometric coefficient (number of moles) for O for the oxidation reaction.

The model takes account the dissociation effects in the post-flame gas and assume that the

species are in equilibrium.

The reactions are:

N, & 2N 20H < 0, + H,
H, & 2H 2H,0 < 2H, + 0,
0, & 20

In addition, a simple reaction for the CO — CO, isused: CO + OH < CO, + H.

The soot chemistry is based on the competing processes of soot formation and soot oxidation
(Das et al. 1999). The model works by consuming fuel in order to produce soot. The total

amount of soot is:
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d[soot] d[soot]sorm d[soot]o

2.104
dt dt dt ( )

Where:

d[soot] s00t]oxy

IO = AsgeorclFylp®Se Torere/T and &

[soot]R;

dt PsootDsoot

with Agfere = 450 and Tsferc = 1000K. The symbol [] denotes molar concentration, pgoe; 1S

the soot particle density, Dy, the diameter, F}, is the fuel in the burnt gases and R, the net

reaction rate of the intermediate reactive site.

Lastly, for the NO predictions the 3-step Zeldovich mechanism is used and the three reactions

are:
0+N, o N+NO
N+0,o 0+NO
N+ OH o H + NO

The rate coefficients for the above reactions are given by:

—38370 —425
K, =1.8-10"exp <T> K_; =3.8-10"exp (T)
—4680 —20820
K, =18-10"T exp( ) K_, =3.8-10°T exp <T)
—450 —24560
K; =7.1-10%exp (T) K_3=17-10"exp (T)

The positive numbering of the rate coefficients represents the forward reaction and the negative

numbering represent the backward reaction. The instantaneous rate of NO formation is given

by:

dNO p? o Yo Yo
dt Y, Y Y M, M
L Kagfs/ (Keafs + Koafas) [ 10
(2.105)
ZK YNO
_ 1 Mpyo < Yo Yno K Yu YNO)
Yoo You \" "> My My, =3 My My,
K, + K;
Moy, Moy
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Lastly, for the spark ignition, the model comprises two stages. The first stage is the time delay
between the spark and the appearance of the flame surface. The second stage takes care of the

actual deployment of the flame surface.

The first stage is modelled using a function I that starts from zero and reaches the value of 1.
This function is given by:
dl _ (p*)"2un

dx = Al — (2.106)

Where p* is the ratio between the current gas density and the air density at 1 bar and 300K, ¢
is given by 7y = §;/U; and Al;4, = 1.0 and A2;4, = 3.0

When the function I reaches the value of 1, a spherical flame surface is generated with radius:

. T .
Ry = min (15Factker6l T_Zl Rklimit) with Fgeeker = 1.0 and Rygimic = 102°

2.8. Numerical methodology

In STAR-CD only implicit schemes are used for the time and more specifically, in this work
the Pressure Implicit with Splitting of Operator (PISO) algorithm was used for the temporal
discretisation based on the fully-implicit Euler scheme. This results in an accuracy between
first and second order. The spatial discretisation was implemented using second-order schemes
depending of variable. For the density, the only option allowed was the central differencing
scheme. For the rest of the variables, the Monotone advection and reconstruction scheme
(MARS) was used. The benefit of this scheme is that can support all mesh types and flows, and
it is the least sensitive of solution accuracy to the mesh structure and skewness. This is
particularly important for engine simulations with geometries which by nature promote mesh

skewness due to sharp edges and irregular shapes.
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Chapter 3

Preliminary Studies and Model

Validation

3.1. Grid independence study

Firstly, in order to reduce the computational cost without compromising on the accuracy of the
solution, a grid independence study was conducted using an early stage AJ20 geometry (Figure
3.1). The characteristics of the engine are showed at Table 3.1. In this process, an initial coarse
grid is gradually refined until some certain key values do not change. In this case, the key
values are the in-cylinder average velocity and the velocity vectors on the tumble plane and

their magnitude.

Grids ranging from 1.36 million to 4 million cells at BDC were investigated. The maximum
cell height was 3mm for the case of the 1.36 million cell grid and 0.8mm height for the case of
the 4 million cell grid. The number of the in-cylinder cells during a cycle for four different
sizes of the model are showed at Figure 3.2. Initial and boundary conditions as well as valve
timings for all the simulations were kept the same and are showed at Table 3.2. These
conditions are typical Wide-Open Throttle (WOT) motoring conditions and the walls were set

to adiabatic in order not to increase the complexity of the problem with wall heat transfer.
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Bore 83 mm

Stroke 92.3 mm
Connection rod 152.72 mm

Pin offset 11.5 mm
Compression ratio 9.5:1

Intake valve opening (0.1mm) 296 deg CA
Intake max lift 9.44 mm at 416 deg CA
Intake valve closing (0.1mm) 492 deg CA
Exhaust valve opening (0.1mm) 125 deg CA
Exhaust max lift 9.9 mm at 239 deg CA
Exhaust valve closing (0.1mm) 365 deg CA

Table 3.1 Characteristics of the AJ20 thermal engine for the preliminary studies

Results showed that quantities such as in-cylinder pressure, temperature and trapped mass were
not affected by the size of the model as it can be seen from Figure 3.3, however, the flow field
was highly dependent on the resolution of the mesh. Figure 3.4 shows the averaged in-cylinder
velocity for four different sizes of the model. Differences in the velocity field start to appear
after the mid intake stroke (450 deg CA) and continue up to compression TDC. This is due to
the differences in mesh resolution at these crank angles and can be seen at Figure 3.5. The flow
field has to be accurately predicted at this period of time as it affects the air-fuel mixing and

combustion.

The maximum difference of the velocity magnitude between 1.36 million and 4 million cells
was about 12% while between 2.2 and 4 million cells was 2% at 20 deg CA before TDC (spark
timing). Visualisation of these differences on the flow field at 700 deg CA can be seen at
Figures 3.6. To conclude, the mesh of 2.2 million cells at BDC was chosen in a compromise
between quality of the mesh, grid independence and available computational power. Other
researchers also stated that 2 million cell grid is the preferred benchmark for engine simulations
(Beavis et al. 2015). Due to the fact that the cell count is the double in the cylinder throughout
the cycle, the grid independence is evident. It is apparent that the differences at the velocities
are much higher in the coarser mesh during the intake and compression strokes. It has to be
noted that grid independence was observed in the transition from 1.9 million to 2.2 million

cells and with the choice of the finer mesh the initialisation study was carried out. For
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completeness, the 4 million cell grid was run using the findings of the initialisation study, which

will be described in the next chapter.

Figure 3.1 CFD model of the AJ20 thermal engine
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Figure 3.2 Number of in-cylinder cells during a cycle for four different grid size models
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Initial Conditions

Boundary Conditions

Cylinder Pressure: 1.05 bar

Intake port Pressure: 0.98bar

Cylinder Temperature: 293K

Intake port Temperature: 293K

Intake port Pressure: 0.98bar

Exhaust port Pressure: 1.03bar

Intake port Temperature: 293K

Exhaust port Temperature: 293K

Exhaust port Pressure: 1.03bar

Walls: Adiabatic

Exhaust port Temperature: 293K

Table 3.2 Initial and boundary conditions for the grid dependence study

Pressure [bar]
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Figure 3.3 In-cylinder pressure traces for four different model sizes
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Figure 3.4 Average in-cylinder velocity magnitude for four different model sizes
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Figure 3.5 The 2D template from which the mesh is based on and a cross-sectional view of the four
models at mid-valve point at BDC
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Figure 3.6 Velocity magnitude for four model sizes at 20 deg CA before TDCf

3.2. Initialisation study

Ideally, in engine simulations, multiple cycles are needed to eliminate the effect of initial
conditions and obtain an independent solution. However, this procedure demands high
computational power and it is very time consuming especially if grids with high resolution are
used, combined with complex phenomena such as spray injection and combustion. Various
researchers are using different conditions and initial crank angle for their model. Therefore,
accurate initialisation of the simulation is needed to minimise the necessity of running multiple
cycles and to improve the stability of the solver. Generally, it is expected that after two or three

cycles, the final result shouldn’t have difference from the previous cycle.

Two cases were investigated, either to start the simulation before IVO (260 deg CA) or EVO
(110 deg CA) which are the recommended settings for the CFD code or seen in literature such
as Devassy et al. (2014), Copeland et al. (2013), Costa et al. (2014) and Kurniawan et al.
(2007). The boundary conditions and the rest of the setup were kept the same as the grid
dependence study and the model was the 2.2 million cell. Both of the cases were run for three
consecutive cycles and the results showed that while the initialisation did not have an impact
on the in-cylinder pressure, the average in-cylinder velocity was affected by the initialisation.
More specifically, the average velocity had maximum discrepancies of about 30% over the
three simulated cycles when the start of the simulation was before IVO (Figure 3.7, orange
line). When the simulation started before EVO, cycle 2 and 3 had minor differences in the in-

cylinder velocity of 2.5%. This can be seen at Figure 3.7 (blue line). During the intake and
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compression strokes for the initialisation before EVO, the maximum difference between cycles
1 and 3 was about 8% and occurred 15 degrees CA before BDC. This was the maximum

difference throughout the intake and compression strokes as it can be seen in Figure 3.8.

When starting before the EVO, the in-cylinder velocity is very low with a uniform vertical
direction and in a closed system without interacting with the intake and exhaust ports, thus, it
can be either applied an initial vertical velocity or assumed that the initial velocity is zero with
some accuracy if the exact value is not known. Also, the velocity at both intake and exhaust
ports are approaching to zero in the model, so the zero initial condition can be a good
assumption for the ports. Moreover, at this stage of the engine cycle (before EVO), it can be
assumed that the cylinder is composed of exhaust gases as opposed to an unknown mixture of
exhaust and intake gases during the intake process. This makes easier the initialisation when
combustion is simulated or the combustion products have to be simulated. However, this cannot
be applied for a crank angle before IVO as the valve timing indicates that the exhaust valve is
open and there is a flow between exhaust port and the cylinder which is more difficult to predict
and apply specific initial conditions and as well, more cycles will be needed in order to damp
out the assumed initial conditions. These differences are showed at Figure 3.9. For the above
reasons, and especially if the processing time is limited to a single cycle, it was concluded that

the initial crank angle should be before EVO, around 10-15 deg CA.

109



Chapter 3 - Preliminary Studies and Model Validation

20
18
16

—
[ R O
T T T T T T T A B

Velocity [m/s]

== S e\

| | | | | | | | | | |
rrrrrprrrrrprrrrrfrrrrrprrrrrfrrrrrprrrrrfrrrrrfrrrrrf rrrrr [ rrrT T [ rrrorT

0 180 360 540 720 900 1080 1260 1440 1620 1800 1980 2160
deg CA

— Start before EVO  —— Start before IVO

Figure 3.7 Comparison of the in-cylinder velocity magnitude during three consecutive cycles for two
different initialised simulations
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Figure 3.8 Comparison of the in-cylinder velocity magnitude for three consecutive cycles when
initialised before EVO
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Figure 3.9 Comparison of the velocity field at intake and exhaust valve opening

3.3. Validation of pressure traces

“The process of determining the degree to which a model is an accurate representation of the
real world from the perspective of the intended uses of the model” (AIAA Standards
Committee, 1998), simply referred as validation, is essential for a CFD study. Validation
involves detailed experimental data and information about boundary conditions for the model.
Most often in the literature, validation of a CFD engine model is done by comparing
experimental and CFD in-cylinder pressure traces (Fontanesi et al. 2014, Bonatesta et al. 2014,

Forte et al. 2014, Lucchini et al. 2013). Seldom, PIV data from an optical SI engine are
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available and further validation analysis of the velocity flow field can be carried out (Malcolm

et al. 2011, Beavis et al. 2015).

In this study, two different Jaguar Land Rover engine families were used for validation. Firstly,
a CFD model of an old optical, single-cylinder engine (AJ133) was used to establish best
practice approach by comparison with extensive database of Particle Image Velocimetry (PIV)
(Justham 2010) and in-cylinder pressure traces of the AJ133. The design of the engine gave
full optical access to the combustion chamber with a full-length quartz cylinder liner allowing
full-stroke and 360° optical access, a triangular pent-roof window at the engine head and an
optical piston with a circular quartz window. However, the optical liner could be replaced by a
steel liner that allowed cooling or heating it via a water jacket. Moreover, optical access to the
intake flow was possible with an intake runner made by clear resin. Uncertainties related to
boundary conditions, valve profiles, heat transfer and blow-by were studied. Furthermore, the
numerical results of the AJ133 engine were compared against CFD results of other researchers

(Beavis et al. 2015) who simulated the same type of engine.

Secondly, detailed experimental data of intake and exhaust manifold pressures and valve
profiles were obtained from the new thermal, single cylinder engine (AJ20) with a Continuous
Variable Valve Lift (CVVL) system for the intake valves and the in-cylinder pressure was
compared to CFD results. The geometric characteristics of the two aforementioned engines can

be found in table 3.3 and the CFD models are showed at Figure 3.10.

AJ133 AJ20

Figure 3.10 CFD model of the AJ133 optical engine and the AJ20 single cylinder thermal engine
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AJ133 AJ20
Bore 89 mm 83 mm
Stroke 90.3 mm 92.3 mm
Connection rod 148.97 mm 152.72 mm
Compression ratio 10.5:1 11:1
Pin offset 0 11.5 mm
Intake valve opening (0.1 mm) 389 deg CA 269 deg CA
Intake max lift 10.5 mm at 509 deg CA 9.45 mm VVT
Intake valve closing (0.1 mm) 639 deg CA 492 deg CA
Exhaust valve opening (0.1 mm) 112 deg CA 126 deg CA
Exhaust max lift 9.5 mm at 234 deg CA 9.9 mm VVT
Exhaust valve closing (0.1 mm) 369 deg CA 365 deg CA

Table 3.3 Characteristics of the AJ133 single cylinder optical engine and the AJ20 single cylinder
thermal engine

To begin with, four experimental in-cylinder pressure traces of the AJ133 during motoring,
with engine wall temperature at 20°C and 90°C, pre-fire and post fire condition, were compared
with CFD results. Initially, the engine was conditioned to the specified wall temperature and
then motored, to acquire the in-cylinder pressure before any combustion event (pre-fire data).
After that, the engine run with combustion for several minutes. Lastly, the combustion was
stopped, and new motoring in-cylinder pressure traces were acquired (post-fire). The nominal
experimental intake pressure was 0.5 bar absolute pressure and the engine speed was 1500

RPM.

From the conclusions of the previous chapter, the CFD model of the AJ133 engine consisted
of 2.2 million hexahedra cells at BDC and the simulation was initialised before EVO. Due to
the lack of time dependent data and detailed measurements, assumed constant pressure and
temperature boundary conditions were applied at the intake and exhaust ports. Simulations
were run for both adiabatic walls and walls with fixed temperature. A summarised table of the
boundary conditions is shown at Table 3.4. Firstly, the k-¢ RNG turbulence model was used as
is widely accepted in the literature. Later on, a comparison of k-¢ RNG with other three well
known turbulence models will be discussed. Due to the uncertainties of the intake boundary
conditions and blow-by of the optical engine, a reduction of 10% of the nominal intake pressure

(0.5 bar) was made, in order to match the numerical and the experimental in-cylinder pressure
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traces as well as taking account the loss of mass due to blow-by. Further adjustments to the
intake pressure were made, with the aim of matching the in-cylinder pick pressure for the warm
condition of the engine. Also, the intake and exhaust temperatures were assumed to be at room

temperature supposing that the optical engine was not running for long periods.

Initial Conditions Boundary Conditions
Cylinder Pressure: 0.55 bar Intake port Pressure: 0.5/0.45bar
Cylinder Temperature: 293K Intake port Temperature: 293K

Intake port Pressure: 0.5/0.45bar | Exhaust port Pressure: 1.023bar

Intake port Temperature: 293K Exhaust port Temperature: 293K

Exhaust port Pressure: 1.023bar
Walls: Adiabatic/ 293K

Exhaust port Temperature: 293K

Table 3.4 Initial and boundary conditions for the validation of the AJ133 optical engine

In addition, small adjustments were made to the valve profiles that were derived from the
theoretical cam profiles in order to take account the valve lash and accommodate any
uncertainties of the engine setup such as discrepancies at the cam timing, thermal expansion of
the valves and/or valve train system and manufacturing tolerances. Firstly, the theoretical valve
motions are given versus camshaft degrees and this had to be converted to crankshaft degrees.
Because the crankshaft is rotating with the double of the speed of the camshaft, the theoretical
duration of the valve opening has to be multiplied by two. Moreover, in the theoretical cam
profile, a ramp with approximately 0.3mm height is included, named as cam quieting ramp.
The ramp is designed to take up the follower near half way of the ramp with a very low speed
and minimum shock before and after the fast rise flank (Heisler 1999). This means that most if
not all of this ramp has to be removed for CFD simulations as it doesn’t take part in the valve
opening period. This is an iterative, try and error, process which can be very time consuming
for 3D simulations. Thus, some trade-offs on the accuracy have to be accepted. The same
approach was followed by Beavis (2017) who simulated the same engine. The theoretical cam

profiles along with the valve profiles applied to the CFD model can be seen in Figure 3.11.
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Figure 3.11 Theoretical exhaust and intake cam profiles and derived valve profiles

It can be seen from Figures 3.12 and 3.13 that a discrepancy of 0.8 bar at TDC exists between
the four experimental peak pressures. The simulation with 0.5bar intake pressure and adiabatic
walls over-predicted the peak pressure by 0.5bar and 1.1bar when comparing it against the
maximum and minimum peak pressures of the experiments. For the same intake pressure and
fixed wall temperatures at 20°C, the peak pressure matched the highest experimental peak
pressure (post fire case with 90°C wall temperature), but it was higher than the pre and post
fire cases with 20°C wall temperature. This behaviour can be explained by the loss of mass
during compression, which is lower for post fire cases as the engine expands and the crevices
are reduced and by the reduced heat loss with higher wall temperatures. When the intake
pressure was reduced by 10% (at 0.45 bar), the peak pressure with adiabatic walls was reduced
and it was in the range of the experimental values. The same intake pressure with fixed wall
temperature at 20°C resulted a peak pressure of 0.1bar lower than the lowest experimental
value. Finally, a fine tuning of the intake pressure was carried out to match the peak pressure
of the experimental pre-fire condition with 90 °C wall temperature. This resulted in an intake

pressure of 0.47 bar.

Because of the uncertainties and the lack of accurate experimental data of the intake pressure,

it was decided to continue the validation study of the flow field using intake pressure of 0.45bar,

115



Chapter 3 - Preliminary Studies and Model Validation

which produced peak pressures similar to the corresponding experiment and took account the
blow-by phenomenon with reduced trapped mass. This boundary condition was also used for
the validation of the sub-cooled fuel injection. For the validation of the flash-boiling spray, the
0.47 bar intake pressure was used, as it was matching the peak pressure of the experiment with

90 °C wall temperature.

Pressure [bar]
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Figure 3.12 In-cylinder pressure for four experimental and five numerical cases from the AJ133 optical
engine
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Figure 3.13 In-cylinder pressure focused around TDC for four experimental and five numerical cases
from the AJ133 optical engine

Due to the uncertainties mentioned above, detailed experimental data from the new thermal,
single cylinder engine (AJ20) were acquired and used for pressure trace validation of the CFD
code. Five different motored conditions at 1500 RPM were run, with the use of the CVVL
system. First of all, a test point as close to the AJ133 case as possible was run. This was a
throttled case, at 0.5bar intake pressure, with both cams at the base positions (zero valve
overlap). For this case, a pre-fired and a post-fired motoring pressure case was acquired, in the
same way as for the AJ133. In addition, for the same CVVL setup and at 1 bar intake pressure,
a post fire motoring pressure trace was acquired. Another two experimental pre-fire and post-
fire cases at 0.5 bar and 1 bar intake pressure were run, with the intake cam at its maximum
advance (50 deg CA) and the exhaust cam at its maximum retard (50 deg CA). One last pre-
fire case at 1 bar intake pressure with the intake cam at the base position and the exhaust cam

at its maximum retard position was acquired. The intake valve profiles were taken from the
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engine’s sensor with no further adjustments. The exhaust valve profile was derived from the

theoretical cam profile and lash similar to the previous model (AJ133) was applied.

The model of this engine consisted of 2.1 million cells at BDC and the simulation was
initialised before EVO according to the above findings. Detailed time dependent pressure trace
of the intake and exhaust runner and constant temperature were applied for intake and exhaust
boundary conditions which were taken from the experiment. Simulations were run for both
adiabatic walls and walls with fixed temperature at 90°C as the engine’s cooling system was at

this temperature. The k-¢ RNG turbulence model was used.

Figures 3.14 to 3.18 show the experimental and numerical in-cylinder pressures for the five
motored conditions that were described above. First of all, as it was expected, the in-cylinder
peak pressure was over-predicted with adiabatic walls in all cases as no losses were modelled.
The results were improved and were in a very good agreement with the experiment with the
use of walls with constant temperature. For all cases the maximum over-prediction was about
9% compared to the experimental peak pressure however, this difference was only seen for one
case (0.5 bar intake pressure and valve overlap at 50/50). For the rest of the cases, the maximum
difference between numerical and experimental pre-fire pressure traces was 3.7%. In addition,
the numerical peak pressures were closer to the post-fire experimental cases, with 1%-2%
difference. This supports the theory of reduced blow-by with a warm engine. A good agreement
between CFD and experimental results can be seen also for the intake, compression and

expansion strokes.
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Figure 3.14 Experimental and numerical in-cylinder pressure and valve lifts for 1 bar intake pressure.

Intake cam: base position, Exhaust cam: 50 deg CA retard (4J20)
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Figure 3.15 Experimental and numerical in-cylinder pressure and valve lifts for 1 bar intake pressure.

Intake cam: 50 deg CA advance, Exhaust cam: 50 deg CA retard (4J20)
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Figure 3.18 Experimental and numerical in-cylinder pressure and valve lifts for 0.5 bar intake pressure.
Intake cam: 50 deg CA advance, Exhaust cam: 50 deg CA retard (4J20)

In all cases, a small discrepancy is noticeable during the end of the exhaust stroke, near EVC.
This is more evident in the cases with no valve overlap where a small re-compression can be
observed in the experimental in-cylinder pressure but not in the numerical predictions. This
behaviour was investigated for the throttled test point (0.5 bar intake pressure), with both cams
at the base position. It is apparent that the numerical in-cylinder pressure trace follows the
exhaust pressure trace during the expansion stroke while in the experiment the pressure

increases after 328 deg CA (Figure 3.19).

To force the code to capture the re-compression and study the exhaust valve timing which is
needed for that, the exhaust valve closure was advanced by some degrees in an iterative
process. This was done by reducing the time in which the valve is open from the maximum lift
until the EVC. The duration from EVO until maximum lift was not modified. This was done
in order to keep the behaviour of the in-cylinder pressure trace the same during the opening of
the valve. The pressure traces with two modified exhaust valve lift curves as well as the
pressure with the default valve lift can be seen in Figure 3.19. This figure is colour coded

meaning that each pressure trace corresponds to the valve lift with the same colour.
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The two modified valve lifts had closure times 5 and 8 degrees CA before TDC. By advancing
the EVC by 8 degrees the code could capture the recompression, but the pressure trace
behaviour was not realistic, as it was creating a step at EVC. One cause of the absence of the
re-compression could be the miss-predicted discharge coefficient during the flow from the
cylinder to the exhaust port at low valve lifts. Other possible causes of this behaviour could be
the lash of the cam or other faults during the machining of the cam which can lead to valve
profiles somewhat different from the theoretical profiles which were applied in the model. The
fact that the intake and compression strokes were in a very good agreement with the experiment
which were under the influence of the actual intake valve lift as this was recorded by the CVVL
system, points that the theoretical and actual exhaust lifts may have slight differences. Because
it was not possible to investigate the problem further and identify the reason of the miss-

prediction, the original valve profiles as they were provided by JLR were used.

2 -
— 1.5 7 =
. £
= ]
5 11 =
177] 1 i)
o 1 =
=05 ] =
0 | LI I B e NI B B B B B SIS B B B B B B B L B B B B B B ) B B 'l 0
90 120 15 180 210 240 27 300 330 360
deg CA
Pre-fire experiment ——— CFD walls 90 °C
EVC: 352 deg CA ——EVC: 355 deg CA
Exhaust pressure 00 ====- Exhaust valve
-----Exhaust valve 352 degCA  ====- Exhaust valve 355 deg CA

Figure 3.19 Investigation into the recompression at gas exchange TDC (4J20)

To conclude, data from two different single cylinder engines were used for pressure trace
validation. Firstly, four experimental in-cylinder pressure traces of the AJ133, with engine wall
temperature at 20°C and 90°C, pre-fire and post fire condition, at 0.5bar intake pressure were
compared with CFD results. However, no other data such as intake and exhaust pressure and

temperature were available from these tests in order to be used as boundary conditions for the
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model. For this reason, constant intake and exhaust pressure and temperature was assumed.
Moreover, the four experimental in-cylinder pressures had different peak pressures with a
maximum deviation of 0.8 bar. For this reason, a slight reduction of the intake pressure was
needed to bring the peak pressure closer to the experiments and also to take account the effect
of blow-by. Due to all the uncertainties with the previous engine, detailed data from the new
CVVL AJ20 engine were acquired. Five tests were run, with two different intake pressures and
different cam phases. In all these cases, the experimental and numerical in-cylinder pressures
were in a good agreement. Some miss-predictions of the in-cylinder pressure during the exhaust
stroke and near EVC was investigated. This part of the study shows the importance of accurate

boundary conditions and detailed valve profiles that have to be applied on a model.

3.4. Validation of flow field

Following the in-cylinder pressure validation, the velocity filed and flow structure of the CFD
was compared against PIV data of the intake runner, the intake valve jet and the cylinder of the
AJ133 optical engine motored at 1500 RPM. The necessary information was acquired from

relevant publications and PhD theses.

Firstly, the prediction of the velocity at the intake runner was investigated. The experimental
graph (Figure 3.20) taken from Justham (2010) shows the U component of the velocity in the
intake runner. The results of Figure 3.21 show the numerical averaged velocity magnitude for
the same time domain as the experiment. In the same graph, the absolute value of the
experimental and numerical U velocity component at various crank angles are showed. First of
all, a qualitative comparison of the experimental U velocity component and the numerical
averaged velocity magnitude, especially during the timeframe of 40 deg CA to 160 deg CA,
when the flow is directed into the cylinder, showed that the model is predicting the dynamics
of the flow motion (sinusoidal profile of the velocity). At 190 deg CA, the numerical velocity
magnitude approached to zero and after that increased again. At the point of minimum velocity,
the flow was reversed and directed out of the cylinder and the same behaviour was also seen in

the experiments.

At 62 deg CA the experimental U component is 38.3 m/s and the numerical velocity is in the
range of 44.3 m/s which shows that the model is over-predicting the velocity. The two maxima
at 60 and 115 deg CA and two minima at 90 and 155 deg CA are predicted with some hysteresis

on the wave. In addition, during intake, the maximum difference between experiments and

123



Chapter 3 - Preliminary Studies and Model Validation

numerical results is 5 m/s. An important fact about the experimental intake velocity is the cycle
to cycle variability which makes the comparison with the CFD more difficult. From Figure
3.22, it is evident that during the early intake process the experimental velocity discrepancies
are about 4 m/s - 5 m/s which reach 8 m/s later in the cycle. Despite the experimental variations
and the lack of data, comparison of the experimental u velocity component with the CFD plots
of the intake runner at the specific crank angles support the conclusion of good agreement in
prediction of the intake runner flow field especially during the intake process with some

discrepancies on the velocity magnitude.
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Figure 3.20 Experimental U velocity component at the intake runner and the region of the measurement
(AJ133)
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Secondly, the valve jet on a mid-valve plane was studied. The PIV data were taken at the area
of the pent roof window as shown at Figure 3.23. During the period 90 to 100 deg CA it was
observed that there is no significant variation at the experimental valve jet with the velocity
magnitude to be around 40 m/s, however variations can be seen at the CFD predictions. At 92
deg CA the velocity of the jet is under-predicted (30-35 m/s) but later on the cycle, at 100 deg
CA, itis better predicted (41-45 m/s). These differences can be seen at Figure 3.24 which shows
the experimental PIV data and Figure 3.25 of the predicted valve jet. The flow structure of the

jet as well as the recirculation zone under the valve are well predicted.
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Figure 3.23 Region of pent roof measurements

126



Chapter 3 - Preliminary Studies and Model Validation

91.6° 93.4°

Vel Mag (m/s)

l50

40

30

TN W T R T T T W T W N W " LB AN N 1 (AL I M R 3
X mm X mm mm

97.0° 1 98.8°

20

10

Y mm

AN A M R R M R R AN A T JAE VRS R M R SR A W M NN 3 Y B R
X mm X mm X mm

Figure 3.24 Experimental mean velocity of the valve jet at the mid-valve plane

92 deg CA 100 deg CA
o S Velocity
R R magnitude
[m/s]
50.00

Figure 3.25 Numerical mean velocity of the valve jet at the mid-valve plane

Moreover, at this stage of the cycle, available in-cylinder PIV data at a plane cutting through
the bore centreline were compared against CFD data. More specifically, Figure 3.26 shows the
numerical and measured velocity fields at three specific crank angles. It has to be noted here
that for the PIV plot at 100 deg CA after TDC the velocities are capped at 25 m/s and it is
difficult to estimate the maximum velocity near the intake valve at the top left of the figure.
Nevertheless, it is evident that whilst the bulk air motion is qualitatively predicted with a weak
clockwise tumble, the velocity magnitude is over-predicted. This is most probably due to the

miss-prediction of the wave of the velocity magnitude in the intake runner. In addition, this
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over-prediction may be due to the high cycle to cycle variation of the intake runner, valve jet
and in-cylinder flow of the engine which makes the numerical prediction more difficult with
RANS models. At mid-intake stroke when the valve jet is weaker, the velocity magnitude as
well as the flow structure is better predicted. The tumble motion as seen in the PIV
measurements is also predicted by the model, however some details of the flow such as the
recirculation zones are not at the exact location of the experiment. During the compression
stroke there is no influence of the valve jet on the in-cylinder air motion and the flow field is
accurately captured and the velocity magnitude is well predicted. The flow motion with the
upward direction towards the intake valve is well predicted. A difference was seen near the
piston crown where the velocities are around 8-9 m/s while the in the PIV data the velocity is
about 5 m/s. At this crank angle and at 1500 RPM, the piston velocity is about 7 m/s indicating
that the experimental data may under-predict the velocity at that region. This gives confidence
on the predicted in-cylinder conditions later on at the compression stroke, when the combustion

is taking place.
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Figure 3.26 Comparison of experimental PIV data and numerical results of the velocity field for specific
crank angles

To quantitatively compare the CFD velocity magnitude against the experimental
measurements, the PIV maps from Figure 3.26 were imported into MATLAB and the pixels’
RGB values were extracted for specific locations and translated into velocity magnitude by
comparing them with the velocity legend of each map. The locations in the Y direction were 8
mm, 28 mm and 48 mm below the head gasket which translated to 50 mm, 30 mm and 10 mm
in the PIV map. In the x direction, the location x=0 mm denotes the bore centreline which is
the 30 mm point in the PIV maps. Similar approach was followed by Beavis ef al. (2017). As
it can be seen in Figure 3.27, at 100 deg CA a TDC and y=48 mm, the velocity magnitude is
over-predicted by the CFD, however, the PIV map is capped at 25 m/s which did not allow to
estimate the maximum velocity magnitude. Nevertheless, the trend of the experiment where
the velocity drops near the centreline and increases in both negative and positive x location is
also captured by the CFD. Similarly, at y=28 mm the "W behaviour of the velocity in the
experiment is as well predicted by the model. The biggest difference at this crank angle was
seen at the location y=8 mm where the strong tumble of the CFD is dominating the flow
structure and over-predicts the velocity. At mid-intake stroke (154 deg CA aTDC), the
simulation was in a better agreement qualitatively and quantitatively with the PIV data. The
velocity magnitude and the trend were close to the experiments for the location y=48 mm. For
y=28 mm, the trend is the same but the velocity is over predicted. At the location y=8 mm the
trend is similar and also the velocity magnitude is in a good agreement, especially for the
negative x locations. Lastly, during compression at 286 deg CA aTDC, the CFD velocity
magnitude as well as the trend is in a very good agreement with the PIV data. Similar over-

predictions were seen in the study of Beavis et al. (2017). There are some differences between
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the two studies such as the plenum which was included in that work, the valve profile tuning

process, the boundary conditions and the grid of the model.
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Figure 3.27 Velocity magnitude along x-axis at three different z-axis locations and three different crank
angles. First row z=-8 mm, second row z=-28 mm, third row z=-48 mm. Data from current study, PIV
and Beavis et al. (2017)

To conclude, the numerical results were compared against PIV data of the intake runner, the
valve jet at the pent roof window and the in-cylinder flow. At the intake runner, the flow field
dynamics with two maxima and two minima were predicted quantitatively but with some
hysteresis. This can be an effect of the constant pressure boundary condition as opposed to a
real engine’s intake pressure which is a time dependent oscillation. Moreover, the valve timing
of the real engine could be offset by some degrees which could affect the hysteresis observed
at the intake runner. A finer tuning in the model’s valve timings may be needed, however, this
should had to be done in conjunction with accurate boundary conditions and high
computational power. Moving to the valve jet, the recirculation zone under the valve is well
predicted, and the fast decay of the velocity is well predicted, nevertheless, the velocities are
either slightly over or under-predicted due to the hysteresis that was discussed before. The
simulation showed a variation from 30 to 42 m/s in a window of 8 deg CA whilst the experiment
did not show variations, with the velocity to be around 40 m/s. For this reason, the in-cylinder
velocity field was over-predicted during the early intake process but the bulk air motion is in
agreement with the tumble observed with the PIV method. At mid-intake, the velocity
magnitude and the flow structures were better predicted. During the compression, when the in-
cylinder flow is not affected by the valve jet, the velocity field and the air motion is in a good
agreement with the optical data and this gives confidence on predicting the conditions at the
moment of combustion. It has to be mentioned that this validation study was conducted with
the absence of detailed data that could be used as boundary conditions and the valve profiles

had to be derived from theoretical cam profiles and adjusted according to the literature and the
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experimental results. Moreover, the results of the experiment showed high cycle to cycle
variability, which may have affected the average of PIV data. Thus, the CFD code could predict
the intake and compression strokes of a direct injection, spark engine, with all the limitations

that were discussed above.

3.5. Steady state port flow simulations

In order to investigate further the reasons of the in-cylinder and intake runner velocity over-
prediction, steady state port flow simulations of the AJ133 engine head were run. Available
experimental data of the flow coefficient (Cr) were compared with the numerical results. It has
to be mentioned here that the only available data was a graph of the flow coefficient for three
manufactured engine heads named head 1, head 3 and head 5. For the study, the heads with the
minimum (head 3) and maximum (head 5) flow coefficients were used. Due to the absence of
the rest of the required information, the boundary conditions for the simulations had to be
assumed according to similar experiments. These conditions are summarised in Table 3.5. The

calculation for the Cr were based on the equation 3.1:

m
Cr=—"7-— 3.1
Area - Vo p
Where,
d2
Area = m— (3.2)
4
V, = 2(Pin — Pour) (3.3)
p
Pin
p - R . Tm (3'4)

and d is the diameter of the valve head. The graphs of the flow bench simulations follow the
industry standard in which at the x-axis the ratio Lift /Valve diameter is plotted. To facilitate

the reader the conversion from Lift to L/D is shown in Table 3.6.
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Pin (gauge) 5000 Pa
Tin 288K
Pout (gauge) 0 Pa

R 287 J/(kg K)

Table 3.5 Boundary conditions for the steady state port flow simulations

Lift [mm] 1.75 3.5 5.25 7 8.75 10
L/D 0.0515 0.103 0.1545 0.206 0.2575 0.2943
Table 3.6 Valve lift and L/D equivalence

Various researchers have suggested different approaches for these simulations. Most
commonly, the choice of turbulence model and cell type is among them (Godrie and Zellat
1994, Algieri et al. 2007, Ramajo and Nigro 2010, Binjuwair and Ibrahim 2013, Masi et al.
2015). Firstly, according to the literature, polyhedral is a cell type that can substitute tetrahedral
grids and their disadvantage of decreasing the accuracy of numerical schemes (Masi et al.
2015). A grid dependence study was conducted for three polyhedral meshes (Figure 3.28)
ranging from 850 thousand cells to 3 million cells using the k-¢ RNG turbulence model. The
boundary conditions were the same as described above. The results in Figure 3.29 showed that
around 1.6 million cells independence can be reached, which is in an agreement with other

studies (Ramajo and Nigro 2010, Binjuwair and Ibrahim 2013).

Secondly, a mesh was created using hexahedral cells (Figure 3.28) in order to replicate the
mesh of the dynamic model created by es-ice. The base size of the cell was 2mm and was
applied to the areas of the inlet and outlet boundaries. Closer to the area of interest (part of the
intake runner and cylinder) was reduced to Imm and around the valve was further reduced at
0.5mm as it is in the dynamic model of the engine that was presented earlier. The total number
of cells was around 2.6 million which was acceptable for grid independence. The k-¢ RNG
model was used, as it was used for the validation of the in-cylinder flow in the dynamic model
and the results of this mesh were the same as the results of the polyhedral mesh when the same
turbulence model was used. Thus, it can be said that the results of the polyhedral mesh can be

useful for the hexahedral mesh as well.
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Figure 3.28 Polyhedral and hexahedral grids of the port flow model
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With this mesh, four different turbulence models (standard k-, k-¢ RNG, standard k-o and k-
o SST) that were used in the literature for port flow simulations were tested. It was observed
(Figure 3.30) that at very low valve lift, all the models predicted very similar flow coefficients.
At lifts around 3-5mm, k-¢ RNG over-predicted the Cr with a maximum difference of 14% at
3.5mm, whilst the rest of the models gave results closer to the experiment. This can be a reason
of the over-prediction of the velocity at these lifts. At higher lifts, the k-€ RNG model is in a
very good agreement with the experiments but the rest of the models under-predict the flow
coefficient with a maximum difference of 19% given by the standard k-m. A pattern from the
literature was identified for intake port flow simulations, which was the over-prediction of the
flow coefficient at medium valve lifts (~3 mm - 5 mm). However, this needs attention because
of the different port geometries that may make one turbulence model more suitable due to the

flow behaviour in the valve region.
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Figure 3.29 Grid independence study for port flow simulation and comparison with experimental data
of the AJ133 engine head
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Figure 3.30 Experimental and numerical results of the AJI33 flow coefficient for four different
turbulence models and two different types of grid

3.6. Evaluation of turbulence models

The standard k-¢ model and its versions are widely used and validated for a range of industrial
applications. For engine simulations, either standard k-¢ or k-¢ RNG model is used in the
literature. In this study, the performance on engine simulations of these two models was
investigated by comparing them against the data of the optical engine (AJ133). Another two
commonly used models for CFD simulations, the standard k-m and its derivative, k-o SST were
also tested for in-cylinder flows. The last two models were tested for completeness as they

were used for the port flow simulations.

Firstly, it was observed that all four models did not have any impact on general quantities such
as in-cylinder pressure and trapped mass. This can be seen on Figure 3.31 which shows the
time dependent in-cylinder trapped mass. Although it was expected that the models would have
an effect on the flow field this was not the case for the intake runner. As it can be seen at Figure
3.32, the velocity is the same for all four models during the intake stroke. There are some small
discrepancies from 20 degrees before IVC until IVC due to the flow from the cylinder to the
port at low valve lifts. However, the in-cylinder air motion was highly affected as it can be seen

at Figure 3.33. because of the different predictions on the valve jet, the flow separation from
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the valve and the valve seat as well as the bulk tumble motion. At 100 deg CA, standard k-¢
and k-¢ RNG produced similar flow fields and closer to the PIV data compared to the k-®
models. Moreover, k-¢ RNG produced higher velocities with the zone of the high velocities to
be wider near the valve and the recirculation zone in the middle of the cylinder is bigger. The
k- models produced lower velocities in the zone near and below the valves compared to the
k-&¢ models and the flow field in this area is very similar in both of the k-w models. This
behaviour can be explained from the results of the port flow simulations where RNG was
predicting higher flow coefficient than the other models. The air motion in the rest of the
cylinder is noticably different, especially for standard k- which can be described as chaotic,
closer to a single cycle rather than time-averaged. k- SST somehow, reproduces the in-
cylinder flow motion with the recirculation zone in the middle of the plot but not as close to
the PIV as the k-¢. This behaviour can be explained based on the theoretical background of the
SST model which is a blend of standard k-¢ and k-o.

During compression, the main vortical structure moves towards the exhaust valves and a
uniform clockwise motion is observed for all four models, however, both k- models produce
higher velocities. In addition to this, for the two aformentioned models the vortical region is
smaller and differences on its structure can be observed. Again, the k-¢ RNG produced a flow

field closer to those of the PIV.

To sum up, during the intake stroke, standard k-& and k-¢ RNG produced very similar flow
fields and closer to the experiment. The standard k- model predicted different flow filed from
the PIV and the k-« SST, which is a blend of standard k-¢ and k-, produced results that can
be described as in between the two models. During compression, standard k-¢ and k-¢ RNG
were closer to the experiment but the differences between them and the k-® models were
smaller, yet noticeable. A reason for this behaviour is the difference between the valve flows
and the flow separation that each model predicts. When the in-cylinder flow was not affected
by the valve jet, the difference in the flow field was decreased. The conclusion of this study
was that k-e RNG was more appropriate for this engine’s simulations as it was producing
results closer to the experiment for both intake and compression stroke and this model was

used for the rest of this work.

137



Chapter 3 - Preliminary Studies and Model Validation

0.35 -

=1 o
th bt W)

In-cylinder mass [g]

o
—

540 630
deg CA

720

——Standard k-epsilon = ——k-epsilon RNG

Standard k-omega ~ ——k-omega SST

Figure 3.31 In-cylinder trapped mass for the four turbulence models
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Figure 3.32 Velocity magnitude at the intake runner for the four different turbulence models
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3.7. Engine Heat flux

Heat transfer affects the efficiency of the engine with higher heat fluxes to the walls will result
in lower work transferred to the piston. Moreover, heat transfer is related to thermal stresses
and fatigue cracking. Thus, it is important to accurately predict the heat flux during the full

cycle as this is linked to engine performance.

The heat transfer from the gas to the engine walls was validated against experimental
measurements (Serras-Pereira et al. 2012) of heat flux. The wall heat transfer was dealt with
the Angelberger model (Angelberger et al. 1997) using the equation 2.51. The AJ133 engine
was motored at 1500 RPM at two loads (0.5 bar and 1.0 bar intake pressure). The intake air
and wall temperatures were 20°C for both loads as reported in the experimental study. Due to
the lack of information, the exhaust temperature was assumed to be slightly higher, at 28°C

and the exhaust pressure at 1 bar again for both cases.

For the CFD results shown in Figures 3.34 and 3.35, the heat flux was averaged over the liner
(black line) and from a circular area of 6.4 mm diameter (heat flux sensor face) at the position
of the heat flux sensor (17 mm below the head gasket) (orange line). Note that between 310°CA
and 410°CA, simulated heat flux at the sensor location is not shown because the upward and
downward motion of the piston leads to the sensor face not being exposed to the in-cylinder
gas. In the same context, the measurements have also been affected by the piston’s motion as

the sensor’s face resides within the crevice volume within this crank angle window.

The CFD results were in a good agreement quantitatively and qualitatively with the experiment
for the whole cycle and some detailed experimental behaviour could also be captured. First of
all, the small drop in the heat flux signal at the beginning of the intake cycle was predicted, due
to the negative valve overlap which resulted in a small vacuum before IVO. After that, for both

CFD and experiments, the heat flux was almost zero due to the marginal temperature difference
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between gas and liner. During compression, the gas temperature raised which resulted in
increased heat flux which was well predicted for both loads. During expansion and before
EVO, the heat flux dropped slightly below zero for both loads. At EVO, the simulations
predicted an increase in heat flux, higher in magnitude for the 0.5bar load. This is because just
before EVO, the in-cylinder pressure is below the exhaust pressure and after the opening of the
valve due to the rapid increase in pressure, the temperature also rises, well above the liner’s
temperature, which in turn results in increased heat flux. The pressure difference at EVO
between the cylinder and the exhaust is smaller for the higher load and thus the increase in

temperature is smaller.

Some minor differences can be seen between the heat flux averaged over the liner and over the
sensor face. This is because the local flow at the area of the sensor face resulted in convective
heat transfer slightly different than the averaged heat flux over the liner. However, the trends

of heat flux for both the sensor area and the liner were the same.

10

Heat Flux [W/cm?]
e

2
0
2+ttt
0 90 180 270 360 450 540 630 720
deg CA
—Liner Sensor position ——Experiment

Figure 3.34 Heat flux at 0.5 bar intake pressure, 1500 RPM (4J133)
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Figure 3.35 Heat flux at 1 bar intake pressure, 1500 RPM (AJ133)

3.8. Validation of fuel injection

3.8.1. Sub-cooled fuel injection — quiescent chamber

A validation study of the sub-cooled spray modelling with the Lagrangian multi-phase
treatment was carried out in a quiescent environment and in the dynamic model of the AJ133
optical engine. Firstly, experimental measurements of spray tip penetration, droplet size and
SMD at a location 25 mm below the injector and spray formation in a quiescent chamber were
compared to numerical results. A six-hole injector designed for the AJ133 engine was used for
the experiments and the orientation and geometrical characteristics were applied to the CFD

model.

The inner hole diameter of the injector was 0.2 mm (Butcher et al. 2015), the nominal spray
plume cone angle was 15° and the spray pattern is showed at Figure 3.36. In the case of the
static chamber, the injector was mounted at 19° to the vertical for optimised optical access
(Aleiferis and van Romunde 2013). Detailed information of the injector can be found elsewhere
(Serras-Pereira et al. 2007 and Serras-Pereira 2010). The simulated fuel was iso-Octane at
293K for 0.5 bar and 293K ambient pressure and temperature. At these conditions the fuel is
considered to be out of the flash boiling region and thus, no flashing spray formulation was

applied. For the simulations, the mean mass flow rate for 1 ms injection pulse was 2.3 g/s per
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hole and it was taken from Butcher ef al. (2015). The injection pressure for these experiments

was 150 bar.
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Figure 3.36 AJ133 six-hole injector spray pattern

Most of the work was carried out in a cubic domain of 80 mm each side and it was discretised
using a Cartesian mesh of 1 mm size. The boundary conditions were an adiabatic wall on the
top, where the injector is mounted, and the rest of the cube’s sides were pressure boundaries.
The location of each plume where the droplets were introduced in the domain was 1 mm
downstream from the point in which all the six plumes cross each other. Figure 3.37 shows
how this was applied on the injector of the AJ20 head, but this approach can be generalised for
all the injectors in constant volume chamber and engine simulations. For the case of the
constant volume chamber the locations of the six plumes in the domain can be seen in Figure
3.37, second row. The direction of each plume is the positive z-axis of each coordinate system.
Due to the grid dependency of the collision model, the majority of the work was carried out
using the geometric constrain proposed by Nordin (2001) and has been discussed in a previous

chapter.
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Figure 3.37 AJ20 detailed head geometry with zoom on the injector and how the six individual plumes
were located in the grid of a constant volume domain.

As a base case, the blob method (Baumgarten 2006) was used to initialise the droplet size
(primary break-up) at the nozzle exit. With this method, the initial diameter of each droplet is
the same as the nozzle diameter, in this case 0.2 mm. To model the secondary droplet break-
up, the Reitz-Diwakar model (Reitz and Diwakar 1986) was used which was the most common
in the literature. For the base case the default values of the code were used. The mass flow rate
for the blob method was constant at the nominal value of 2.3 g/s per plume. No time varying
mass flow rate was applied because any transient phases would highly affect the Reitz-Diwakar

droplet break-up model without being able to control it through time.

Following another method, the droplet size was initialised using the Rosin-Rammler
distribution in order to take account any break up that may occur inside the nozzle due to
cavitation or turbulence break up as described in the literature. The Reitz-Diwakar model was
used again for secondary droplet break-up. For the Rosin-Rammler distribution two constants
had to be defined, the q (shape parameter) and X (scale parameter). According to Lefebvre
(2017) the q value lies between 1.5 and 4, thus it was set to 2.75. This also agrees with the work
of S. Moon et al. (2007), Keller et al. (2015) Li et al. (2014). The X value was set to 22*10-6
after an iterative process which gave the best match against the experimental data (spray

formation, penetration droplet size and SMD). In the work of Beavis et al. (2015) and
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Banaeizadeh et al. (2013) the X value was in the range of 14 um to 30 um. In addition, the
Rosin-Rammler distribution allowed to apply a time varying mass flow rate and injection
velocity profile. While the time varying mass flow rate for this injector was not available, data
of similar injectors at 100 bar and up to 200 bar injection pressure were analysed (Costa, M.,
et al. 2009; Postrioti ef al. 2015; Gandhi and Meinhart 2009). First of all, it was observed that
an initial ramp of increasing flow rate from zero up to the maximum flow rate exists. This ramp
for all the injectors, irrespective of injection pressure, had a duration of about 0.11 ms.
Secondly, different injectors had different behaviour at the end of this ramp. From the work of
Postrioti et al. it was seen that for both injection pressures (100 bar and 200 bar) there was an
overshoot of the mass flow rate which was about 1.6 times greater than the steady flow rate of
the injection. From the work of Costa ef al. it was seen that there was no overshoot for the 50
bar and 100 bar injection pressure and there was an overshoot of 1.25 times greater than the
steady flow rate at 150 bar. The flow rate in the work of Gandhi and Meinhart 2009 did not
show any overshoot at 100 bar which was the highest tested pressure. From all these, it was
decided to apply an overshoot of about 1.35 times of the steady mass flow rate. Furthermore,
the time from the overshoot to the steady mass flow rate was again about 0.11 ms and it was
taken from the experiments. Lastly, this initial ramp and overshoot was observed with the same
magnitude and duration irrespective of the duration of the total injection pulse. The mass flow

rate per hole and the droplet velocity at the nozzle exit are shown in Figure 3.38.
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Figure 3.38 Mass flow rate and injection velocity for the case with the Rosin-Rammler distribution
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Firstly, the spray shape of the simulations was compared against the experiments (Figure 3.39).
The spray tip of the simulation with the default blob method was flat while in the experiment
had a sharper end. The base case over-predicted the penetration 400 ps After Start Of Injection
(ASOI) with an increasing rate as the time evolved. Moreover, the droplet sizes (minimum
droplet diameter of 50 um and SMD of 100 um) was over-predicted due to low break up rate
imposed by the default parameters of the model. The experiments reported droplet diameters
of about 10-12 pum and SMD at the range of 11-15um (Aleiferis and Van Romunde 2013 and
Butcher et al. 2015). Because of the above reasons, the four constants of the break up model
were reduced in order to achieve spray penetration and droplet sizes close to the experiment.
After an iterative process, the final values of the constants for the optimised case which had an
acceptable spray shape, penetration and droplet size can be seen in Table 3.7. A spray plume
with a sharper tip was generated with both the optimised blob method and the Rosin-Rammler
distribution. Also, the fishbone type core with smaller droplets at the edges of the plume was

also predicted.

Initial
We We Te Te
droplet
(bag) | (Strip) | (Bag) | (Strip)
diameter
Base 200 pm 6 0.5 3.1415 20
Optimised | 200 um 1.8 0.1 1.5 6

Table 3.7 Initial droplet size and Reitz break-up constants for the baseline and optimised cases
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Figure 3.39 Spray formation and droplet diameter 0.78 ms after star of injection. Fuel: iso-Octane,
T=20°C, Pwo=(0.5bar. Experiments from Van Romunde et al. (2007)

The penetration of the optimised blob method and of the case with Rosin-Rammler distribution
can be seen in Figure 3.40. Overall, both of the cases are in a good agreement with the

experiment and are following the trend of the increasing penetration as the time evolves. The
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maximum difference between numerical and experimental penetration was about 10% at the
period of 555 us to 666 us which was observed with the blob method. For the rest of the spray
event, the penetration of the blob method was within the standard deviation of the experiment.
The penetration of the spray with the Rosin-Rammler distribution was always within the
standard deviation and the maximum difference from the mean experimental value was 4%

showing a better agreement than the blob method.
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Figure 3.40 Experimental and numerical spray penetration of iso-Octane at 0.5 bar ambient pressure
and 293K fuel temperature

The spray plume tip velocity was also calculated (Figure 3.41), using a central-differencing
scheme and compared against the experimental data calculated in the same way Aleiferis and
van Romunde (2013). The simulations of both methods are in a good agreement with the
experiment and they predict accurately the initial acceleration of the spray up to 444 pus ASOL.
After that, the spray tip is decelerated but the rate of deceleration of the spray with the blob
method is lower while the spray with the Rosin-Rammler distribution is closer to the
experimental values. This indicates better predictions of spray velocity and spray penetration
for injection duration greater than 1 ms when using this method. This is very important in

engine simulations of high load where the injection duration is greater than 1 ms.
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Figure 3.41 Experimental and numerical spray tip velocity

In addition, the droplet sizes predicted by the simulations were compared against Phase
Doppler Anemometry (PDA) measurements (Aleiferis and Van Romunde 2013 and Butcher et
al. 2015) which includes Arithmetic Mean Diameter (D10), SMD (D32) and spray droplet
count, 25 mm below the injector tip. The calculations of these two numbers are given by
equations 3.5.

21D} 21D}

D32 =

D10 =
21Dy X1Df

(3.5)

As it was mentioned before, the experiments reported droplet diameters of about 10-12 um and
SMD at the range of 11-15um. Both of the methods had a converged SMD number at about 15
um, 1.5 ms ASOI as it shown in Figure 3.42. However, the way of this convergence was
occurred was different for the two cases. With the Rosin-Rammler distribution, the initial SMD
number was 32 um which dropped to the target of 15 um as the time evolved. The opposite
trend was seen when the blob method was used. The initial SMD number was 11.7 um which
was increased to 15 um. This behaviour was further investigated and compared against

experimental data of droplet size scatter plot and droplet mean diameter versus time.
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Figure 3.42 Numerical SMD number for the optimised blob method and the Rosin-Rammler
distribution, 25 mm below the injector tip

From the experimental scatter plot of Butcher et al. (2015) it is clear that the first droplets
which arrive at the interrogation area were droplets with diameter of about 25 um to 35 pm.
After that, the majority of the droplets which arrive at that location had diameter in the range
of 2 um to 15 um and a small number of droplets were above this range. While in the other
experimental scatter plot the ambient pressure was 1 bar, the trend holds and the droplets with
bigger diameter (20 to 25 um) arrive first, and after that, smaller droplets in the range of 5 to
12 arrive. A comparison between the scatter plots produced by the Rosin-Rammler distribution
and the optimised blob method (Figure 3.44) reveals that parcels (with a number of droplets
within a parcel) of higher diameter in the range of 25 um to 40 um arrive first at the
interrogation area when the Rosin-Rammler distribution was used. After that, smaller droplets
in the range of 2 um to 10 pm arrived. However, with the blob method, the first droplets to
arrive at the interrogation area where in the range of 10 um to 15 um and after that, droplets
with larger diameters were captured (up to 45 um). This explains why the SMD number with
the Rosin-Rammler distribution starts at higher values (32 um) and converges to 15 pm as
smaller droplets are added, while with the blob method the smaller droplets at the beginning
give smaller SMD. In addition, the scatter plot of the simulations shows the number of the

droplets in each parcel. This is shown by the size of each circle (which represents a parcel of

150



Chapter 3 - Preliminary Studies and Model Validation

specific diameter) on the plot. Larger circles mean more droplets within the parcel. Both
methods of droplet initialisation show a larger portion of small droplets up to 15 pum
nevertheless, there are considerably more droplets of large diameters (above 25 um) with the

blob method something that was not observed in the experiments.
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Figure 3.43 Experimental droplet size scatter plot versus time for gasoline at 20 °C and ambient
pressure of 0.5 bar and 1.0 bar. Butcher et al. (2015) and Aleiferis and Van Romunde (2013)
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Figure 3.44 Numerical droplet size scatter plot versus time for iso-Octane at 20 °C and ambient
pressure at 0.5 bar for the optimised blob method and the Rosin-Rammler distribution, 25 mm below

the injector tip

Finally, in Figure 3.44, the moving average of D10 for the two initialisation cases was
compared against the moving average of the two experimental scatter plots. It has to be
mentioned here that the numerical moving average is calculated for each timestep and for this
reason the lines are not smooth. The moving average of the blob method is smoother because
all the droplets start with the same initial diameter and the minimum diameter is limited to 4-5
um due to the settings of break up model which control the severity of the break up. With the

Rosin-Rammler distribution though, smaller diameters in the order of 0.5 um were allowed to
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be generated which in turn, affected the D10 calculation at specific timesteps which show D10
values lower than the experiment. Despite these differences, the numerical results were in a

good agreement with the experimental results.
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Figure 3.45 Experimental and numerical D10.Numerical setup: iso-Octane at 0.5 bar ambient pressure
and 293K fuel temperature. Experiment: gasoline at 20 °C and ambient pressure of 0.5 bar and 1.0 bar

In general, both methods of initialising the droplet diameter were acceptable and agreed
quantitatively and qualitatively with the experimental results, however an optimisation process

was needed to represent experimental measurements. It was found that:

e The predicted penetration for both cases was close to the experiment with the Rosin-
Rammler distribution showing slightly better agreement than the blob method (4% and

10% maximum difference, respectively).

e The spray tip velocity was as well in agreement with the experimental measurement at
the initial acceleration, however, the blob method had greater velocities at later stages
of the injection. This leads to over prediction of the penetration at long injection

durations.

e The SMD number at 25 mm below the injector tip was in a good agreement with the

experiments for both methods, however the behaviour differed.
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e With the Rosin-Rammler distribution, larger droplets arrived first at the interrogation
area, similar to the experiment. However, small droplets arrived first at the same

location with the blob method.

e Droplet mean diameters similar to the experiment were recorded at the interrogation

area for both cases during the steady state duration.

e The Rosin-Rammler method allowed better representation of the injection event. The
initial increase and overshoot of the mass flow rate and velocity was allowed to be
modelled. This was not possible with the blob method as the transient phases highly
affect the Reitz-Diwakar droplet break-up model without being able to control it
through time.

From all the above, it was decided for the rest of the work of sub-cooled fuel injection to use
the setup with the Rosin-Rammler distribution which produced results closer to the

experiments and more realistic behaviour.

3.8.2. Sub-cooled fuel injection — optical engine

The model of the AJ133 optical engine which was used for the validation of the in-cylinder
pressure trace and the flow field with the same boundary conditions was used to include spray
modelling in the motoring case. The injection parameters for the engine are showed at Table
3.8. It has to be noted that the triggering of the injector was 80 deg CA after TDC but there was
a delay of about 0.3 ms (2.7 deg CA for the engine speed of 1500 RPM) before the spray comes
out of the injector, thus the spray in the model was initiated at 82.7 deg CA after TDC.
Moreover, after the 0.8 ms (7.2 deg CA) of injection the injector receives the falling edge of
the trigger at 89.9 deg CA after TDC. Again, there is a small delay and the droplets leave the
nozzle around 10 deg CA after the start of injection. As a result, the total injection period for
the simulation was 10 deg CA. The setup of the injection was kept the same as the case with
the Rosin-Rammler distribution described above and the injector was mounted vertically on

the engine.

Figures 3.46 and 3.47 show the numerical and experimental mean spray development of iso-
Octane (simulation) and gasoline (experiment) at a swirl and tumble plane respectively. The
continuous red circle represents the liner of the engine and the red dotted circle represents the

optical window of the piston. The results showed that qualitatively the spray penetration is well
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predicted at the initial stage, but it is slightly over-predicted 9 deg CA after SOI. This is more
evident for the plumes 1 and 6 that are away from the window. In the simulation, the plume 6
has passed the optical window of the piston (red dotted line) while in the experiment the whole
plume can be seen within the optical window. The penetration of the plumes 3 and 4 in the
swirl plane however were better predicted as they arrive at the edge of the optical access at the
same time (9 degrees CA ASOI). The first droplets arrived at the piston liner 11 deg CA after
SOI and the core of the plume 12 deg CA after SOI however, it was reported that the spray tip
had contact with the liner 13 deg CA after SOI (Serras Pereira et al. 2012). However, the
penetration of the vertical plumes was predicted more accurately when compared to the
experimental images in the tumble plane and the spray tip reached the piston surface at the

same time as the experiment.

Moreover, other qualitative aspects of the experimental images were captured with the
simulation. In the experiment (swirl plane at Figure 3.46) the plumes 1 and 6 were transported
by the incoming flow and especially plume 6 did not penetrate in a straight line and the spray
was curved due to the intake valve jet. This bended plume was captured by the CFD model,
when the spray was observed from the optical window of the piston (swirl plane at Figure 3.47).
The tip of the plume 1 was also affected by the valve jet, in a smaller degree. Droplets from
the spray tip were transported towards the exhaust side similar to the experiment. The velocity
was higher in the pent roof and the flow was directed to the exhaust side and thus the plumes
1 and 6 were affected as they were penetrating in the domain through this high velocity flow.
For the other four plumes, higher concentration could be seen between plumes 4 and 5 as these
plumes were more affected by the incoming flow. Similar behaviour was observed in the

experimental images of the swirl plane (Figure 3.46).

Fuel iso-Octane
Fuel temperature 293 K

SOI 80 deg CA after TDC
Injection period 0.8 ms, 7.2 deg CA

Table 3.8 Injection parameters for the AJ133 optical engine
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Figure 3.46 Numerical spray development and experimental spray development in the AJ133 optical
engine, sub-cooled spray, swirl plane
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11°

Figure 3.47 Numerical spray development and experimental spray development in the AJ133 optical
engine, sub-cooled spray, tumble plane. Images not in scale

The last step of validation was the investigation of the air-fuel mixture. The experimental
equivalence ratio of QPLIF data from Williams et al. (2010) in Figure 3.48 was compared
against the numerical equivalence ratio (Figure 3.49) during the compression stroke. In this
experimental work, the images were acquired in a firing engine before ignition. Because of
this, the boundary and initial conditions had to be modified to represent firing conditions. The
initial in-cylinder temperature and pressure were increased as well as the initial and boundary
condition of the exhaust port. This was done because the residual hot gases can promote fuel
evaporation. In the absence of data from the experiment, the values were taken from the

experimental data of the AJ20 running at 0.5 bar intake pressure and zero valve overlap.

Three different tracers were used in this study to quantify the light, medium and heavy
components of gasoline. These were acetone for the light components, toluene for the medium
components and 1,2.4 tri-methyl benzene (TMB) for the heavy components. It can be seen that
different behaviour and thus contours exist for the three tracers. The acetone is in higher
concentrations near the piston. Toluene is in higher concentration at the exhaust side and the

TMB is in higher concentrations under both intake and exhaust side.
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Figure 3.48 Experimental in-cylinder equivalence ratio distribution at 60° BTDC for the three different
tracers (1500 RPM and 0.521 bar intake pressure)

The simulation showed that there is a rich mixture under the intake port while at the exhaust
side the mixture is lean. This behaviour is due to the strong tumble motion, as it is represented
by the vector arrows, which transports the fuel vapour. Similar behaviour was also found by
Beavis (2017). The rich zones near the piston are due to the evaporation of the previously

formed liquid film which can also be seen in the experiments.
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Figure 3.49 Numerical in-cylinder equivalence ratio distribution at 60° BTDC
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3.8.3. Flash-boiling fuel injection — validation and development

For a fully warm engine and especially when running at low loads (wall temperature at 90 °C
and ~0.5 bar at the intake runner), the fuel condition during injection initiate the phenomenon
of flash-boiling. A so-called flash boiling boundary condition model and a superheat
evaporation model developed by Price et al. (2015, 2016) and described in the mathematical
formulation was used for these conditions. The development and validation in a quiescent
chamber with STAR-CD, has already been published in various publications of the
aforementioned authors. A comparison of the spray formation and penetration for a sub-cooled
and a flash-boiling case from that work is shown in Figure 3.50. The sub-cooled case is the
validated case of iso-Octane which was described above with the fuel temperature at 20 °C and
ambient pressure at 0.5 bar. For the flash-boiling case, the fuel was n-Pentane at 120 °C and
the ambient pressure at 0.5 bar. The components with lower boiling points such as n-Pentane
and iso-Hexane are the ones which drive the flash boiling of gasoline and for this reason were
used as single component fuels in the simulations. It has to be mentioned here that the
development of the flash boiling model was done with a slightly different approach than the
one described above for the sub-cooled spray. Firstly, the droplets of all the plumes were
introduced in the domain from a single point which was the centroid of a cell, using the blob
method even if a reduction of the initial droplet size was applied. In addition, the standard

collision model of O’Rourke was used without the geometrical constraints of Nordin (2001).
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Figure 3.50 Experimental spray penetration of iso-Octane at 0.5 bar ambient pressure and 293K fuel
temperature and of n-Pentane at 393K fuel temperature, Numerical spray penetration of iso-Octane at
0.5 bar ambient pressure and 293K fuel temperature and of n-Pentane at 393K fuel temperature

The performance of the model was tested, and the validation was carried out in the AJ133
optical engine while motoring with the nominal intake pressure at 0.5 bar. The engine head
was warmed before the experiments at 90 °C (coolant temperature) in order to warm the
injector and consequently the fuel. Thus, the nominal fuel temperature in the experiments of
Serras-Pereira et al. (2008) was 90 °C, which represented fully warm engine conditions. For
the simulations, two light components (n-Pentane and iso-Hexane) of the gasoline where used
to represent the flash boiling of gasoline. The cone angle of each plume was kept at 15° as it
was described in the publication of Price ef al. (2016). According to the findings of the in-
cylinder pressure trace validation, for the conditions of the motoring engine with flash-boiling

(walls at 90 °C), the intake pressure was 0.47 bar.

Firstly, the model was tested with n-Pentane and the nominal temperature of the head was
applied as the injection temperature of the fuel. The numerical results (Figure 3.51) showed
that for 90 °C fuel temperature, the collapsing mechanism of n-Pentane is severe resulting in a
narrow cone angle and greater spray penetration when compared to the experimental data of
gasoline for the same conditions. The experimental data (van Romunde et al. 2007) which

compared gasoline and n-Pentane flash-boiling in a quiescent chamber (Figure 3.52) also
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showed that for the same conditions, the n-Pentane collapsing mechanism was more severe
than that of gasoline due to heavier components in gasoline with higher boiling points. In order
to reduce the severity of the n-Pentane collapsing mechanism and replicate the gasoline flash-
boiling in the engine, a sensitivity study was carried out and the injection temperature was
reduced from 90 °C up to 60 °C with 5 degrees increment. As it was expected, with the
reduction of the injection temperature, the severity of the collapsing mechanism was reduced
and the spray characteristics for injection temperatures in the range of 80 °C to 70 °C
approached those of the experimental gasoline injection. In the tumble plane, the outer cone
angle was increased, and the penetration was decreased while keeping a degree of merging
between the four plume targeting towards the piston. In the swirl plane, the two plumes
targeting the spark plug also show a degree of merging similar to the experiment especially
closer to the injector. In addition, droplets from the tip of these two plumes were carried by the
flow towards the exhaust ports, a behaviour also seen in the experiments. For injection

temperatures lower than 70 °C, the spray formation was closer to the sub-cooled cases.

Injection
temperature

Swirl view Tumble view

90°C
(experiment)

90°C
(numerical)
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80°C
(numerical)

70°C
(numerical)

60°C
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Figure 3.51 Numerical tuning process of the flash boiling model with n-Pentane in the AJ133 optical
engine. Experiments from Serras-Pereira et al. (2008)
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Gasoline at T=90 °C, P=0.5 bar

n-Pentane at T=90 °C, P=0.5 bar n-Pentane at T=50 °C, P=0.5 bar
Figure 3.52 Comparison of spray behaviour of gasoline and n-Pentane at various temperatures and 0.5
bar ambient pressure. Experiments from van Romunde et al. (2007)

When iso-Hexane was used to replicate gasoline in the AJ133 engine, the results showed that
for the nominal injection temperature of 90 °C, the spray formation was closer to sub-cooled
cases with very small flashing behaviour (Figure 3.53). Due to the higher saturation
temperature at the same pressure of iso-Hexane when compared to n-Pentane the degree of
superheat is lower and thus, the flashing is lower. To replicate the experimental flash-boiling
of gasoline with the single component fuel of iso-Hexane the injection temperature had to be
increased. A sensitivity study was carried out and the injection temperature was increased from
90 °C up to 120 °C with 5 °C increment. For injection temperatures up to 105 °C the collapsing
of the spray was minor, and all six plumes were distinguishable, very similar to a sub-cooled
spray. When the injection temperature was further increased to 110 °C, the spray formation
showed a collapsing mechanism close to the experiment, with plume to plume interaction and
merging and the penetration was decreased. However, the plume merging is more severe than
the n-Pentane with the cases which agreed with the experiments. A further increase of the
injection temperature by 5 °C resulted in unrealistic results with a severe collapsing of the
spray, a very narrow cone angle and an increase of penetration, greater that the sub-cooled case.
The same severe collapsing mechanism was seen for higher injection temperatures. At high
temperatures, a small increase in temperature results in higher droplet diameter reduction

factors and in turn, the severity of the collapsing mechanism increases with high rate. However,
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for the n-Pentane the reverse path is followed so at lower temperatures the reduction factor is
decreased in a lower rate as the temperature is decreased and as a result the collapsing

mechanism is less intense.

Injection
temperature

Swirl view Tumble view

90°C
(experiment)

90°C
(numerical)

110°C
(numerical)

115°C
(numerical)

Figure 3.53 Numerical tuning process of the flash boiling model with iso-Hexane in the AJ133 optical
engine. Experiments from Serras-Pereira et al. (2008)
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From the above analysis it was seen that the flash-boiling mechanism of gasoline in an engine
can be replicated by single component surrogates of high volatility that exist in gasoline.
However, a tuning of the injection temperature is needed in order to match the single
component behaviour to that of the multi-component gasoline. Both n-Pentane and iso-Hexane
could predict the gasoline flash boiling when the injection temperatures were tuned.
Nevertheless, the iso-Hexane was more sensitive to the increase of temperature due to the high
increase of the droplet diameter reduction factor when going to higher superheat. On the other
hand, the n-Pentane allowed a larger window of injection temperatures to replicate the gasoline
flash boiling. It was concluded that the n-Pentane is more appropriate when the flash-boiling

model was necessary as it was easier to be tuned.

Lastly, the air-fuel mixture of n-Pentane was compared against the experimental QPLIF data
of from Williams, Ewart, Wang, et al. (2010) during the compression stroke. The same
procedure as for the sub-cooled spray was followed by increasing the initial in-cylinder
temperature and pressure and the initial and boundary condition of the exhaust port to replicate

the conditions of the firing engine.

The validation of the flash boiling model in the AJ133 optical engine was done in order to use
the same setup, due to the absence of data of the EB2 injector in flashing conditions, in the
AJ20 thermal engine for further investigations. This, however, revealed problems with the way
in which the injector had to be positioned and possible effects of this. First of all, in the AJ20
head, the geometry of the tip of the injector was included and ideally the approach of the sub-
cooled cases had to be followed by having each plume coordinate system on a different point,
around the injector tip and according to the spray pattern. However, due to the methodology of
the flash-boiling model, the centroid of a cell had to be chosen in order to introduce the
coordinates of the plumes. As the engine geometry was symmetric and the injector was located
on the symmetry plane, the point had to be on the symmetry plane and thus, not on a cell face.
For this reason, the EB2 injector was tested in a constant volume chamber and the plumes’
coordinate systems were either on the centroid of a cell or a cell face in order to investigate
possible differences in the spray formation. The setup was the same as the validated case of the
AJ133 optical engine meaning that the fuel was n-Pentane, the injection temperature was 70°C
and the ambient pressure and temperature were 0.5 bar and 293K respectively. The cone angle
of each plume was 17°. The computational domain was as well the same; a cube of 80 mm
edge discretised with a Cartesian mesh on 1 mm edge. It can be seen from Figure 3.54 that the

location of the injection point has a major impact on the spray formation. When the injection
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point was located on the centroid cell, a collapsing mechanism and merging of the six plumes
was observed, the same as the AJ133 injector approach. When the injection point was located
on the cell face, then only plumes that were travelling at the same side were interacting with
each other and there was a distinguishable area in which no plume interaction was observed,
which was at the symmetry plane defined by the cell face. In general, the cell face acted as a
barrier in which droplets of the one side could not interact with droplets on the other side of

the cell face.

Location A

Location B

¥ - *

Figure 3.54 Behaviour of the original flash-boiling spray with the EB2 injector location at two different
positions in respect to the mesh
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For these reasons, a general approach had to be established in order to address the problem of
selecting a specific point and thus a cell centroid and use the ideal approach of having each
plume’s coordinate system spaced according to the spray pattern. The first step was to position
the coordinate system of each plume 1mm away from the common point and in the direction
of each plume. This was done for the location B described above and the location A was moved
to a cell vertex in order to create more barriers from all possible cell faces. After moving the
coordinate system of each plume by 1mm, the modified, spaced plume locations A and B

looked as in Figure 3.55.

Location A

Coordinate system
of each plume

1 e A PR | D
5 6 i !
Commgn point
Location B

)
?i%z ;

X x A § ‘3( ° ©

Figure 3.55 EB2 injector location at two different positions in respect to the mesh with the plumes
spaced according to the Figure 3.37

The droplets of each plume were introduced at the (0,0,0) of their respective local coordinate
system and their direction was the positive z-axis. The rest of the simulation setup was kept the
same as the two cases described above. First of all, the results showed that when the six plumes
were not initialised from the same point, the interaction of the plumes was significantly
reduced, appearing more as a sub-cooled spray rather than a collapsing flashing spray. This

was observed for both locations A and B. Another patter which was observed, was the way that
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the plumes interacted with each other. For both locations, only the plumes which were
initialised from the same cell interacted. It can be seen that for the location A, the two plumes
on the left (3 and 4) and the two on the right side (1 and 2) interacted and droplets started to
merge. The same behaviour was seen for the location B but this time plumes 2 and 3 and plumes
5 and 6 interacted. Because of the fact that the spray formation was closer to the sub-cooled
case, the injection temperature was increased to 90°C for both locations while the rest of the
setup was kept the same. The results showed a highly collapsed spray with unrealistic plume
merging which is evident especially on the swirl plane. In addition to this, the behaviour of
plume to plume interaction dependent on the location of the injector was as well evident. For
the location A, the plumes 1 and 2 (and equally plumes 3 and 4) are collapsed and drawn
together almost in a single plume and their direction was the sum of the two vectors starting
for the local coordinate systems and the direction of the plume. It has to be re-iterated that for
these two pairs of plumes their starting points fell into the same cell. The same behaviour was
observed for the spray at the location B but this time plumes 2 and 3 (and equally plumes 5 and
6) were collapsed almost in a single plume. Moreover, the cone angle of all plumes was
narrowed while a 17° cone angle was specified, and this was regardless of the location of the
injector in respect to the grid. These results with the high grid dependency were pointing
towards the artefacts caused by the collision model. When the number of collisions was
investigated for each case it was found that for the 70°C injection temperature the average
number of collisions was ~31 and with the increased temperature the number was increased to
~261 collisions per timestep with most of them separation, thus only momentum was
exchanged. The reason behind this increase was the formulation of the collision model and the
reduction of the initial droplet sizes due to the flash-boiling boundary condition model. The
calculated initial droplet size for the 70°C injection temperature was around 160um and for
90°C was 14um. The mass flow rate was kept the same for all cases which means that more
small droplets had to be injected when the initial diameter was reduced with increased
temperature. This in turn increased the collision frequency in the collision model and the
increase of the collisions and especially those of separation lead to the unrealistic plume
merging. Despite these unrealistic predictions, when the spray was observed from the y-tumble
plane, characteristics seen in experimental flash boiling sprays were also evident here. These
were the curvature of the plumes which were drawn into the centre of the spray and the droplet

recirculation at the tip of the plumes.
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View: z-axis View: y-axis teImm:;rt;?llllre
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Separation: 200, Coalescec;: 60, Bounced: 5
Location A
70°C
Separation: 30, Coalesced: 1, Bounced: 0
90°C

Separation: 230, Coalesced: 30, Bounced: 1
Location B
Figure 3.56 Behaviour of the flash-boiling spray with the EB2 injector location at two different
positions in respect to the mesh at two fuel temperatures

In order to avoid the plume merging which was the result of two plumes starting from the same
cell, the area around the injector (cube of 10 mm each side) was refined and the cell size was
0.5 mm in size. This approach assured that each plume’s starting point was on a different cell.
Because of this, only the location A was used. The coordinate systems of the plumes on the

new mesh is shown in Figure 3.57. Two simulations were run for this grid at two different
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injection temperatures (70°C and 90°C) while the rest of the setup was kept the same as the
previous cases. The two results can be seen in Figure 3.58. For the 70°C injection temperature
the spray formation appeared as a sub-cooled spray using the blob method for the initialisation
of the droplets. There was no interaction between the plumes with no merging. When the
temperature was increased to 90°C, again there was no interaction between the plumes but as
seen above the cone angle of the plumes was significantly reduced despite the fact that a 17°
angle was specified. Once more, the thinning of the plumes was due to the increased collisions
which brought the droplets close to the nominal direction of the plume. Although there was
this unrealistic prediction, for the 90°C case, the plumes had the characteristic curvature of the
flash boiling and the droplet recirculation when observed from the tumble plane. In order to
confirm that this behaviour of the curved plumes was coming from the superheat degree of the
fuel, a case was run with initial droplet diameter at 14um (as predicted for the flash boiling
case) but the fuel temperature was 20°C. This case was run with the grid with the refined area
around the injector. The results showed that the thinning of the plumes was still present which
was due to the collision model. The collisions per timestep were lower than that of the case
with 90°C injection temperature but significantly higher than the case with 70°C injection

temperature.

1 B T I I B
Figure 3.57 Representation of the refined grid around the injector tip and the location of the plumes in
respect to the mesh
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Separation: 90, Coalesced: 60, Bounced: 5
Figure 3.58 Behaviour of the spray at three fuel temperatures on the refined grid

From all the above steps, it was concluded that the standard collision model can produce
unrealistic results depending on the injection temperature, superheat degree of the fuel, the grid
resolution and the location of the injector in respect to the grid. For these reasons the geometric
constraints proposed by Nordin and were already used for the sub-cooled sprays were applied.
Now, only the 90°C injection temperature was considered as it was predicting some of the
characteristics of the flash boiling observed in the experiments. The grid was kept the same as
before, with the refined area around the injector. For the initial test, the plume’s cone angle was
kept at 17°. The results showed a major improvement especially in terms of the cone angle
which was 17° as specified. In addition, as the collision model was not altering the direction of
the spray, the curvature of the plume and the mechanism of the collapsing into the centre as
well as the droplet recirculation at the tip of the plume was predicted. One more time, to verify

that this behaviour was due to the superheat evaporation, the evaporation was turned off. The

171



Chapter 3 - Preliminary Studies and Model Validation

results showed no plume curvature, no merging towards the centre and only the fishbone like
behaviour of the spray due to break-up was evident. This confirms that the evaporation affects
the flash-boiling behaviour. After that, the increase of the plume’s cone angle as seen in
experiments of flashing sprays was investigated. The individual plume cone angle was
increased to 30° and 45° while the rest of the setup was kept the same. As it was expected, the
cone angle of each plume was increased due to the suppressed behaviour of the collision model.
The plumes were again drawn into the centre, the curvature of the plumes was apparent as well
as the recirculation of the droplets at the tip of the plume. With further increase of the cone

angle, there was a greater plume merging. The above process is illustrated in Figure 3.59.

View: z-axis View: y-axis Plume cone angle

17°

17°
(No evaporation)

30°

45°

Lk

Figure 3.59 Behaviour of the spray at 90°C fuel temperatures on the refined grid for three different
cone angles. Collision geometric constraints applied. Blob method applied

172



Chapter 3 - Preliminary Studies and Model Validation

Until now, the initial droplet diameter was calculated from the flash-boiling boundary condition
model which predicted 14pm for the 90°C n-Pentane. The droplets were introduced with the
blob method meaning that the initial diameter of all droplets was 14um. As it was seen for the
sub-cooled spray, the use of the Rosin-Rammler distribution to initialise droplet sizes produced
more realistic results and closer to experimental data. For this reason, the three cases described
above for Figure 3.59 were run with the use of the Rosin-Rammler distribution. Due to the fact
that these cases represent flashing sprays the distribution was different from the sub cooled
spray. The shape parameter q was kept the same as before (2.75) and the scale parameter X
was reduced to 16um. With this setup the range of diameter was reduced with the maximum
value being 25um and it is according to data of flashing sprays at these conditions. In addition,
the peak of the probability density function is 14pm which matched the calculations of the
flash-boiling boundary condition model. The results of these simulations are shown in Figure
3.60. The results of the spray formation look more realistic as the larger droplets are less
affected by the recirculation of the tip and give a randomness while for the blob method all the

droplets had similar behaviour due to the same initialisation.

View: z-axis View: y-axis Plume cone angle

17°

30°

45°

Figure 3.60 Behaviour of the spray at 90°C fuel temperatures on the refined grid for three different
cone angles. Collision geometric constraints applied. Rosin-Rammler method applied
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The above results from the AJ20 injector were qualitatively compared against experimental
data carried out by Yang et al. 2013 (Figure 3.61). This study used a 6-hole Bosch injector with
a similar pattern to the AJ20 injector which allowed to investigate the general behaviour of the
spray in terms of shape and collapsing mechanism. The numerical predictions are very similar
to the experiments of the transitional flash boiling regime (0.4 bar — 1 bar ambient, 80°C fuel

temperature.)

AAAAALYS
AAAAAA S

207 357 507 657 80C 951 110€

0.7bar

1.0bar

0.1bar

0.4bar

0.7bar

1.0bar

207 35°C 507 657 807 957 1107

Figure 3.61 Experimental results of sub-cooled and flash-boiling sprays by Yang et al. (2013)

The behaviour of the spray structure was also investigated. More specifically, the bending of
the plumes towards the centre of the injector and the bending near the plume tip was studied.
The case with the fuel at 90°C and cone angle of 17° from Figure 3.59 was used (first row). In
the literature it is said that a low pressure region is the cause of the plume merging and
collapsing. The pressure field at the symmetry plane of the injector was plotted with the

maximum value showed in red indicating the ambient pressure (0.5 bar) and the blue colour
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indicated 0.48 bar. It is evident that there is a low pressure region in the injector which draws
the plume into the zone. The low pressure zone is produced due to the increased evaporation
of the fuel which replaced the existing air near the injector tip with fuel vapour. The molecular
weight of n-Pentane is almost 2.5 times greater than that of air which resulted the pressure
drop. Similarly, the vortex created due to the interaction of the plume with the ambient, also

produced another region of low pressure which affected the propagation of the plumes.

Pressure [bar]

0.49
0.485

0.48

Figure 3.62 Spray structure and pressure field at the EB2 injector symmetry plane. Fuel temperature
at 90°C, cone angle 17°, blob method, geometric constraints applied. (Figure 3.59, row 1)

Due to the absence of experimental data of the AJ20 injector at the conditions studied above to
validatate the new approach (90°C injection temperature at 0.5 bar ambient pressure), the
experiments of van Romunde and Aleiferis (2007) with the AJ133 injector were compared
against numerical simulations with the improved setup (Figure 3.63). The grid initially was the
one with the refined area around the injector tip. For the simulations n-Pentane was used, the
injection temperature was 90°C and the ambient pressure 0.5 bar. The collision model with the
geometric constraint activated was used and the droplet size initialisation was carried out with
the Rosin-Rammler distribution. The mass flow rate was constant 2.3 g/s per hole and no
further optimisation was carried out. Three different cone angles for the plumes were tested,
the same as for the cases described above (15°, 30°, 45°). For the narrower angle, the curvature
of the plumes and the recirculation of the droplets at the tip of the plume was evident however,
the cone angle was narrow when compared against experimental images. When the cone angle
was increased to 30°, the spray formation was in a good agreement to the experimental images
of gasoline at 90°C temperature. A further increase of the cone angle to 45° agreed with the

experimental images of gasoline at 120°C and n-Pentane at 90°C.
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Figure 3.63 Numerical spray structure of the AJ133 injector for three different plume cone angles. Fuel
at 90°C, Rosin-Rammler, geometric constraints applied
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Except from the spray structure, the penetration of the plume 6 for the three cone angles was
compared against experimental data (Figure 3.64). The penetration with the narrowest cone
angle was predicting the penetration of gasoline at 90°C due to the high axial momentum.
When the cone angle was increased and thus, the axial momentum was decreased the
penetration was reduced and the results were closer to the experimental data of the fully
flashing n-Pentane and gasoline. When 30° were used for the cone angle, the penetration was
4.5-7% above the mean penetration of n-Pentane at 120°C which gave the greatest penetration
of all the fully collapsing sprays. However, it was very close to the upper limit of the error bars
of this experimental condition. When this penetration was compared against the other
experimental penetrations, the differences were greater (anywhere between 8% and 13%). For
the widest cone angle, there was a very good agreement against the experimental penetrations

of n-Pentane and gasoline at 120°C.

The last three simulations were also run for the grid without the refinement around the injector
tip in order to validate the fact that these runs were independent of the cell size and the location
of the initial location of each plume. In terms of spray structure, the results were almost
identical and only the penetration changed of about 0.8mm. More specifically, for all three
cases, the penetration was reduced when the grid without the refinement was used. The
increase of the cell size caused a greater dissipation of momentum in the continuous phase and
thus the gaseous velocity was reduced. As a result, the relative velocity of the droplet was
higher which in turn increased the drag force on the droplet. Another case to validate the grid
independency was the rotation of the injector z-axis by 35°. Again, there was no change on the
structure or the penetration. In order to avoid to over-populate the graphs with lines that they
fall on top of each other only cases that differed from each other were plotted. Lastly, with this
setup and with the cone angle of 45° the numerical SMD number was compared against the
experiments (Figure 3.65). The experiments of gasoline and n-Pentane for the fully flashing
sprays produced SMD values of 8um to 11um. The converged value of the simulation was

9.5um, which is in a good agreement with the experiments.
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Figure 3.64 Experimental penetration of gasoline and n-Pentane at 90°C and 120°C. Numerical
penetration of n-Pentane at 90°C with various cone angles at coarse and refined grid. Ambient pressure
at 0.5 bar
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Figure 3.65 SMD number of the optimum flash-boiling case for the AJI133 injector, 25 mm below the
injector tip

Lastly, a simulation was run to model an experimental case of the EB2 injector, injecting 90°C
E10 gasoline at 1 bar ambient pressure (static engine). From the above findings, the simulation
setup used 90°C n-Pentane, the droplet diameter was initialised with the sub-cooled parameters
of the Rosin-Rammler distribution and the geometric constraints of the collision model were
activated. From the experiments of Butcher et al. (2015) it was observed a small difference in
droplet sizes for 20°C and 90°C gasoline injected at 1 bar ambient pressure and for that reason
the sub-cooled parameters of the Rosin-Rammler distribution was used. Two plume cone
angles were tested, the nominal 17° of the sub-cooled spray and 25° due to the small superheat
degree of the gasoline. For this case experimental data only of spray structure were available.
The comparison is shown in Figure 3.66 however, the experimental and numerical vies are not
in the same scale. The spray structure with the 25° cone angle showed a good agreement with

the experimental images of the swirl and tumble plane.
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Figure 3.66 The EB?2 flash-boiling spray structure for two plume cone angles. Fuel temperature at 90°C
and ambient pressure 1bar. Comparison against gasoline at 90°C and 1 bar ambient pressure

From all the above tests it was concluded that the general approach should follow the steps:

e FEach plume should be initialised from a different point in the domain by finding firstly

the common point where all plumes cross each other

e The initial point of each plume should be ~Imm away from the common point and in

the direction of the plume

e The geometric constrain of the collision model has to be activated to avoid unrealistic

results due to the standard collision model.

e Preferably, the Rosin-Rammler distribution has to be applied for droplet size

initialisation.
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e For fully flashing gasoline sprays (90°C-120°C injection temperature at 0.5 bar ambient

pressure) a cone angle in the range on 30°-45° is advisable.

e For transitional sprays a cone angle around 25° is advisable.

After the above conclusions, the flash boiling case in the AJ133 optical engine was run again
with the generalised approach. This included a Rosin-Rammler distribution with 45° cone
angle. At the swirl plane (Figure 3.67), the numerical predictions are in an agreement with the
experimental snapshots of the spray propagation. At 4 degrees CA after SOI, the plumes 1 and
6 which are directed away from the optical window are under the spark plug, the same as in
the experiments. Due to the fact that the light in the experiments is coming from the window
(left side) and it is scattered by the four plumes targeting the piston, the plumes 1 and 6 are less
visible. At 6 and 8 degrees after SOI, the centre of the four merging plumes is brighter due to
the higher concentration of droplets and a similar behaviour can be seen in the predictions. In
the tumble plane (Figure 3.68), at the 3.6 degrees after SOI, the plumes that are merging
(2,3,4,5) have the same penetration as the experiment which can be identified by using the
intake valve as a reference. There is small difference between experiment and CFD because of
the 0.4 deg CA difference of the two images. At 9 degrees after SOI the recirculation of the
droplets and the increased penetration at the intake side which was seen in the experiment was

also seen in the numerical predictions.
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Figure 3.67 Numerical spray development and experimental spray development in the AJ133 optical
engine, optimised flash-boiling spray, swirl plane
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Figure 3.68 Numerical spray development and experimental spray development in the AJ133 optical
engine, optimised flash-boiling spray, tumble plane
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To sum up, the spray modelling was validated against experimental data of spray shape,
penetration, droplet sizes and spray tip velocity. The spray tuning was done with the
appropriate initial droplet size and break up parameters. When the model was introduced in an
engine, the penetration of plumes 1 and 6 was slightly over-predicted and the spray reached the
cylinder liner 1 degree CA earlier than the experiment but the penetration of the other plumes
was closer to the experiment and reached the piston surface at the same time. Moreover, the
curved behaviour of plume 6 and the transportation of the droplets from plume 1 due to the
intake valve jet was accurately predicted. Furthermore, the air-fuel mixture before ignition was
compared against QPLIF data which showed differences between the experiment and the

predictions possibly due to the stronger tumble flow of the CFD.

A fuel spray validation and development for flash-boiling conditions was carried out in a
quiescence chamber testing two approaches of droplet initialisation. Improvement of the
existing model with grid independence was achieved. In addition, the conclusions of the
quiescence chamber were transferred to a dynamic model of the AJ133 optical engine for

further validation of the spray behaviour during motoring.

3.9. Validation of fuel impingement and film formation

Fuel-wall interaction and film formation are two factors that affect hydrocarbon and particulate
emissions. Accurate prediction of these two phenomena can lead to interpretation of

experimental measurements and prediction of new designs and strategies.

Validation of the predicted heat flux of an impinging spray onto the liner of the AJ133 static
engine (1 bar ambient pressure) was performed and compared to measurements by a heat flux
sensor (Serras-Pereira et al. 2013). Two droplet-wall interaction models were considered,
namely Bai-ONERA and Senda which predict the outcome (adhere, bounce or shatter) of
droplet impacting on a wall. For the adhesion regime, a droplet to film transition model offered
by the software and was the suggested option was also considered. In addition, the area where
the spray was impacting was discretised with two different cell sizes (1 mm and 0.5 mm). These
sizes are typical in engine modelling for grids consisted of about 1 and 2 million cells
respectively. Lastly, a 1D conjugate heat transfer model which calculates the heat conduction
in the solid and the interaction of the solid-fluid interface was tested. Five different cases were
tested with the fuel temperature at 20°C and the wall temperature at 10°C, 20°C, 34°C, 48°C

and 66°C. The simulated fuel was iso-Octane with the injection duration of 0.8 ms, the same
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as in the experiment. The rest of the spray setup (spray velocity, mass flow rate, initial droplet
size etc.) was the same as for the validation of the AJ133 injector. The heat flux was averaged
from a circular area of 6.4 mm diameter (heat flux sensor face) at the position of the heat flux
sensor (17 mm below the head gasket). The sensor position around the bore is at the maximum
heat flux of plume 6. In the simulations, the cell faces which had their centroid within the circle

of 6.4 mm diameter were considered.

The numerical peak heat fluxes were compared against the experimental averaged peak heat
fluxes. Firstly, the two droplet-wall interaction models were tested for the two surface cell sizes
with and without the IDCHT model, having activated the droplet to film transition model and
the results are shown in Figures 3.69 and 3.70. Form Figure 3.69, the peak heat flux predicted
by the Senda model for both cell sizes, with and without the IDCHT model at different wall
temperatures can be seen. The results for all cases, except the one with the coldest wall (10 °C)
in which the peak heat flux was under-predicted (1/3 of the experimental value), are within the
standard deviation of the experiment. The peak heat fluxes predicted by the smaller cell size
were closer to the mean experimental values and were following the trend of increased heat
flux as the wall temperature was increased with and without the IDCHT model. However, for
the coarser grid, higher discrepancies were seen as the wall temperature was increased. With
the use of the IDCHT model, the trend of high discrepancies was preserved with the coarser
surface mesh. With the finer grid, the results were within the experimental range and close to
the mean values (less than 10% for all temperatures) without the IDCHT model and a

difference of up to 25% with the use of the IDCHT model.

When the Bai-ONERA model was used (Figure 3.70), the predicted peak heat fluxes were
either lower than the experimental results or there was no heat flux. More specifically, the trend
of the simulations with the 0.5mm cell resolution produced peak heat flux which follow the
experimental trend however, they were three times lower than the experimental values and
outside the standard deviation. When a coarser surface mesh was used, no heat flux signal was
recorded irrespective of wall temperatures. The use of the IDCHT model had the same results
for the coarse and fine mesh. An inspection of the impingement area showed that no liquid film
was formed, and the impinging droplets adhere to the wall in spherical or cylindrical form
which were treated individually thereafter. The high dependence of the liquid film formation
itself on the size of the surface cell lead to the investigation of this behaviour. The area of the
cell face is only used in the droplet to film transition model and it is inversely proportional to

the transition criterion meaning that for larger cells, more droplets have to be adhered in order
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to have liquid film formation. In these cases, the number of droplets which adhered on the wall
was larger with the Senda model, which lead to satisfying the droplet to film transition model.
With the Bai-ONERA model, the smaller number of adhered droplets did not satisfy the
criterion for the coarse grid, while for the finer grid, this process was slower resulting on fewer
mass and lower heat transfer. The differences seen between the Senda and the Bai-ONERA
models are due to the different criteria applied for the distinction of the droplet-wall interaction

regimes.
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Figure 3.69 Experimental average peak heat flux and numerical peak heat flux of Senda model with
coarse and refined surface mesh, with and without the 1DCHT model, with droplet to film transition
model, various wall temperatures
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Figure 3.70 Experimental average peak heat flux and numerical peak heat flux of Bai-ONERA model
with coarse and refined surface mesh, with and without the IDCHT model, with droplet to film
transition model, various wall temperatures

For the reasons mentioned above, the same simulations were run without the droplet to film
transition model. The results can be seen in Figures 3.71 for Senda model and 3.72 for Bai-
ONERA. The peak heat flux predicted by the Senda model were improved further, especially
for the finer surface mesh which had a difference of 13% when the wall temperature was 66
°C and less for lower temperatures. However, the heat flux for case with the coldest wall (10
°C) was again below the mean experimental value. This can be explained by the fact that the
injected fuel in the experiment may be slightly hotter than the nominal 20 °C (Serras-Pereira
et al. 2013) while for the simulations the nominal value was used. Moreover, these variations
have a stronger effect when the fuel-wall temperature difference is smaller. The peak heat
fluxes with the IDCHT model was very close to the simulations without the model and the
differences were about 1% or less. With the coarser surface mesh, the discrepancies of the
predicted peak heat fluxes continued and a maximum difference from the experiment of 30%

was observed.

In addition, the deactivation of the droplet to film transition model drastically improved the
peak heat flux predicted by the Bai-ONERA model. Both coarse and fine surface meshes

produced liquid film and thus, the peak heat fluxes were close to the experimental averaged
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peak heat fluxes and within the standard deviation. Again, the heat flux for the cases with the
coldest wall was below the experimental value. The repeatability of this behaviour can support
the argument of slightly hotter that the nominal injected fuel in the experiment. The use of the
IDCHT model produced again discrepancies for the coarser grid but for the finer mesh, the
difference from the simulations without the model was minor (less than 1%). In addition, the
finer mesh had a maximum difference of 10% observed at 66 °C wall temperature and the
coarser mesh had a maximum difference of 30% at 66 °C wall temperature with the IDCHT
model and 35% difference without the IDCHT which was seen at 34 °C wall temperature.
Because of these results, it was decided to deactivate the droplet to film transition model for

the rest of the studies.

140 +
120 +
100 +
5
= 80 T
* ]
= 60
S ]
= 40 +
20 E_ - 'E'
] .
o+ttt
0 10 20 30 40 50 60 70
Wall temperature [°C]
- @ - Experiment —e— Coarse Coarse-1DCHT
—e— Refined —e— Refined-1DCHT

Figure 3.71 Experimental average peak heat flux and numerical peak heat flux of Senda model with
coarse and refined surface mesh, with and without the I DCHT model, without droplet to film transition
model, various wall temperatures
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Figure 3.72 Experimental average peak heat flux and numerical peak heat flux of Bai-ONERA model
with coarse and refined surface mesh, with and without the 1IDCHT model, without droplet to film
transition model, various wall temperatures

After the comparison between the numerical peak heat flux and the experimental averaged peak
heat flux, the whole numerical heat flux signal of the above cases was compared against the
experimental mean signals (Figure 3.73). Both Senda and Bai-ONERA models with and
without the IDCHT model were tested, for a coarse and refined surface mesh and without the
droplet to film transition model. First of all, the initial rise of the heat flux in the simulation for
all cases occurred at the same time as the experimental heat flux, meaning that the fuel spray
setup and thus the validation of penetration can be supported by this study as well. Secondly,
as it was seen before, the biggest differences between the numerical and experimental heat flux
signals occurred for the cases with the coldest wall. As the wall temperature was increased the
numerical results were closer to experimental signal and were in a good agreement. This
behaviour can be seen for either of the two droplet-wall interaction models. An explanation is
again the difference of the injected fuel temperature from the nominal temperature which is
more profound when the fuel-wall temperature difference is lower. For a specific wall
temperature and for both droplet-wall interaction models, the finer mesh produced higher
(absolute number) heat fluxes than the coarse mesh of about 20% depending on the case (wall
temperature) and time. This is due to the surface area that was considered within the 6.4 mm

diameter of the heat flux sensor face. With the finer mesh, more cell faces with liquid film and
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thus high heat flux were included within the circle which increased the average value. The
differences between the use of the IDCHT model and the constant wall temperature were minor
for both coarse and fine surface mesh. The ONERA model predicted a signal closer to the
experimental mean signal in the cases were the wall temperature was up to 34 °C. Above this

temperature, the Senda model was closer to experiment.
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Figure 3.73 Experimental mean heat flux signal and numerical heat flux signal for coarse and refined
surface mesh, with and without IDCHT model, without droplet to film transition model, various wall
temperatures

Due to the fact that both Senda and Bai-ONERA models gave results close to the experimental
heat fluxes without major differences, the liquid film thickness, film mass and footprint were
compared against LIF fuel wall film experimental data (Schulz et al. 2016). The simulated fuel
was iso-Octane at 30 °C, at 1 bar ambient pressure and 80 °C ambient and wall temperature
and each hole injected 3.63 mg of fuel. The two aforementioned droplet-wall interaction
models were considered without the droplet to film transition model. In addition, the IDCHT
model was used to investigate the effect on liquid film formation, because the results of the

heat fluxes did not have any improvement.

The injector used in the experiments was a symmetrical 6-hole Bosch HDEVS5 with 180-210
um hole diameter as it was mentioned in a set of publications (Schulz et al. 2014, 2015, 2016).
The chosen rail pressure was 150 bar to match the injection pressure of the AJ133 engine. The
development of the penetration of this injector was not known but at 500us ASOI it was
mentioned that it was 30mm at 1 bar ambient pressure (Schulz et al. 2014). The tuned setup of
the AJ133 injector was used because of the similarity of the conditions of the two injectors.
Furthermore, at 1 bar ambient pressure, this setup gave 30 mm spray penetration at 500us

ASOIL Due to the symmetry of the injector, only one plume was simulated to reduce the
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computational domain and decrease the running time. The distance of the injector from the wall
was 35 mm, the injection duration was 1.5 ms and all the data were acquired 5 ms ASOI which
is according to the experimental study. This experimental configuration was chosen as the most

similar to the AJ133 hardware, running conditions and validated cases.

Figure 3.74 shows the comparison of iso-Octane liquid film footprint size and film thickness
with experimental data for the two droplet-wall interaction models. The thick lines of the grid
in the figures of the simulations have 5 mm distance, the same as the dotted lines in the
experimental figure. The dotted lines in the figures of the simulation have 1 mm distance. Here,
the differences between the models are more profound. The width of the footprint is slightly
bigger for Senda model and closer to the experiment. The biggest difference however is evident
at the direction of the jet. The footprint predicted by the Senda model is 40% longer than the
one by Bai-ONERA and it is also in a good agreement with the experiment. In addition, the
film thickness is better predicted by Senda model. The film thickness at the location of the
spray impact is similar for both models and close to the experimental footprint. However, the
accumulated liquid fuel at the tip of the film is predicted only by the Senda model and it is in
a good agreement with the experiment. The small ligaments of higher film thickness were not
able to be predicted due to their small size which was not resolved. Their thickness though was
around 24-40 pm which was predicted by the Senda model at the tip of the film. The similar
numerical results of the liquid film at the impact region explains the similarity of the heat flux
results. Due to the size of the sensor, only the heat flux at the area of the impact was captured
and not the heat flux of the total liquid film area. Because of the similar liquid film formation
at the area of the spray impact for both models the heat fluxes were very similar as well. There
was no difference on the size of the footprint between the constant temperature of the wall and
the IDCHT model for both Bai-ONERA and Senda model. The liquid film predictions of the
two models were also tested with a refined surface mesh (0.5 mm cell size). The size of the
footprint in terms of length and width did not have significant changes when going from coarse
to fine surface mesh for both models as it can be seen from Figure 3.74. The length of the
footprint predicted by the Bai-ONERA model is about 1 mm shorter with the finer mesh. For
the finer mesh and with the use of the Senda model, the length of the film is about 2mm shorter
than with the coarse surface mesh. Again, even with these small differences, the Senda model
is in a good agreement with the experiment. For these calculations of the length, the thin film
traces represented by the lightest colour of the legend were not taken into account as these

details can be distinguished numerically but not represented in the experimental plots.
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Figure 3.74 Experimental liquid film footprint and film thickness, numerical liquid film footprint and
film thickness for Bai-ONERA and Senda models, coarse surface mesh with and without IDCHT model
and refined surface mesh
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Moreover, the mass of the liquid film was calculated and compared to the experimental film
mass as shown in Table 3.9. As it was expected due to the bigger footprint, the Senda model
predicted 50% more liquid film mass than the Bai-ONERA model and it was also in a good
agreement with the experimental film mass (8% difference from the mean value). The
difference between the constant temperature wall and the 1IDCHT model on the liquid film
mass was minor (less than 1%) for both droplet-wall interaction models. When the surface area
was refined, the liquid film mass predicted by the Bai-ONERA model increased by 3% due to
the higher accumulated liquid at the tip of the footprint. However, this increase was again less
than the half of the mean experimental value. With the Senda model and the refined surface
mesh, the predicted liquid film mass was reduced by 20%. This reduction was due to the
reduced film length and the prediction of the film thickness, especially at the area of the spray
impact. While at the tip of the film the accumulated liquid gave a slight increase on the
thickness but in a smaller area, the thickness at the impact area was lower. These two changes
competed each other which resulted in the reduction of the total mass which however was close

to the lower limit of the experimental values.
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It has to be noted that in the experiment there was an 8% difference in film mass between the
six plumes of the injector and +0.15 mg deviation over a series of injections for a specific
plume which can give a total difference of about 0.2 mg. This shows that the predicted mass
is within or close to the experimental variations when the Senda model is used. Another factor
that may affect the differences between simulations and experiments is the surface of the
experiment. The quartz glass due to the very smooth surface can affect the outcome of the
droplet-wall interaction in a different way than a metallic surface with which the models and

the model constants have been developed.

Bai-ONERA Senda Experiment
Coarse 0.604 1.232
Coarse - IDCHT 0.598 1.235 1.34 £0.2 mg
Refined 0.624 0.992

Table 3.9 Liquid film mass for Bai-ONERA and Senda models with coarse and refined surface mesh
and comparison with experiments.

It has to be mentioned that artefacts regarding the Lagrangian multiphase had to be addressed.
An over-prediction of droplet penetration was observed when the axis of the spray jet was
parallel to the hexahedral mesh. This also produced unrealistic liquid film irrespective of the
droplet-wall interaction model, as shown in Figure 3.75. In order to resolve this, the vertical
axis of the injector was rotated by 35 degrees. All the results described above were done after
resolving this issue. For the AJ133 injector, there was no problem with this artefact because
the injector pattern is not symmetric and thus, the orientation of the plumes was not parallel to

the mesh orientation.

TS Qe a0

Bai-ONERA Senda
Figure 3.75 Artefacts coming from the Lagrangian multi-phase treatment for both Bai-ONERA and
Senda models.

For the last part of the impingement validation, the heat flux signal in the motoring AJ133

engine (Serras-Pereira et al. 2012) with fuel injection was investigated. The findings from the
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above studies were implemented, using the Senda droplet-wall interaction model. Again, the
heat flux sensor was positioned 17 mm below the head gasket and at 35° in respect to the
bore location and where the maximum heat flux was recorded. There is a small difference
between this location and the experimental (40°-45°) probably because the plume 6 in the
CFD was not diverted as much as in the experiments. Also, possible small misalignments of
the injector in the engine compared to the optimum alignment in the model can have an
effect. The motoring conditions were at 0.5 bar intake pressure, 1500 RPM and the wall and
fuel temperatures were at 20°C. The fuel in the experiments and simulations was iso-Octane.
The experimental and numerical heat fluxes are shown in Figure 3.76. It is evident that in
both experiments and CFD, an initial drop of the heat flux due to the arrival of the spray
occurred at 11 degrees ASOI (91 degrees on the graph). In addition, the peak heat flux was
also recorded at the same time (15 degrees ASOI). After the peak both signals drop in
magnitude. However, some differences exist between the predictions. First of all, the
difference of the peak heat flux is about 40% with the numerical predictions being higher. It
was stated by the same authors in a publication where the engine was static (Serras-Pereira et
al. 2013) when heat fluxes were recorded, the mean peak heat flux values differed from the
peak value showed in the mean signal due to the shot-to-shot variability. Here, with the cyclic
variability also included, differences in the peak values were expected. In addition, during the
reduction of the heat flux, the experimental curve is smaller (absolute numbers) than the
numerical predictions. This can also be due to the averaging of the individual cycles.
Moreover, at this low load, cold condition, the effect of the previous cycle was seen and
reported in the experiments can have an effect on the average heat flux signal when compared

to the dry wall of constant temperature of the simulation.
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Figure 3.76 Experimental and numerical heat flux for the motoring AJ133 engine. 0.5 bar intake
pressure, 1500 RPM, 20°C wall temperature

From the above studies of fuel-wall interaction and liquid film formation it was concluded that
the overall predictions of Senda model were in a good agreement with the experimental heat
fluxes, liquid film thickness, film mass and footprint. The Bai-ONERA model was in a good
agreement with the heat fluxes but there was a 55% lower liquid film mass prediction and the
film footprint was also smaller than the experiment. The results for both droplet-wall
interaction models did not have significant changes when the surface mesh was refined. The
cell sizes used in engine simulations (~1 mm - 0.5 mm) are sufficient for accurately predicting
the liquid film. In addition, the droplet to film transition was sensitive to the cell face size which
was affecting the performance of the droplet-wall interaction and liquid film formation with
unrealistic results and for this reason it was deactivated. Lastly, the IDCHT model did not have
a significant effect neither on the heat flux signals especially with refined surface meshes nor
on the liquid film formation. Moreover, the estimation of the thermal penetration in the metal
was difficult to be established and validated for each case and the computational cost was also
increased. Because of these reasons, the 1IDCHT model was not used further. From all these,
the final heat flux signal on the running engine was seen to be in a good agreement with the
experimental data, within some errors because of the differences between experiments and

CFD.
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3.10. Closure

This chapter documented the preliminary studies and the validation of the CFD code along

with all required sub-models to perform accurately, yet efficiently and within the computational

limitations, in-cylinder flow and fuel injection simulations of a direct-injection spark-ignition

engine. The main conclusions of the preliminary studies were:

For the grid independence study, four different grids were tested with total the total
number of cells ranging from 1.36 million to 4 million cells at BDC. A grid independent
solution in respect to both the average in-cylinder velocity and the spatial distribution
of the velocity field could be achieved with the use of a grid with 2.2 million cells. This
model consisted of cells ranging from 0.5 mm to 0.8mm in the cylinder. In-cylinder
quantities such as pressure were not sensitive to mesh refinement.

The initialisation study showed that the conditions before the exhaust valve opening
were easier to predict and apply (uniform vertical velocity). The velocity field had
maximum discrepancies of about 30% over the three simulated cycles when the start of
the simulation was before IVO. When the simulation started before EVO, cycle 2 and
3 had minor differences in the in-cylinder velocity of 2.5%. As a result, an initial crank

angle should be before EVO.

After the choice of the size of the model and the initialisation strategy, the validation of the

CFD code and the necessary sub-models for the in-cylinder simulations was conducted. The

main findings of the pressure validation of the pressure trace were:
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From the in-cylinder pressure validation study of the AJ133 optical engine, it was
showed that when the model had no losses with adiabatic walls and blow-by, the in-
cylinder pressure was over-predicted. While blow-by was not modelled, it was taken
into account by reducing the intake pressure by 10%, in conjunction with wall heat
fluxes to match the experimental pressure trace.

The validation of the in-cylinder pressure traces for the AJ20 thermal engine showed a
very good agreement between experiments and CFD for all tested conditions. The
importance of time dependent pressure and averaged temperature boundaries from the
engine was demonstrated.

In addition, accurate valve lift profiles are important for better in-cylinder pressure
predictions while derivation of the valve lift from the theoretical cam profiles can lead

to errors.
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PIV data were analysed and compared against the numerical predictions of the flow

structure and velocity magnitude. In addition, the CFD results were compared against

Beavis et al. who used the same engine geometry.

For the velocity in the intake runner of the AJ133, the model was predicting the
dynamics of the flow motion with some hysteresis, and the predicted magnitude was
higher than the experiment during early intake stroke however, high variation were seen
for the experiment. Later in the stroke, the maximum difference between experiments
and CFD was 2 m/s at 86deg CA after intake TDC.

The velocity of the in-cylinder flow was higher than the PIV data during the first half
of the intake stroke, however the bulk motion was well predicted. The simulations at
100 deg CA after intake TDC gave maximum velocity of 40 m/s while the PIV plots
were saturated at 25 m/s. Because of this, the maximum velocity of the PIV could not
be accurately estimated and compared to the CFD results. However, due to the higher
velocities in the intake manifold the in-cylinder flow velocities may be higher than the
experiment. During the second half of the intake stroke, the velocity field was at the
same range (up to 16 m/s) as the experiments and the air motion was qualitatively well
predicted. During the compression stroke, again the velocity and the flow field were
well predicted with velocities at the same range (up to 10 m/s).

The flow coefficient of the intake manifold of the optical engine was investigated
numerically and compared to experimental data. k-¢ and k-o turbulent models were
used, as they were seen in the literature. At low and medium valve lifts (up to 5 mm or
L/D = 0.15), the flow coefficient was over-predicted especially when k-¢ RNG was
used (maximum difference of 14% at 3.5mm) while the other models gave better
predictions. At higher lifts (up to 10 mm or L/D = 0.3), k-¢ RNG well predicted the
flow coefficient but the other models under-predicted it (maximum difference of 19%
at 10 mm given by the standard k-m). The areas around and near the valves were refined
for more accurate predictions however, the results were not improved. Possible further
refinements were needed for a more detailed study.

The turbulence models from the flow coefficient study, were also tested on the dynamic
model of the optical engine and compared to PIV data. All four models had the same
behaviour in the intake runner and had no effect on the in-cylinder quantities such as

pressure and trapped mass.
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Differences in the in-cylinder flow field were captured for the four tested turbulence
models. k- RNG model produced wider area of high velocities below the valve than
the rest of the models at the first half of the intake stroke, however, the bulk air motion
was closer to the experiment. The resulted flow field of standard k-& was also close to
the experiment, however, k-¢ RNG was qualitatively better when compared to PIV data.
Standard k-m, gave results that could be compared to an arbitrary cycle rather than the
mean flow field. k- SST model, produced results that are between the solutions of
standard k-¢ and k-, as it is a blend of these two models, but not comparable to PIV.
During compression, all four models, gave qualitatively and quantitatively better
results, closer to the experimental flow field and velocity magnitude. In general, k-¢
RNG was the only one which could predict more accurately the flow motion throughout
intake and compression stroke considering both the velocity magnitude and the bulk
flow motion. It can be said that k-¢ RNG is preferred for engine simulations.

The numerical predictions were in an agreement in terms of velocity magnitude with
the work of Beavis et al. (2017) Differences seen between the two works were due to
the valve profile tuning process, the boundary conditions and the geometry and the grid

of the two models.

The heat fluxes from the gas to the walls of a motored engine without fuel injection were also

validated against experimental data of two different engine loads. The results showed:

The numerical heat fluxes were in a good agreement with the experimental data for
both investigated cases. Specific behaviour, especially during the expansion which was
unique for each case was also predicted. Small discrepancies were seen during the
intake and expansion strokes due to the temperature differences of the boundary

conditions.

The conclusions of the fuel injection validation in the quiescent chamber and the optical engine

for sub-cooled and flash-boiling fuels were:
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Two different methods to initialise the droplets were tested (Blob method and Rosin-
Rammler) and tuned to match the experimental data of spray structure, plume
penetration, plume velocity and droplet diameter. For the blob method, a significant
reduction of the break-up constants was needed to achieve satisfactory results. More
realistic behaviour and results closer to the experimental data were achieved with the

Rosin-Rammler distribution.
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The spray setup was implemented into the motoring AJ133 optical engine. The spray
structure and the behaviour of the spray in the simulation was similar to the
experimental data of the motoring engine during different instants of the injection.

A newly developed flash-boiling spray model was successfully implemented into the
motoring AJ133 optical engine. Two different single component fuels were tested (n-
Pentane and iso-Hexane) for their suitability to replicate gasoline flashing sprays. The
n-Pentane was found to be more suitable due to the better tuning process.

The flash-boiling model was further improved by introducing a generalised approach
for implementing it in quiescent chambers and dynamic models without the effects of

the grid dependence seen in the original model.

Lastly, the validation of the droplet-wall interaction modelling included a study of two different

models namely Bai-ONERA and Senda according to the STAR-CD code as well as droplet to

film transition model and a 1D conjugate heat transfer model. Comparisons against

experimental data of avegare peak heat flux, average heat flux signal and liquid film footprint,

thickness and mass were carried out. The conclusions were:

The use of the droplet to film transition model affected the results of heat flux especially
those of the Bai-ONERA model. The combination of the two resulted in very grid
dependent solutions. Less severe were the effects on the Senda model.

By deactivating the droplet to film transition model, the peak heat fluxes of the
simulations were in a good agreement with the average peak heat fluxes of the
experimental data for both droplet-wall interaction models. Some differences were seen
with low wall temperature which were due to the difference of the experimental fuel
temperature from the nominal temperature. Both coarse and refined surface meshes
produced results within the experimental error but with the refined mesh, the results
were improved.

The study of the heat flux signal showed that both models produced results close to the
experiments, which were improved with increased wall temperature.

The 1DCHT model did not have any effect on the heat fluxes when the surface area
was refined while for the coarse surface the results were altered but within the
experimental error.

When the liquid film footprint was compared against experimental data, the prediction

of the Senda model was closer to the experiments, especially the length and the tip of
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the footprint. Because of the better prediction of the footprint, the accumulated mass
was also better predicted by the Senda model. The IDCHT model did not have any
significant effect on the liquid film formation.

From all the above, the Senda model was chosen as the most appropriate for the droplet-
wall interaction modelling without the use of the droplet to film transition model and

the 1D conjugate heat transfer model.
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Chapter 4

Effects of Valve Deactivation on

In-Cylinder Flow

4.1. Introduction

As it has been discussed, from a thermodynamics perspective, the two most important factors
for increased thermal efficiency in spark ignition engines is the increased compression ratio
and the increase of the ratio of specific heats or polytropic index (gamma — y). The ratio of
specific heats can be increased by diluting the combustible mixture with either external Exhaust
Gas Residuals (EGR), excess air (lean combustion) or trapped internal EGR (or a combination
of all three). As a result, the thermal efficiency is increased Caton (2013). The increased
dilution however, results in reduced possibility of a strong flame kernel being established with
possible misfires or partially burnt mixtures and slower flame propagation. One way to extend
the dilution tolerance in a SI engine is the use of high energy ignition systems (Alger et al.
2011,2013; Nakata et al. 2015). Another way, which was investigated in this study, is the
manipulation of the in-cylinder flow motion for significantly increased turbulence intensity,

faster combustion and reduced cyclic variation with the use of valve deactivation.

In the literature, this method has been proven beneficial and associated with enhanced

combined tumble and swirl motion and improved combustion stability at low loads. However,

203



Chapter 4 - Effects of Valve Deactivation on In-Cylinder Flow

there are some uncertainties with respect to in-cylinder temperature and associated heat transfer
effects when adopting valve deactivation. In addition, it is not clear at which engine loads the
effects of valve deactivation stop being beneficial and what are the reasons behind this limit.
The aims of this chapter were to acquire fundamental understanding of the in-cylinder flow
motion and to decouple the benefits and shortfalls of adopting valve deactivation across three
engine running conditions (3.6 bar GMEP at 1500 RPM, 7.9 bar GMEP at 1500 RPM and 9.8
bar GMEP at 2000 RPM).

The CFD work was carried out concurrently with experiments and results of this study can be
found elsewhere (Roberts et al., 2018; Okroj 2018). Briefly, the Jaguar Land Rover Single
Cylinder Research Engine (SCRE) with a fully flexible valvetrain was used to investigate the
extension of the dilution limit and any fuel consumption improvements of the engine. The
valvetrain consisting of a CVVL electro-hydraulic system with dual independent cam phasing
on both intake and exhaust camshafts. Typical valvelift strategies that can be achieved with the
Jaguar Land Rover CVVL system are shown in Figure 4.1. In this study the full lift (black
colour) was used. The engine was operated at three engine speeds and loads with the valvelift
strategy (Dual Valve Actuation - DVA and Single Valve Actuation - SVA), Lambda and
external EGR altered accordingly with EGR fractions up to 20% with the excess air dilution
(Lambda) increased (to approximately 1.8) until combustion stability was deteriorated. The test
matrix is shown in Table 4.1. In these cases, the engine load was set to achieve a target GMEP
+0.02 bar; thus, decoupling the combustion effects from those associated with pumping. For
this SCRE, a good correlation of engine performance such as air flow, fuel flow, combustion
metrics etc. exists with an equivalent Jaguar Land Rover multi-cylinder engine. Therefore, the
results obtained are transferrable and scalable to multi-cylinder engine performance. More

details about the experimental engine can be found at Okroj (2018).
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Figure 4.1 Typical valvelift strategies of the Jaguar Land Rover CVVL system (Roberts et al., 2018)

Engine Spreed RPM 1500 1500 2000
Engine Load (GMEP) bar 3.6 7.9 9.8
Lambda () - 1.0-1.8

EGR % 0-20

Intake phasing deg CA Parked at 0 deg CA
Exhaust phasing deg CA Parked at 0 deg CA
MFB50 deg CA aTDCf 8

Start of Fuel Injection deg CA bTDCSf 300

Fuel Pressure bar 200

Fuel injector - Central Bosch DI (EB2)

Table 4.1 Engine test matrix

4.2. Engine simulation setup

In order to investigate the reasons of the differences between DVA and SVA that were seen in
the experiments and discussed briefly later on, CFD simulations of the Jaguar Land Rover
(JLR) Single Cylinder Research Engine (SCRE) were run. The computational model used to
simulate gas exchange, in-cylinder flow activity and in-cylinder residual concentration and

distribution. It is known that the fuel injection event can influence flow patterns prior to
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ignition, thus, simulations were carried out without fuel injection. This allowed to make a first
comparison of the heat transfer, the flow field and residuals concentration during the cycle and
at ignition timing without the effect of the spray. Following the established approach described
on the validation chapter, the computational grid consisted of about 2.2 million cells at Bottom

Dead Centre (BDC) including the intake and exhaust port with a cell size of 0.4 to 0.8 mm.

In the model, the k-Epsilon/RNG turbulence model with the Angelberger (1997) wall function
was used. The base timestep used for the analysis was 0.05 °CA and it was reduced by half
during the opening and closing of the valves. The valves were assumed to be closed when the
lift was 0.1mm. This value was chosen in order not to create cells with high aspect ratios during

opening and closing at the valve curtain.

The boundaries of the CFD model were equal to the position of the pressure sensors located in
the intake and exhaust runners. Time dependent pressure and constant temperature were
applied at the intake and exhaust boundaries of the model. In addition, appropriate mass
fractions of species (N2, O2, H20 and CO2) as a function of Lambda (A>1) and EGR
percentage were also applied at the boundaries. The calculations of the mass fraction of the
species before EVO, assuming complete combustion followed the formulation described in
Chapter 2, Table 2.1. At the piston, dome and liner wall boundaries, constant temperature of
90°C (coolant temperature) was applied. The walls of the inlet and exhaust ports were assumed

to be adiabatic.

The simulations were initialised 40 °CA before Exhaust Valve Opening (EVO) and ended at
firing TDC. This setup allowed to initialise each of the three sub-domains of the engine (intake,
exhaust and cylinder) independently and to simulate the flow between the cylinder and exhaust
port in order to capture the internal residuals later in the cycle. In addition, as it was showed
before, when the simulations started before EVO, the effect of initial conditions on the flow
field of the first cycle at the intake and compression strokes were minimised. The initial
conditions of pressure and temperature at the intake and exhaust ports were the same as the
boundary conditions at the specific initial °CA. The initial in-cylinder pressure was acquired
from the testbed and the initial in-cylinder temperature of the burnt gases was calculated from
the ideal gas law. The initial mass fractions of the chemical species presented in the intake and
exhaust port and in the cylinder were calculated according to Residuals and EGR calculations

described in the Mathematical formulation (Chapter 2).
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4.3. Engine load: 3.6 bar GMEP, 1500 RPM

4.3.1. Experimental results

For the first and lowest load, Figure 4.2 shows the combustion stability in a Lambda vs. EGR
rate sweep diagram for both DV A and SV A valve lift strategies. The black thick line represents
a 3% Coefficient of Variance (COV) of Net Mean Effective Pressure (NMEP) combustion
stability limit. It is clear that the dilution tolerance of the engine was significantly extended by
utilising SVA over DVA with Lambda increased from 1.15 to 1.50 and 1.00 to 1.16 for EGR

rates of 0% and 17.7% respectively for the combustion stability limit.
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1.8 1.8
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Figure 4.2 Comparison of the combustion stability limit for DVA and SVA. 3.6bar GMEP, 1500 RPM.
(Roberts et al., 2018)

In addition to the extension of dilution with the use of SVA, significantly reduced ignition to
10% MFB (Figure 4.3) and 10-90% MFB durations for SVA compared to DVA were seen for
equivalent levels of dilution. For the same combustion stability limit (adopting the thick black
lines from DVA and SVA of Figure 4.2) and therefore increased tolerable levels of dilution for
SVA compared to DVA, the ignition to 10% MFB and 10-90% MFB durations for DVA and
SVA were comparable, indicating that adopting SVA with higher dilution resulted in burn

durations that were similar to adopting DVA with smaller dilution quantities.
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Figure 4.3 Comparison of the comparison of the ignition to 10% MFB duration for DVA and SVA.
3.6bar GMEP, 1500 RPM. (Roberts et al., 2018)

Lastly, for a given combustion stability limit of 3% COV of NMEP (adopting the thick back
lines in Figure 4.2 for DVA and SVA) the increase of the dilution tolerance resulted in fuel
consumption reductions of 1.7% to 3.8% (depending on EGR) when adopting SVA over DVA
as a result of being able to operate the engine with more thermodynamically attractive lean
mixtures. This can be seen in Figure 4.4a which displays the normalised Gross Specific Fuel
Consumption (GSFC) for DVA and SVA cases. These have been normalised against the fuel
consumption under DVA conditions at Lambda 1 without any dilution. However, for
equivalent levels of dilution, there was little, if any reduction in fuel consumption when
adopting SVA over DVA even though ignition to 10% MFB and 10-90% MFB durations were
significantly shorter when adopting SVA over DVA. This was more evident at low dilution
levels of Lambda 1-1.2 and EGR rates of 0-15%. These results are shown in Figure 4.4b where
the percentage difference in GSFC from DVA to SVA is shown and the positive numbers
indicate reduction in fuel consumption. More detailed information about the experimental data

can be found in Roberts ef al. (2018).
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Figure 4.4 (a) normalised GSFC for DVA and SVA for a fixed combustion stability limit of 3% COV
of NM EP. (b) fuel consumption (GSFC) reduction from DVA to SVA. (Roberts et al., 2018)

4.3.2. In-cylinder Flow properties

First of all, as a validation of the code, the experimental in-cylinder pressure trace of each case

was compared to the respective CFD pressure up to ignition. In all cases, there is a good

agreement between experiment and CFD. Examples of the validation is shown in Figure 4.5.
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Figure 4.5 Experimental and CFD pressure traces for DVA and SVA and for A=1.0 and A=1.5. 3.6
bar GMEP, 1500 RPM

For all the cases, the analysis of the in-cylinder quantities which follows, was focused from the
IVO until firing TDC. The increased activity with SVA compared to DVA can be seen from
the in-cylinder averaged quantities of velocity, tumble, swirl and turbulent kinetic energy
(TKE) plotted for A=1. During the intake stroke, the valve jet velocity of the SVA configuration
is always higher than the DVA due to the restriction of the flow area and this resulted in the
increase of the in-cylinder velocity (Figure 4.6). The stronger valve jet of the SVA, has the
momentum to increase the in-cylinder velocity until the mid-intake stroke where it reaches the
maximum value, just above 65 m/s. However, the in-cylinder velocity with DVA reaches its
maximum earlier, 40 °CA after TDC, with a magnitude of 50 m/s. After the peak, the velocity
starts to decrease throughout the cycle for both DVA and SVA but the SVA maintains higher
magnitude. To quantify this difference, the ratio of the in-cylinder velocity magnitude ratio
SVA/DVA is plotted in the same graph. It can be seen that the velocity of the SVA is up to 2.5
times higher than the DVA for the intake and compression stroke until IVC. At that point, for
both DVA and SVA the velocity is reduced but with higher rate for DVA and thus, the
SVA/DVA ratio increases up to 3.2 times higher for SVA.
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Figure 4.6 In-cylinder Velocity for DVA and SVA at A=1.0 and the ratio SVA/DVA. 3.6 bar GMEP,
1500 RPM

The intake ports were designed to produce a high tumble motion when both valves were in
operation. This can be noted from the CFD tumble and swirl calculations on Figure 4.7 for
DVA. There is a clear tumble motion which is developed during the first half of intake stroke
when the valve jet is stronger (with a maximum value of 29) and it is preserved with lower
magnitude until firing TDC. This reduction is believed to happen due to the fact that the tumble
motion is “squeezed” by the piston and weakens significantly (value of 1 at firing TDC). Due
to the symmetry of the intake port, no swirl motion is produced. When one valve is deactivated,
this symmetry no longer exists, which leads to the production of swirl motion. The increased
valve jet velocity of the SVA has a result of a strong swirl (maximum value is 50) which,
despite the fact that it is reduced after mid-intake stroke, is maintained at high levels of around
10 at firing TDC. This is due to the fact that the swirl motion is not affected as much as the
tumble motion by the compression. In addition, because of the geometry of the intake ports, a
tumble motion is also generated which is comparable in magnitude to the dual valve actuation.
The inversion from tumble to reverse-tumble (from negative to positive values of tumble) is
the effect of a non-zero swirl on tumble. If it is assumed that the two vortices (swirl and tumble)
are two independent rigid motions, the stronger swirl is transporting the tumble and, therefore,

rotating it during the cycle as it is represented in Figure 4.8.
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Figure 4.7 Tumble and swirl for DVA and SVA at A=. 3.6 bar GMEP, 1500 RPM
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Figure 4.8 Representation of the mechanism responsible for the reverse of the tumble

In order to visualise the differences shown by the in-cylinder quantities (such as velocity, TKE,
temperature) and give an insight of the spatial distribution of these quantities for DVA and
SVA, contour plots are plotted in the tumble plane (Y-axis = 0 mm) through the spark plug and
swirl plane (Z-axis = +5 mm) under the spark plug as shown by the dashed lines in the first
row of Figure 4.9. In addition, Z = 0 mm is the head fire face. In this figure, the orientation of
the engine is also displayed with respect to X-, Y- and Z-axis. When SVA was adopted, the

intake valve on the +Y axis was deactivated.

212



Chapter 4 - Effects of Valve Deactivation on In-Cylinder Flow

-
)
A
: Exhaust
By port
A

Figure 4.9 Tumble and swirl plane positions, representation of the global coordinate system and the
position of the intake and exhaust ports

From Figure 4.10, the different flow fields between DVA and SVA can be seen at ignition
timing. The velocity magnitude in the planes shown here is lower for DVA than SVA.
Moreover, the tumble motion for DVA and the swirl for SVA are preserved and are clearly
shown in the tumble and swirl planes respectively. In addition, the vortex of the tumble motion
is below the spark plug, however, the vortex core of the swirl covers the spark plug with very

low velocities at this area but higher near the liner walls.
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Figure 4.10 Velocity magnitude contour and vector plots for DVA and SVA at 2=1.0, 20 °CA before
TDC
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Adopting SVA also resulted in increased in-cylinder TKE (Figure 4.11). The behaviour is
similar to the in-cylinder velocity for DVA and SVA. The TKE reaches the maximum value of
535 m?/s?, 40 °CA after TDC for DVA and it is reduced after that throughout the cycle. For
SVA, the maximum value of TKE (700 m?/s?) is reached 40 °CA after TDC and it maintains
these high values for another 45 °CA (around mid-intake) where it starts to rapidly decrease
until firing TDC while always having higher values than DVA. A closer look to the in-cylinder
TKE during the compression stroke and especially near ignition timing, which is around 30 to
10 °CA before TDC depending on the dilution, reveals that the TKE is 55% and 27% higher
with SVA compared to DV A in respect to the °CA mentioned before.
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Figure 4.11 TKE for intake and compression strokes and a focus on the compression stroke. 3.6 bar
GMEP, 1500 RPM

The increased TKE shown for SVA (compared to DVA) validates the reduced ignition to 10%
MEFB and 10-90% MFB durations and thus faster burning velocities, since the turbulent burning
velocity is proportional to the root—mean—square velocity fluctuation (u") and laminar burning

velocity S; (Giilder 1991):

Spxu'S, 4.1)

214



Chapter 4 - Effects of Valve Deactivation on In-Cylinder Flow

, k . o
where u’ = 2? and k is the turbulent kinetic energy.

For the planes of Figure 4.9, contour maps of TKE at ignition timing were plotted (Figure 4.12).
It has been discussed earlier that the averaged in-cylinder TKE is higher for SVA. In the maps
of the TKE is evident that the area of higher TKE in near and around the spark plug for both
DVA and SVA however, the SVA shows a clear benefit. The magnitude of TKE is higher, it
is around the spark plug and it is spread in a wider area of the cylinder which can assist the
flame propagation. For DV A, the magnitude is lower and the area of the highest TKE is below

the spark plug which is not beneficial for establishing the flame kernel.
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Figure 4.12 Spatial distribution of TKE for DVA and SVA at A=1.0, 20 °CA before TDC. 3.6 bar
GMEP, 1500 RPM

Another difference between DVA and SVA that the simulations revealed is the in-cylinder
temperature. At the beginning of the intake stroke and for about 80 °CA, the temperature drops
faster with the DV A than SVA and it continues to drop until BDC for both cases. After BDC,
during compression, the in-cylinder temperature raises again until TDC. It can be seen from
Figure 4.13 that the temperature of the DVA case is always lower than the SVA. This can be
explained with the amount of trapped mass during the intake and compression stroke while the
intake valve is open (Figure 4.14). During intake and up to BDC, the amount of trapped mass
is always higher for DV A, meaning that a higher amount of fresh air is induced to the cylinder

which cools the mixture, and this is reflected on the lower in-cylinder temperature. On the other
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hand, with the SVA, a higher amount of residuals is retained in the cylinder. There is a point
during intake (~80 °CA after TDC) where the in-cylinder temperature of DVA and SVA is the
same (about 2°C difference). For the SVA, this is the result of the pressure drop in the cylinder
which cools down the trapped mass. When the in-cylinder pressure and the intake pressure are
balanced, the temperature increases again. During compression and while the intake valve is
still open a higher amount of mass is expelled from the cylinder when both valves are in
operation compared to the single valve. Finally, at IVC, a higher amount of residuals is trapped
for SVA (8.1%) compared to DVA (7.0%) which are in higher temperature with the use of
SVA.
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Figure 4.13 In-cylinder temperature for DVA and SVA at A=1.0. 3.6 bar GMEP, 1500 RPM
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Figure 4.14 Trapped mass for DVA and SVA at 2=1. 3.6 bar GMEP, 1500 RPM

The experimental results showed a decrease of the polytropic index (y) of the SVA when
compared to the DVA, for both the compression and expansion strokes and this is believed to
happen due to the increased heat losses with the SVA. For the CFD, only the polytropic index
of the compression stroke was calculated and compared to the experiments as no combustion
was modelled. From Table 4.2 it can be seen that the experimental trend is repeated with the
numerical simulations. More specifically, for both lambdas, the polytropic index is higher for
DVA than SVA. In addition, the percentage decrease of gamma from DVA to SVA matches
the experimental percentage drop. There is a difference between experimental and numerical
gamma (y) values in the order of 4-5% which can be due to losses such as blow-by and losses
from the crevices that are not modelled. Moreover, there is no presence of fuel vapour in these
simulations which can significantly affect the polytropic index. Generally, the polytropic
coefficient can be affected by heat transfer and trapped mass. Thus, for the same trapped mass
at IVC, derived from CFD and shown above, the heat transfer must be affected and therefore
has to be different for DVA and SVA valvelift strategies. The nature of the in-cylinder fluid
flow which influences convection and the temperature difference between the engine walls and
the trapped mass are two key factors that affect the heat transfer from and to (heat losses) the

engine block.
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DVA SVA Ysva
Ypva
CFD 1.335 1.317 0.9865
A=1.0
Experiment 1.285 1.269 0.9875
CFD 1.355 1.338 0.9875
r=1.5
Experiment 1.313 1.298 0.9886

Table 4.2 Polytropic indexes for DVA and SVA at 2=1.0 and A=1.5. 3.6 bar GMEP, 1500RPM

From the simulations, the total heat transfer from and to the liner, piston and dome were
calculated. Figure 4.15 shows the crank angle resolved heat losses of the DVA and SVA
strategies throughout the intake and compression strokes. Here, heat transfer from the gases to
the walls (defined as negative) is greater for SVA than DV A up to a maximum of approximately
500 W - an equivalent increase of 23.6%. The focus of the heat transfer study is from the start
of heat transfer from the gases to the walls for both cases which is around the IVC. For the
SVA, this point is earlier in the cycle than the DVA, due to the increased gas temperature. In
addition, from IVC to TDC, the amount of heat losses is considerably higher than before IVC.
The increased heat losses seen with the CFD supports the fact that the polytropic index reduces
with SVA.
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Figure 4.15 Total heat transfer from liner, piston and dome for DVA and SVA for A=1.0. 3.6 bar GMEP,
1500 RPM
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4.3.3. Laminar burning velocity

The increase of the turbulent kinetic energy is one of the contributors of the reduced
combustion duration during single valve operation. Another factor that influences the turbulent
burning velocity is the laminar burning velocity (eq 4.1). Analytical correlations have been
derived for the laminar burning velocity such as these by Metghalchi and Keck (1980,1982)
and Marshall ef al. (2011). In these expressions, the laminar burning velocity depends on the
equivalence ratio (® or 1/A), temperature, pressure and residuals concentration. In this study,
the correlation of Marshall ez al. (2011) was used because it was stated by the authors that data
affected by cellularity have to be excluded from the calculations of the laminar burning
velocity. With this approach, the estimated laminar burning velocity is more accurate, and it
resulted in lower values than those of Metghalchi and Keck (1982) but with the same trends.
These differences can be seen in Figure 4.16. For the simulations without fuel injection, the
maps of laminar burning velocity were plotted assuming that the equivalence ratio in the
equation equals to the global ratio at which the engine was running at each case. For the rest of
the terms, the value of each cell was used to calculate the laminar burning velocity maps which
were plotted (Figures 4.17 and 4.18) in the same tumble and swirl planes as before at 20 °CA
and 10 °CA before TDC for DVA and SVA respectively.
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Figure 4.16 Comparison of stoichiometric iso-Octane burning velocity correlation of Metghalchi and
Keck (1982) (solid lines) and Marshall et al. (2011)that excludes data affected by cellularity (dashed
lines) with three different residual mass fractions, at 101 kPa. Taken from Marshall et al. (2011)
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DVA
Figure 4.17 Spatial distribution of laminar burning velocity for DVA and SVA at A=1.0, 20 °CA

before TDC. 3.6 bar GMEP, 1500 RPM
SVA

Figure 4.18 Laminar burning velocity for DVA and SVA at A=1.0, 10 °CA before TDC. 3.6 bar
GMEP, 1500 RPM
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The maps show that in both crank angles, the laminar burning velocity is lower for DVA than
SVA. This is the second evidence which explains the faster combustion with SVA. The average
laminar burning velocity was 73.5 cm/s for DVA and 75.5 cm/s for SVA, an increase of 2.9%.
In a spherical volume of 15 mm diameter round the spark plug the increase in laminar burning

velocity is 3.5% at 20 °CA. Moreover, it can be seen for DVA for both time intervals that the
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area below and to the sides of the spark plug closer to the exhaust port, the calculated burning
velocity is the highest (74 cm/s at 20 °CA and 80 cm/s at 10 °CA) and it is reduced away from
the spark plug (70 cm/s at 20 °CA and 75 cm/s at 10 °CA). For SVA, the highest value is 78
cm/s at 20 °CA and 84 cm/s at 10 °CA. The contour maps reveal that higher values are

conserved in a wider area of the cylinder when adopting SVA.

In order to further understand the reasons behind the behaviour described above, the factors
that affect the laminar burning velocity (pressure, temperature, and residuals concentration) for
A=1.0 at 20 °CA and 10 °CA before TDC were analysed. At these time intervals the in-cylinder
pressure difference is about 0.3 bar between DVA and SVA with an average of 5.7bar at 20
°CA and 7.8 bar at 10 °CA respectively. At these pressures, a 0.3bar change in pressure has a
minimal effect on the laminar burning velocity. As an example, for A=1.0, 700K temperature
and no residuals, the laminar burning velocity is 99.94 cm/s at 6 bar and 101 cm/s at 5.7 bar
pressure (1% increase). Thus, the main contributors of the differences were the temperature
and the residuals concentration. These two quantities have the opposite effect on the burning
velocity. An increase of the temperature increases the burning velocity but an increase in
residuals decreases the burning velocity. This can be seen in Figure 4.19 where the laminar
burning velocity is plotted versus temperature and residuals concentration for P=7 bar and A=1.
Another information that can be extracted from this graph is that the effect of temperature is

reduced with increased residuals.
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Figure 4.19 Laminar burning velocity versus residuals mole fraction and temperature at P=7 bar and
A=1. Calculations from Marshall et al. (2011)

From the averaged in-cylinder quantities discussed previously, it was concluded that for the
SVA, a higher amount of residuals is trapped which preserve high in-cylinder temperatures. In
order to confirm this, contour maps of the mass fraction of the in-cylinder residuals CO2 and
temperature were produced. As it was expected, the mass fraction of CO2 is higher for the
SVA. The maximum concentration of CO2 corresponds to 0.07 residuals mole fraction for
DVA and 0.08 for SVA. At these low values of residuals, the effect of the temperature on
laminar burning velocity is more profound. Consequently, this slight increase of residuals,
increases the temperature by 25° in a way that the final result is the increase of laminar burning
velocity. From Figure 4.20 and 4.21 the effect of the flow field can be seen. For DVA, the
higher concentration of CO2 is under the spark plug and closer to the intake port, where the
vortex core of the tumble is. The area of increased temperature is under the spark plug and
closer to the exhaust ports, which is transported by the tumble flow. The combination of lower
residuals and higher temperature under the exhaust and at the sides of the spark plug seen at
the swirl plane, results in higher burning velocity. For the SVA, the residuals are pushed

towards the liner leaving the centre of the cylinder with lower concentration. At the side of
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higher residuals, there is an area of high temperature which produces the highest burning
velocity. To conclude, there is a ‘battle’ between residuals and temperature which dictate the
laminar burning velocity. In this case the driving force for the increased burning velocity is the
temperature followed by the residuals concentration. However, the increase of the laminar
burning velocity (~3% to 6%) is relatively minor when compared to the much higher increase

of TKE (27% to 55%).
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Figure 4.20 Residuals concentration and temperature for DVA and SVA at 2=1.0, 10 °CA before TDC
(tumble plane), 10 °CA before TDC. 3.6 bar GMEP, 1500 RPM
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Figure 4.21 Residuals concentration and temperature for DVA and SVA at A=1.0, 10 °CA before TDC
(swirl plane), 10 °CA before TDC. 3.6 bar GMEP, 1500 RPM

Difference between Lambda cases at the same speed and load

For A=1.5, the average in-cylinder flow quantities of velocity, tumble, swirl and turbulent
kinetic energy (TKE) differed only slightly from those of A=1.0 which was due to the increased
intake pressure at A=1.5 as it can be seen from the Figures 4.22 and 4.23 but the behaviour and
the trends are the same for both lambdas. For the DV A cases, the quantities mentioned before
have minor differences between lambdas but for the SVA, the differences are more noticeable.
First of all, the velocity difference between A=1.0 and A=1.5 for DVA is less than 5% (~3.5%
at 20 °CA before TDC) which resulted in the two DV A curves (blue-A=1.0 and yellow-A=1.5)
to fall on each other especially after mid-intake stroke. For SVA, especially after the mid-intake
and compression strokes, the differences are about 3% to 7% near ignition timing. For both
DVA and SVA, the velocities are higher with higher lambda due to the higher pressure
difference between intake and the cylinder. Because of this slight increase of velocity when
running at A=1.5, the magnitude of tumble for DVA and SVA and swirl for SVA are increased
as well. Lastly, the same trend was seen for the turbulent kinetic energy which increased with
increased lambda. For the DV A cases the increase during compression is about 5% and for the

SVA, the maximum increase is 14% at mid-compression and the differences are reduced to
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about 10% higher TKE with A=1.5 at ignition. The in-cylinder temperature difference at
ignition timing between A=1.0 and A=1.5 is very similar (~2° difference) for both DVA and
SVA. During intake, a higher amount of fresh mass is induced to the cylinder because of the
increased intake pressure when A=1.5, which reduces the trapped mass temperature more than
the A=1.0 case. During the compression however, a higher amount of trapped mass is
compressed which leads to a slightly higher temperature increase (~2°) than with A=1.0 for

both valve strategies.
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Figure 4.22 In-cylinder Velocity for DVA and SVA at A=1.0 and A=1.5. 3.6 bar GMEP, 1500 RPM
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Figure 4.23 In-cylinder TKE for DVA and SVA at A=1.0 and A=1.5. 3.6 bar GMEP, 1500 RPM

The major difference between A=1.0 and A=1.5 for DVA and SVA is the reduction of laminar
burning velocity as it can be seen in Figure 4.24 but again, with the SVA the St is higher. It
has been stated that the aspects that affect the burning velocity are: equivalence ratio,
temperature, pressure and residuals concentration. For a specific crank angle, the temperature
difference between A=1.0 and A=1.5 is very small thus, the effect is minor. Due to higher
induced mass, the residuals fraction is reduced as shown in Figure 4.24 which should increase
the burning velocity. The residuals at the A=1.5 case were ~3.7% for DVA and 4.1% for SVA.
Consequently, the pressure and the equivalence ratio are the two contributors in the reduction
of Si. From Figure 4.25, the difference in laminar burning velocity for two pressures (6 bar
and 8 bar) and A=1.5 can be evaluated. At 6 bar, 700K temperature and 0% residuals the laminar
burning velocity is 46.63 cm/s and at 8 bar is 43.58 cm/s which is 6.5%reduction. That leads
to the conclusion that the higher dilution (excess air and thus increased 1) is the reason for the
~50% reduction of laminar burning velocity between A=1.0 and A=1.5. This trend was also seen
in the experimental data where the burn duration is increased with higher dilution. It has to be
mentioned that while there are quantitative differences between the two Lambda cases,

qualitatively, they are very similar in terms of patterns. This is very clear when the residuals
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concentration for the two cases for both DVA and SVA is compared against each other, The

legends of Figures 4.20 and 4.24 are different but the contour plots are very similar.
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Figure 4.24 Laminar burning velocity and residuals concentration for DVA and SVA /=1.5, 10 °CA
before TDC, tumble plane. 3.6 bar GMEP, 1500 RPM
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Figure 4.25 Laminar burning velocity versus residuals mole fraction and temperature at P=6 bar and
P=8 bar at 1=1.5
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4.4. Engine load: 7.9bar GMEP, 1500 RPM

4.4.1. Experimental results

For this load, the use of SVA resulted in the increase of the dilution tolerance of the engine
similar to the lower load. More specifically, the tolerance in Lambda was increased from 1.40
to 1.75 and Lambda 1.10 to 1.35 at 0% EGR and 20% EGR respectively for the combustion
stability limit of 3% COV of NMEP. This extension of the dilution tolerance when adopting
SVA resulted in a reduction in fuel consumption (GSFC) of up to 3.1%. The ignition to 10%
MFB and 10-90% MFB durations for each dilution test point were significantly shorter for
SVA compared to DVA for equivalent levels of dilution. This can be seen in Figure 4.26. For
equivalent levels of dilution however, there was a limited reduction in fuel consumption when
adopting SVA and for some dilution test points, fuel consumption actually increased with SVA

shown with negative values in Figure 4.27.
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Figure 4.26 Comparison of the 10% to 90% MFB duration for DVA and SVA. 7.9bar GMEP, 1500
RPM. (Roberts et al., 2018)
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Figure 4.27 Fuel consumption (GSFC) reduction from DVA to SVA. 7.9bar GMEP, 1500 RPM (Roberts
etal, 2018)

4.4.2. In-cylinder flow properties

By using the CFD methodology described in the previous case with the lowest load (3.6 bar
GMEDP), the in-cylinder flow field characteristics of DVA and SVA documented for this engine
load (7.9 bar GMEP) were generated assuming Lambda 1 with no dilution. This action was
taken after reviewing the CFD flow field data for a number of conditions with and without
dilution. In these cases, there were no qualitative differences in flow field structure for the
number of dilution fractions tested including the Lambda 1 condition. Hence for simplicity, all
flow field characterisation data and thus differences between DV A and SVA reported hereafter

assumed Lambda 1 without dilution. Some comparisons between the loads will be included.

For this higher load and for a specific dilution, the in-cylinder averaged quantities for DVA
and SVA cases have no qualitative differences when compared to the respective quantities of
the 3.6 bar GMEP load case. The trends for the in-cylinder velocity, tumble, swirl, turbulent
kinetic energy, temperature and trapped mass are the same as for the lower load. The peak in-
cylinder velocity is higher for the SVA case than the DVA and higher average velocity is
maintained throughout the cycle. In addition, only tumble motion is seen for the DVA while
for the SVA, strong swirl motion is seen as well as the trend of the reverse of the tumble.
Furthermore, the averaged TKE is higher for the SVA and it is kept higher in the compression
stroke in the same way as described for the lower load. Lastly, the temperature of the trapped
mass is lower for the DVA case due to the higher amount of hot residuals trapped when a single

valve is in operation as discussed for the lower load. In addition to the in-cylinder quantities,
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the same trends between the two loads were seen for the total heat transfer, which was higher

for the SVA.

Quantitatively, the differences between the two loads are more profound for the SVA than
DVA. For the DVA, during the intake and compression strokes until firing TDC, the averaged
in-cylinder velocity difference between the two loads are around ~3% but higher at higher load.
For the SVA cases, after mid-intake stroke, the averaged in-cylinder velocity was higher for
the higher load, and it was maintained in the compression stroke. The increased velocity at

higher load was about 12% higher than the lower load at spark timing.

For the same load (7.9 bar GMEP), over a significant proportion of the cycle, the in-cylinder
averaged velocity for SVA is significantly higher compared to the DVA case; with the average
velocity of the SVA case being almost 2.5 times the magnitude of the equivalent DVA case
across much of the cycle. This increase was caused by the restriction in the intake throat area
when adopting SVA as well as the increase of the intake pressure due to the higher load. A
comparison between the DVA and SVA in-cylinder average velocity for this higher load at
A=1.0 is shown in Figure 4.28. This can be compared against Figure 4.22 for the lower load

(3.6 bar GMEP).
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Figure 4.28 In-cylinder velocity for DVA and SVA at A=1.0 and the ratio SVA/DVA. 7.9 bar GMEP,
1500 RPM
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The behaviour of the in-cylinder velocity was reflected to the TKE where, higher energy can
be seen at higher load with a more significant difference in the SVA cases. 20 degrees before
firing TDC the TKE is 7.5% higher at higher load with DVA and 19.5% higher at higher load
with SVA. As it was expected, for this higher load, the TKE when SVA was adopted, was
almost 50% higher than the DVA 20° CA before TDC. The difference between DVA and SVA
average TKE for this load (7.9 bar GMEP) can be seen in Figure 4.29. This graph can be
compared against Figure 4.11 which showed the in-cylinder TKE for the lower load (3.6 bar
GMEP). Contour plots of the TKE for this load are not presented here for brevity due to the
very similar patterns with respect to the lower load (3.6bar GMEP). The increase of the TKE

for this load validated again the increased burning rates that were seen in the experiments.
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Figure 4.29 In-cylinder TKE for DVA and SVA at A=1.0 and the ratio SVA/DVA. 7.9 bar GMEP, 1500
RPM

In terms of in-cylinder temperature, the trapped mass is cooler by 10K during intake at the
higher load for both DVA and SV A because a higher amount of fresh air is induced. However,
due to the compression of this higher amount of mass, the temperatures at spark timing are the
same (about 2K difference) for both loads for DVA and SVA, thus the temperature difference
between DVA and SVA at this load was 25K. At this test point, the major difference when
compared to the lower load is the total heat transfer which was increased because of the higher

density of the trapped gas. In addition, the increased flow activity of the SVA at higher load
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compared to the lower load, affected further the increase of heat transfer. The peak absolute
heat transfer delta between DVA and SVA from the gases to the walls was approximately 1500
W — an increase of approximately 50% as seen in Figure 4.30. Because of this great increase
in heat transfer when adopting SVA at a higher load for a specific dilution, the specific fuel

consumption was marginally increased with the use of SVA as the experiments showed.
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Figure 4.30 Total heat transfer from liner, piston and dome for DVA and SVA for 2=1.0. 7.9 bar GMEP,
1500 RPM

When the lambda was increased, the same trends as the lower load can be seen with a small
increase in the flow activity. The averaged velocity increase from A=1.0 to A=1.5 is about 4%
for both DVA and SVA which is similar to the lower load. This increase is reflected to the
magnitudes of tumble and swirl motion which are also higher for A=1.5. In addition, the
increase in the TKE was also seen with higher lambda which was around 8% at 20 degrees
before firing TDC. The in-cylinder temperature follows the same trend as for the lower load.
The higher amount of the intake mass reduces the in-cylinder temperature more than in the case
of A=1.0 but during compression the higher trapped mass leads to an increase of the temperature
at the same level as for A=1.0 for both DVA and SVA (7° or 1% difference for DVA and 17°
or 2.5% difference for SVA). Consequently, the increased heat transfer when adopting SVA
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offset the favourably shorter burn durations resulting in a small benefit in fuel consumption

(for equivalent dilution) as seen in the experiments.

4.4.3. Laminar burning velocity

Lastly, the laminar burning velocity was calculated for both DVA and SV A near ignition. The
results showed the same trends as the lower load and the burning velocity was higher for SVA
due to the higher in-cylinder temperature compared to DVA. In addition, the contour patterns
were also similar to the lower load because only the intake boundary condition was increased
which in turn increased the in-cylinder velocity, but the flow behaviour was the same as the
lower load as described above. To visualise the similarities of the laminar burning velocity
patterns between the two loads, the laminar burning velocity at 10 degrees before firing TDC
was plotted for DVA, with slightly different legend in order to bring the contour plots at a
similar colour level. This can be seen in Figure 4.31 and compared against the Figure 4.20 and
4.21 for the DVA case. Quantitatively though the burning velocity was reduced compared to
the lower load which was the result of the increased in-cylinder pressure. The same patterns in
laminar burning velocity between the two loads was also seen for the SVA but not showed for
brevity. While the higher amount of fresh intake air was able to reduce the residual gases to
about 4.5% for DVA and 5% for SVA, the in-cylinder pressure was more than the double of
that of the lower load. Thus, the laminar burning velocity was decreased. The maximum value
for DVA was 74 cm/s and for SVA 78 cm/s, 10 degrees before TDC. This shows again that
both laminar burning velocity and turbulent kinetic energy are factors for increased burning
velocity with TKE to be more significant.
Tumble Swirl
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burning
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Figure 4.31 Laminar burning velocity for DVA. 10 °CA before TDC 1=1.0. 7.9 bar GMEP, 1500
RPM
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4.5. Engine load: 9.8bar GMEP, 2000 RPM

4.5.1. Experimental results

At 9.8bar GMEP, 2000 RPM, adopting SVA over DVA resulted in a marginal increase in the
dilution tolerance of the engine for a combustion stability limit of 3% COV of NMEP as seen
in Figure 4.32. At the dilution limit of DV A and SVA strategies, fuel consumption was reduced
by up to 1.3% and the ignition to 10% MFB of SVA was significantly improved over DVA
with little difference in the 10-90% MFB duration between the two valvelift strategies.
Furthermore, for equivalent levels of dilution the detrimental increase in heat transfer resulted
in increased fuel consumption for a significant number of dilution fractions when adopting

SVA over DVA. Due to these marginal benefits at the highest load, the CFD results will be

briefly discussed.
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Figure 4.32 Comparison of the combustion stability limit for DVA and SVA. 9.8 bar GMEP, 1500
RPM.(Roberts et al., 2018)

4.5.2. In-cylinder flow properties

For this last operating point, the in-cylinder averaged quantities as well as the heat transfer for
DVA and SVA cases have no qualitative differences and follow the same trends when
compared to the other two operating points. However, the magnitude of the in-cylinder flow
quantities is much higher than the other two operating points which was mainly because of the
increased engine speed and to a smaller degree by the increased intake pressure. The in-cylinder
flow velocity is much higher for both DVA and SVA cases which is influenced by the faster
piston motion. At mid-intake stroke the velocity due to the higher engine speed is 33% higher
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for both DVA and SVA cases when compared to the 7.9 bar GMEP load and this difference
increases until BDC where it reaches ~55% and it is maintained until spark timing. The in-
cylinder velocity for the 9.8 bar GMEP load is displayed in Figure 4.33 and can be compared

against Figures 4.6 and 4.28 from the two previous loads.
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Figure 4.33 In-cylinder velocity for DVA and SVA at A=1.0 and the ratio SVA/DVA. 9.8 bar GMEP,
1500 RPM

Because of the higher in-cylinder velocity, the magnitude of the tumble and swirl are also
increased as they are directly linked to the velocity. In addition, the turbulent kinetic energy, is
also increased as shown in Figure 4.34 and it is maintained higher during the intake and
compression strokes. More specifically, during the intake stroke at higher engine speed the
TKE is 85% higher than the TKE at lower speed with the difference to be increased and at
spark timing, the TKE at 2000 RPM is the double of the TKE at 1500 RPM (the difference
between the other two loads were minor compared to the highest load). While the TKE was
further increased as discussed, the dilution limit was marginally extended when adopting SVA.
This is due to the very strong in-cylinder flow which in combination with the high dilution did
not allow a strong flame kernel to be developed which resulted in misfires or partially burnt

events.
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Figure 4.34 In-cylinder TKE for DVA and SVA at 2=1.0 and the ratio SVA/DVA. 7.9 bar GMEP, 1500
RPM

The high initial temperature and the higher trapped mass resulted in an increase of the in-
cylinder temperature during compression. This lead to an increase of about 12K for the DVA
case and 22K for the SVA at spark timing when compared to the other two loads and thus, the
difference between DVA and SVA was about 30K. As a result of the significantly increased
in-cylinder charge motion, temperature and gas density, the heat transfer from the gases to the
cylinder walls was further increased for both DVA and SVA. The heat transfer from the gases
to the cylinder walls was up to 3000 W higher (increased by 56%) for SVA compared to DVA
(Figure 4.35). As such, increased heat transfer offset the shorter burn metrics resulting in little
if any benefit in adopting SVA over DVA at this particular operating point as seen in the

experiments.

236



Chapter 4 - Effects of Valve Deactivation on In-Cylinder Flow

1000 -
0 é_ . s
-1000 +

2000 +
-3000 +
-4000 +
-5000 +

Heat transfer [W]

6000 +

-7000 +

-8000 ] T T T T T I T T T T T I T T T T T I T T T T T !
360 450 540 630 720

deg CA

—DVA SVA

Figure 4.35 Total heat transfer from liner, piston and dome for DVA and SVA for A=1.0. 9.8 bar GMEP,
1500 RPM

4.6. Heat transfer effects

It was mentioned that due to the increased heat transfer for equivalent levels of dilution at 3.6
bar load the benefit of fuel consumption was fractional with SVA and there was no difference
at higher loads. In addition, the polytropic index (y) for all cases utilising SVA was lower than
the DV A cases pointing at the fact of the increased heat transfer associated with SVA. This
was particularly pertinent at 2000 RPM, 9.8 bar GMEP where the significantly increased heat
transfer resulted in an increase in fuel consumption for SVA. The calculation for heat transfer
takes into account a number of parameters (density, specific heat capacity at a constant
pressure, friction velocity, wall temperature and gas temperature), hence discussed in the
current section are the results from an investigation into the contributory effects of each

parameter to the increased heat transfer when utilising SVA.

First of all, for a given engine speed and load test point, the trapped mass and therefore density
at IVC was the same for DVA and SVA. At higher loads, the trapped mass and thus the density
increases which leads to increased heat transfer (eq. 2.51). From the crank resolved trapped
mass diagram (Figure 4.14) it can be seen that the in-cylinder mass during intake and

compression until IVC is lower for SVA than DVA which means that the induced fresh air is
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smaller. As a result, the residual gas is higher for SVA (DVA: 7%, SVA: 8.1% for the 1500
RPM, 3.6 bar GMEP). Higher trapped residual therefore resulted in a higher in-cylinder gas
temperature for SVA compared to DVA. More specifically, the temperature difference at IVC
between DVA and SVA for the 3.6 bar and 7.9 bar loads is 25K and 30K for the 9.8 bar load.

Because of the higher concentration of residuals with SVA, the ¢, is also increased however

the difference is less than 1% in all cases. Note that for an extreme case of 40% trapped

residuals, ¢, was found to have increased by only 3% compared to the c,calculated for 5%
trapped residuals (at 700K). This therefore shows the relative insensitivity of ¢, with respect

to trapped residuals and therefore the minimal contribution to heat transfer.

Friction velocity within the heat transfer equation (u;) also affects the calculation of heat
transfer. This term is directly linked to u — u,,where u is the tangential gas velocity next to the
wall and u,, is the tangential wall velocity. Here, u,, is zero for the liner, dome and the flat
surfaces of the piston with only a small contribution from the curved surfaces. Thus, the
increased flow velocity next to the walls is another contributor to heat transfer, especially when
operating with SVA. From all the above, it can be said that the increased flow activity and

temperature of the SVA are the contributing factors for the heat transfer.

In an attempt to decouple the temperature difference and flow field effects on heat transfer for
the DVA and SVA cases, simulations were undertaken for the compression stroke from [VC
to TDCH, referred to “closed cycle” simulations. At IVC for all the closed cycle simulations the
averaged trapped mass and composition of the gas were kept the same and were equal to the
DVA original case at IVC. This was done to eliminate any effect of density and c,, (which is
minor as discussed above). Firstly, in order to replicate the actual DVA and SVA simulations
and validate the approach, using the closed cycle setup, the flow field, the average pressure and
average temperature were kept the same as the original DVA and SVA cases. However, the
composition of the gas and the temperature were applied homogeneously within the cylinder
and were equal to the average values. This allowed to erase the mixing “history” of each case
during the intake and compression which affected the temperature and concentration fields. In
addition, two more closed cycle simulations were run in which the flow fields and temperatures
of the DVA and SVA were swapped. In the DVA flow field, the homogeneous temperature of
the SVA was applied and vice versa while keeping the trapped mass and the composition of
the gas the same as the original case. Hence the only difference between the simulations was

either the flow field or the temperature. All the initial conditions for the closed cycle
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simulations for the 3.6 bar GMEP load can be found in Table 4.3. The average temperatures at
IVC for the original DVA and SVA cases were 387K and 412K respectively. These types of
simulation were also undertaken for the other speed/load test points with the relevant

temperature and flow field applied.

DVA* DVA SVA* SVA
P [bar] 0.71 ~0.75 ~0.75 0.71
T [K] 387 412 412 387
Cp [J/(kg K)| DVA DVA DVA DVA
Flow field DVA DVA SVA SVA

Table 4.3 Closed cycle simulation initial in-cylinder conditions at 3.6 bar GMEP, 1500 RPM.
*represents the actual cycles

For the validation of the closed cycle simulations, the flow data of the closed cycle cases, were
compared against the crank angle resolved in cylinder data (average velocity, tumble and swirl
ratio and TKE) of the full cycle simulations for all test points. For the cases that were initialised
with either DVA or SVA flow fields, the development of the in-cylinder flow data matched the
original data as shown Figure 4.36 for the 3.6 bar GMEP case. The solid lines represent the
closed cycle and the dashed lines represents the actual full cycle cases. The same trends of the

validation were also observed for the other two loads.
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Figure 4.36 Comparison between the actual and close cycle simulations for the in-cylinder velocity
and TKE at 3.6 bar GMEP, 1500RPM
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In addition, the predicted heat transfer from the closed cycle simulations which replicated the
actual cycles for both DVA and SVA was compared against the actual heat transfer for further
validation purposes. This comparison showed that at 25 °CA after IVC, the difference between
actual and replicated case was ~3% and 45 °CA after IVC, the difference between actual and
replicated case was ~0.9% and this difference was dropping further as the cycle progressed.
This shows that the flow field established a temperature field the same as the actual cases near
the engine walls. This is showed in Figures 4.37 to 4.39 for the solid and dashed lines of the

same colours.

In Figure 4.37 the heat transfer from the gas to the engine walls for the four closed cycle
simulations at 3.6 bar GMEP is showed with solid lines. In addition, the heat transfer of the
two original DVA and SVA cases are included and represented by the dashed lines. From the
simulations of the actual DVA and SVA cases and the closed cycles which replicated them it
was seen that there was an increase of 23.6% in heat transfer from DV A to SVA at the peak of
the heat transfer (approximately 500 W). For a constant temperature (for both 387K and 412K),
the increased activity from the DVA flow field to the SVA showed an increase of 10.5% in
heat transfer. When the flow field was kept constant (DVA or SVA) and the initial temperature
was increased from 387K to 412K, the increase in heat transfer was about 12.5%. As such, the
dominating effect for the increased heat transfer at this engine speed and load was the higher
in-cylinder temperature at [IVC, caused by higher levels of trapped internal residuals. Note that
the decrease in heat transfer as the piston approaches TDC is related mainly to flow field effects

as density and temperature remain approximately constant close to TDC.
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Figure 4.37 Total heat transfer for the four closed cycle simulations and the two actual cycles. 3.6 bar
GMEP, 1500 RPM

The same methodology was performed for the other two loads (7.9 bar GMEP, 1500 RPM and
9.8 bar GMEP, 2000 RPM). Again, for both loads, the closed cycle cases which had the same
flow field and averaged temperature as the original cases give the same heat transfer as the
original simulations especially 45 °CA after IVC, however, there is a minor difference between
the actual SVA cycle and the closed SVA cycle at the peak of the heat transfer which was about
1.4%-1.7%. For the 7.9 bar GMEP load (Figure 4.38), the total increase in heat transfer from
the DVA to SVA i1s 50% (1500 W), at the peak of the heat transfer. The temperature difference
at IVC was again 25 K (379 K for DVA and 404 K for SVA). For a constant flow field (DVA
or SVA) and an increase of the initial temperature by 25 K, the increase of heat transfer is about
13-13.5%. When the initial temperature was kept the same for DVA and SVA (379 K or 404
K) the increase in heat transfer is about 34%. For this load, the effect of the flow field is the

dominant factor for the increased heat transfer.
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Figure 4.38 Total heat transfer for the four closed cycle simulations and the two actual cycles. 7.9 bar
GMEP, 1500 RPM

For the 9.8 bar GMEP, 2000 RPM case, the increase in heat transfer from the actual DVA to
SVA cycle was 56%, almost 3000W at the peak of the heat transfer as shown in Figure 4.39.
In this case, the temperature difference between DVA and SVA was 30 K (384 K for DVA and
414 K SVA). For equivalent flow fields the increase of heat transfer due to the increase of
temperature was about 16%. For equivalent temperatures, the increase of heat transfer because
of the increased activity was 36%. Again, at this engine speed and load, the majority of the
increased heat transfer when adopting SVA over DVA was attributed to the significantly
enhanced charge motion of SVA. It has to be reiterated that in this case, the temperature
difference was 30 K while for the lower loads was 25K. It can be concluded that for the lower
loads, the dominant factor for the additional heat transfer for SVA is the increase in in-cylinder
temperature, while for the higher loads, the dominant factor is the increased flow activity close
to the wall. Lastly, the increase in heat transfer due to the increased temperature was very
similar for all three loads (13-16%). Especially for the 3.6 bar and 7.9 bar loads which had the

same temperature difference, the increase was around 13% for both.
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Figure 4.39 Total heat transfer for the four closed cycle simulations and the two actual cycles. 9.8 bar
GMEP, 2000 RPM

4.7. Closure

The differences between the Dual and Single Valve Actuation on the in-cylinder flow field and
velocity magnitude, turbulent kinetic energy, temperature and trapped mass and residuals was
investigated. In addition, the spatial distribution of some of these quantities as well as the
laminar burning velocity was also studied due to their importance in combustion. Moreover,
the heat transfer differences and the reasons behind them for the two valve strategies were also

studied. The conclusions that are irrespective of engine load were:

e There is an increased in-cylinder activity by adopting SVA due to higher valve jet
which increases the in-cylinder velocity

e Due to the asymmetry created by SVA, a strong swirl motion is generated while
maintaining the magnitude of the tumble at the same level as with the DVA due to the
geometry of the port.

e With the use of SVA, the turbulent kinetic energy is increased at spark timing when
compared to DVA. Also, the area of high TKE within the cylinder is increased by

adopting SVA and also the location is more favourable for the combustion as it encloses
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the spark plug. This is a factor that denotes faster combustion as seen in the
experiments.

e With SVA, the trapped residuals are increased which in turn, increase the in-cylinder
temperature.

e Due to the increased in-cylinder temperature, the laminar burning velocity is also
increased. This is another factor for the faster combustion with SVA. With the level of
residuals trapped in these cases, the dominant factor for the laminar burning velocity
behaviour is the temperature.

e When the stoichiometric and lean cases were compared, there was a small increase on
the in-cylinder flow quantities (velocity, tumble and swirl, TKE). This increase was due
to the increased intake pressure of the lean cases. As a consequence of the increased
TKE, the engine could tolerate more dilution without detrimental increases in the
ignition to 10% MFB and 10-90% MFB durations. As a result of the extension of
dilution, a fuel consumption reduction of up to 3.8% (at 3.6 bar GMEP, 1500 RPM)
could be achieved, as seen in the experiments.

e For the lean cases (A=1.5), the laminar burning velocity is reduced because of the high
dilution. This suppresses the burning velocity even with lower residuals and high
temperatures.

e The increased activity with the SVA and the higher in-cylinder temperature have a
result of increased heat transfer from the gas to the engine walls. This explains the
reduction of the polytropic index with SVA for both experiments and numerical
predictions. For all test points, this increased heat transfer resulted in fractional

improvements in fuel consumption for equivalent levels of dilution.
Some conclusions however, were dependent on the engine load and speed. Those were:

e With the increase in engine load, the heat transfer from the gas to the walls was
increased mainly because of the increase of the density of the working fluid for both
DVA and SVA. Moreover, the maximum heat transfer difference between DVA and
SV A was increased at higher loads. The significant increase of heat transfer with SVA
at higher loads, offset the favourably shorter burn durations resulting in a negligible
benefit in fuel consumption for equivalent dilution, but some benefit could be gained
through the extension of dilution (3.1% at 7.9 bar GMEP, 1500 RPM and 1.3% at 9.8
bar GMEP, 2000 RPM).
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The two main contributors for the increased heat transfer when adopting SVA is the
enhanced flow motion and the increased in-cylinder temperature for equivalent
dilutions.

At low loads (3.6 bar GMEP, 1500 RPM), the dominant factor for the additional heat
transfer for SVA is the increase in in-cylinder temperature which increased the heat
transfer by 12.5%. The enhanced charge motion increased the heat transfer by 10.5%.
At higher loads, (7.9 bar GMEP, 1500 RPM and 9.8 bar GMEP, 2000 RPM) the
dominant factor is the increased flow velocity close to the walls. The increase of heat
transfer due to the higher temperature was 13.5% at 7.9 bar GMEP and 16% ta 9.8 bar
GMEP. Due to the enhanced charge motion the increase was 34% and 36%
respectively.

It appears that an optimum level of enhanced in-cylinder charge motion attributed to
SVA exists whereby the benefits of reduced burn duration and increased dilution
tolerance can be realised without the shortfalls of invoking significantly increased heat

transfer
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Chapter 5

Effects of Valve Deactivation on

Mixture Preparation and Emissions

5.1. Introduction

This chapter presents the analysis carried out to investigate the effect of Dual and Single Valve
Actuation on mixture preparation and emissions at two engine running points, (3.6 bar GMEP
and 7.9 bar GMEP at 1500 RPM). The air-fuel mixture is important for the flame propagation,
as it affects the laminar burning velocity which can cause combustion stability issues and
misfires especially if the mixture is diluted with either fresh or exhaust gases. In addition, poor
air-fuel mixture can lead to pollutant formation such as nitrogen oxides, carbon monoxide,

unburnt hydrocarbons and particulate matter.

The Lagrangian multi-phase treatment was used to model the fuel injection and the approach
from the validation chapter was followed. The flash boiling model was implemented at
1500rpm, 3.6bar GMEP due to the low in-cylinder pressure (~0.5 bar) during injection and the
high temperature of the fuel (~90°C) in which gasoline is prone to flash boiling. For the flashing
cases, n-Pentane was used as a single component fuel. Details of the flash boiling model have
been discussed and the generalised approach was used. For the rest of the cases, a sub-cooled

spray model was adopted, and iso-Octane was used. Briefly, the physical models of the
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Lagrangian approach included turbulent dispersion, gravity effects and inter-droplet collisions
based on the O’Rourke (1981) model and the Reitz and Diwakar (1986) model was used for
the droplet break-up. In this study, the Rosin-Rammler distribution was used to initialise the
droplet size. The rest of the boundary conditions and the initialisation procedure was the same
as the previous chapter. The start of injection was 60 degrees after gas exchange TDC (420
degrees CA on the graphs) for all cases and the duration was taken from the experiments as it
varied for different dilutions and loads. The spray formation for the DVA and SVA cases for
both loads at A=1.0, 7 degrees CA after start of injection is shown in Figure 5.1 for the tumble
view and Figure 5.2 for the swirl view. The differences between the flash boiling and the sub-
cooled modelling is evident for the two loads. In addition, the tumble motion for DVA and the
strong swirl motion for the SVA as described in the previous chapter, affects the spray in
different ways. For the DVA at high load, when looking the tumble view, the initial part of the
plume near the engine head is directed towards the exhaust port due to the valve jet but the tip
is directed towards the intake port because of the tumble flow. For the lower load of the DVA,
droplets are directed towards the exhaust side, but the penetration of the spray is lower and thus
at this crank angle it was not affected by the tumble flow near the piston. When the swirl plane
was investigated, a symmetric spray formation was seen for DVA. When SVA was adopted,

the strong valve jet and swirl motion mostly affects the plumes of the side of the open valve.

The geometry of the computational model at the intake port had to be modified in order to
improve the accuracy of the simulations. Due to the Late Intake Valve Closure which was about
100 degrees after Bottom Dead Centre, an amount of trapped mass escapes from the cylinder
to the intake port. When the fuel injection was introduced, a portion of the evaporated fuel
escaped to the intake port, which resulted in very lean air-fuel mixture within the cylinder
during the first cycle. In order to acquire the desired air-fuel ratio, the fuel vapour in the intake
had to be introduced to the following cycle. After 4-5 consecutive cycles depending on the
valve actuation (DVA or SVA), the in-cylinder air-fuel ratio was converged to the desired
lambda. The process of the convergence of the in-cylinder lambda can be seen in Figure 5.3.
For the DVA, due to the higher amount of mass escaping the cylinder, an extra cycle was
needed for convergence. The simulation started at the expansion stroke, 270 degrees before gas
exchange TDC and it is before EVO. This is the same procedure as the previous chapter and
the gas composition of each domain (cylinder, intake port and exhaust port) was following the
calculations of Table 2.1 and the initial pressure was taken from the experiments. The

simulation was let to run for a whole cycle (720 degrees CA) and at the end of the cycle, the
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solution of the last timestep was acquired. Following, the solution was modified for the in-
cylinder and exhaust domains by imposing the same initial conditions as at the beginning of
the first cycle. The intake port domain however, was not modified in order to maintain the
trapped fuel and introduce it to the next cycle. This process was applied until the convergence

of the air-fuel ratio.

DVA SVA

3.6 bar
GMEP

7.9 bar
GMEP

Figure 5.1 Spray structure for DVA and SVA for two loads (3.6 bar GMEP and 7.9 bar GMEP, 1500
RPM), tumble view
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Figure 5.2 Spray structure for DVA and SVA for two loads (3.6 bar GMEP and 7.9 bar GMEP, 1500
RPM), swirl view
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To accurately capture the fuel vapour in the intake runner, the runner was extended by 140mm,
which was length of the runner upstream the pressure sensor (pressure boundary of the model)
and before the plenum. Without this extension, the fuel vapour was escaping and essentially
lost from the pressure boundary. With the extension however, the total amount of fuel vapour
was remaining in the intake which was the most accurate procedure. For the pressure boundary,
the time dependent pressure from the experimental measurements was used without any
modifications. A test was carried out with 1D simulation to identify possible inaccuracies when
the pressure boundary was applied 140 mm upstream the actual pressure transducer position.
The results presented in Figure 5.4 shown that the pressure wave frequency did not change but
the magnitude was slightly reduced. The reduction was less than 1% (~200Pa). In order to do
this test however, the 1D model had to be tuned for the specific test case in order to get correct
in-cylinder pressure and the correct intake pressure trace at the location of the pressure sensor.
Because of these small differences and the difficulty to acquire the pressure trace for the new
boundary location with the 1D modelling, the original pressure was used. The differences of

the intake runner geometry can be seen in Figure 5.5.
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Figure 5.4 Intake pressure trace at various intake runner locations calculated with 1D simulation
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Original geometry Geometry with extended intake runner
Figure 5.5 Original AJ20 geometry and geometry with extended intake runner

In order to speed up the process time and reduce the number of simulations, a normalised
approach was tested. With this approach, the global air-fuel ratio of the second cycle was
normalised to the desired global air-fuel ratio, such as lambda=1. In the same way, the global
air-fuel ratio of the converged cycle was normalised to the desired lambda. These two
normalised cases were compared to each other to identify possible patterns because of the
principles of RANS simulations. Four different locations above the head gasket along the bore
centreline at two different timesteps around ignition timing were tested. The results showed
that the maximum difference between the normalised second and normalised sixth cycle was
0.7% and the average difference of all investigated points was less than 0.1%. An example of
this comparison is displayed in Figure 5.6 which shows the Lambda versus the location of the

bore centreline along the x-axis, 20 degrees before firing TDC.
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Figure 5.6 Verification of the normalisation approach for Lambda. Calculations at 20 degrees before

TDC

As a form of validation, the experimental in-cylinder pressure up to ignition was compared

against the numerical in-cylinder pressure with the presence of fuel. The results were in a better

agreement which was also reflected on the compression polytropic index. As it can be seen in

Table 5.1, for three different dilution cases at 7.9 bar GMEP, 1500 RPM, the experimental and

numerical gamma values are in a very good agreement. This showed that the differences

reported in the previous chapter were improved with the presence of fuel, something that

existed but not simulated previously. In addition, the trends seen in the experiments were also

predicted by the CFD such as the increase of gamma with increased dilution and lower gamma

for SVA than DVA, as explained in the previous chapter.
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DVA SVA
CFD 1.294 1.274

A=1.0
Experiment 1.298 1.279
CFD 1.302 1.281

A=1.1
Experiment 1.302 1.281
CFD 1.306 1.286

r=1.2
Experiment 1.306 1.286

Table 5.1 Experimental and numerical compression polytropic index (y) for DVA and SVA at various
lambdas. 7.9 bar GMEP, 1500 RPM

5.2. Engine load: 7.9 bar GMEP, 1500 RPM
5.2.1. In-cylinder flow properties

Firstly, the in-cylinder flow properties for the cases with the fuel injection were investigated
and compared against the same cases without spray to study the effect of the direct injection
on the in-cylinder quantities. The start of the injection is shown with the vertical black dashed
line. As it was expected, during the fuel injection the in-cylinder average velocity is affected
by the spray for both DVA and SVA as it can be seen in Figure 5.7. The results revealed that
the velocity is reduced during the event of the injection, however after the end of the injection
the velocity is similar to the motoring case. For DVA, during compression and more
specifically at ignition timing the difference is 7%. Due to the momentum introduced by the
spray, the in-cylinder velocity is maintained higher than the motoring case (4.93m/s against
4.58m/s). The reduction during the injection comes from the fact that the spray direction is
opposite to the flow which affects the average velocity. Similarly for the SVA, the in-cylinder
velocity is 0.2% higher with the fuel injection than the motoring case. The difference is much
lower due to the high flow velocity established by the single valve which is barely affected by

the injection.
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Figure 5.7 In-cylinder velocity magnitude for DVA and SVA, with and without injection. 7.9 bar GMEP,
1500 RPM
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Figure 5.8 In-cylinder TKE magnitude for DVA and SVA, with and without injection. 7.9 bar GMEP,
1500 RPM
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The turbulent kinetic energy was also compared for the cases without and with fuel injection
(Figure 5.8). The TKE was increased during injection for both DVA and SVA cases. At the
end of the compression stroke and at ignition, the TKE was increased due to the fuel injection.
The increase for the DVA was 1% and for SVA was 0.6% near ignition. Again, due to the

dominant strong in-cylinder flow with the SVA, the increase was smaller than the DVA.

The big differences of the in-cylinder quantities between the motoring case and the case with
the fuel injection were seen for the temperature. As it was expected and described in the
literature, the direct injection reduces the in-cylinder temperature. As the amount of the injected
fuel for DVA and SVA was similar, the reduction in temperature was also similar. The
reduction in temperature was about 80° for both cases meaning that a difference of 21° between
the temperature of DVA and SVA was maintained. With the reduced in-cylinder temperature
and the in-cylinder velocity maintained at the same level as the motoring case, it was expected
areduction in heat transfer from the gas to the walls. This was true as it can be seen from Figure
5.9 which shows the total heat transfer from the gas to the walls for DVA and SVA for the
cases with and without the fuel injection. While the heat transfer is lower with the fuel injection
due to lower in-cylinder temperatures, the increase from DVA to SVA is the same and about

50% compared to the case without fuel.
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Figure 5.9 Total heat transfer for DVA and SVA, with and without injection. 7.9 bar GMEP, 1500 RPM
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5.2.2. Mixture preparation

First of all, the air-fuel mixture for the A=1.0 case was investigated for the two valve strategies
(DVA and SVA). The progress of the Lambda contours for four different crank angles in the
compression stroke and near ignition are displayed in Figure 5.10 for DVA and Figure 5.11 for
SVA. From the Lambda contours it can be seen that in the case of the Dual Valve Actuation,
while the global Lambda within the cylinder is A=1.0 and also the mixture close to the centre
of the cylinder is at A=1.0, stratified areas of either lean or rich mixture exist. Especially at the
edges of the cylinder, the lean area at the intake side is maintained during the compression,
while the rich area is at the exhaust side. For DVA, at ignition, a lean area exists on the right
side of the spark plug which is reduced as the cycle progresses. It can also be said that the

mixture becomes more homogenous as the cycle progresses.

For the SVA, the Lambda contours are completely different to that of DVA. An axial
stratification (piston movement direction) can be observed from the tumble plane of Figure
5.11 with a leaner mixture near the spark plug and the engine head. As the distance from the
head is increased axially, the mixture becomes richer. Radially however, at a specific z
location, the mixture is fairly homogenous which can be observed at the swirl plane of Figure
5.11 in which z=+5 mm. In addition, when the mixture formation of the DVA and SVA are
compared qualitatively, it is clear that the mixture of the SVA is more homogenous than the

DVA mixture formation.
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Figure 5.10 Spatial distribution of Lambda for DVA at various crank angles during compression,
2=1.0, 7.9 bar GMEP 1500 RPM
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Figure 5.11 Spatial distribution of Lambda for SVA at various crank angles during compression,
2=1.0, 7.9 bar GMEP 1500 RPM

In order to quantify the homogeneity of the two cases and allow a better comparison, a
Homogeneity Index was introduced. In the literature, various correlations exist (Munnannur et
al. 2011; Lee, et al. 2000 and Weltens et al. 1993). In this study, a simpler term was used which

is given by:

Standard Deviation
HI =1—-CoV =1- (5.1)
Mean
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This correlation also amplifies the differences between the two cases which makes the
comparisons more profound. Both volume averaged and mass averaged cell calculations were
tested for the HI but this did not have any effect on the HI trends and calculated values. The
correlation has an upper limit of one which shows a completely homogenous mixture. The
progress of the Homogeneity Index through the compression stroke and until 20 degrees after
firing TDC is shown in Figure 5.12. From this graph, as the cycle progresses, the homogeneity
of both DVA and SVA is improved. However, it is clear that the in-cylinder homogeneity is
better for the SVA than DVA, something that confirms the observations from the Lambda
contours. Due to the enhanced in-cylinder flow motion created by the SVA, the quality of air-

fuel mixture was improved.
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Figure 5.12 Homogeneity Index for DVA and SVA at 7.9 bar GMEP, 1500 RPM, A=1.0

For completeness the air-fuel equivalence ratio contour plots for A=1.5 at 10 degrees before
TDC are shown in Figure 5.13. It is evident that qualitatively the patterns between A=1.0 and
A=1.5 for a specific valvetrain strategy are similar. However, there are differences in the
contour plots because the boundary conditions are different for different dilution. The intake
pressure increases with higher Lambda to increase the trapped air, while the injected amount
of the fuel remains at similar levels for all Lambda cases as the load of the engine is constant.

The increase of the intake pressure affects the in-cylinder flow and the injection duration is
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also slightly different for the different Lambda cases as already explained. In addition, the
increase of the in-cylinder pressure due to increased intake pressure affects the spray

penetration and evaporation.

DVA

Lambda
(-]
1.70
1.58
1.45
1.33

1.20

bar GMEP 1500 RPM

In the previous chapter, an estimation of the laminar burning velocity was attempted using the
properties of the flow (pressure, temperature, residuals) while assuming a completely
homogenous mixture, thus the equivalence ratio was kept constant in the cylinder. Now, in a
more detailed analysis the flow properties will be used as well as the equivalence ratio predicted
by the air-fuel mixture. Figure 5.14 shows the laminar burning velocity taking account the air-
fuel mixture for DVA and SVA, 10 degrees CA before firing TDC. The main difference in the
calculations of laminar burning velocity with and without the spray (which was seen in both
DVA and SVA) was the reduction of the burning velocity when the fuel injection was
modelled. The reason for this reduction was the reduction of the in-cylinder temperature due
to charge cooling. As it was discussed, especially with low residuals concentration, the
temperature is a very important factor for the laminar burning velocity and a reduction of 80K
can reduce the velocity from ~75 cm/s to ~60 cm/s. However, the same trends appear for the
laminar burning velocity when DVA and SVA cases are compared. The higher temperature of
the SVA, was the main contributor to the increased burning velocity. In addition, for DVA, in
the areas where the Lambda is close to 1, the trend is the same as the case without the injection.
This is because the temperature distribution is mostly affected by the flow motion which is
very similar for the case with and for the case without injection. In areas where the Lambda

values were deviating from the global Lambda, then differences in laminar burning velocities
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appeared. This is more profound near the liner where very lean mixture exists at the intake side
and a rich mixture exists at the exhaust side. Because of the much better homogeneity of the
SVA case, qualitatively the cases with and without fuel injection are very similar. The main
difference in the contour plots (except from the magnitude) is near the cylinder head where the
mixture is leaner. Generally, the lean mixture is reducing the burning velocity while a richer

mixture does not have a significant effect.
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Figure 5.14 Spatial distribution of laminar burning velocity for DVA and SVA 10 degrees CA before
TDC, A=1.0, 7.9 bar GMEP 1500 RPM

The injector pattern was initially designed to target towards the piston crown in order to avoid
the wetting of the liner and mixture of the liquid fuel with the oil film. It is evident from Figure
5.15 for DVA that the film mass is accumulated on the piston crown, while on the liner is two
orders of magnitude less. 25 degrees after start of injection, the maximum accumulated mass
is seen on the piston. After that, there is a decrease of liquid fuel mass which disappears before
BDC. This is because of the evaporation of the fuel as well as the stripping of fuel from the
film and re-entrainment in the cylinder. When the single valve was adopted, the maximum
liquid film was reduced almost by half and the reduction after the peak was faster. This was
expected as the enhanced in-cylinder flow motion can increase the evaporation rate as well as
increase the striping process. However, this behaviour of the reduction of the liquid film mass
may be overestimated because all the walls of the engine were initially dry with no oil film
simulated. The blend of an already existing oil film with a fuel impinging on the surface has
an effect on the evaporation of the fuel as shown by Zhang et al. (2018) and it was also shown
the importance of the lighter and heavier components of gasoline on evaporation. Beavis et al.

(2017b) also showed the differences in liquid film when simulating single and multi-
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component fuels. In this study, the simulated fuel is single-component, represented by iso-
Octane. Despite these assumptions, the predictions are important because they show that the
enhanced flow motion is breaking the spray, deposits less fuel and assists on the faster
reduction of the film. This can be beneficial is terms of emissions and especially reduction of
soot. The liquid film on the piston at 20 degrees after start of injection, close to the peak of
both cases is shown in Figure 5.16. For DVA, due to the symmetry of the injector and the
symmetry of the flow, the liquid film pattern is also symmetric. However, for SVA, the film
patterns do not have any symmetry. More liquid is formed at the +y side of the piston and under
the closed valve and at the centre of the piston because the strong flow transports the spray
downwards and towards the closed valve due to the swirl motion. In addition, the plumes under

the closed valve are less affected by the in-cylinder flow.
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Figure 5.15 Accumulated liquid film mass at the piston and liner for DVA and SVA versus time. 2=1.0.
7.9 bar GMEP, 1500 RPM
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Figure 5.16 Liquid film thickness at the piston for DVA and SVA at 20 degrees after SOI. 1=1.0. 7.9
bar GMEP, 1500 RPM

5.2.3. Emissions

In any research and development study for improved fuel consumption, it is important to
comply to emissions regulations and understand the reasons behind the numbers and the trends.
The experimental data (Figure 5.17) revealed that for a given EGR (here EGR0%), NOx
emissions are greater for SVA compared to DVA for up to about lambda 1.2. As lambda
increases further, the SVA to DVA difference in NOx production decreases and from about
A=1.4 the NOx levels for both valve strategies are very similar. In addition to this, the highest
amount of NOy is observed when the engine was running with global Lambda of 1.1 followed
by the global Lambda of 1.2. These results agree with the literature (Heywood 1988, Lumley
1999) stating that the one of the most important factor affecting NOx emissions is the air-fuel
equivalence ratio (1) with the highest production rate to be when A~1.1. In addition to the NOx
production, the total hydrocarbons (THC) and the CO emissions were also studied. The trends
of these two pollutants versus Lambda are in accordance to the literature as well, for both DVA
and SVA (Figure 5.17). Nevertheless, there are quantitative differences between the two valve
strategies. The unburnt hydrocarbons are always 30%-40% higher for the dual valve than the
single valve. For the CO production, the values are very similar for both valve strategies for
Lambdas greater than 1.1. For the stoichiometric case however, the CO emissions is greater for
DVA by 40%. In this section, the differences in the emissions between the two valve strategies
will be studied and linked to the mixture preparation. The air-fuel equivalence ratio was studied
for the whole cylinder and for five spherical volumes which had the centre at the spark plug

gap and their diameters were 10 mm, 20 mm, 30 mm, 40 mm, 60 mm. The size of these spheres
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in respect to the engine geometry is shown in Figure 5.18. It has to be noted that only the

cylinder domain that is included in the sphere is taken into account and not the total volume of

the sphere.
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Figure 5.17 Experimental emissions of NOx, THC and CO. 7.9 bar GMEP, 1500 RPM
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views.
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The behaviour of the CO and the unburnt hydrocarbons can be linked to the air-fuel equivalence
ratio. For rich mixtures the levels of carbon monoxide are high because the complete oxidation
of fuel to CO2 is not possible due to the insufficient oxygen. In the above section, the contour
plots of Lambda for A=1.0, showed that due to the inhomogeneity of the mixture, both DVA
and SV A had areas that were richer than the stoichiometric. An analysis of the rich areas (A<1)
within the cylinder was carried out for A=1.0 and A=1.1. For higher dilution levels, the
experimental results showed very small differences between the two valve strategies. The
differences between the mixture formation of DVA and SVA were investigated. The Figures
5.19 and 5.20 show the percentage of the volume of rich mixture compared to the total volume
of the investigated volume which was either the whole cylinder, or the volume of the respective

sphere versus degrees CA at A=1.0 for DVA and SVA.

It 1s evident that for the dual valve, there is a greater volume within the cylinder with rich
mixture, especially after ignition. Generally, the size of the rich region is greater for DV A than
SVA for all crank angles after the ignition. The ignition timing for DVA was 15 degrees CA
before TDC (705 deg CA in the Figure 5.19) and for SVA it was 10 degrees CA before TDC
(710 deg CA 1n the Figure 5.20). In addition, at ignition the mixture around the spark plug (10
mm sphere) has a greater amount of rich zone (25% of the volume of the sphere) for DVA than
the SVA which is lean. As the combustion progresses, the flame front propagates in greater
size of rich region for DVA. This can be seen from the bigger spheres at later crank angles. For
all spheres at TDC, 60% of their volume is occupied by a rich mixture. The cylinder has
constantly 50% of its volume covered by a rich mixture. In addition, the average Lambda of
the rich mixture was studied for the DVA and SV A and is shown in Figures 5.21 and 5.22. The
lowest average Lambda value after ignition is 0.98 for SVA, meaning that the mixture is very
close to the stoichiometry. After the ignition of DVA, the average Lambda of the rich mixture
is in the range of 0.96-0.97.The flame propagated in richer zone and in greater size when DVA
was used. The combination of richer mixtures and greater volumes contributed to the

production of CO which was higher for DVA.

The unburnt hydrocarbons can have various sources during the engine cycle. In this study, the
quality of the air-fuel mixture was studied to explain the experimental results. The
hydrocarbons increase when the mixture becomes richer than the stoichiometric combustion as
not all the fuel is oxidised. In addition, the THC also increase at very lean mixtures due to the
incomplete combustion or misfire. Here, the difference in THC between DVA and SVA at

A=1.0 and 2=1.1 will be investigated. For the leaner mixtures where the THC is fairly constant,

266



Chapter 5 - Effects of Valve Deactivation on Mixture Preparation and Emissions

the difference between DVA and SVA is mostly due to the slower combustion of DVA and
other sources of HC (quenching of the flame on the walls, outflow of HC from the crevices).
Previously, it was shown that the volume of the rich region is higher for the DVA than SVA.
For the amount of the unburnt hydrocarbons, not only the rich areas are important, but also
how rich these areas are because more fuel will not be oxidised. The analysis for the whole
cylinder and the five spherical volumes revealed that the for DVA, the rich area around the
spark plug at ignition (710 deg CA) was rich (A=0.99) but for greater spherical regions the
lambda is lower, and the value is A=0.97 for the sphere of 20 mm diameter and A=0.96 for the
sphere of 30 mm. As the cycle and the combustion progresses, the rich regions for greater
spherical regions converges to a value of about A=0.97. When SVA was adopted, the rich
regions have an average lambda very close to stoichiometric. For bigger spherical volumes, the
average lambda is again close to stoichiometric (A=0.99). However, because the rich regions
are close to the piston, the flame quenching at the rich region can result in unburnt
hydrocarbons. However, as these regions are close to A=1.0 and the volume was smaller, this

reflected to the big differences of THC in the experiments.

For the leaner case where the global lambda is A=1.1, the size of rich zones was reduced
drastically for both valve strategies. This was also seen for the experimental measurements of
CO and THC emissions. Nevertheless, the DVA showed again zones of rich mixture that were
greater than the SVA. The DVA case showed rich regions within the cylinder and for spherical
volumes greater than 30 mm in diameter. These rich regions had an average lambda in the
region of [0.97,0.99]. For SVA, there was almost no rich mixture for A=1.1. The rich regions
for the SVA at A=1.1 were seen only when the whole cylinder was investigated, and it was at
the edges of the chamber. For this reason, even when the reduction of CO was severe, the
differences between DVA and SVA were 40%. From this it can be concluded that for SVA the
increased homogeneity of the mixture is beneficial for the reduction of the CO and THC
production. The air-fuel equivalence ratio deviates less from the mean (global) Lambda value
which leads to smaller number of rich regions in the cylinder. For the DVA however, the
volume of the rich regions is greater, meaning more volume of the combustion at rich mixture.
It is known that even at lean combustion CO and THC are formed because of the efficiency of
the combustion but the above approach showed that the in-cylinder mixture played an

important role to the emissions.
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Figure 5.19 Percentage of the respective spherical volumes occupied with a rich mixture (A<1.0) for
DVA. Global 7=1.0. 7.9 bar GMEP, 1500RPM
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The differences between DVA and SVA for the NOyx emissions was more complicated as the
air-fuel equivalence ratio, the temperature and the availability in oxygen and nitrogen is equally
important in the NOx production. Generally, and according to the experimental results of this
study and the literature, the highest NOx production appears in the region of A=1.1. For the NOx
study, the same spherical regions as before were considered as well as the whole cylinder. A
region of lambda [1.05,1.15] was considered as the worst-case scenario for NOx production
and it was chosen according to the existing data of NOx versus lambda. It is acknowledged that
this might be somehow an artificial range and possibly this can be tuned to match a set
experimental data. However, this was used to investigate if this approach can be used as a
generalised idea and guidance for predicting trends of NOx production. Three different dilution
cases were studied with global Lambdas: A=1.0, A=1.1 and A=1.2. As the NOx is mostly formed

in the post-flame gases, the analysis is more important after ignition.

Figures 5.23 to 5.28 display the percentage of the respective volume of the sphere or the whole
cylinder which is occupied by a mixture which is within the region of [1.05,1.15] and it
progresses over time for DVA and SVA at the three dilution cases. For DVA and A=1.0 at
ignition (Figure 5.23), 28 % of the 10 mm sphere is occupied by a mixture in the region
considered as the worst for NOx production. For the SVA (Figure 5.24) at ignition, 45% of the
10 mm sphere is in that region. As the volume of the spheres increases, the percentage of the
volume that is within the prescribed range reduces due to the increase of the homogeneity
which brings the mixture closer to A=1.0. However, for all spheres, the percentage of the
volume within [1.05,1.15] is greater for SVA than DV A. Only the total volume of the cylinder
for DVA has greater amount of mixture within that range when compared against the cylinder

of the SVA. This is because the lean areas near the liner are also included in the calculation.
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Figure 5.23 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for DVA. Global A=1.0. 7.9 bar GMEP, 1500RPM
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Figure 5.24 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for SVA. Global 2=1.0. 7.9 bar GMEP, 1500RPM
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When the global Lambda was increased to A=1.1, the percentages of the spheres and total
cylinder that were occupied by a mixture in the range of [1.05,1.15], were increased for both
valve strategies. For DVA (Figure 5.25) and at ignition, 60% of the 10 mm sphere is within the
range of Lambdas and 97% for SVA (Figure 5.26). By increasing the radius of the sphere, the
percentage was reduced for both DVA and SVA with SVA maintaining higher values. In
addition, for both cases, as the time progressed, for a specific sphere, the percentage was
increasing again due to the improved homogeneity. During combustion, all spheres and the
cylinder for SVA were constantly occupied by a much greater volume when compared to DVA.
For SVA and after ignition, the volume of all spheres and the cylinder were at least 90% in the
range of Lambdas [1.05,1.15]. For the DVA, the percentages that were calculated were in the
range of 40%-90%. However, the 90% is seen only for the 20 mm diameter and at 20 degrees
after TDC.
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Figure 5.25 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for DVA. Global A=1.1. 7.9 bar GMEP, 1500RPM
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Figure 5.26 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for SVA. Global 2=1.1. 7.9 bar GMEP, 1500RPM

Finally, when the mixture was further diluted, and the global Lambda was A=1.2, due to the
axial stratification of the SVA, the mixture near the head of the engine is leaner than A=1.15
and thus, the sphere of 10 mm does not include mixture at the range of [1.05,1.15]. When the
size of the sphere was increased and also up to the size of the cylinder, more mixture was in
the specified range due to the axial stratification and thus the percentage was increased. The 60
mm sphere was 30%-15% occupied with mixture in the lambda range after ignition an the
whole cylinder was 38%-28% occupied by this mixture. The above can be seen in Figure 5.28.
For DVA at ignition (Figure 5.27), the sphere of 10 mm did not include the specific lean
mixture, but later in the cycle, some percentage (~7%) was in that range. By increasing the
diameter of the sphere, the percentage of the volume in the range for a specific sphere was
increased for up to 40 mm sphere for the DVA. The percentage of the volume was 30% of the
40 mm sphere. Increasing further the diameter of the sphere, the percentage dropped to 26%
(10 degrees after TDC). When the whole cylinder was considered, the percentage was further
decreased to less than 20%. Comparing the DVA and SV A at this dilution level, the percentages
in the range for spheres up to 40 mm are always lower for SVA. For the sphere of 60 mm, the

volume occupied by the mixture of the range [1.05,1.15] was 35% around ignition and it was

273



Chapter 5 - Effects of Valve Deactivation on Mixture Preparation and Emissions

reduced to up to 10%. When the whole cylinder was studied, the volume in the cylinder for

SVA is greater than DVA.

Looking at the trends of the volumes mostly for spheres 40 mm and above, a conclusion that
can be drawn is that there is a drastic increase in volumes within the range of [1.05,1.15] from
A=1.0 to A=1.1. From A=1.1 to A=1.2 the volumes decrease but are higher than the A=1.0 case.
This trend is also seen in the experimental results of the NOx emissions where the highest NOx
isatA=1.1, followed by A=1.2 and then by A=1.0 (A=1.1>A=1.2>A=1.0). In addition, when DVA
and SVA were compared, bigger differences in the calculations were seen for A=1.1 and then
followed by the A=1.2. There is a change is the trends between the spheres and the whole
cylinder when DVA and SVA were compared for A=1.0 and A=1.2. At A=1.0 the percentage of
the whole cylinder in the specified range is greater for DVA that SVA. However, each specific
sphere has greater percentage for SVA than DVA. At A=1.2 on the other hand, the whole
cylinder has greater percentage in the range of Lambdas when SVA was adopted but the

spheres of DVA were occupied by a greater volume of mixture in the range of [1.05,1.15].
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Figure 5.27 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A1.05,1.15] for DVA. Global 2=1.2. 7.9 bar GMEP, 1500RPM
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Figure 5.28 Percentage of the respective spherical volumes occupied with a lean mixture in the range
A[1.05,1.15] for SVA. Global 2=1.2. 7.9 bar GMEP, 1500RPM

Because of these differences between A=1.0 and A=1.2 of the calculated volumes of the mixture
and because until now the temperature of combustion was not considered, the in-cylinder
temperature was extracted from the pressure trace of DVA and SVA for the three Lambda cases
described above as well as A=1.5 for comparison, using the ideal gas law. The trapped mass

was taken from the CFD results and the molecular weight of the exhaust gases was used.
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Figure 5.29 Experimental in-cylinder temperature derived from the experimental in-cylinder pressure
for DVA and SVA and for four different dilution cases

This temperature was then introduced in the NO formation rate taken from Heywood and it is

given by:

d[NO] 6-10'6  /—69090
= e () (0,1, (52)

The equation shows that high temperatures and high oxygen concentrations give high NO
production rate and it is based on the Zeldovich mechanism. The term in the above equation
which takes account the temperature is displayed in Figure 5.30. It is evident from the graph
that the effect of the temperature exponential. From A=1.0 to A=1.1, the decrease of the peak
temperature by 100K dropped the contribution in the NO production rate by 80% (1535 units
to 306 units for DVA). Another 100K decrease from A=1.1 to A=1.2 decreased the contribution
to NO production rate for another 70%. For the lean cases (A=1.1 and A=1.2) the effect of the
temperature for DV A and SVA is evident. For the A=1.5 case, the peak value of the contribution
of temperature in the NO production is two orders of magnitude smaller that the peak of the
A=1.2 and for this reason it is not plotted in the graph. The temperature of the SVA cases is

higher and therefore, the effect on the NO production is increased for SVA which is in line
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with the experiments. For the A=1.0 case, the greater availability of oxygen in the SVA strategy
has to be the reason of the increase of the NOy production as seen from the experiments. This

is linked to the lean mixture of SVA which is bigger than DVA in a 60 mm sphere region.
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Figure 5.30 Temperature term angle of eq. 5.2 versus crank for three dilution cases. 7.9 bar GMEP,
1500RPM

In this study it was accepted that in reality other phenomena such as incomplete combustion
even at lean mixtures may occur, which is why the CO emissions do not drop to zero at lean
conditions when the experimental data are examined. However, the focus for the CO
production was the rich mixtures, excluding regions above A=1.0. In addition, for the unburnt
hydrocarbons, sources from quenching of the flame on the walls and outflow of HC from the
crevices also exist. Furthermore, the selection of the worst lambda region for NOx production
is an artificial range that can be modified. However, the air-fuel equivalence ratio and the
mixture formation play an important role on the production of all these pollutants. Thus, a study
of the mixture preparation can reveal benefits and shortfalls of an adopted strategy which in
this case is the valve deactivation. Other, strategies could be variable valve lift strategies,

injection timing and multiple injections for improved homogeneity.
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5.2.4. Combustion

For completeness and in order to get an insight of the emissions production as a spatial
distribution within the cylinder as well as to confirm the approach described above about the
pollutants formation and their correlation to the quality of the mixture, a simulation of the A=1.0
case for both DVA and SVA was run including combustion. This meant that 4 complete cycles
had to be rerun because all the scalars and tracers within the model had to be initialised from
scratch and tracked throughout the 4 cycles. The ECFM-3Z combustion model was used and
all the constants were kept to their default values (Alpha=1.6 and Beta=1.0). However, the
default value of Lower Heating Value of the fuel in the model (iso-Octane) was changed and
the actual value of the experimental fuel (E10 gasoline) was used which was LHVexy,=41.5
MlJ/kg. The emissions modelling was also kept with the default models as described it the
mathematical formulation chapter. Moreover, the spark timing as it is shown in the

experimental data was used without any adjustments.

First of all, the experimental in-cylinder pressure traces for both DVA and SVA were compared
against the CFD predictions. The results are displayed in Figure 5.31. It is evident that the
numerical predictions overpredict the peak pressure for both valve strategies however, for the
SVA the predictions are in a better agreement with the experiment (5% difference for SVA and
12% for DVA). To understand the differences in the peak pressure, the accumulated heat
release rate of the experiment for both DVA and SVA were compared against the numerical
predictions. This revealed that for the DV A, the heat release in the simulation was faster during
the whole phase of the combustion, while for the SVA, the heat release was slower but closer
to the experiment. Because of the faster heat release of the DVA, the peak pressure was
increased more than the SVA. Ways to adjust the heat release rate is to tune the Alpha and Beta
coefficients. Other solution is to adjust the size of the initial flame kernel within the model.
However, for the scope of this study, the predictions were satisfactory, and no further tuning
was conducted. Other reasons for the over-prediction can be the mis-prediction of the heat

transfer modelling at these high pressure and temperature conditions and the blow-by effect.
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Figure 5.31 Validation of the in-cylinder pressure trace and accumulated heat release rate for DVA
and SVA. Global 2=1.0. 7.9 bar GMEP, 1500RPM

After the validation, the predicted trends of the emissions between the DVA and SVA were
compared against the trends of the experimental results. Figure 5.32 shows the total mass of
the CO and NO in the cylinder. For the CO, the production with DVA starts earlier and it is
faster which lead to higher peak and higher equilibrium during the expansion stroke compared
to SVA. The same trend of higher CO concentration when DVA was used, was seen in the
experiments. The NO production starts earlier with the DVA; however, the rate of production
is greater with SVA which lead to higher peak and higher equilibrium at the expansion stroke.
The ppm that correspond to the mass values of NO for DVA and SVA are: 1180ppm at the
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peak and 1051ppm at the expansion and 1344 ppm at the peak and 1264ppm at the expansion.
It is acknowledged that these predictions are ~50% below the experimental values (2966 ppm
for DVA and 3290 ppm for SVA) however, the trend of higher NO with SVA is preserved.
Within the code, more NO models exist based on NOx libraries and more detailed reaction
chemistry which may improve the predictions. It has to be re-iterated that the goal of this study
was to investigate the main sources of NO based on the mixture preparation and understand

the differences between DV A and SVA.
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Figure 5.32 Numerical predictions of CO and NO for DVA and SVA. Global 2=1.0. 7.9 bar GMEP,
1500RPM

To investigate the locations where the highest CO and NO production rate took place, the
spatial distribution of these two substances within the cylinder at the crank angle of the highest
concentration was studied. For the CO, 16 degrees after firing TDC was chosen and for the NO
20 degrees after TDC was chosen for the DVA case and 23 degrees aTDCf for the SVA case.
The same tumble and swirl planes were used, and the results are shown in Figure 5.33 for CO
and Figure 5.34 for NO. When looking at the tumble plane of the CO production for the DVA
case is evident that an area on the exhaust side was producing more CO than the rest of the
tumble plane. This contour plot can be compared against the contour plot of Lambda
distribution of Figure 5.10 which shows a region of rich region (A<1) at that location. For the
swirl plane of DVA, the -Y sector showed more CO than the +Y sector. Again this is linked to
the Lambda contour plots which showed a richer mixture at the -Y sector. For the SVA case,

at the tumble view, there is no area of concentrated CO due to the better homogeneity of the
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mixture. However, it can be seen that the higher concentration of CO is near the piston because
of the axial stratification of the SVA mixture which produced richer mixtures near the piston
and leaner mixture at the head of the cylinder. The swirl plane also did not show any extremely
localised CO formation. There is an area under the intake valve in the +Y direction because the

mixture there was slightly richer.

DVA SVA

:’“ CO Mass
—_— » - fraction

- ) [-]

§ 0.04

<( > 0.03

0.02

> 0.01
- 0.00

Figure 5.33 Spatial distribution of CO at the peak production (15 degrees after TDC) for DVA and
SVA. Global 2=1.0. 7.9 bar GMEP, 1500RPM

The NO mass fraction in the cylinder at the time of the peak NO is shown in Figure 5.34. At
the tumble view of the DVA case, two different areas were identified with higher NO
concentration. The first one is under the injector, at the intake side and the second, which has
higher concentration than the first location, is on the exhaust side. This is in line with the two
lean areas as seen in the Lambda contour plots of Figure 5.10. Furthermore, the area of the
exhaust side was leaner and closer to A=1.1 than the area at the intake side. The swirl view of
the DVA showed that the NO concentration is higher at the +Y sector of the cylinder. This
sector also showed leaner mixture than the -Y sector. For the tumble view of the SVA, the
higher concentration of NO was seen near the spark plug and the head of the cylinder. This was
the location of leaner mixture as seen in Figure 5.11. Due to the axial stratification, the mixture
near the piston is richer than regions near the head. Also it was seen, that at specific locations
of the z-axis, axially the Lambda value was fairly stable and for this reason, the tumble view

of the SVA has also smaller discrepancies of NO concentration.

In order to understand the contribution of temperature to the NO production, the contour plots
of the temperature are shown in Figure 5.35. Firstly, it is clear that the DVA case has higher

temperatures than SVA however, this is also due to the higher in-cylinder pressure. Despite the
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fact of the higher temperatures of the DVA, the SVA gave higher NO mass. Moreover, there
is a correlation between high NO concentration and high temperatures between the contour
plots, these two factors are not totally linked. Especially for DVA, the temperature of the area
of high NO at the intake side, is cooler than other areas of same NO concentration in both DVA
and SVA. Furthermore, the hot area below the spark plug in the DVA case has low NO

concentration.
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Figure 5.34 Spatial distribution of NO; at the peak production (20 degrees after TDC) for DVA and
SVA. Global 2=1.0. 7.9 bar GMEP, 1500RPM
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Figure 5.35 Spatial distribution of temperature at the peak NOx production (20 degrees after TDC)
for DVA and SVA. Global 2=1.0. 7.9 bar GMEP, 1500RPM

Lastly, the soot formation was investigated only with the use of the combustion CFD with the
built-in model of Das et al. (1999) due to the absence of experimental data. The simulations

showed (Figure 5.36) that the soot production started earlier with the dual valve activation
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strategy and the rate of production was also higher than the single valve. Consequently, the
total mass of soot was almost an order of magnitude greater with the DVA. This is a result that
can be expected because the model is consuming fuel for the soot production and due to the
greater volume of rich mixture, the soot was increased. In Figure 5.37, an iso-volume of the
soot formation for DVA and SVA is shown at 90 degrees after firing TDC, which is near the
EVO. To be able to visualise the SVA case, the legend had to be reduced, thus the values are
not the same for the same colours. The DVA case produced soot at the exhaust side of the
cylinder, where the richest mixture was seen earlier in the cycle. The SVA case produced soot
near to the piston, and again, the richest mixture was seen near the piston but in smaller

volumes.
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Figure 5.36 Numerical predictions of soot for DVA and SVA. Global A=1.0. 7.9 bar GMEP, 1500RPM
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Figure 5.37 Spatial distribution (3D) of soot at EVO for DVA and SVA. Global A=1.0. 7.9 bar GMEP,
1500RPM
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From the combustion results it can be said that the approach which was used to identify the
regions of rich mixture without the use of combustion modelling to qualitatively explain the
experimental results was valid. Greater amount of CO was produced with the combustion
modelling from the regions that were identified earlier as potential regions of CO production
which was higher for DVA than SVA. Thus, the approach shows that important conclusions
for CO can be drawn based on non-combustion CFD and on quantifying regions within the
cylinder which can potentially increase the emissions. In addition, for cases with Late Intake
Valve Closure where multi-cycle simulations are needed for converged Lambda can be avoided
with the use of the normalisation, something that is not applicable in combustion simulations.
Similar conclusions can be drawn from the NO calculations of the non-combustion CFD. The
combustion showed that the NO is formed in the regions where the air-fuel equivalence ratio
of the mixture is close to A=1.1 and it is more important that the temperature as seen from the
combustion. The choice of a Lambda region may be challenging, and it is acknowledged that
a definite answer cannot be given, the range [1.05,1.15] however, can give an insight of the
mixture formation and the locations in which NO production is most probable to occur. Again,
it can be said that the non-combustion CFD can be used for comparison purposes and basic

investigations and with the use of the normalisation, the process can be accelerated.

5.3. Engine load: 3.6 bar GMEP, 1500 RPM

At this low load, the in-cylinder pressure during injection is about 0.5 bar absolute and in
combination with the increased fuel temperature which can be assumed to be at the head
coolant temperature (~90°C) the gasoline will flash boil. When SVA was adopted, at the low
load, the pressure at injection dropped at around 0.3 bar. The validated model of the flash
boiling has been implemented at this load and the spray pattern has already been presented at
the beginning of this chapter. The air-fuel equivalence ratio for the A=1.0 case at this low load
was investigated for the two valve strategies (DVA and SVA). Because of the flash boiling
modelling of the injected fuel, differences between the two loads were expected and

investigated.
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5.3.1. In-cylinder flow properties

The same procedure as for the higher load was followed, by comparing the in-cylinder flow
properties with the fuel injection against the same cases without the spray. The trends seen for
the higher load for all the in-cylinder quantities were repeated for the low load. The in-cylinder
average velocity was reduced during the injection for both DVA and SVA. However, due to
the momentum given to the flow from the spray, the velocity was higher during compression
again for both DVA and SVA. The increase was maintained through the whole compression
and at ignition (20 deg CA before TDCY) the increase for DVA was 3.5% and for SVA 2%.
Similarly to the higher load, the TKE was increased during the injection for DVA and it was
maintained up to firing TDC and at ignition the increase was 7.5%. For the SVA, there was an
initial reduction of the TKE during the spray event compared to the non-spray case however,
at ignition there was an increase of about 2.5%. The higher increase of TKE at the low load is
because of the weaker flow compared to the high load as well as the flash boiling mechanism
which affected a wider volume due to the increased cone angle of the plumes. Furthermore,
due to the evaporation of the fuel, the in-cylinder temperature was reduced and during
compression and around ignition the reduction was in the range of 45K-55K for DVA and SVA
respectively. Thus, the difference in temperature between DV A and SV A with the fuel injection
was ~20K. Because of this reduction in temperature the heat transfer from the gas to the walls
was also reduced for both valve strategies. The increase of heat transfer from DVA to SVA

though was preserved at 23%, similar to the cases without the fuel injection.

5.3.2. Mixture preparation

The progress of the Lambda contours for four different crank angles in the compression stroke
and near ignition are displayed in Figure 5.38 for DVA and Figure 5.39 for SVA. The same
tumble and swirl planes as before have been chosen. Moreover, the minimum and maximum
values of the legend have been kept the same as the higher load. A comparison of the DVA and
SVA contour plots at the 3.6 bar GMEP load revealed that the again the SVA case appeared
more homogeneous than the DVA case. In addition, the SVA contour of the low load was very
similar to the higher load with the same axial stratification being visible. For the DVA strategy,
some patterns that appeared on the higher load were as well visible for this load. These patterns
were: the lean region on the right side of the spark plug close to the head and the lean region

near the liner, at the intake side. The major difference in the DVA case between the two loads
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was the relatively rich region under the injector and spark plug at the intake side of the low
load which did not clearly appear at the higher load. This behaviour can be linked to the
collapsing spray with the lower penetration which lead a greater fuel vapour near the engine’s
head.
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Figure 5.38 Spatial distribution of Lambda for DVA at various crank angles during compression,
2=1.0, 3.6 bar GMEP, 1500 RPM

b
—_
o

286



Chapter 5 - Effects of Valve Deactivation on Mixture Preparation and Emissions

deg CA
(before Tumble Swirl
fTDC)
20
15
(ignition)
Lambda
o[
1.20
1.10
10
1.00
0.90
0.80

S_A_

Figure 5.39 Spatial distribution of Lambda for SVA at various crank angles during compression,
2=1.0, 3.6 bar GMEP, 1500 RPM

When comparing the DV A contour plots of the two loads, a better homogeneity was probable.
For this reason, the evolution of the homogeneity index was plotted for the lower load for DVA

and SVA. This can be seen in Figure 5.40. The graph of the homogeneity index showed the
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improvement of the homogeneity of the mixture for both strategies, however for the DVA is
more significant. Improvement of the homogeneity due to flash boiling is reported in

Baumgarten (2006).
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Figure 5.40 Homogeneity Index for DVA and SVA at 3.6 bar GMEP, 1500 RPM, A=1.0

The laminar burning velocity for the lowest load was compared against the calculations of the
same load without taking account the air-fuel mixture. Figure 5.41 shows the laminar burning
velocity taking account the air-fuel mixture for DVA and SVA, 10 degrees CA before firing
TDC. Similar to the higher load, the main difference in the calculations of laminar burning
velocity with and without the spray (which was seen in both DVA and SVA) was the reduction
of the burning velocity when the fuel injection was included. The reason for this reduction was
again the reduction of the in-cylinder temperature due to charge cooling. A reduction of 65K
can reduce the velocity from ~80 cm/s to ~65 cm/s. However, the same trends as the cases
without injection appear for the laminar burning velocity when DVA and SVA are compared.
The higher temperature of the SVA, was the main contributor to the increased burning velocity.
In addition, for both valve strategies, qualitatively the contour plots are very similar to the cases
without the injection. This is because of the increased homogeneity of the mixture for the low
load. Furthermore, and as described for the higher load, the temperature distribution is mostly

affected by the flow motion which is very similar for the case with and for the case without
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injection. When the laminar burning velocities for the two loads were compared, the values for
the lower load where higher than the high load due to the decreased in-cylinder pressure which

was the half of the high load.
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Figure 5.41 Spatial distribution of laminar burning velocity for DVA and SVA 10 degrees CA before
TDC, 2=1.0, 3.6 bar GMEP 1500 RPM

During flash boiling, the penetration is generally decreased, but at very high superheat degrees
(as it 1s expected with SVA), the penetration increases again. Because of this reduction of
penetration for DVA, the liquid film formation was decreased when compared to the 7.9 bar
GMEP load. However, with the use of SVA, the liquid was not reduced further, but it was the
same level as the DVA case of the high load. Again, most of the fuel was accumulated on the
piston crown. This can be seen from Figure 5.42. Due to the lower in-cylinder pressure and the
enhanced flow motion which transported the spray at the SVA case, the film formation starts
earlier than the DVA. After the peak film mass, the reduction is very similar for both cases.
The liquid film on the piston at 14 degrees after start of injection, around the peak of both cases
is shown in Figure 5.43. The film is again symmetric for the DVA, however, due to the
collapsing mechanism of the spray, the pattern is different from the high load (Figure 5.16).
The liquid film when SVA was adopted had a similar pattern to the higher load at the centre of
the piston crown. This behaviour comes from the helical flow pattern which directed the spray
towards the piston. Because of the faster evaporation and the collapsed spray, the thickness is

reduced when compared to the higher load.
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Figure 5.42 Accumulated liquid film mass at the piston and liner for DVA and SVA versus time. 2=1.0.
3.6 bar GMEP, 1500 RPM
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Figure 5.43 Liquid film thickness at the piston for DVA and SVA at 20 degrees after SOI. A=1.0. 3.6
bar GMEP, 1500 RPM
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5.3.3. Emissions

The emission of CO, NOx and unburnt hydrocarbons was investigated for the low load
condition and some general comparison against the higher load was carried out. The
experimental data (Figure 5.44) revealed that for a given EGR (here EGR 0%), NOx
emissions are greater for SVA compared to DVA for up to about lambda 1.2. Above that
lambda, the NOx levels for both valve strategies are very similar. In addition to this, the highest
amount of NOy is observed when the engine was running with global Lambda of 1.1 followed
by the global Lambda of 1.0. This is the first difference between the two loads. For the higher
load, the NOx emissions at A=1.2 was greater than A=1.0. For both loads, the highest production
rate was when A~1.1. The differences between DVA and SVA for Lambdas 1.0 to 1.2 are about
15%. Another major difference between the two loads was the emissions of the unburnt
hydrocarbons. At A=1.0, the difference between DVA and SVA was reduced to 10% compared
to 40% difference at the higher load. In addition, at A=1.0 the THC emissions of the SVA were
higher than the DV A which was the opposite at higher load. The differences at A=1.1 and A=1.2
were minor (3%) between the two valve strategies at the 3.6 bar GMEP load, while at the higher
load the differences were 40%. Above A=1.2 the THC increase for both DVA and SVA but
with higher rate for DVA. This has to do with the deterioration of the combustion at higher
dilutions. For the CO production the trends are the same for both loads. The values are very
similar for both valve strategies for Lambdas greater than 1.1. For the stoichiometric case, the

CO emissions is greater for DVA by 20% while at the higher load the difference was 40%.
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Figure 5.44 Experimental emissions of NOx, THC and CO. 3.6 bar GMEP, 1500 RPM

The reduction of the differences in emissions between DVA and SVA can be linked to the
better homogeneity of the mixture, which was due to the flash-boiling mechanism of the fuel
that was implemented to the model. The same approach as at the higher load was followed.
The air-fuel equivalence ratio was studied for the whole cylinder and for five spherical volumes
which had the centre at the spark plug gap and their diameters were 10 mm, 20 mm, 30 mm,

40 mm, 60 mm.

For the unburnt hydrocarbons and the CO the rich mixture (A<1.0) was studied as well as the
average Lambda of the rich mixture. The ignition of the DVA occurred at 20 degrees before
firing TDC (700 deg CA in the graph of Figure 5.45) and for the SVA at 15 degrees before
firing TDC (705 deg CA in the graph of Figure 5.46). At ignition and up to the half of the
cylinder diameter (10mm to 40mm spheres), the respective volumes are more than 80% with a
rich mixture. With the adoption of SVA, the same spherical volumes were occupied by a rich
mixture in the range of 40% to 60%. For greater spherical volumes (60 mm sphere or the whole

cylinder) the results were reverted. The DV A strategy, showed reduced volume occupied by
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the rich mixture because a lean mixture was present at the edges of the cylinder. Opposite to
the DVA, the axial stratification of SVA lead to richer mixtures near the piston and thus, the
percentage of the respective spherical volume with rich mixture was increased as the diameter
of the sphere was increased. In addition, from the average lambda of the rich zones (Figure
5.47 for DVA and Figure 5.48 for SVA) is evident that near ignition and up to the half of the
cylinder diameter (40 mm) the average lambda is richer for the DV A than the SVA. For greater
spherical volumes the rich mixture is richer for the SVA (average lambda 2=0.97) than the
DVA (average lambda A=0.98). From these graphs it can be concluded that at the beginning of
the combustion, when the flame propagates through a rich mixture, more CO is produced with
the DV A than SVA. In addition, the mixture is richer thus, the incomplete combustion is more
severe. As the flame arrives at the edges of the cylinder and quenches, the mixture is leaner
which did not contribute to the unburnt hydrocarbons. For the SVA the flame initially would
propagate to a rich region smaller in size than that of the DV A and also closer to stoichiometric
mixture which produces less CO. However, the flame quenches on a rich region which can
leave unburnt hydrocarbons. The numerical results of the average lambda showed that the rich
regions are closer to the stoichiometric air-fuel ration due to the improved homogeneity.
Generally, the differences in the simulations are smaller between DVA and SVA which is also

reflected in the smaller differences of the experiments.
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Figure 5.45 Percentage of the respective spherical volumes occupied with a rich mixture (A<1.0) for
DVA. Global A=1.0. 3.6 bar GMEP, 1500RPM

293



Chapter 5 - Effects of Valve Deactivation on Mixture Preparation and Emissions

—.100.00 1
90.00 +
80.00 +

70.00 + W
60.00 + ’/'___.__,__,_._',,___../——‘
50.00 + ,

40.00 + r/h\*\,

Percentage of the respective volume [%

30.00 +
20.00 +
10.00 +
0.00 1o ey
680 690 700 710 720 730 740 750
deg CA
—e—Cylinder —o—Sphere, 10mm —e— Sphere, 20mm

Sphere, 30mm —e— Sphere, 40mm —e— Sphere, 60mm

Figure 5.46 Percentage of the respective spherical volumes occupied with a rich mixture (A<1.0) for
SVA. Global A=1.0. 3.6 bar GMEP, 1500RPM

0.99
0.98
0.97

096

[+~

20095

g 0.94

0.
0.93
0.92
0.91

0.9 T T T T } T T T T } T T T T I T T T T } T T T T } T T T T I T T T T
680 690 700 710 720 730 740 750

deg CA

—e—Cylinder —o— Sphere, 10 mm —e—Sphere, 20 mm
Sphere, 30 mm —e— Sphere, 40 mm —e—Sphere, 60 mm

Figure 5.47 Average lambda of the rich mixture within each spherical volume for DVA. Global 1=1.0.
3.6 bar GMEP, 1500RPM

294



Chapter 5 - Effects of Valve Deactivation on Mixture Preparation and Emissions

bd
S

680 690 700 710 720 730 740 750
deg CA

—e—Cylinder Sphere, 20 mm Sphere, 30 mm

—e— Sphere, 40 mm —e— Sphere, 60 mm Sphere, 10 mm

Figure 5.48 Average lambda of the rich mixture within each spherical volume for SVA. Global 2=1.0.
3.6 bar GMEP, 1500RPM

Lastly, the NOy production was investigated for the lower load. Again, the same region of the
worst lambda was assumed [1.05,1.15]. The volume of the five different spheres and the whole
cylinder that are occupied by a mixture in the lambda region is plotted in Figure 5.49 for DVA
and Figure 5.50 for SVA. The first interesting aspect of these plots is the reduced volume that
is occupied by the mixture in the range of A[1.05,1.15] for both DVA and SVA. The maximum
value after ignition is 20% of the volume and correspond to the total cylinder volume for the
DVA strategy. The maximum volume for the SVA after ignition is 12% and corresponds to the
40 mm diameter of the sphere. Generally, for the DVA and up to 40 mm sphere, the percentage
of the volume of a specific sphere is less than 6% throughout the cycle after ignition. For the
same spheres with SVA, the percentage between 6% and 12% at ignition and this percentage
is reduced after ignition. From these results a definite answer cannot be given for the greater
NOx with SVA. However, it can be said that the differences between the two valve strategies
in the simulations are smaller than the higher load which is a trend also seen in the experiments.
In addition, the increased homogeneity should appear at higher dilution which means that at
A=1.1 the values for both valve strategies will be close to the global lambda with smaller
deviation. Thus, the differences in the experiment between DVA and SVA are smaller in the

lower load than the higher load.
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Possible explanation of the uncertainties of the results at this load is the limitations of the flash
boiling model especially in very high superheat degrees such as that of the SVA (very low
ambient pressure ang high fuel temperature). More experimental measurements need to be
taken in running engines at high superheat and compared against the numerical results. Another
explanation is the strict limits that were chosen to represent the worst-case region of Lambdas
for NOx production. It was already said that these limits are chosen as a guidance for basic

comparisons and do not represent exact values.

5.4. Closure

In this chapter, a spray modelling was included in the simulations to investigate the mixture
preparation and the emissions formation of the Dual and Single valve actuation at two different
engine loads. Especially for the low engine load, a newly developed in-house flash-boiling
model was implemented to study the effects of a flashing spray on the air-fuel mixing. In
addition, comparisons against the approach without the fuel injection was made for the in-

cylinder flow properties.
The results irrespective of the engine load showed that:

e Because of the Late Intake Valve Closure, a portion of fuel vapour escaped into the
intake port during compression and thus, a multi-cycle approach was needed in order
to achieve a converged global in-cylinder Lambda. Generally, 4 to 5 cycles were needed
depending on the DVA or SVA strategy. Due to the decreased loss of fuel vapour to
the intake port with SVA, the cycles needed for this valve strategy were decreased.

e Due to the Reynolds-Averaged method, a normalisation approach can be utilised in
order to acquire data for the converged values from the second cycle. The global
Lambda of the second cycle can be normalised to the global Lambda that is desired
This method showed to have a maximum error of 0.7% and an average error of 0.1%.

e With the use of the fuel injection, due to the presence of the fuel vapour, the
compression polytropic index was improved when compared to the cases without the
fuel and it was in a very good agreement with the experiments.

e The fuel injection at the high load increased the in-cylinder average velocity by 7% at
ignition timing for DVA when compared against the motoring case without fuel
injection. Due to the strong in-cylinder flow with the use of SVA, the effect of the

injection was minor but increased the velocity by 0.2%.
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Similarly, at the high load the fuel injection increased the in-cylinder TKE during the
event of the fuel injection, however it was dissipated during the intake and compression
stroke which resulted in 1% increase for the DVA and 0.6% for the SVA at ignition.

Due to direct-injection and consequently the evaporation of the liquid fuel, the
temperature of the trapped mass dropped by about 80K when compared to the same
case without the injection. The decrease of the in-cylinder temperature decreased the
heat transfer for both DVA and SVA. However, the increase of the heat transfer from

DVA to SVA remained at the same level as with the cases without the fuel injection.

Depending on the engine operating condition it was concluded that:

At 7.9 bar GMEP, the Lambda contour plots revealed a better air-fuel mixing when
SV A was adopted. The SVA showed an axial stratification where a leaner mixture was
present near the head and a richer mixture near the piston. Radially the mixture was
homogeneous. For the DVA cases however, areas of either very lean or rich mixture
was seen in the cylinder. To quantify the differences a homogeneity index was used
which showed that the SVA was better homogenised (HI=0.96) than the DVA (HI=0.9)
at ignition. For the lower load (3.6 bar GMEP) because of the flash boiling mechanism
with the smaller droplets and the faster evaporation the homogeneity was improved for
both DVA and SVA but for the DVA the improvement was greater. Similar patterns
between the two loads of a specific valve strategy were seen. At ignition for DVA the
index was HI=0.94 and for SVA HI=0.97.

The laminar burning velocity was also affected by the fuel injection. However, this was
mostly due to the decrease of the in-cylinder temperature which also decreased the
burning velocity for both loads. The maximum value dropped from ~75cm/s to ~60cm/s
for both DVA and SVA at 7.9 bar GMEP and from ~80cm/s to ~65cm/s at the lower
load. The differences between the two loads was because of the increased in-cylinder
pressure at the higher load which was the double of the lower load. At 7.9 bar GMEP,
the contour plots of the laminar burning velocity were similar to the cases without the
fuel injection especially for the SVA which had increased homogeneity of the mixture.
For the DVA, due to the areas of very lean or rich mixture, the contour plots at these
locations deviated from the cases without the fuel. For the lower load, due to the
increased homogeneity, the contour plots of the burning velocity were very close to

those without the fuel injection cases.
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Due to the orientation and pattern of the injector, liquid film was formed at the piston
crown. At the high load, the use of SVA reduced the liquid film almost by half (0.8 mg
for DVA and 0.46 mg for SVA) because of the strong in-cylinder flow which was
disintegrating the spray plumes. The reduction rate was faster for the SVA because of
the enhanced flow which increased the evaporation rate and the stripping of the liquid
film from the piston. At the low load, the liquid film on the piston crown was reduced
(~0.12 mg). This was a result of the decreased spray penetration and faster evaporation
with the flash boiling model. The film reduction rate was similar for both valve
strategies but for the SVA was again faster. The engine walls were assumed to be dry
before the spray impact which may affect the film formation and evaporation. However,
the amount of predicted liquid film is important for improving the injector targeting and
the valve strategies.

When the emissions of the CO were investigated for A=1.0 at 7.9 bar GMEP, it was
found that greater percentage of various spherical volumes were occupied by a mixture
that was richer than the stoichiometric. For the DVA case, the percentage of rich
mixture during combustion was higher for DVA than SVA. In addition, the rich zones
were richer for DVA (A~0.96) than SVA (A~0.99). Because of these reasons the
production of CO is greater for DVA than SVA as seen in the experiments. In addition,
due to the greater size of the rich zones and the enrichment, the unburnt hydrocarbons
were increased when DVA was used. For the low load, more than the 80% of the
spheres with up to 40 mm diameter, were in rich mixture when DV A was adopted and
also the average lambda of these regions was A=0.97. For SVA, for up to 40 mm
spheres, the volume occupied by rich mixture was less than 60% and the average
lambda was around A=0.98. For bigger spherical volumes the percentage of the rich
mixture decreased for DVA (50%-60%) and the average lambda increased (A=0.98) and
was closer to the stoichiometric. For SVA and bigger spheres than 40 mm diameter,
their percentage in rich mixture increased to 70-85% with the average lambda in the
range [0.97,0.98]. This increased rich mixture for the biggest volumes should contribute
to the increased unburnt hydrocarbons of the experiments. However, the small
differences between DVA and SVA in the simulations were also reflected in small
differences in the experiments. Nonetheless, other factors such as the speed and the

quality of the combustion play an important role which were not take account here.
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For the leaner cases of the higher load, the size of rich zones was reduced drastically
for both valve strategies but for the DVA were greater than SVA which was again
reflected to higher CO and THC in the experiments.

To study the NOx formation of the point of view of mixture preparation, a range of
lambda which was considered as the worst case for NOx production was assumed. This
range was [1.05,1.15] considering that the highest NOy production is seen for A=1.1.
for the high load and for A=1.0, the percentage of the cylinder in that range is similar
for both valve strategies but higher for DVA. For smaller volumes (up to 40 mm
spheres) the percentage of was higher for SVA than DVA. As the NOy is formed in the
post flame gases, it is more probable to be formed within the 60mm to 80 mm (cylinder)
spherical volumes. By diluting the mixture (global A=1.1) and due to the high
homogeneity of the SVA, 80% or more of all considered spheres were within the chosen
range of lambdas. There was a great increase in NOx from A=1.0 to A=1.1 and the
increase was greater for SVA. Further dilution showed that the total cylinder has a
greater volume of lean mixture in the chosen lambda range for SVA than DVA.
However, for smaller volumes the DVA case has increased percentage of mixture in
the lambda range. smaller volumes, the DV A case has increased percentage of mixture
in the lambda range. For the lower load, the differences in the amount of mixture within
the NOy range was smaller and also the amount itself was smaller, which was inline
with the experimental results.

As temperature plays an important role in the NOx production, it was calculated from
the experimental in-cylinder pressure and then it was used in the Zeldovivh mechanism.
It was found that for A=1.0, the effect of temperature is very similar for both DVA and
SVA. However, for the diluted cases, the increased temperature of the SVA was also
attributing to the NOx production.

From the analysis of the mixture at various volumes within the cylinder, some basic
conclusions can be drawn which showed that the mixture homogeneity is important for
the emissions. Rich regions can produce high numbers of CO and THC. Lean mixtures
at specific lambdas can increase the NOy formation and can have a negative impact if
the engine is running at lambdas near A=1.1 and the homogeneity of the mixture is high.
The above hypothesis was tested with a combustion simulation at A=1.0 for DVA and
SVA. There were some differences in the pressure traces between CFD and

experiments, but the results were satisfactory without further tuning of the combustion
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model. The faster heat release rate was a reason of the higher peak pressure of the DVA.
The combustion showed increased CO production for DVA as seen in the experiments
and the CO was produced at the locations of the rich mixture. The NO production was
higher for the SVA even though the temperature was lower. The production was at the

regions where A was near 1.1.
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Chapter 6

Differential Intake Valve Lift Studies

6.1. Introduction

In Chapter 4, it was showed that by deactivating one of the intake valves, the in-cylinder flow
field and TKE were enhanced and as a result, the combustion duration was reduced, it allowed
the engine to be run with high dilution and ultimately the thermal efficiency of the cycle was
increased, and the fuel consumption was reduced. The enhanced in-cylinder flow however was
associated with the increase in heat transfer from the trapped gas to the engine walls, especially
at higher loads, which was limiting the aforementioned benefits. From these findings, it was
concluded that an optimal level of charge motion exists where faster combustion will ultimately
result in reduced fuel consumption without detrimental increases in heat transfer attributed to
significant enhancements in charge motion or trapped residuals. The goal of this chapter is to
investigate further the capabilities of the CVVL system with staggered intake valve lift in order
to achieve the optimal level of charge motion for reduced fuel consumption and heat transfer.
The study was focused on the 7.9 bar GMEP load at 1500 RPM as this was the operating point
at which the use of SVA for equivalent levels of dilution did not give any benefit on fuel
consumption. The same methodology as with the single valve actuation was followed, meaning
that the valve lift profile of the one valve was kept the same for all the cases and it was the full

lift, while the other valve was operated in either Early Intake Valve Closure (EIVC) or Late
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Intake Valve Opening (LIVO) mode with various maximum lifts. More specifically, the
maximum lift was from 1 mm up to 5 mm with 1 mm increment for both modes. The valve
lifts as applied to the CFD model are shown in Figure 6.1 for the LIVO mode and Figure 6.2
for the EIVC mode. The simulation setup was the same as in Chapter 4 and 5 when fuel
injection was included. The boundary and initial conditions were taken from the respective
experiments. Due to the engine maintenance, the engine had to be rebuilt which resulted in
slightly lower compression ratio (10.86:1) than that of the Chapters 4 and 5 (11:1). A DVA and
an SVA case were rerun at the lower compression ratio for direct comparison with the EIVC
and LIVO cases. The lower compression ratio resulted in slightly different boundary
conditions, experimental and CFD results, however the trends and the conclusions are the same
as in Chapters 4 and 5. Because the aforementioned benefits were significantly affected by the
increase of the load, a detailed analysis was focused on the higher load of 7.9 bar GMEP, 1500
RPM.
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Figure 6.1 The five different LIVO valve lifts and the full lift as applied in the model
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Figure 6.2 The five different EIVC valve lifts and the full lift as applied in the model

6.2. Experimental results

The experimental measurements of the combustion duration and more specifically, ignition to
10% MFB and 10-90% MFB are displayed in Figure 6.3 and 6.4 respectively. The Figure
includes the DVA and SVA along with the durations of the five different lifts from LIVO and
EIVC modes. It can be seen that when LIVO mode was adopted, the ignition to 10% MFB and
the 10%-90% MFB were very similar for the SVA and for the staggered lift with up to 4 mm
and much faster than the DV A. This was seen for all levels of dilution. When the LIVO mode
with 5 mm maximum lift was adopted, the combustion was slower than the aforementioned
cases but again much faster that the DVA case. When EIVC was adopted, the first two lift cases
had similar combustion duration to the SVA case. When the maximum lift of EIVC was
increased to 3 mm, the combustion duration was increased and it was between the DVA and
SVA cases. Further increase of the maximum EIVC lift increased further the combustion

duration and from 4 mm and above, the duration reached that of the DV A case or worse.
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Figure 6.3 Comparison of the experimental ignition to 10% MFB duration between LIVO and EIVC
mode. DVA and SVA are included
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Figure 6.4 Comparison of the experimental 10% to 90% MFB duration between LIVO and EIVC
mode. DVA and SVA are included
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6.3. Late Intake Valve Opening (LIVO)

From the experimental measurements, it was seen that the combustion duration was very
similar for the five cases which operated with LIVO mode. The in-cylinder pressure traces
during combustion are very similar for the first four valve lifts, while for the highest valve lift
case the speed of the combustion is lower than the other for cases which also resulted in reduced
peak pressure (Figure 6.5). Furthermore, the reduced speed of the combustion was seen from
the ignition timing which was retarded for lower valve lifts in order to achieve 50% mass
fraction burnt at 8 degrees after TDC. For the | mm maximum lift the ignition was 9.24 degrees

CA before TDC and for the 5 mm lift the ignition was 11.61 degrees CA before TDC.
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Figure 6.5 Experimental in-cylinder pressure trace during combustion for the five different LIVO cases

6.3.1. In-cylinder flow properties

Firstly, the simulations were run without fuel injections to investigate the heat transfer, the flow
field and residuals concentration during the cycle and at ignition timing without the effect of
spray. The in-cylinder flow quantities of velocity, tumble, swirl and turbulent kinetic energy
were studied for the five lifts and compared against the dual and single valve actuation. Again,
the analysis was focused from the IVO until firing TDC. From Figure 6.6 it is clear that for the
intake stroke and up to 90 degrees after gas exchange TDC (450 deg CA in the figure), the in-
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cylinder average velocity for all LIVO lifts was the same as the SVA. This behaviour was
expected as the second valve opens at mid-intake stroke for the 5 mm lift or later in the cycle
for lower maximum lifts. Generally, the in-cylinder velocity of the LIVO mode is the same as
the SVA until the second intake valve opening. After the opening of the second valve, the in-
cylinder average velocity diverges from the SVA behaviour and it is reduced, however the
decreasing trend up to TDC is the same. The decrease of the in-cylinder velocity comes from
the weakening of the valve jet during the time at which both valves are open and resulted in
the increased intake throat area. As the maximum LIVO lift increased, the throat area was also
increased resulting in further decrease of the in-cylinder velocity. Table 6.1 shows the velocity
reduction of the five different lifts from the SVA and the ratio LIVO / DVA velocity, around
ignition (10 degrees before firing TDC). The maximum reduction is 24% for the Smm LIVO
mode while from SVA to DVA the reduction is 67.5%.

Lift Reduction from SVA | LIVO/DVA
SVA - 3.1

1 mm 2.1 % 3

2 mm 3.8% 2.96

3 mm 10.3 % 2.75

4 mm 16.1 % 2.58

5 mm 24.0 % 2.34
DVA 67.5% 1

Table 6.1 Velocity reduction of the five different lifts from the SVA and the ratio LIVO / DVA velocity
at ignition
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Figure 6.6 In-cylinder velocity magnitude for DVA, SVA and the five different LIVO lift cases

Due to the opening of only one valve at the beginning of the intake stroke for the LIVO mode,
swirl motion was developed in the cylinder (Figure 6.7), the same as it was observed during
the single valve actuation. The magnitude of the swirl is maintained the same as the SVA mode
until the opening of the second valve. After that, the magnitude drops as the in-cylinder velocity
decreases and with higher lifts, the swirl is reduced. At the end of the cycle however, a strong
swirl motion was still preserved even for the highest LIVO lift. The percentage reduction of
the swirl motion from the SVA around ignition (~10 degrees CA before firing TDC) is shown
in Table 6.2. The maximum reduction was 23.3% and was observed with the 5 mm maximum

lift.
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Figure 6.7 Swirl ratio for DVA, SVA and the five different LIVO lift cases

Imm 2mm 3mm 4mm Smm

Reduction

from SVA

2.0% 5.6% 9.7% 15.3% 23.3%

Table 6.2 Percentage reduction of the swirl ratio from SVA at ignition for the LIVO mode

The tumble motion (Figure 6.8) was also preserved during the operation of the one valve with
LIVO mode due to the geometry of the intake ports which promoted this flow as it was
explained in a previous chapter. Until the opening of the second valve, the tumble followed the
behaviour of the single valve as expected. While the second valve should promote the tumble
motion, the weakening of the valve jet and consequently the in-cylinder velocity, the tumble
motion was also weakened especially during the compression stroke. As the maximum lift of
the second valve was increased, the magnitude of the tumble motion was reduced. The general
behaviour however, was closer to the SVA due to the strong swirl motion which was

established from the beginning to the intake stroke.
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Figure 6.8 Tumble ratio for DVA, SVA and the five different LIVO lift cases

As it was discussed in Chapter 4, one of the important aspects of the SVA was the increase of
the in-cylinder turbulent kinetic energy which resulted in faster combustion and the increased
dilution tolerance of the engine. When the second valve was operated at LIVO mode, the same
behaviour as the velocity was observed for the in-cylinder average turbulent kinetic energy and
it can be seen in Figure 6.9. For all LIVO lifts, the in-cylinder average TKE was the same as
the SVA until the opening of the second intake valve. After that, the TKE for the LIVO lifts
was lower than the SVA but always higher that the DVA. Table 6.3 shows the reduction of the
average TKE from the SVA case to the LIVO or DVA case and the ratio LIVO / DVA at
ignition. It is clear that while there is as significant reduction of TKE as the maximum lift

increases, for the Smm lift case, a ~10% more TKE can be achieved.

311



Chapter 6 - Differential Intake Valve Lift Studies

800 5

]. 0 E T T T T T I T T T T T I T T T T T

660 690 720
deg CA

e
-
Su
——
-
_______
------------

----- DVA —SVA —— Lift Imm Lift 2mm
Lift 3mm —— Lift Amm —— Lift Smm

Figure 6.9 Turbulent kinetic energy for DVA, SVA and the five different LIVO lift cases with a zoom on
the compression stroke after IVC

Lift Reduction from SVA | LIVO/DVA
SVA - 1.47
1 mm 6.1% 1.38
2 mm 7.3% 1.37
3 mm 14.0% 1.26
4 mm 20.6% 1.17
5 mm 26.7% 1.08
DVA 32.1% 1

Table 6.3 TKE reduction of the five different lifts from the SVA and the ratio LIVO / DVA velocity at

ignition

While the in-cylinder averaged TKE is increased, the location and the volume of the high
intensity TKE around ignition (10 degrees CA before TDCY) is also important for the
combustion metrics. For this reason, the contour plots of TKE for the five staggered lifts in the
tumble and swirl planes was studied and are presented in Figure 6.10. There is a significantly

larger and more intense area of TKE under all LIVO cases compared to DV A that assists flame
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propagation. While with the increase of the maximum valve lift, there is a reduction of TKE,
the intense area is comparable to that of the SVA case which is spread radially and axially in
the cylinder in a greater extent to that of the DVA. In addition, the location of the intense TKE
is more favourable for all LIVO cases as it is enclosing the spark plug contrary to the DVA, in
which the region of highest TKE is situated below the spark plug and slightly away from it,
which will have a detrimental effect on flame propagation. The experiments also showed that
for lifts up to 4 mm the combustion duration was very similar to that of the SVA and only the

5 mm lift case was slightly slower but again close to the SVA.
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Figure 6.10 Spatial distribution of TKE for DVA, SVA and the five different LIVO lift cases for the
tumble and swirl planes at ignition (10 degrees CA before TDCY)

It was observed that during the single valve actuation the average in-cylinder temperature
during compression was increased about 25°C when compared with the dual valve actuation.
This was one of the two main reason of the increased heat transfer when SVA was adopted.
When the one valve was operated with the LIVO mode, the average in-cylinder temperature
was following that of the SVA case irrespective of the maximum lift of the LIVO. The
differences between LIVO cases and SVA are about 1°C. This behaviour can be explained with
the amount of trapped mass during the intake and compression strokes. Similar to the SVA, for
the LIVO cases a lower amount of fresh air is induced to the cylinder and thus, a higher amount
of hot residuals is retained in the cylinder which increase the temperature. While there is a
fraction of increase of the induced fresh air with the higher LIVO lifts, this is not enough to
cool the mixture. At IVC, all the cases have the same trapped mass (there is 3.4% difference

between the highest and lowest values which are for SVA and the Smm lift respectively). From
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these results it can be seen that the applied mechanism of the staggered lift with the LIVO mode

cannot reduce the in-cylinder temperature.

The other important aspect which was discussed in the previous chapter was the increase of the
heat transfer due to the enhanced charge motion and increased in-cylinder temperature when
adopting single valve actuation. It has been seen that the adoption of the LIVO mode resulted
in a reduction of the in-cylinder flow magnitude which should have an effect on the reduction
of the heat transfer (Figure 6.11). It was also seen that for all the LIVO cases, the in-cylinder
average temperature is at the same level as the SVA meaning that this factor for the increased
heat transfer could not be affected by the LIVO mode for the cases investigated here (maximum
lifts up to Smm). It is important to investigate the heat transfer change when adopting the LIVO
mode for one of the intake valves. The results showed that for all LIVO cases and the SVA the
heat transfer from the gas to the engine walls starts 120 degrees CA before firing TDC while
for the DV A, the heat transfer starts at around 100 degrees CA before firing TDC. This is due
to the fact of the lower gas temperature with DVA. From about 90-80 degrees CA before firing
TDC, the heat transfer of the LIVO cases started to deviate from the heat transfer of the SVA.
There is a reduction of heat transfer as the maximum lift of the LIVO mode increases. For the
lifts investigated here, at 5 degrees CA before firing TDC, where the maximum heat transfer
occurred, the heat transfer reduction from SVA up to the 5Smm lift case, the reduction is
relatively linear. This trend follows the trend of the velocity reduction. With the Smm case, the
reduction in heat transfer is 15% in terms of absolute numbers. However, if this reduction is
calculated in relative terms meaning that from the worst case of SVA (-4642 W) and the best
case of DVA (-3012 W), the heat transfer with the 5 mm max lift is (-3944 W), the reduction
is 43%. The relative term is calculated by (SVA-LIVO)/(SVA-DVA). The rest of the

differences can be seen in Table 6.4
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Figure 6.11 Heat transfer from the gas to the walls for DVA, SVA and the five different LIVO lift cases

Lift Reduction from SVA | Relative reduction
SVA - 0

1 mm 3.2% 9.1%
2 mm 5.3% 15.1%
3 mm 7.8% 22.3%
4 mm 10.9% 31.1%
5 mm 15.0% 42.8%
DVA 35.1% 100%

Table 6.4 Heat transfer reduction of the five different LIVO lifts from the SVA and the relative
reduction with respect to DVA and SVA

6.3.2. Mixture Preparation

After the investigation of the in-cylinder properties for the five different differential valve lifts,

the air-fuel equivalence ration was studied. The Lambda contour for the five different LIVO

cases near ignition (10 degrees CA before TDCY) at the tumble and swirl views are displayed

in Figure 6.12. Firstly, when the tumble plane was studied, it was clear that the axial

stratification, as seen for the SVA, was maintained however, by increasing the maximum lift
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of the staggered valve, the homogeneity was reduced and leaner mixture was produced near
the head and richer mixture near the piston. Moreover, it was evident that by increasing the
maximum lift of the staggered valve, the homogeneity started to be reduced and a rich region
was formed at the +Y sector of the cylinder when the swirl plane was observed. Moreover, this
region was also changing location slightly and it was moving anticlockwise when the maximum
lift was increased. This is more evident for the 3mm to Smm lifts. Generally, the very high
swirl motion which was maintained through all the investigated lifts, dictated the mixture

formation which was always similar to the SVA pattern.
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Figure 6.12 Spatial distribution of Lambda for DVA, SVA and the five different LIVO lift cases for the
tumble and swirl planes at ignition

To quantify the change in the homogeneity, the Homogeneity Index for the five lifts was
calculated and it is shown in Figure 6.13. In the same figure the HI for DVA and SVA were
also included. During compression, by increasing the maximum lift the homogeneity was
reduced and it was below the SVA case but always above DVA. For the Imm lift however, the
homogeneity was very similar to the SVA near ignition (10 degrees before TDC and later). The
HI for the Smm lift at ignition was the lowest and it was 0.93 which is improved by 2.5%
compared to the DVA.
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Figure 6.13 Homogeneity Index for DVA, SVA and the five different LIVO lift cases

The liquid film was studied for the five different LIVO lifts. The simulations showed that there
was no significant difference on the accumulated mass on the piston for the five lifts (Figure
6.14). In addition, the peak film mass is comparable to the SVA peak film mass (~0.48 mg).
There is a difference on the maximum liquid mass between the first three lifts (Imm-3mm) and
the last two lifts (4mm and Smm) which is 5%. The event of the fuel injection occurred during
the single valve opening when the maximum lift was up to 3 mm and thus the spray was
impinging on the piston while having the same in-cylinder flow. For the other two lifts, the end
of the injection occurred at the time near the opening of the staggered valve which resulted in
that slight difference of the film mass due to the reduction of the swirl motion. However, even
with this small difference, as most of the fuel injection event was under the same or very similar
in-cylinder flow, the liquid film pattern was also very similar in all five cases and they were
also very similar to the SVA liquid film. The difference between the liquid film patterns 20

degrees after SOI for the 1 mm and 5 mm lift cases can be seen in Figure 6.15.
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Figure 6.14 Total film mass on the piston versus crank angle for DVA, SVA and the five different LIVO
lift cases
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Figure 6.15 Film thickness on the piston at maximum accumulated film mass for 1 mm and 5 mm lift
LIVO cases

6.3.3. Emissions

Lastly, the emissions of CO, NOx and unburnt hydrocarbons were investigated for this load
and for the five different valve lifts. The experimental emissions of CO revealed that at A=1.0
there is an increase of CO production from SVA which has the lowest CO through the increase
of the maximum lift of the staggered valve and up to DVA. For higher Lambdas the differences

between the different maximum valve lifts was minor. Similarly, there was an increase of the
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unburnt hydrocarbons with the lowest values being produced by SVA and the highest with
DVA and the increase of the THC was following the increase of the maximum valve lift. Lastly,
for the NOx at A=1.0 the differences between the various staggered lifts was minor but the trend
(if any) throughout the lambda range was a reduction with increased valve lift. The

experimental results can be seen in Figure 6.16.
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Figure 6.16 Experimental data of NO,, CO and THC for DVA, SVA and the five different LIVO lift
cases with various dilution

The same approach as in the previous chapter was applied for all three emissions. The air-fuel
equivalence ratio within the cylinder and five different sizes of spheres was studied. For the
CO and THC, the rich regions (A<1) and their average lambda were identified and the trends
from the five cases were studied (Figure 6.17). It was found that when the maximum valve lift
of the staggered valve was increased, the amount of the rich region was increased in the whole
cylinder. For the Imm lift, the percentage of the cylinder with rich mixture after ignition (10
degrees CA before TDC) was 30%-40% depending on the crank angle. For the Smm lift case,
the cylinder was 35%-45% filled with rich mixture. The average lambda of the rich mixture for

the Imm lift was about 0.98-0.99 while for the 5 mm lift was 0.96-0.97. Because the rich
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mixture was located near the piston, for the 10 mm sphere, no rich mixture was detected for
the cases with better homogeneity. For bigger spheres however, there was an increase with
increased valve lift. In addition, in each respective control volume (sphere), there was a
reduction of the mean lambda of the rich mixture. From the above results it can be said, that
the increase of the rich zones and also the reduction of the average lambda of these zones with

the increase of the valve lift, contributed to the increase of the CO and THC.
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Figure 6.17 Percentage of the interrogating spherical volumes occupied by a mixture with A<I.0 and
Average Lambda of the lambda zones below A=1.0 for various interrogating spherical volumes for the
five different LIVO lift cases

When the range of lambda [1.05,1.15] was investigated for the NOx formation (Figure 6.18),
the whole cylinder for the Imm lift at ignition was filled by about 20%-30% of mixture within
the aforementioned range and the higher percentages were seen for higher lifts. The same trend
of increased percentage when the maximum lift was increased, was seen for the 60 mm sphere.
For the 20 mm and up to 40 mm spheres, the percentage within the lambda range was within
40% and 50% for the lifts 1mm to 4 mm. For the 5 mm lift case, the percentage of these spheres
increased to up to 65% for the 20 mm sphere and ~55% for the 40mm sphere 15 degrees after
TDC. From these data, it can be said that because the percentages varied around the 50%, the
differences in NOx are small as the experiments revealed. It has to be reiterated here that the
no other parameters were studied with this approach, such as the temperature distribution, the
flame development etc. and only the perspective of mixture formation was investigated. In
addition, the assumption of the range of lambda [1.05,1.15] can introduce errors but it was

chosen for a generalised approach of all cases.
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Figure 6.18 Percentage of different interrogating spherical volumes occupied by a mixture with /. in
the region [1.05,1.15] for the five different LIVO lift cases

6.4. Early Intake Valve Closure (EIVC)

The experimental in-cylinder pressure trace during the compression and expansion, which is

750

focused on the combustion event is shown in Figure 6.19. From that graph, it is evident that

the increase of the in-cylinder pressure is very similar for the first three EIVC lifts and also the

4mm and Smm are also similar to each other. Moreover, it can be seen that the increase of the

pressure is more rapid for the first three cases that the last two. This denoted that for the lifts

Imm-3mm the combustion event is faster than the other two higher lifts. The faster combustion
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was also evident from the retard of the ignition with the lower valve lifts which was from 9.46
degrees CA before TDC for the 1mm lift, up to 14.54 degrees CA before TDC for the Smm
lift. This range is greater that the range when LIVO was adopted with the same maximum valve
lifts. Furthermore, for up to Smm maximum lift, the lambda was increased up to A=1.6 without

exceeding the stability limit of 3% CoV of NMEP.
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Figure 6.19 Experimental in-cylinder pressure trace during combustion for the five different EIVC
cases

6.4.1. In-cylinder flow properties

The same approach as for the LIVO study was followed for the in-cylinder flow quantities of
velocity, tumble, swirl and turbulent kinetic energy which were studied for the five lifts and
compared against the dual and single valve actuation. Again, the analysis was focused from the
IVO until firing TDC. During the initial phase of the intake stroke and up to ~45 degrees after
TDC, the in-cylinder average velocity of all the EIVC cases is the same as the DVA case as
both intake valves are opening at the same time with the same lift profile (Figure 6.20). As
soon as the valve operating with the EIVC mode closes then the in-cylinder velocity increases
due to the restriction of the intake throat. However, with the increase of the maximum valve
lift to the EIVC mode, the increase of the velocity is less than the lower lifts. In all EIVC cases

though, the average in-cylinder velocity is above the DV A line. Table 6.5 shows the velocity
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reduction of the five different lifts from the SVA and the ratio EIVC / DVA velocity, around
ignition (~10 degrees before firing TDC). As it can be seen, there is a significant reduction on
the velocity which is not the case for the LIVO cases as described before. With the Smm EIVC
case, the in-cylinder velocity is very similar to that of the DVA. Due to the reduction of the in-

cylinder velocity, the heat transfer from the gas to the walls should also be reduced. This will

be investigated later on.

70

Figure 6.20 In-cylinder velocity magnitude for DVA, SVA and the five different EIVC lift cases

Table 6.5 Velocity reduction of the five different lifts from the SVA and the ratio EIVC / DVA velocity

at ignition
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DVA

——SVA —— Lift Imm Lift 2mm
Lift 3mm —— Lift 4mm —— Lift Smm

Lift Reduction from SVA | EIVC/DVA
SVA - 3.07
1 mm 2.24% 3.00
2 mm 6.53% 2.87
3 mm 20.23% 2.45
4 mm 34.74% 2.00
5 mm 52.58% 1.46
DVA 67.47% 1
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During the time frame in which both intake valves were opening simultaneously, the in-
cylinder flow is symmetric without any production of swirl motion (Figure 6.21). There are
some small deviations from 0 swirl because the intake valve lift profiles were taken from the
experimental measurements and some deviations were found between each EIVC case and the
full lift profile. When the valve with the EIVC mode started to close, an asymmetric flow at
the beginning was created and after the valve closure, flow from the single valve lead to swirl
motion. As the EIVC maximum lift was increased, the swirl motion started to appear later in
the cycle and weaker due to the reduced in-cylinder velocity. The reduction from the SVA case
of the swirl motion around ignition (~10 degrees CA before firing TDC) can be seen in Table
6.6. With the use of the EIVC mode and the highest max lift, the reduction of the swirl motion

was more than 54% as it is displayed in Table 6.6.
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----- DVA ——SVA Lift lmm Lift 2mm
Lift 3mm —— Lift 4mm —— Lift Smm

Figure 6.21 Swirl ratio for DVA, SVA and the five different EIVC lift cases

Imm 2mm 3mm 4mm Smm

Reduction

from SVA

2.3% 6.8% 20.3% 35.1% 54.2%

Table 6.6 Percentage reduction of the swirl ratio from SVA at ignition for the EIVC mode
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The tumble motion with EIVC mode was following the trend of the tumble with the DVA
during the period in which both intake valves were opening simultaneously (Figure 6.22). From
the maximum lift of the EIVC and later in the cycle, the behaviour of the tumble approached
that of the SV A with the mechanism of the reverse tumble to appear. However, as the maximum
EIVC lift was increased this mechanism was weakened and especially for the 4mm and Smm
max lifts, the tumble motion was significantly reduced from 120 degrees before firing TDC
and up to TDC. This was due to the weak swirl motion which reduced the effect of the reserve
tumble mechanism as explained in Chapter 4 (Figure 4.8). Especially for the Smm case, there
was no reverse of the tumble. Generally, from 50 degrees before firing TDC, the tumble motion

was weakened with the use of SVA and it was further reduced with the use of the EIVC mode.

15 -

Y tumble [-]

deg CA
----- DVA ———SVA Lift Imm Lift 2mm
Lift 3mm —— Lift 4mm —— Lift Smm

Figure 6.22 Tumble ratio for DVA, SVA and the five different EIVC lift cases

From the above data it can be seen that the increase of the maximum lift of EIVC mode has a
major effect on the enhancement of the flow field which should also have an impact on the in-
cylinder turbulent kinetic energy. All EIVC modes followed the DVA behaviour during the
valve opening and there was an increase during intake, after the maximum lift. When the
maximum lift was increased, the increase of the TKE during intake was reduced and was
affected throughout the cycle (Figure 6.23). Especially for maximum lifts greater than 3mm,
the in-cylinder TKE was dropped below the benchmark of the DVA. This is also evident in
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Table 6.7 which shows the reduction of the average TKE from the SVA case to the EIVC and
DVA case and the ratio EIVC / DVA at ignition (~10 degrees CA before firing TDC).

Lift Reduction from SVA | EIVC/DVA
SVA - 1.42
1 mm 2.91% 1.38
2 mm 11.34% 1.26
3 mm 29.03% 1.01
4 mm 41.87% 0.82
5 mm 43.26% 0.80
DVA 29.47% 1

Table 6.7 TKE reduction of the five different lifts from the SVA and the ratio EIVC / DVA velocity at
ignition

.
[e]
Lov g b

Lift Imm Lift 2mm
Lift 3mm —— Lift 4Amm —— Lift Smm

----- DVA ——SVA

Figure 6.23 Turbulent kinetic energy for DVA, SVA and the five different EIVC lift cases with a zoom
on the compression stroke after IVC

The contour plots of Figure 6.24 show the distribution of the TKE on the tumble and swirl
planes. The contour of the TKE with the Imm and 2 mm is very similar to the SVA case but

with lower magnitude. The TKE is spread radially in the cylinder with values higher than the
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DVA, which leads to faster combustion. While there is only 1% difference between DVA and
the 3mm case, the in-cylinder location of the TKE is more favourable with the EIVC mode.
The TKE is spread radially and surrounds the spark plug with the EIVC which can accelerate
the flame propagation. For the DVA however, The higher magnitude of the TKE is more
concentrated in the area below and away from the spark plug. These plots show the
improvement of the in-cylinder TKE in both magnitude and location when the EIVC mode is
used with up to 3 mm maximum lift. It has to be noted that for lifts above 3 mm with the EIVC
mode, the weakening of the in-cylinder flow can result in levels of TKE even lower than the
DVA. This behaviour was also recorder in the experiments where the combustion duration for

lifts above 3 mm was similar to that of the DVA.

Tumble

SVA
TKE
[m?/s?]
50.00
Lift 37.50
Imm
25.00
12.50
0.00
Lift
2mm
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Lift

3mm

Lift
4mm

Lift
Smm

DVA

Figure 6.24 Spatial distribution of TKE for DVA, SVA and the five different EIVC lift cases for the
tumble and swirl planes at ignition

S

The in-cylinder temperature was also investigated for the cases with the EIVC mode. The
differences between DVA and SVA was about 25°C at ignition timing (15-5 degrees before
firing TDC). When EIVC mode was adopted, a decrease on the in-cylinder temperature was
observed. More specifically, with Imm maximum lift, the temperature was decreased from the
SVA temperature by 4°C. Further increase of the maximum lift resulted in a reduction of 6°C

to 8°C in the temperature. This again can be explained with the evolution of the in-cylinder
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mass. During the initial stage of the intake, in which both the valves are open, a greater amount
of fresh air is induced to the cylinder when it is compared to the SVA case. After the closure
of the EIVC valve, the trapped mass followed the curve of the SVA however, the extra amount
of fresh air is able to reduce the in-cylinder temperature. With this mode it can be seen that the
first factor of the heat transfer could be affected and reduced in order to reduce the heat transfer

from the gas to the walls.

Lastly, the effect of the EIVC mode on the heat transfer was studied and presented in Figure
6.25. For these cases the combined effect of the reduction of the in-cylinder flow intensity and
temperature resulted in a significant reduction of the heat transfer. From about 90-80 degrees
CA before firing TDC, the heat transfer of the EIVC cases started to deviate from the heat
transfer of the SVA. Table 6.8 shows the reduction of heat transfer from the SVA case and the
relative reduction assuming that the maximum heat transfer is obtained with SVA and the

minimum with DVA.
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-3500 7
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-4500 7
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Heat transfer [W

----- DVA —SVA Lift Imm Lift 2mm
Lift 3mm —— Lift 4mm —— Lift Smm

Figure 6.25 Heat transfer from the gas to the walls for DVA, SVA and the five different EIVC lift cases
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Lift Reduction from SVA | Relative reduction
SVA - 0%

1 mm 4.2% 11.9%
2 mm 9.2% 26.3%
3 mm 18.1% 51.5%
4 mm 25.6% 72.8%
5 mm 31.5% 89.7%
DVA 35.1% 100%

Table 6.8 Heat transfer reduction of the five different EIVC lifts from the SVA and the relative
reduction with respect to DVA and SVA

6.4.2. Mixture preparation

The mixture preparation and the homogeneity of the mixture during compression was studied
for the five EIVC cases. The Lambda contour for the five different LIVO cases near ignition
(10 degrees CA before TDCY) at the tumble and swirl views are displayed in Figure 6.26. In
order to have the same reference with the rest of the contour plots, the same range of lambda
for the legend was used and it was [0.8,1.2] for global lambda A=1.0. From the lambda contour
plots it can be seen that there was no distinct pattern as the maximum valve lift was increased.
For the 1mm lift case, the contour plot is very similar to the Single Valve Actuation for both
tumble and swirl planes. For the tumble plane specifically, the axial stratification existed and
the lean region was located near the head while near the piston the mixture was rich. By
increasing the valve lift the pattern in the tumble plane changed with a radial stratification
which is more evident in the swirl plane. By increasing the maximum valve lift further (4mm
and 5mm), the axial stratification appeared again however, the rich mixture was located near
the head and the lean regions close to the piston. The weakening of both swirl and tumble flows

affected the in-cylinder flow in an indistinct way.

Because of the differences in the contour plots for the five lifts of the EIVC mode, the
Homogeneity Index of the five cases was plotted in Figure 6.27. From the HI, it is again clear
that an ambiguous pattern is followed by increasing the maximum lift. All the cases started
with an Index which was very close to the SVA Index however, the rate of increase was smaller
than that of the SVA. For the 1 mm lift case, it was expected that the HI would be close to the
SVA as the very small duration of the EIVC valve had a minor effect on the in-cylinder flow

when compared to that of SVA. In addition, as the valve lift was increased, the homogeneity
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was reduced and for the 5 mm maximum lift case, the homogeneity was the closest to the DVA
case. However, the 4 mm lift case did not follow the trend of the reduction and it was higher

than the 1 mm lift case.

Tumble Swirl

)
Lift Y

Imm
Lift
2mm .
Lambda [-]
1.20
1.10
Lift
3mm 1.00
0.90
0.80
Lift
4mm
Lift
Smm
\N/ |

y

Figure 6.26 Spatial distribution of Lambda for DVA, SVA and the five different EIVC lift cases for the
tumble and swirl planes at ignition
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Figure 6.27 Homogeneity Index for DVA, SVA and the five different EIVC lift cases

When the liquid film mass was investigated for the five EIVC cases, a pattern could be
identified. Except from the 1 mm lift, the rest of the cases had an increasing accumulated film
mass as the valve lift was increased. Due to the different swirl flows during the injection and
the change of the valve jet, the spray of each case was affected differently. The higher
accumulated mass along with the weakening of the in-cylinder flow, reduced the evaporation
rate from the piston as the valve lift was increased. This can be seen in Figure 6.28. For the 1
mm lift case, the jet of the full lift valve which was established earlier in the cycle, was directing
the two plumes which were close to the intake port and in the +Y sector, directly to the piston
crown. Due to the different flows affecting the spray during injection, the liquid film footprint
was also different for each case as it can be seen in Figure 6.29. For the 1 mm case, because
of the helical intake flow, the plume closest to the open intake valve produced the high
thickness film because the valve jet changed the direction of the plume and it was vertically
directed towards the piston. The second plume on the +Y sector produced the elongated
footprint as the swirl motion was established. By increasing the maximum lift, the liquid film
pattern was closer to the DVA pattern however, the effect of the swirl motion was still visible

on the liquid film. This increase of the liquid film mass as well as the increase of the time at
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which the film remains on the piston can have a negative impact on the pollutant formation,

especially particulates, due to so called pool fire.
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Figure 6.28 Total film mass on the piston versus crank angle for DVA, SVA and the five different EIVC
lift cases
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Figure 6.29 Film thickness on the piston at 20 degrees after SOI for the five different EIVC lift cases

6.4.3. Emissions

The emissions of CO, NOx and unburnt hydrocarbons was investigated for the five different
valve lifts when EIVC was adopted and the experimental results are shown in Figure 6.30. The
experimental emissions of CO were very similar to the trends with the LIVO mode. At A=1.0
there is an increase of CO production from SVA which has the lowest CO through the increase
of the maximum lift of the staggered valve and up to DVA. For higher Lambdas the differences
between the different maximum valve lifts was minor. Similarly, there was an increase of the
unburnt hydrocarbons with the lowest values being produced by SVA and the highest with
DVA and the increase of the THC was following the increase of the maximum valve lift. With
the EIVC mode however, the increase of the THC with the increase of the maximum lift was

more rapid than the increase when LIVO was used. From Figure 6.30 this high increase is clear,
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and it can also be seen that with the Smm EIVC lift, the unburnt hydrocarbons were higher than
those of the DVA. Lastly, for the NOx at A=1.0 the differences between the various staggered
lifts was minor (5% maximum difference) but the trend that appears throughout the lambda

range was a reduction with increased valve lift which collapsed to a single value above A=1.5.
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Figure 6.30 Experimental data of NOx, CO and THC for DVA, SVA and the five different EIVC lift
cases with various dilution

For the investigation of the causes behind the increase of CO and unburnt hydrocarbons, the
rich regions of the air-fuel mixture within the cylinder were studied (Figure 6.31). From the
analysis, it was showed that there was an increase of rich mixture at ignition and later within
the cylinder when the valve lift was increased from 1mm (30% - 40% of the cylinder) to Smm
(45% - 50%). The same trend can be seen for the 60 mm and 40 mm spheres. The volumes
with the smaller diameter were more sensitive to the local air-fuel mixture and because the
lambda contours are different for the five different lifts this is reflected on the graphs. For
example, for the Imm lift, when the axial stratification has the lean mixture near the spark plug,

the percentage of the rich mixture for the 10 mm sphere is either below 10% or zero. For the 5
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mm lift, there was again axial stratification, but the lean mixture was near the piston, more than
80% of the occupied volume of the 10 mm sphere is rich mixture. The average lambda of the
rich mixture for the cylinder and for all the spheres was reduced when the maximum valve lift
was increased. This showed that not only the amount of rich mixture was increased but also
that the mixture was further enriched. The behaviour of the 4mm lift case was similar to the 5
mm lift case with axial stratification which had the rich zone near the head and the lean zone
near the piston. For the 4 mm case, the spheres with up to 40 mm diameter, were covered by a
rich mixture which was more than 60% of the respective volume while for the Smm case, and
the same spheres, the range was 50%-80%. Due to the homogeneity of the 4 mm case the
average lambda was between 0.97 and 0.98. For the 5 mm EIVC case, the average lambda was
above 0.95 for the cylinder and above 0.96 but below 0.98 for the spheres. The combined effect
of the rich zones and the level of the rich mixture is the reason that the 4mm and Smm cases

produced the highest CO and THC emissions.
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Figure 6.31 Percentage of the interrogating spherical volumes occupied by a mixture with 1<1.0 and
Average Lambda of the lambda zones below A=1.0 for various interrogating spherical volumes for the
five different EIVC lift cases

The air-fuel equivalence ratio within the range of lambda [1.05,1.15] was studied for the five

EIVC cases (Figure 6.32). Due to the differences in the mixture formation as seen in the lambda

contour plots of Figure 6.26, the graphs of the percentage occupied by the mixture for the

different spherical volumes did not follow an apparent trend. However, some conclusions can

be drawn. From the combustion modelling it was seen that the peak NO production occurred

in mixture of lambda within the range [1.05,1.15] but it was not produced in the total volume

of cylinder and it was more concentrated in a volume of 30mm-40mm. For these sizes of
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spheres and for lifts of Imm and 2 mm the percentage of these volumes with the critical lambda

are between 10% and 30%. When the lift was increased further, the percentage of these spheres

was reduced and for the 4 mm lift the percentage fell to 0%. For the 5 mm lift, the percentage

of these spheres was increased again to up to 20%. Due to the differences on the in-cylinder

pressure traces with the highest peak to occur for the lowest lift, the temperature of the post

flame gases may also contribute to the NOyx production nevertheless, it was not possible to

identify it with this approach. In addition, for the highest lifts where the stratification is

reversed, and the combustion of the lean mixture is at the end of the combustion event, may

have an effect on the NOx production.
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6.5. Closure

Two different approaches for differential intake valve lift were simulated in order to give an
insight of the experimental measurements and understand the main beneficial factors
attributing to the improved combustion metrics. The two approaches were either the Late Intake
Valve Opening or the Early Intake Valve Closure and the maximum valve lift was increased

from 1mm up to 5 mm with Imm increment.

From the cases investigated with the LIVO mode it can be concluded that the optimum
maximum valve lift for the LIVO mode concerning the in-cylinder quantities of heat transfer
and enhanced charge motion is the Smm. With the 5 mm a ~10% more TKE than the DVA can
be achieved which is also in a more favourable location and a significant reduction of 43% on
heat transfer could be achieved when compared to the ideal case of heat transfer which was the
DVA. This also agreed with the experimental results. The use of the EIVC mode has a strong
effect on the in-cylinder flow and the in-cylinder quantities of temperature, TKE and heat
transfer. For the EIVC mode, the 3mm maximum lift is a good compromise between the
reduced heat transfer (51% relative to the ideal DV A heat transfer) and the marginally increase

but more favourably located TKE.

A comparison of the ideal cases of LIVO and EIVC showed that the in-cylinder velocity with
the LIVO mode is much greater that the EIVC mode during the intake stroke. However, after
the peak of the velocity with the LIVO mode, which occurred at around 80 degrees after gas
exchange TDC, the velocity dropped and from BDC the average in-cylinder velocities were
almost the same, with only minor differences of about 3%. Very similar behaviour was seen
for the swirl motion which is stronger for the LIVO mode due to the initial single valve
actuation. After the peak, the swirl motion of the LIVO mode was reduced and after BDC, the
strength of the swirl is very similar for both cases with a maximum difference of about 4.5%.
The behaviour of the tumble motion is similar for both modes at the beginning of the intake
stroke due to the promotion of tumble from the geometry of the ports. Because of the stronger
swirl, and due to the mechanism described in a previous chapter about the reverse tumble, the
tumble turns from negative to positive faster, but the higher in-cylinder velocity maintained the
tumble at high levels after BDC for the LIVO mode. For the EIVC mode, the reverse tumble
is slower and also is weaker after it is reversed. Only at the end of compression stroke (20
degrees before firing TDC) the tumble of both modes come at the same levels. From the
analysis of the flow data, the enhanced flow field during the intake provided by the LIVO mode

can contribute to better air-fuel mixing process and it will be studied later in the chapter. The
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key factor of the faster combustion when adopted the SVA was the increased TKE. When the
two optimum cases of the staggered lifts were compared, it was found that with the LIVO
mode, the TKE was also greater than that of the EIVC mode. 30 degrees before firing TDC,
the difference was about 15% and it was reduced to 5% difference 5 degrees before firing TDC.
In addition, the comparison of the contour plots, showed that the LIVO mode had better
distribution of the TKE in the cylinder. All these, point to the direction of the better combustion
metrics with the use of the optimum LIVO mode. Last but not least, the heat transfer differences
from the two optimum cases were compared. The heat transfer for both cases is at similar levels
but always higher for the LIVO mode. At the peak heat transfer, the difference is about 3.6%.
This can be contributed by the small differences in the velocity and flow field but also by the

difference in the gas temperature during compression which is 8°C higher for the LIVO mode.
From all the above, it can be concluded that:

e The generation of swirl motion played a very important role on the production and
maintenance of the TKE at high levels, an important factor for improved combustion
metrics such as the faster combustion. As both optimum cases revealed, the swirl has
to be conserved at levels of about 20-10 units during compression in order to keep high
levels of TKE.

e The tumble motion was of a secondary importance because the EIVC mode had
significantly weaker tumble but the TKE was maintained at high levels due to the swirl
motion.

e It was seen that not only the increase of TKE is important but also the location and the
distribution within the cylinder is important. Especially for EIVC mode, the increase
was marginal, but the location was improved compared to DVA which gave a benefit
by the faster combustion.

e The heat transfer can be reduced by ~50% without compromising the TKE by reducing
the strong in-cylinder flow motion by either LIVO or EIVC staggered lifts.

e  When the LIVO mode was adopted, the air-fuel mixture at ignition was very similar to
the SVA axial stratification. By increasing the maximum valve lift the homogeneity
was decreased but the axial stratification was maintained. The mixture formation at
ignition varied with the EIVC mode. In the small lifts the mixture formation was also
similar to SVA. With increased valve lift, air-fuel mixture differed from both DVA and

SVA patters. For lifts of 4mm-5mm, a reverse axial stratification was apparent.
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The liquid film formation was reduced with the use of the LIVO mode and both the
film mass and the pattern were similar to the SVA. When EIVC was adopted, the liquid
film mass was increased due to the flow interacting with the spray plumes, directing
them towards the piston. In addition, the rate at which the film mass was reduced,
increased with the increase of the valve lift.

The emissions of CO and THC were increased with increased valve lift for both modes.
This was the result of the combination of greater volumes of rich mixtures in the
different interrogating volumes and the reduction of the lambda value of the rich regions
when the valve lift was increased.

Lastly the NOx production for the LIVO mode was reduced with the increased valve
lift but the decrease was minor. This is believed to be due to the small differences seen
for the mixture in the region of [1.05,1.15] in the spheres 20mm-40mm (around 40%-
50%) of the volumes for the 1mm up to 4mm cases. For the EIVC mode, there is no
apparent trend of the regions with the mixture at the specified lambda range for the
spheres 20mm-40mm, but a reduction can be observed. The temperature reduction
suggested by the experiments (peak pressure reduction) has an effect which was not

taken into account with this approach.
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Chapter 7

Effects of Valve Deactivation on

Cyclic Variations

7.1. Introduction

Comparison of the in-cylinder pressure measurements for a number of cycles from a spark-
ignition engine shows significant variations of the pressure during the combustion event on a
cycle-by-cycle basis. Minimising the cycle-to-cycle variations (CCV) is important otherwise
they can lead to unstable engine operation which is related to vehicle driveability. In addition,
as the ignition is set to the average cycle, faster burning cycles may be susceptible to knock
and slower burning cycles are likely to burn incompletely with increase of pollutant formation
and loss of power. The causes of the combustion variations are the cycle-to-cycle discrepancies
in the in-cylinder flow motion, the air-fuel mixture and the mixture of the fresh air with the
residual gases especially at the time of the ignition and at the vicinity of the spark plug. The
variabilities introduced by these factors result on different flame kernel development and thus

variations in the heat release and in-cylinder pressure.

Experimentally, to study the CCV of the in-cylinder flow field, PIV measurements are the most
common method. In the work of Justham, e al. (2006) and Jarvis et al. (2006) the in-cylinder

variability was linked to the intake port flow variability with the use of PIV in both cylinder
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and intake runner. Fischer ef al. (2004) investigated the CCV with the use of PIV in an optical
engine with variable tumble mechanism. They found that with the use of a tumble flap, the
flow variability could be decreased which in turn reduced the variability of the air-fuel mixture
at the spark plug. Zeng et al. (2015) examined the cycle-to-cycle variations of the swirl plane
for cases with and without the intake generated swirl. The results showed that the increase of
the swirl motion increased the flow stability. The increased flow stability was correlated with
higher combustion stability. For improved accuracy of the PIV, high-speed PIV has been used
for the in-cylinder flow studies by Miiller ef al. (2010) and Towers and Towers (2004). An
improvement of the PIV measurements is the tomographic PIV (TPIV) which measures the 3D

flow field and it was applied in a motored DISI optical engine by Baum et al. (2013).

With the increase of the computational power and the high parallelism of the CFD codes, LES
can be used to perform multi-cycle engine simulations and statistical analysis to investigate the
CCV. Numerous studies have been carried in motoring and combustion engine simulations
with the use of LES to validate the CFD code, identify the number of cycles required for
statistically converged mean and RMS flow field, speed-up the simulations and identify reasons
of the cycle-to-cycle variations. According to Ameen et al. (2017a), 20 cycles are adequate to
obtain statistically converged mean velocity field while Enaux ef al. (2011) suggested 25
cycles. Simple validation studies used experimental in-cylinder pressure trace Schmitt et al.
(2015), Enaux et al. (2011), Vermorel et al. (2007). However, more detailed validation requires
in-cylinder flow data such as PIV which were used in the work of Baumann et al. (2014),
Ameen et al. (2017a) and Beavis et al. (2016). In order to minimise the time in which a
sufficient number of engine cycles is collected for statistically converged data, Ameen et al.
(2017b proposed to perform several parallel simulations by perturbing the initial and boundary
conditions of each of these simulations. This approach showed a good agreement with
experimental optical data. The same approach has been used by Van Dam et al. (2017) again
with good agreement with experiments. The reviews of Haworth (1999), Celik et al. (2001)
and Rutland (2011) summarise the development and the achievements of the work that has

been done with the use of LES in the in-cylinder flow.

In this chapter, the investigation on the CCV of the two different valvetrain strategies namely
Dual Valve Actuation and Single Valve Actuation will be presented. From the experimental
measurements presented in chapter 4 (Figure 4.2), it can be seen that at the lowest load of 3.6
bar GMEP and for the dilution case of A=1.0 and 20% EGR, there is a significant difference in
the CoV of NMEP between the DVA (3.6%) and SVA (1.4%). The differences between these
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two cases at their respective ignition timing (30 deg CA bTDC for DVA and 25 deg CA bTDC
for SVA) were studied with the use of LES in a motoring case without fuel injection. However,
the cycle started before EVO, with the initial conditions of a combustion case, the same
approach as in the previous chapters. The approach of Ameen ef al. of the parallel simulations
was adopted and 25 cycles for each valve strategy were obtained. At the beginning, four RANS
simulations were run with the approach of chapter five, meaning that at the end of each cycle
(after 720 degrees), the initial conditions of the pressure and temperature and gas composition
were applied to the existing solution for the exhaust and cylinder domain, while keeping intact
the intake domain. This was done in order to trap an amount of residual gases in the intake port
due to the LIVC and to do it accurately, the model with the elongated intake runner was used.
In addition, while the 2D template of the mesh was kept the same, more collapsing layers were
added which means that more cell layers were added during the expansion, in order to increase
the resolution of the grid. With this, the total number of cells at BDC was increased to 3.5

million.

The boundary conditions for the RANS simulations were the experimental average time
dependent pressure traces of the intake and exhaust ports and experimental constant
temperatures. After the four RANS cycles, two consecutive LES cycles were run, again with
the same approach of initialising the exhaust and cylinder domain after a complete cycle. The
solution at the end of the second LES cycle was acquired, initialised according to the
aforementioned procedure and it was used as the initial conditions for the parallel simulations.
The perturbation was introduced by using 25 different experimental pressure traces from
individual cycles for both intake and exhaust boundaries. The temperature at the pressure
boundaries was kept constant, according to the experimental measurements and the wall

temperature was 90°C.

From the validation of the RANS flow field of Chapter 3 in the AJ133 optical engine, it was
showed that the results from the study were in an agreement with the work of Beavis ef al.
(2015) who did the RANS validation in the same engine. The same authors validated their LES
model against the experimental data of the same engine (Beavis et al. 2016) and for this reason,
their LES approach was used is this study. The Smagorinsky turbulence model was used with

the default constants.
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7.2. Model validation

Firstly, the turbulence resolution parameter was calculated to assess that the mesh resolution is

satisfactory for the LES study. This parameter was proposed by Pope (2004) and it is given by:

(7.1)

Where K is the turbulence kinetic energy of the resolved motions and k, the modelled SGS
TKE. The value of M is in the range [0,1] and M=0 corresponds to DNS and M=1 corresponds
to RANS. For an LES simulation it is recommended that M < 0.2. A general approach for the
LES is to evaluate the parameter M and for the locations where M > 0.2 the mesh will be

refined, while for very small values of M, the mesh can be coarsened.

This test was carried out for both DVA and SVA simulations and the results at ignition along
the x-axis and y-axis at z=+5 mm are showed in Figure 7.1. The results showed that most
locations within the cylinder, the turbulence resolution is below the 0.2 criterion except from
the DVA, near sharp edges of the cylinder head where the parameter reached M=0.32.
However, no further refinement was done in order to keep the computational time in reasonable

level of ~48 hours per cycle.
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After the check of the mesh suitability, a validation of the LES average in-cylinder pressure
trace for both DVA and SVA was carried out and compared against the experimental
measurements (Figure 7.2 for DVA and Figure 7.3 for SVA). As it can be seen, the average
LES is in a good agreement with the experiment throughout the expansion, intake and
compression strokes for both valve strategies. The differences remain at gas exchange TDC
where the recompression is not captured which showed that the change of the turbulence
modelling did not improve the predictions which were coming from the discharge coefficient
of the valves in order to capture the increase of pressure. Moreover, there is a small difference
of the polytropic index due to the absence of the fuel vapour as it has already been discussed

in chapter 5.
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Figure 7.2 Experimental and average over 25 cycles LES in-cylinder pressure trace for DVA
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Figure 7.3 Experimental and average over 25 cycles LES in-cylinder pressure trace for SVA

7.3. Averaged in-cylinder flow properties

To investigate the variability of the LES simulations for the DVA and SVA cases, firstly the
average in-cylinder quantities of pressure, temperature and velocity were analysed, and the
study was focused at ignition of DVA and SVA respectively. In the analysis, the mean (p) and
standard deviation (o) of the average in-cylinder quantities was calculated. In addition, the
coefficient of variation (CoV) was also calculated. This was principally useful for comparing
the degree of variation from the two valve strategies especially at ignition, where the means of

the quantities were different from one another. The coefficient of variation is defined as:

o
CoV/ = 2+100 % (7.2)

The statistical convergence of the in-cylinder average velocity, standard deviation and CoV at
ignition was studied and displayed in Table 7.1. It shows the mean, standard deviation and CoV
of 5 and up to 25 LES cycles with an increment of 5 cycles for both DVA and SVA. It can be
seen that for DVA, a minimum number of 20 cycles is necessary for statistical convergence of
all three quantities. The in-cylinder velocity difference between the 20 and 25 cycles is 0.07%
and the biggest difference is 2.5% which is between the mean of 10 and 15 cycles. For SVA,
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the maximum difference between the five means was seen for the averages of 5 and 10 cycles
and it was 0.4%. It was seen that the mean velocity converged faster and the difference between
the means of 20 and 25 cycles was 0.07%. However, the standard deviation and the CoV needed

25 cycles to converge. It is possible that more than 25 cycles were needed for better estimate

the convergence of standard deviation and COV for the SVA.

DVA SVA
Standard Standard
# of Mean CoV Mean CoV
Deviation Deviation
Cycles [m/s] [%] [m/s] [%]
[m/s] [m/s]
5 9.12 0.32 3.47 19.13 0.26 1.36
10 9.02 042 4.66 19.21 0.24 1.25
15 9.12 0.40 4.36 19.20 0.24 1.25
20 9.237 0.442 4.785 19.178 0.225 1.17
25 9.243 0.443 4.793 19.191 0.212 1.10

Table 7.1 Statistical convergence of the mean, standard deviation and CoV average in-cylinder velocity
for DVA and SVA

After confirming that the in-cylinder velocity was statistically converged, the in-cylinder
pressure, temperature and velocity were studied at the respective DVA and SVA ignition
timings. The LES average in-cylinder pressure over 25 cycles for DVA and SVA is shown in
Table 7.2. It can be said that the standard deviation (SD) and the CoV are very low and no
substantial differences in the pressure traces for both valve strategies were observed. The
standard deviation for the SVA is 800Pa which is well within the atmospheric pressure changes
due to weather conditions, meaning that these changes are not significant. The higher pressure
variation of the SVA comes from the higher variation in trapped mass (0.1% CoV of trapped
mass for DVA and 0.12% for SVA).

DVA SVA
Mean (25 cycles) [bar] 443 5.69
Standard deviation (25 cycles) [bar]| 0.0036 0.008
Coefficient of variation (25 cycles) [-] 0.08% 0.14%

Table 7.2 Mean, standard deviation and CoV of in-cylinder pressure over 25 cycles
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Similarly, small variations were also observed for the bulk in-cylinder temperature as it can be
seen from Table 7.3. The standard deviation for both cases is very similar (0.54K) as well as

the coefficient of variation (0.09%-0.08%).

DVA SVA
Mean (25 cycles) [K] 611.4 669.7
Standard deviation (25 cycles) [K] 0.54 0.54
Coefficient of variation (25 cycles) [-] 0.09% 0.08%

Table 7.3 Mean, standard deviation and CoV of in-cylinder temperature over 25 cycles

The maximum variations were observed for the in-cylinder velocity magnitude and the DVA
produced significant higher coefficient of variation comparing to the SVA. The in-cylinder
velocity magnitude of the 25 individual cycles and their mean for DVA and SVA are displayed
in Figure 7.4. In the same graph, the in-cylinder velocity of the RANS simulation is also plotted.
It can be seen that for a great period and especially during compression and near ignition, the
RANS velocity is below the average LES. Similar differences between RANS and LES in the
tumble and swirl ratios (which are directly linked to the in-cylinder velocity) were also seen by
Bottone et al. (2012). However, the relative difference between SVA/DVA velocity at ignition
is the very similar for both RANS and LES (2.06 and 2.08 respectively). Because of the
differences between RANS and LES and not to overpopulate the graphs, the study was focused
only on the LES results.

For the LES runs, it is evident that for DVA, the deviation is greater than the SVA case,
especially during the compression stroke. To quantify these differences, the standard deviation
(Figure 7.5) and the coefficient of variation (Figure 7.6) were also plotted for the intake and
compression stroke. The standard deviation of the in-cylinder velocity magnitude is very
similar for both valve strategies especially until mid-intake stroke. After that, for the DVA the
standard deviation is around 0.3 m/s while for the SVA was 0.3 m/s. From IVC up to TDC the
standard deviation is reduced for SVA and it dropped to 0.2 m/s while for the DVA it was
increased to ~0.5 m/s. Because of the small standard deviation for both DVA and SVA and the
very different mean velocity, the CoV was used to quantify the differences of the variations. It
is clear that from the mid-intake stroke, the CoV of the DVA in-cylinder velocity magnitude
was constantly increased and at ignition it reached the value of 4.8%. For the SVA however,

the CoV did not vary and it was around 1.5% and at ignition it was 1.17%. Similar variations
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between the DVA and SVA were seen for the combustion stability (CoV of NMEP) of the
experimental data (3.6% for DVA and 1.4% for SVA). The data at ignition for DVA and SVA
have been already displayed in Table 7.1.
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Figure 7.4 in-cylinder velocity magnitude of the 25 individual cycles and their mean for DVA and SVA
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Figure 7.5 Standard deviation of average in-cylinder velocity for 25 cycles during intake and
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7.4. Spatial distribution of in-cylinder flow properties

Firstly, the statistical convergence of the velocity magnitude was studied spatially within the
cylinder at ignition for both valve strategies. The ensemble-average velocity magnitude of the
velocity magnitude were plotted in Figure 7.7 for the first 5, 10, 15, 20 and 25 cycles in the
tumble and swirl planes for DVA. From the contour plots of velocity, it was evident that the
differences between the average of 20 and 25 cycles are minor. To quantify the differences, the
mean velocity magnitude along the x-axis of the tumble plane at z=+5 mm and along the y-
axis of the swirl plane at x=0 mm was plotted for the five different averaging groups and
displayed in Figure 7.8. Both graphs showed the convergence even after 15 cycles, which
agrees with studies showing that after 10 cycles there is a reasonable statistical convergence of
the velocity field Vermorel ef al. (2009), Enaux et al. (2011) and Hasse ef al. (2010). Moreover,
the spatial distribution of the standard deviation of the velocity magnitude was also plotted for
the five averaging groups (Figure 7.9) as well as the graphs along the x- and y-axis (Figure
7.10). Again, with 15 cycles and above there was a statistical convergence.
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Figure 7.7 Statistical convergence of the velocity magnitude for the first 5, 10, 15, 20 and 25 cycles in
the tumble and swirl planes for DVA
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Figure 7.9 Statistical convergence of the standard devzatzon of the velocity magnitude for the first 5,
10, 15, 20 and 25 cycles in the tumble and swirl planes for DVA
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Figure 7.10 Standard deviation of velocity magnitude along the x- and y-axis at z=+5 mm for the five
different averaging groups. DVA

The spatial distribution of ensemble-average velocity magnitude in Figure 7.11 and the
standard deviation of the velocity magnitude in Figure 7.13 were plotted for SVA for the first
5, 10, 15, 20 and 25 cycles in the tumble and swirl planes. From the contour plots of velocity,
it can be seen that the differences between the average of 20 and 25 cycles are minor. Again,
to quantify the differences, the mean velocity magnitude along the x-axis of the tumble plane
at z=+5 mm and along the y-axis of the swirl plane at x=0 mm was plotted in Figure 7.12. Both
graphs showed the convergence even after 15 cycles. The same behaviour was seen for the
standard deviation of the velocity magnitude which started to converge after 20 cycles. This is
evident from the graphs of standard deviation along the x- and y-axis shown in Figure 7.14. It
has to be mentioned that the limits of the SD legend are different for DVA and SVA due to the
higher standard deviation of SVA. However, this was expected as the standard deviation of the
velocity or otherwise, the velocity RMS is linked to the turbulent kinetic energy with higher
RMS showing higher TKE, which is the case of SVA over DVA.
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Figure 7.11 Statistical convergence of the velocity magnitude for the first 5, 10, 15, 20 and 25 cycles in
the tumble and swirl planes for SVA
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Figure 7.11cont. Statistical convergence of the velocity magnitude for the first 5, 10, 15, 20 and 25
cycles in the tumble and swirl planes for SVA
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Figure 7.12 Mean velocity magnitude along the x- and y-axis at z=+5 mm for the five different
averaging groups. SVA
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Figure 7.13 Statistical convergence of the standard deviation of the velocity magnitude for the first 5,
10, 15, 20 and 25 cycles in the tumble and swirl planes for SVA

362



Chapter 7 - Effects of Valve Deactivation on Cyclic Variations

20

25

Standard deviation [m/s]

0 3.75 1.5 11.25 15
Figure 7.13cont. Statistical convergence of the standard deviation of the velocity magnitude for the first
5, 10, 15, 20 and 25 cycles in the tumble and swirl planes for SVA
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Figure 7.14 Standard deviation of velocity magnitude along the x- and y-axis at z=+5 mm for the five
different averaging groups. SVA
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To further investigate the CCV of the DVA and SV A strategies, the spatial distribution of the
mean, standard deviation and the variability of the velocity magnitude, temperature, residual
gases and laminar burning velocity were investigated at the same swirl and tumble planes as
before. All the analysis was based on the sample of 25 cycles. Firstly, the spatial distribution
of the velocity variations were examined. Figure 7.15 compares the mean, standard deviation
and coefficient of variation of DVA and SV A in the tumble plane and Figure 7.16 in the swirl
plane. For the SD, the same limits have been used in the legend for direct comparison. For
another representation of the SD with different limits on the legend for SVA the reader can
refer to Figure 7.13. As it was already said, the SD of the velocity (Velocity RMS) is greater
for SVA than DV A which denoted higher turbulent kinetic energy and was also better located
for SVA. A comparison of the coefficient of variation between the two valve strategies showed
that in the vicinity of the spark plug, both DVA and SVA showed high coefficient of variation
due to the very low mean velocity. Similarly for the swirl plane, the CoV is high in the areas
where the mean velocity of the flow is close to zero. In addition, it was observed that for both
DVA and SVA, the fluctuations in the dominant stream (tumble flow for DVA and swirl plane
for SVA and are represented by the highest velocity magnitude) were reduced, but for DVA

they were higher than SVA. These can be seen at the contour plots with low CoV values.
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Figure 7.15 Spatial distribution of mean, standard deviation and coefficient of variation of DVA and
SVA over 25 cycles. Tumble plane
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Figure 7.16 Spatial distribution of mean, standard deviation and CoV of DVA and SVA over 25 cycles.
Swirl plane

The mean, the standard deviation and the coefficient of variation of the laminar burning
velocity was studied spatially within the cylinder. The variations of the laminar burning
velocity are important as they affect the combustion behaviour. In addition, due to the increased
dilution with EGR, the laminar burning velocity is expected to decrease which makes its impact
more severe. An inspection of the mean laminar burning velocity in the tumble and swirl planes
for DVA and SV A showed that at ignition, the St is around 29 cm/s and 34 cm/s respectively.
This was expected as the gas temperature was much higher for SVA. In addition, the standard
deviation of the laminar burning velocity in the cylinder was similar for the two valve strategies
but lower for the SVA. This was also reflected on the CoV which was lower for SVA. This
showed that for DVA with lower burning velocities and higher variations, this can lead to very
low burning velocities in some cycles which will in turn affect the combustion event as seen in
the variations of the experiments. The variations were quantified in the x-axis and y-axis, Smm
above the fire face of the head and are showed in Figure 7.19. It is evident that the Single Valve
Actuation exhibited lower variations of the laminar burning velocity with the maximum value
of 3.2% and 3.8 % when Dual Valve was adopted (The values near the walls were excluded).

Within the cylinder, the SVA variations are in the order of 1.5% and for the DVA 2%-3%.
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Figure 7.17 Spatial distrlbutzon of mean, standard devzatlon and CoV of laminar burning velocity of
DVA and SVA over 25 cycles. Tumble plane
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Figure 7.18 Spatial distribution of mean, standard deviation and CoV of laminar burning velocity of
DVA and SVA over 25 cycles. Swirl plane
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Figure 7.19 CoV of laminar burning velocity for DVA and SVA along the x- and y-axis at z=+5mm

368



Chapter 7 - Effects of Valve Deactivation on Cyclic Variations

The two main contributors for the laminar burning velocity variations were the temperature
and the residuals concentration. The pressure variations within the cylinder were that small that
the effect on the burning velocity was insignificant and the equivalence ratio was assumed as
the global ratio which in this case was 1. The mean temperature field over 25 cycles, the
standard deviation and the coefficient of variation for DVA and SVA at the tumble and swirl
planes are showed in Figures 7.20 and 7.21. For the mean temperature field, different limits
have been applied on the legends of the two strategies because of the ~60K difference in the
in-cylinder average temperatures. For the SD and CoV, the same limits have been applied.
Firstly, the mean temperature contour plots showed that the DVA has a more concentrated
higher temperature field at the center of the tumble vortex, which agrees with the observations
of Chapter 4. The temperature for the SVA is more homogeneous and again agreed with the
results of Chapter 4. An observation of the spatial distribution of the SD and CoV showed that
within the cylinder, both the deviation and the variation are very similar. More specifically, the
deviation is in the range of 7K-20K for both DVA and SVA but the spatial distribution is
different due to the different flow which mixed the residual gases with the fresh mixture of air
and EGR. When the CoV was plotted for the x- and y-axis Smm above the fire face of the dome
(Figure 7.22) the variations of temperature for both valve strategies were very similar and
around 1%-2%. In the x-axis the variations of temperature for SVA are higher for the half of
the domain and the trend reversed for the other half of the domain. In the y-axis the centre of
the cylinder exhibited higher temperature variations with SVA and the trend was reversed for

the regions near to the liner.
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Figure 7.20 Spatial distribution of mean, standard deviation and CoV of temperature for DVA and SVA
over 25 cycles. Tumble plane
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Figure 7.21 Spatial distribution of mean, standard deviation and CoV of temperature for DVA and SVA
over 25 cycles. Swirl plane
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Figure 7.22 CoV of temperature for DVA and SVA along the x- and y-axis at z=+5mm

The temperature variations for the two valvetrain strategies were very similar and a concrete
conclusion could not be drawn as within the cylinder, the spatial distribution of the CoV
showed that some regions exhibit higher variations with DVA and some others had higher
variations with SVA, but in all the cases the variations were in the order of 1%-2%. Thus, the
second contributor for the variations of the laminar burning velocity, the residuals gas fraction,
was studied. In this case, the total RGF was considered which means the internal residuals from
the combustion of the previous cycle, the residuals trapped due to the LIVC of the full lift and

the external exhaust gas recirculation (EGR). Plots of the mean RGF, the standard deviation
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and the coefficient of variation at the tumble and swirl planes for DVA and SVA have been
displayed in Figures 7.23 and 7.24. For both cases, the mean trapped residuals gas fraction is
around 25%. For DVA, a higher concentration was seen in the tumble core, where the higher
temperatures were also seen while for the SVA is better homogenised. By looking at the
standard deviation contour plots it is clear that the deviation from the mean is smaller for the
SVA than that of the DVA in both planes. Because the distribution of the RGF concentrations
was different for the two strategies, the CoV of the RGF was compared for DVA and SVA.
Once more, it was evident that the variations were lower for SVA than DVA. The maximum
variations for SVA were 2% while in some regions with the DVA the variations reached 4%.
This is also showed in the graphs of Figure 7.25 which show the CoV in the x- and y-axis. The
variations for SVA are always below 2% and below the variations of DVA. The combination
of residuals and temperature variations resulted in the lower variability of laminar burning
velocity when SVA was adopted. Because of the high residual fractions (25%) the effect of
temperature on the burning velocity is highly suppressed as it has been showed in Chapter 4.
Thus, the variability of the residual gas concentration is the dominant factor of the variabilities
in the laminar burning velocity. A study of Pera ef al. (2014) concluded that the residual gas
heterogeneity in lean combustion can lead to an additional cyclic variation in flame
development. Due to the higher variability of RGF for DVA, the heterogeneity could be

deteriorated.
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Figure 7.23 Spatial distribution of mean, standard deviation and CoV of residuals for DVA and SVA
over 25 cycles. Tumble plane
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Figure 7.24 Spatial distribution of mean, standard deviation and CoV of residuals for DVA and SVA
over 25 cycles. Swirl plane
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Figure 7.25 CoV of residuals for DVA and SVA along the x- and y-axis at z=+5mm

7.5. Closure

From an experimental point of view, it was seen that the cycle-to-cycle variability was
decreased when Single Valve Actuation was adopted. This was manifested at high levels of
dilution at which the DV A was above the stability limit of 3% CoV of NMEP while with SVA
was below that limit. The differences of variability between DVA and SVA at 3.6 bar GMEP,
1500 RPM and 20%EGR and A=1 was studied with the use of LES. The conclusions of this

study were:
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e The mesh resolution was sufficient for LES simulations as the turbulence resolution
was below the threshold of 0.2 in most of the cylinder domain and in locations near
sharp edges of the walls it was around 0.32.

e The validation showed a good agreement between the average LES and experimental
pressure trace for both DVA and SVA.

e A study on the statistical convergence of the in-cylinder average velocity was carried
out according to the literature. The results showed that after 20 cycles, the mean in-
cylinder velocity and the standard deviation was converged with a difference of 0.07%
between the average of 20 and 25 cycles. Similarly, the study of the convergence of the
spatial distribution of the mean velocity and standard deviation showed that after 20
cycle the convergence was sufficient.

e The data were compared at the ignition of each valve strategy and because of the
different mean values, the coefficient of variation was used to compare the two cases.
In terms of in-cylinder average pressure and temperature, the variations over 25 cycles
were minor. For the pressure, the variations were 0.08% with DVA and 0.14% with
SVA. For the temperature the variations were 0.09% and 0.08% with DVA and SVA
respectively.

e The first indication of higher variability when DVA was operated was the coefficient
of variation of the in-cylinder velocity. At ignition, the CoV for DVA was 4.8% and
for SVA 1.1%, which agreed with the experimental trends of variability.

e When the spatial distribution of the mean velocity and standard deviation (or velocity
RMS) for DVA and SVA, the tumble flow and the swirl flow of DVA and SVA
respectively was predicted. In addition, the higher deviation with the SVA is linked to
the higher TKE which has already been seen. The variations in the flow field were more
difficult to be evaluated because of areas with mean velocities close to zero which
increased the CoV. However, in the core of the flow (tumble for DVA and swirl for
SVA), the variations were greater for DVA.

e The variations of the laminar burning velocity were greater for DVA (2%-3%) than
SVA(1%) and this, in combination with the lower mean burning velocity at ignition for
DVA, can reduce the values further which in turn can have a detrimental effect on the
combustion event.

e The effect of temperature and residuals gas fraction on the laminar burning velocity

were investigated as they were the two main factors affecting the variations of the
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laminar burning velocity. The temperature variations were very similar for DVA and
SVA (1%-2%) and mostly the distribution was different. The residual gas variations
though showed a clear difference between DVA and SVA. The variation of SVA were
always lower than those of DV A with the values of up to 2% (average was 1%-1.5%)
for SVA and up to 4% in some regions with an average of 2.5%. The higher variations
of residuals gases can play an important role in flame propagation and cycle-to-cycle
variability as it has been shown in other studies (Pera et al. 2014).

Thus, the mixing process of the intake charge with the internal residuals exhibited
greater variations when DV A was adopted over SVA, which can also have an effect of

the air-fuel mixture which was not studied in this work.
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Chapter 8

Conclusions and Future Work

8.1. Summary and conclusions

The present work documented the numerical investigations of airflow, mixture preparation and
heat transfer in a direct-injection spark-ignition engine with advanced valvetrain system with
aim to increase the dilution tolerance for reduced fuel consumption and emissions at various
engine loads. For this work, the commercial code STAR-CD was used with all associated sub-
models to simulate the airflow, mixture preparation and heat transfer of a DISI engine. Firstly,
a validation of the code was carried out along with all the necessary sub-models such as heat
transfer, fuel injection, droplet wall-interaction etc. All these were combined to form a
complete working model to represent the exhaust, intake and compression strokes and it would
be valid for various engine loads. For this reason, a generalised methodology was developed
for sub-cooled and for a newly developed flash-boiling model spray which would have the least
possible differences in terms of implementation to engine modelling. After that, the validated
model was used to provide interpretation about the benefits and drawbacks of the valve
deactivation of a single cylinder thermal engine running at different loads and speeds.
Furthermore, the mixture preparation and the pollutant formation were studied for the dual and
single valve actuation for two different loads. Here, the flash-boiling model was necessary for

the low engine load because of the low ambient pressure and high fuel temperature. Moreover,
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two differential valve lift strategies were investigated in order to minimise the drawbacks while

maintain the benefits of the single valve actuation. Lastly, the differences in the cyclic

variations of the DVA and SVA at high dilution levels were investigated with the use of LES.

The main findings of the current work are presented in the following sections:

Model validation

The conclusions of the preliminary studies and the model validation were:

From a grid independent study, it was concluded that a model consisted of 2.2 million
cells at BDC with cell size ranging from 0.5 mm to 0.8mm was adequate for mesh
independent in-cylinder average and spatial distribution of velocity.

The initialisation study showed that starting the simulation before EVO could minimise
the effect of initial conditions from the first cycle and the conditions could be easier
predicted and applied.

From the validation of the pressure trace it was showed that wall heat fluxes have to be
modelled for accurate in-cylinder pressure predictions. The importance of time
dependent pressure and averaged temperature boundaries from the engine was
demonstrated. The need of accurate valve lift curves was also showed.

A comparison of the predicted flow field with PIV data of the AJ133 optical engine
revealed some differences on the velocity magnitude at the beginning of the intake
stroke which were damped out during compression stroke. The main characteristics of
the flow were well predicted by the CFD and were in an agreement with other

researchers who worked on the same engine.

The differences of the velocity magnitude between CFD and PIV were examined by

investigating the flow coefficient of the intake manifold of the optical engine with different

turbulence models.
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At low and medium valve lifts the flow coefficient was over-predicted by k-¢ RNG
while the other models gave better predictions. At higher lifts, k-¢ RNG well predicted
the flow coefficient but the other models under-predicted it. These results were acquired
with refined regions around the valves.

The same turbulence models were tested on the dynamic model with no effect on the

in-cylinder quantities such as pressure and trapped mass. The comparison of the
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predicted flow with different turbulence models revealed that the k- RNG was closer

to the PIV data followed by the standard k-¢.

The heat fluxes from the gas to the walls of the AJ133 motoring engine were also validated on

two engine loads:

e The numerical heat fluxes were in a good agreement with the experimental data for
both investigated cases. Specific behaviour, especially during the expansion which was

unique for each case was also predicted.
The conclusions of the fuel injection validation were:

e In a quiescent chamber, two different methods to initialise the droplets were tested
(Blob method and Rosin-Rammler) and tuned to match the experimental data of spray
structure, plume penetration, plume velocity and droplet diameter. More realistic
behaviour and results closer to the experimental data were achieved with the Rosin-
Rammler distribution.

e The spray structure and the behaviour of the sub-cooled spray in the engine simulation
was in a good agreement with the experimental data of the motoring engine during
different instants of the injection

e A newly developed flash-boiling spray model was implemented into the motoring
AJ133 optical engine. Two different single component fuels were tested (n-pentane and
iso-hexane) for their suitability to replicate gasoline flashing sprays. The n-pentane was
found to be more suitable due to the better tuning process. The prediction of the flash-
boiling spray structure in a motoring engine was in a good agreement with the
experimental data.

e The flash-boiling model was further improved by introducing a generalised approach
for implementing it in quiescent chambers and dynamic models without the effects of
the grid dependence seen in the original model. The sub-cooled and flash-boiling
models had the least possible differences for easier implementation.

e Two droplet-wall interaction models were tested (Bai-ONERA and Senda). A droplet
to film transition model and a 1D conjugate heat transfer model were also considered.
The droplet to film transition model showed a high grid dependence and it was not
considered. The 1D conjugate heat transfer model did not improve the results and thus

was not used. Overall, Senda model produced results closer to all the experimental data
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of heat flux and liquid film footprint and it was chosen as the most suitable for the rest

of the work.

Effects of valve deactivation on in-cylinder flow

Firstly, the differences between the Dual and Single Valve Actuation on the in-cylinder flow

and various in-cylinder quantities were investigated without the effect of fuel injection for three

different engine loads and two engine speeds. It was found that irrespective of engine load:
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There was an increased in-cylinder flow activity by adopting SVA due to higher valve
jet which increases the in-cylinder flow velocity.

Due to the asymmetry created by SVA, a strong swirl motion is generated while
maintaining the magnitude of the Y-tumble at the same level as with the DVA due to
the geometry of the port.

With the use of SVA, the turbulent kinetic energy was increased at spark timing when
compared to DVA. Also, the area of high TKE within the cylinder was increased by
adopting SVA and also the location is more favourable for the combustion as it encloses
the spark plug. This is a factor that denotes faster combustion as seen in the
experiments.

With SV A, the trapped residuals were increased which in turn, increased the in-cylinder
temperature.

Due to the increased in-cylinder temperature, the laminar burning velocity was also
increased. This is another factor for the faster combustion with SVA. With the level of
residuals trapped in these cases, the dominant factor for the laminar burning velocity
behaviour was the temperature.

When the stoichiometric and lean cases were compared, there was a small increase on
the in-cylinder flow quantities (Velocity, tumble and swirl, TKE). This increase was
due to the increased intake pressure of the lean cases. As a consequence of the increased
TKE, the engine could tolerate more dilution without detrimental increases in the
ignition to 10% MFB and 10-90% MFB durations. As a result of the extension of
dilution, a fuel consumption reduction of up to 3.8% (at 3.6 bar GMEP, 1500RPM)
could be achieved, as seen in the experiments.

The increased activity with the SVA and the higher in-cylinder temperature have a
result of increased heat transfer from the gas to the engine walls. This explains the

reduction of the polytropic index with SVA for both experiments and numerical
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predictions. For all test points, this increased heat transfer resulted in fractional

improvements in fuel consumption for equivalent levels of dilution.
Depending on the engine load and speed it was found that:

e With the increase in engine load, the heat transfer from the gas to the walls was
increased mainly because of the increase of the density of the working fluid for both
DVA and SVA. Moreover, the maximum heat transfer difference between DVA and
SVA was increased at higher loads. The significant increase of heat transfer with SVA
at higher loads, offset the favourably shorter burn durations resulting in a negligible
benefit in fuel consumption for equivalent dilution, but some benefit could be gained
through the extension of dilution (3.1% at 7.9 bar GMEP, 1500RPM and 1.3% at 9.8
bar GMEP, 2000RPM).

e The two main contributors for the increased heat transfer when adopting SVA is the
enhanced flow motion and the increased in-cylinder temperature for equivalent
dilutions. Due to the same trapped mass, the density for DVA and SVA was the same
and the difference in Cp due to the different residuals was insignificant (less than 1%).

e At low loads (1500RPM, 3.6 bar GMEP), the dominant factor for the additional heat
transfer for SVA is the increase in in-cylinder temperature which increased the heat
transfer by 12.5%. The enhanced charge motion increased the heat transfer by 10.5%.

e At higher loads, (1500RPM, 7.9 bar GMEP and 2000RPM, 9.8 bar GMEP) the
dominant factor is the increased flow velocity close to the walls. The increase of heat
transfer due to the higher temperature was 13.5% at 7.9 bar GMEP and 16% ta 9.8 bar
GMEP. Due to the enhanced charge motion the increase was 34% and 36%
respectively.

e It appears that an optimum level of enhanced in-cylinder charge motion attributed to
SVA exists whereby the benefits of reduced burn duration and increased dilution
tolerance can be realised without the shortfalls of invoking significantly increased heat

transfer
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Effects of valve deactivation on mixture preparation and emissions

A spray modelling was included in the simulations to investigate the mixture preparation and

the emissions formation of the Dual and Single valve actuation at two different engine loads.

The flash boiling model was used for the low load and sub-cooled spray for the higher load.

The results irrespective of the engine load showed that:
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Because of the Late Intake Valve Closure, a portion of fuel vapour escaped into the
intake port during compression and thus, a multi-cycle approach was needed in order
to achieve a converged global in-cylinder Lambda. Generally, 4 to 5 cycles were needed
depending on the DVA or SVA strategy.

Due to the Reynolds-Averaged method, a normalisation approach can be utilised in
order to acquire data for the converged values from the second cycle. The global
Lambda of the second cycle can be normalised to the global Lambda that is desired
This method showed to have a maximum error of 0.7% and an average error of 0.1%.
With the use of fuel injection, the in-cylinder velocity and TKE were increased at the
time of ignition. Due to the strong in-cylinder flow with the use of SVA, the effect of
the injection on the two aforementioned quantities was minor.

Due to direct-injection, the temperature of the trapped mass dropped by about 80K
when compared to the same case without the injection. The decrease of the in-cylinder
temperature decreased the heat transfer for both DVA and SVA. However, the increase
of the heat transfer from DVA to SVA (50%) remained at the same level as with the

cases without the fuel injection.

Depending on the engine operating condition it was concluded that:

At 7.9 bar GMEP, the Lambda contour plots revealed a better air-fuel mixing when
SV A was adopted. The SVA showed an axial stratification where a leaner mixture was
present near the head and a richer mixture near the piston. Radially the mixture was
homogeneous. For the DVA cases, areas of either very lean or rich mixture were seen
in the cylinder. The homogeneity index showed that the SVA was better homogenised
than DVA at ignition. For the lower load (3.6 bar GMEP) because of the flash boiling
mechanism with the smaller droplets and the faster evaporation the homogeneity was

improved for both DVA and SVA but for the DVA the improvement was greater.
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e The laminar burning velocity was reduced when fuel injection was introduced. This
was mostly due to the decrease of the in-cylinder temperature. At 7.9 bar GMEP, the
contour plots of the laminar burning velocity were similar to the cases without the fuel
injection especially for the SVA which had increased homogeneity of the mixture. For
the DVA, due to the areas of very lean or rich mixture, the contour plots at these
locations deviated from the cases without the fuel. For the lower load, due to the
increased homogeneity, the contour plots of the burning velocity were very close to
those without the fuel injection cases.

¢ Due to the orientation and pattern of the injector, liquid film was formed at the piston
crown. At the high load, the use of SVA reduced the liquid film almost by half because
of the strong in-cylinder flow which was disintegrating the spray plumes. The reduction
rate was faster for the SVA because of the enhanced flow which increased the
evaporation rate and the stripping of the liquid film from the piston. At the low load,
the liquid film on the piston crown was further reduced. This was a result of the
decreased spray penetration and faster evaporation with the flash boiling model.

e  When the emissions of the CO and unburnt hydrocarbons were investigated for A=1.0
at 7.9 bar GMEP, it was found that for the DVA case, the percentage of rich mixture
during combustion was higher for DVA than SVA. In addition, the rich zones were
richer for DVA than SVA. Because of these reasons the production of CO and THC is
greater for DVA than SVA as seen in the experiments.

e For the low load with DV, a big region of rich mixture was found near and around the
spark plug at ignition. For SVA, near the spark plug, the volume occupied by rich
mixture was smaller and the average lambda was closer to stoichiometric which
contributed less to the CO and THC emissions. Near the edges of the chamber, the rich
mixture was increased with the SVA compared to the DV A which should contribute to
the increased unburnt hydrocarbons of the experiments with SVA. However, the small
differences between DVA and SVA in the rich regions of the simulations were also
reflected in small differences in the experiments.

e For the leaner cases of the higher load, the size of rich zones was reduced drastically
for both valve strategies but for the DVA were greater than SVA which was again
reflected to higher CO and THC in the experiments.

e To study the NOx formation of the point of view of mixture preparation, a range of

lambda which was considered as the worst case for NOx production was assumed. This
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range was [1.05,1.15] considering that the highest NOx production is seen for A=1.1.
For the high load and for A=1.0, for volumes up to 60 mm spheres the percentage of
lean mixture was higher for SVA than DVA. As the NOx is formed in the post flame
gases, it is more probable to be formed within the 60mm spherical volumes.

By diluting the mixture (global A=1.1) and due to the high homogeneity of the SVA,
80% or more of all considered spheres were within the chosen range of lambdas. For
DVA this percentage was lower. Thus, there was a great increase in experimental NOx
emissions from A=1.0 to A=1.1 and the increase was greater for SVA. Further dilution
showed that the total cylinder has a greater volume of lean mixture in the chosen lambda
range for SVA than DVA.

For the lower load, the differences in the amount of mixture within the NOx range were
smaller and also the amount itself was smaller, which was inline with the experimental
results of lower NOx emissions and smaller differences between DVA and SVA.

As temperature plays an important role in the NOx production, it was calculated from
the experimental in-cylinder pressure and then it was used in the Zeldovivh mechanism.
It was found that for A=1.0, the effect of temperature is very similar for both DVA and
SVA. However, for the diluted cases, the increased temperature of the SVA was also a
factor attributing to the NOx production.

From the analysis of the mixture at various volumes within the cylinder, some basic
conclusions can be drawn which showed that the mixture homogeneity is important for
the emissions. Rich regions can produce high numbers of CO and THC. Lean mixtures
at specific lambdas can increase the NOx formation and can have a negative impact if
the engine is running at lambdas near A=1.1 and the homogeneity of the mixture is high.
The above hypotheses were tested with a combustion simulation at A=1.0 for DVA and
SVA. There were some differences in the pressure traces between CFD and
experiments, but the results were satisfactory without further tuning of the combustion
model. The faster heat release rate was a reason of the higher peak pressure of the DVA.
The combustion showed increased CO production for DVA as seen in the experiments
and the CO was produced at the locations of the rich mixture. The NO production was
higher for the SVA as seen in the experiments even though the temperature was lower.

The production was at the regions where A was near 1.1.
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Differential Intake Valve Lift Studies

Two different approaches for differential intake valve lift were simulated in order to give an

insight of the experimental measurements and understand the main beneficial factors

attributing to the improved combustion metrics. It was concluded that:

The generation of swirl motion played a very important role on the production and
maintenance of the TKE at high levels, an important factor for improved combustion
metrics such as the faster combustion.

The tumble motion was of a secondary importance because the EIVC mode had
significantly weaker tumble but the TKE was maintained at high levels due to the swirl
motion

Not only the increase of TKE is important but also the location and the distribution
within the cylinder is important. Especially for EIVC mode, the increase was marginal,
but the location was improved compared to DVA which gave a benefit by the faster
combustion

The heat transfer can be reduced by ~50% without compromising the TKE by reducing
the strong in-cylinder flow motion by either LIVO or EIVC staggered lifts.

An optimum case for each differential valve lift mode could be selected based on the
in-cylinder TKE and heat transfer. These were the Smm lift of LIVO mode and the 3
mm lift of the EIVC mode. Both cases had very similar heat transfer, TKE and swirl
ratios. As both optimum cases revealed, the swirl has to be conserved at levels of about
20-10 units during compression in order to maintain high levels of TKE. These
optimum cases for the CFD also agreed with the optimum cases from the experimental
work.

When the LIVO mode was adopted, the air-fuel mixture at ignition was very similar to
the SVA axial stratification. By increasing the maximum valve lift the homogeneity
was decreased but the axial stratification was maintained. The mixture formation at
ignition varied with the EIVC mode. In the small lifts the mixture formation was also
similar to SVA. With increased valve lift, air-fuel mixture differed from both DV A and
SVA patters. For lifts of 4mm-5mm, a reverse axial stratification was apparent.

The liquid film formation was reduced with the use of the LIVO mode and both the
film mass and the pattern were similar to the SVA. When EIVC was adopted, the liquid

film mass was increased due to the flow interacting with the spray plumes, directing

385



Chapter 8 - Conclusions and Future Work

them towards the piston. In addition, the rate at which the film mass was reduced,
increased with the increase of the valve lift.

The emissions of CO and THC were increased with increased valve lift for both modes.
This was the result of the combination of greater volumes of rich mixtures in the
different interrogating volumes and the reduction of the lambda value of the rich regions
when the valve lift was increased.

Lastly the NOx production for the LIVO mode was reduced with the increased valve
lift but the decrease was minor. This is believed to be due to the small differences seen
for the mixture in the region of [1.05,1.15] in the spheres 20mm-40mm (around 40%-
50%) of the volumes for the 1mm up to 4mm cases. For the EIVC mode, there is no
apparent trend of the regions with the mixture at the specified lambda range for the
spheres 20mm-40mm, but a reduction can be observed. The temperature reduction
suggested by the experiments (peak pressure reduction) has an effect which was not

taken into account with this approach.

Effects of valve deactivation on cyclic variations

The differences of variability between DVA and SVA at 3.6 bar GMEP, 1500 RPM and
20%EGR and A=1 was studied with the use of parallel multi-cycle LES. The conclusions of

this study were:
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The mesh resolution was sufficient for LES simulations as the turbulence resolution
was below the threshold of 0.2 in most of the cylinder domain and in locations near
sharp edges of the walls it was around 0.32.

The validation showed a good agreement between the average LES and experimental
pressure trace for both DVA and SVA.

A study on the statistical convergence of the in-cylinder average velocity was carried
out according to the literature. The results showed that after 20 cycles, the mean in-
cylinder velocity and the standard deviation was converged with a difference of 0.07%
between the average of 20 and 25 cycles. Similarly, the study of the convergence of the
spatial distribution of the mean velocity and standard deviation showed that after 20

cycle the convergence was sufficient.
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e The data were compared at the ignition of each valve strategy and because of the
different mean values, the coefficient of variation was used to compare the two cases.
In terms of in-cylinder average pressure and temperature, the variations over 25 cycles
were minor.

e The first indication of higher variability when DVA was operated was the coefficient
of variation of the in-cylinder velocity. At ignition, the CoV for DVA was 4.8% and
for SVA 1.1%, which agreed with the experimental trends of variability.

e When the spatial distribution of the mean velocity and standard deviation (or velocity
RMS) for DVA and SVA, the tumble flow and the swirl flow of DVA and SVA
respectively was predicted. In addition, the higher deviation with the SVA is linked to
the higher TKE which had already been seen. The variations in the flow field were more
difficult to be evaluated because of areas with mean velocities close to zero which
increased the CoV. However, in the core of the flow (tumble for DVA and swirl for
SVA), the variations were greater for DVA.

e The variations of the laminar burning velocity were greater for DVA (2%-3%) than
SVA(1%) and this, in combination with the lower mean burning velocity at ignition for
DVA, can reduce the values further which in turn can have a detrimental effect on the
combustion event.

e The effect of temperature and residuals gas fraction on the laminar burning velocity
were investigated as they were the two main factors affecting the variations of the
laminar burning velocity. The temperature variations were very similar for DVA and
SVA and mostly the distribution was different. The residual gas variations though
showed a clear difference between DVA and SVA. The variation of SVA were always
lower than those of DVA. The higher variations of residuals gases can play an important
role in flame propagation and cycle-to-cycle variability as it has been shown in other
studies (Pera et al. 2014).

e The mixing process of the intake charge with the internal residuals exhibited greater
variations when DV A was adopted over SVA, which can also have an effect of the air-

fuel mixture which was not studied in this work.
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8.2. Future work

Future studies based on the findings of the current work are summarised in this chapter. These

further steps that can improve the accuracy of the results and increase the understanding of the

physical phenomena studied in this thesis.
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Further investigation is needed on the incapability of the code to capture the
recompression seen in both thermal and optical engine around gas exchange TDC.
Different RANS turbulence models and LES studies did not predict the pressure at that
time. Grid refinement, turbulence modelling can be studied. In addition, the actual
exhaust valve lift has to be measured in the same way as the intake valve lift was
measured and applied in this work.

Additional studies could be carried out for the steady state port flow simulations to
determine the resolution of the grid around the valves to capture more accurately the
flow coefficient and compressibility effects at all lift ranges. This could then be
transferred to a dynamic engine model, identify the limitations of refinement there and
categorise the deviation between experiments, port flow simulations and engine
simulations.

Flash-boiling modelling is still in early stages of development. Further investigations
are needed to improve the accuracy of the sprays, for various types of injectors and
from low to high superheat sprays. This must be linked with in-nozzle flow simulations
and experiments to understand the complex physical mechanisms of flash boiling in
and out of the nozzle and how these can be applied in the Lagrangian multi-phase
context.

In this work, single-component fuels were used to replicate gasoline injection. A step
further would be the use of multi-component fuels for both sub-cooled and flash boiling
sprays. This can be extended to the multi-component liquid films.

The collision model was found to produce unrealistic results especially for flash-boiling
sprays. In addition, it was sensitive to the mesh resolution and the relative position of
the injector in respect to the mesh. Solutions have been proposed but a unified method
and modelling of collisions focused on fuel injection is necessary for accurate
predictions.

For cases with Late Intake Valve Closure where multiple cycles are needed for

converged global in-cylinder Lambda, an approach similar to the normalisation
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suggested in this work has to be implemented for combustion simulations.
Normalisation of each scalar used in the combustion model is needed and test against
the multi-cycle approach are necessary. This however, can significantly reduce the
running time of this kind of simulations in the future.

e With the use of combustion simulations and experimental data, the approach suggested
here for NOx predictions with the use of the range of lambdas in the cylinder can be
refined and improved. In addition, the use of combustion modelling can improve the
understanding of pollutant formation with various valve strategies and different air-fuel
mixtures. The latter may also need to focus on soot/nanoparticulate modelling in terms
of both mass and number, as nanoparticulate tailpipe emissions from direct injection
spark ignition engines are to be regulated and their in-cylinder formation is still not well
understood.

e Within the LES framework, the parallel multi-cycle approach has to be further
investigated. More cycles have to be run for better statistical convergence and these
need to be compared against consecutive LES cycles. In addition, for better
understanding the cyclic variations, fuel injection is necessary. An indication of lower
mixing variability with SVA has been shown here but this needs to be confirmed with
the air-fuel mixture. Ultimately, LES combustion can complete the studies of the cycle-
to-cycle variations. In this context, understanding the cyclic behaviour of flow and
mixing variability in terms of energy contained in the larger scales and the smaller
scales from cycle to cycle, and in the process identifying what may be termed
‘turbulence’ and what is ‘variability’ over a range of frequencies, is of paramount
importance and still a topic of fundamental research in conjunction with experiments

in optical engines.
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