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ABSTRACT

The continuous tightening of environmental standards, and in particular the stricter vehicle
CO2 emission regulations, have put increased pressure on passenger vehicle manufacturers to
develop more efficient components. One way of improving fuel consumption and reducing
emissions in a vehicle is by reducing the friction-related power loss in major components such

as the engine and the transmission.

Between 5% and 6% of the total fuel energy that the car converts is lost through friction in the
transmission and ends up as heat being absorbed by the transmission lubricant. The principal
aim of this project was developing a method to accurately predict power losses in the gearbox
-the main transmission component- while at the same time having the ability to assess the
influence of lubricant properties on the gearbox efficiency. For this purpose, a thermally
coupled numerical model was developed, incorporating lubricant parameters extracted from
rheological tests. The model calculates the friction coefficient in gear elastohydrodynamic
(EHL) contacts and then uses it in an iterative scheme to predict in-contact and bulk
temperatures as well as power losses. Finally, the model’s predictions for gears are coupled to

current experimentally derived models for bearing and churning losses.

The method has been applied to a single speed gearbox and a manual six speed automotive
gearbox. Two fully formulated lubricants of nominally same specification were tested and
comparisons were made for different input conditions and gear geometry changes. In the
second case, a light duty truck fitted with the simulated gearbox has been instrumented and
tested under different conditions. Temperature predictions from experimental drive cycles have

been compared to model predictions and standardised drive cycles have also been simulated.

Results show that the overall gear power loss is heavily dependent on the input torque and that
the lambda ratio of the contact affects each component differently. In addition, the distribution
of losses between gear friction, bearings and gear churning is not constant but depends on the
selected components, the gear geometry, the surface roughness and the specific lubricant
rheology. Furthermore, significant power loss differences of up to 11.7% and sump temperature
differences of up to 3.1 °C respectively have been predicted between the two oils. Simulations
of the six speed gearbox have shown that the model is able to predict bulk oil sump
temperatures within 5-10% of measured values and can effectively be used to compare and

rank different lubricants in terms of overall efficiency for a given gearbox.
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1. INTRODUCTION



1.1 Background

During the last decade, worldwide energy demand has risen significantly, as a result of an
increasing global population and rapid economic growth in major developing economies'. In
turn, this leads to an increased demand in fuel and a subsequent rise in crude oil prices® as
shown in Figure 1.1. A recent price drop due to oversupply is already being reversed after the

Organization of the Petroleum Exporting Countries (OPEC) agreed to cap the oil output to as

low as 32.5 million barrels a day”.
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Figure 1.1: Monthly average Brent crude oil barrel prices 1987-2015!

Furthermore, the global warming concerns amongst the scientific community are well
established and governments are under rising pressure to take action. These concerns led to
international treaties the most significant of which was the Kyoto Protocol* which aims to set
binding targets for man-made CO2 emissions. So far, the protocol has been ratified by 192
State Parties. During the last UN conference for climate change, COP 21, a landmark new
agreement was reached, setting the foundations for an ambitious target of limiting global

temperature rise to 1.5 °C compared to pre-industrial levels’.

As a result of these agreements, automotive manufacturers are under pressure to reduce the
CO2 emissions of the vehicles they are producing. In the EU, light duty vehicles produce about
15% of the total CO2 in the EU with heavy duty vehicles being responsible for an additional
6%°. The regulators have set specific objectives for vehicle manufacturers for the average
emissions of their fleet’, while a similar set of measures was also introduced in the US® and

elsewhere. Figure 1.2 shows the current global restrictions for passenger cars as well as the



projected targets. These figures are based on the NEDC (New European Driving Cycle)

emissions.
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Figure 1.2: The global CO2 regulations applied to passenger cars’

In order to meet these conditions, automotive manufacturers engaged in a quest to improve the
efficiency of the internal combustion engine as well as the rest of the components connected to
it. Turbocharging of the engine as well as downsizing were among the solutions that slowly
started to find their way into mass production. Engines of smaller capacity with equally small,
electronically regulated turbochargers proved to be a winning recipe for meeting the stringent
emission goals, and in recent years almost all of the manufacturers have implemented this
approach. Nevertheless, the efficiency of the Internal Combustion Engine (ICE) is already at a

very high level and is proving harder and harder to further improve on that.

In conjunction with the aforementioned measures, manufacturers introduced the use of lighter
materials and manufacturing processes in order to reduce the weight of the vehicles themselves
as this has a direct impact on the overall energy required to move the vehicle and is
consequently beneficial when it comes to fuel consumption and emissions. In addition to this,
numerous techniques were incorporated to save energy such as reduced rolling resistance,

alternative fuels and regenerative braking. The latter became easier with the introduction of



hybrid vehicles which incorporate an electric motor working together with the ICE'?. Zero
emission vehicles which are solely battery powered are gaining ground fast but they are still

significantly more expensive and have limited range compared to ICE powered vehicles.

Consequently, with the ICE still being dominant, the efficiency needs to be further improved
in order to meet the increasing demand for lower emissions. The next logical step to achieve
this is to improve efficiency of the numerous components that complete the powertrain of the
vehicle, namely the differentials, the shafts, the clutch assembly and the transmission. Recent

studies!! 2

showed that the drivetrain of an average passenger car absorbs around five to six
per cent of the total fuel energy in an average everyday situation of combined urban and extra-

urban use. The breakdown of the fuel energy is shown in the Figure 1.3.
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Figure 1.3: Energy use in an average passenger car!!

With exhaust and cooling taking up 62% of the energy, the remaining 38% is the mechanical
power. The actual energy that is used to move the car, overcoming rolling resistance, brake
losses and air drag comprises 21.5% of the total, with 16.5% lost due to friction in the ICE and
the transmission. It is therefore evident that transmission losses represent a significant
proportion of overall friction losses or about 23% of the energy required to move the car. Most
of this energy loss is in the form of heat resulting from friction and churning and it is absorbed
by the transmission lubricant reducing the overall efficiency of the system. Although the figure
of 5% is not significantly increased in heavy duty vehicles, which use complex multi-stage
gearboxes, the absolute value of energy loss is much higher!®, making transmission efficiency

in such vehicles even more significant. As an indication of the energy use through the life of a



medium family car transmission losses would roughly amount to 26 GJ of energy for a 100 kW
engine output and 157 GJ when considering a medium duty commercial vehicle with an engine
output of 400 kW. In the case of a Class 8 heavy duty vehicle this figure is expected to be
significantly larger.

As a result, drivetrain and transmission efficiency has become a hot research topic during the
last decade with manufacturers of both components and lubricants pursuing more efficient
products. Most automotive lubricants advertise benefits such as reduced fuel consumption and
improved efficiency, factors that would ultimately lead to financial benefits for the consumer.
In conjunction with improving the energy density of batteries, limiting friction losses would be
even more important for electric vehicles, as a reduction in friction power losses would result
in extended range. The accurate efficiency prediction for complex components such as
gearboxes remains challenging, not least due to complex influences of numerous lubricant
parameters and the mutual dependency of various loss sources. Consequently, the reduction of
lubricant related losses as a result of friction has become the main research target for

manufacturers of both OEM and aftermarket lubricants.

Transmission losses are generally divided into two categories; load dependent and load
independent losses. The first group is the result of Elastohydrodynamic (EHD) friction in gear
teeth contacts and bearings while the load independent losses consist of churning losses, cage

friction and drag in bearings as well as seal losses and auxiliary losses'*.

The ability to accurately assess different lubricants by knowing their EHD friction
characteristics is crucial, as will be shown in this thesis. These friction characteristics are not
only important because they directly affect power losses but are also difficult to predict and
simulate without actually testing the lubricant. Existing numerical gear efficiency studies fail
to sufficiently incorporate lubricant rheology and are limited to describing the lubricants in
terms of “bulk™ properties such as viscosity at atmospheric pressure, density and thermal
conductivity, often not appropriately dealing with the rheological behaviour of the lubricant
inside the EHD contact. It will be shown that even when the lubricants are of similar
specification and carry exactly the same label, a significant difference in power losses can be
observed due to differences in high shear rate viscosity characteristics and boundary friction

behaviour.

There are well established experimental rig setups created specifically to measure power losses

in gears such as the FZG-type gearbox. However, the process of experimentally testing



transmission lubricants using rig setups can be very expensive and time consuming. Measuring
temperatures or viscosity in the extreme contact pressures encountered in non-conformal
contacts such as gears can prove particularly challenging if not impossible. Furthermore, these
rigs are of a specific back-to-back type, as will be described in the following chapter, meaning
that their geometry is predefined rather than modular. As a result, there is no guarantee that
any numbers obtained on a single-speed back to back gearbox will reflect the results obtained
on an actual multi-speed or multi-stage gearbox. This study will show that the breakdown of
losses can be different on an actual automotive gearbox compared to a single stage single speed
rig. Finally, a very broad range of input conditions and possibly different components should
be tested in order to sufficiently assess and experimentally compare lubricants in terms of

efficiency.

For this reason, there is a need to develop a new modular approach that will combine
experimental oil characterisation with power loss predictions in simulated gear contacts.
Starting from the all-important friction characteristics of the lubricant and including the
modelling of bearing and churning losses, such an approach would also require the individual
modules to be interconnected and thermally coupled. In this thesis, a complete thermally
coupled model able to calculate the individual component losses in a gearbox based on
experimentally characterised lubricant rheology will attempt to address the aforementioned
limitations of current methods and provide further insight into the effect of lubricant properties
on temperatures and efficiency under variable duty. As the model is modular, it can adapt for
an infinite number of lubricant and component combinations can be tested providing near 100%
repeatability and significantly reducing the time needed to test a new lubricant during the

design phase.

1.2 Research goals
The main goals of this project are summarised below

e The main goal of this research is to develop a method that can be used to predict the
efficiency of a gearbox under real life operating conditions and account for the effect
of specific lubricant properties on the overall efficiency. This allows for system
optimisation and aids in the formulation and selection of the most efficient lubricant for
a given transmission and operation cycle. The model is expected to account for variable

duty cycles, lubricant rheological and boundary friction properties as well as gearbox



design and external conditions. Finally, the model should be able to differentiate
between different lubricants in terms of friction behaviour under high contact pressures

and overall efficiency for a given gearbox.

The developed thermally coupled model should account for EHL friction losses in gear
teeth contacts as well as bearing, seal and churning losses. The loss predictions will be
coupled to a lump mass model of a six speed gearbox which, given the lubricant, vehicle
and transmission input parameters can predict the power loss of the components and
the oil sump temperature. Ultimately, measured lubricant temperatures from the

gearbox will be compared to model predictions.

Lubricant characterisation is also a very important part of the study. Ball-on-disc
tribometer tests will be conducted to assess the rheological behaviour of the lubricants
and the results will be incorporated in the model. This will allow for a more precise
description of the lubricants’ specific properties such as the viscosity dependence on
temperature and pressure, and the boundary friction behaviour. The importance of the
characterisation process will be demonstrated through lubricant comparison in the
following chapters. It will be proven that lubricants of nominally the same specification
can result in different power loss predictions due to the effect of different additive

packages and combinations of base oil groups.

As the accurate prediction of operating temperatures in a gearbox is crucial, this method
should be able to predict the bulk operating temperatures in a given gearbox when the

duty cycle is known.

In addition to accuracy, flexibility and adaptability of the method will be important
considerations for its design. The constructed model will be modular and as such, it
should be possible to account for variations in gearbox geometry, component selection
and lubricant properties as well as external conditions. Additional lubricants have been
simulated based on the measured lubricant properties, confirming the capability of the
model to be used as a robust lubricant comparison platform even when there is no time

for experimental oil characterisation.



1.3 Thesis outline

This thesis is structured in ten chapters, and a brief description of each is given below;

The current chapter serves as an introduction to the work undertaken, provides the related

background and outlines the main aims of the thesis.

Chapter 2 contains the relevant literature in the field of automotive drivetrain, with focus on
published research in the field of transmission efficiency and lubrication that is relevant to

present work.

Chapter 3 presents the modelling methodology which was followed in this project in order to
predict EHL traction as well as contact and tooth flank temperatures - of importance in gear
lubrication and friction. The overall numerical algorithm for gear friction calculations is also
presented in addition to the adapted models for the prediction of bearing and churning loss.
Finally, the model is validated for each of the individual loss sources, namely gear friction,

bearings and churning, by comparing the outputs to appropriate published data.

Chapter 4 describes the experimental methodology which was followed in order to characterise
the studied lubricants and extract the necessary lubricant parameters to be used in the overall

gearbox efficiency model.

Chapter 5 presents a parametric study on the influence of various parameters on the overall
gearbox efficiency. A single stage spur gearbox is used for this parametric study and the

influence of gearbox design as well as lubricant parameters is assessed.

Chapter 6 uses the model to simulate a commercial 6 speed automotive gearbox in order to
predict the losses under real road conditions. Results comprising efficiency, loss and
temperature predictions are presented for both standardised and experimental drive cycles,

while the measured temperature data are compared to the model predictions.



Chapter 7 provides an overall discussion on the results presented in this thesis as well as
advantages and disadvantages of the presented model in relation to other gearbox efficiency

studies.

Chapter 8 summarizes the present work, presents the main conclusions and provides

suggestions for possible future work based on this study.

Chapter 9 (Appendix) contains a description of additional work that was conducted on

multiphysics modelling of thermal flows in a gearbox.



2. LITERATURE REVIEW



2.1 Introduction

This chapter will explain the fundamental aspects of gearbox operation and describe the various
components that are found in transmission systems. The work undertaken in this thesis and the
described modelling methodology is applicable to any geared transmission including industrial
and heavy duty gearboxes however the focus in this study will be on an automotive gearbox.
Subsequently, a review of relevant literature on drivetrain efficiency will be presented,
including existing numerical and experimental treatments of individual loss sources
encountered in transmission systems. Current approaches to predict the overall gearbox
efficiency will be reviewed and their limitations will be discussed. Finally, the theory behind
elastohydrodynamic lubrication (EHL) will be summarised, particularly in relation to EHL
traction and relevant lubricant properties as this underpins the approach of the current model

to gear EHL losses as presented later in the thesis.

2.2 Background
2.2.1 Automotive drivetrain

The automotive drivetrain is the group of components that deliver power to the driving wheels
of the vehicle'. It includes a clutch assembly, a gearbox, a differential and a number of drive
shafts depending on the specific layout of the vehicle and the set or sets of wheels where the
power is transmitted to. Typical configurations for an automotive drivetrain for the rear-wheel
drive, front-wheel drive and four-wheel drive layouts are shown in Figure 2.1'®. In each case,
the transmission is connected to the ICE, the torque of the latter multiplied by the gearbox
before being transmitted through a series of axles and shafts to a differential; from there it

rotates the drive shafts before ending up propelling the vehicle through the wheels.

In the case of a four wheel drive vehicle, additional units called transfer cases are used in order
to split the power between the two axles, introducing an additional element of power loss as
well as increasing the overall vehicle weight. In the case of a front engine, front wheel drive
vehicle there is no need for additional axles to transmit the power so that the gearbox and
differential are commonly placed within the same housing. The efficiency, simplicity and cost
of this design is superior compared to alternative layouts, thus it has found use in the majority

of city cars.
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Figure 2.1: Typical configurations of an automotive drivetrain'®

2.2.2 Gearboxes

The gearbox or transmission is the main and largest component of the drivetrain and is
essentially a torque multiplication unit connecting the ICE to the differential or the axle,
depending on the layout, through a clutch assembly!” '¥. The clutch assembly usually consists
of a flywheel which stores kinetic energy converted by the engine, and one or more friction
plates. In its simplest form, the gearbox consists of a set of gear pairs, each one providing a

different gear ratio or torque multiplication factor.

The function of a vehicle transmission is to adapt the power and speed available from the engine
to that required by the road conditions and the driver. An internal combustion engine develops
the optimum torque, power and efficiency over a very narrow range of engine speeds and the
job of the transmission is essentially to match the torque and speed of the engine to a much
wider range of characteristics required of the driven vehicle while allowing the engine to
operate as near to its peak efficiency point as possible. There are four distinguishable types of

transmissions; geared mechanical multi-speed, geared semi-automatic multi-speed, geared
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conventional hydrodynamic/mechanical automatic and mechanical, hydrodynamic, hydrostatic

or electric continuously variable transmission (CVT) '°.

In their most common and simplest form, mechanical multi-speed gearboxes typically consist
of three shafts, the input shaft the intermediate shaft and the output shaft. The intermediate and
output shafts carry a set number of gears, spur or helical which, in the case of constant-mesh
gearboxes are in mesh at all times. The input shaft is usually connected directly to the
intermediate shaft and the two share the same input load while the output shaft carries the
mating gears of the internal ratios?. A typical 5-speed constant-mesh manual gearbox is shown

in Figure 2.22!.

T

1 First gear 4 Fourth gear 6 Input shaft
2 Second gear 5 Fifth gear 7 Output shaft
3 Third gear R Reverse gear 8 Layshaft

Figure 2.2: A typical 5-speed constant-mesh manual automotive gearbox (Getrag)?!

2.2.3 Gears

A gear is a machine element containing teeth which mesh with the teeth of another gear, with

the purpose of transmitting torque??. In most cases, gears mesh with rotating parts i.e. other
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gears but a gear can also mesh with a rack converting rotational motion to linear motion. The
torque and speed multiplication factor of a gear pair is a function of the number of teeth that

each individual gear carries and the ratio of driven teeth to driver teeth is called gear ratio®:.

—NizﬂzT_B(l)

R =
Ny wg Ty

Where R is the gear ratio NA, NB is the number of teeth of the driven (B) and driver (A) gear
respectively, ®A, B are their angular velocities and TB, TA are the torques on gears A and B

respectively.

There are three main groups of gears’* depending on the application; gears used to connect
parallel shafts (spur, helical and rack and pinion), gears used to connect intersecting shafts
(straight and spiral bevel gears) and gears used to connect non-parallel, non-intersecting shafts
(hypoid and worm gears). Spur gears have teeth cut parallel to the gear axis and the contact
path is also parallel to the gear axis. Helical gears on the other hand have teeth that are cut at
an angle to the face of the gear. Spur and helical gears are extensively used in gearbox

applications both industrial and automotive. Figure 2.3 shows a general classification of gears.
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Figure 2.3: Classification of gears
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Bevel and hypoid gears are used to connect shafts which are intersecting each other at an angle
of 90 (vertical). Hypoid gears differ from bevel gears because of the off-centre positioning of
the pinion in relation to the gear centre hence the need to classify them in a separate group.
Worm gears are also used when the shafts are vertically aligned; however they are not
commonly used in automotive applications as a result of very high sliding which decreases
their efficiency. On the other hand, hypoid and bevel gears are very commonly used in
differential units. The efficiency of spur and helical gears can be as high as 99.8%2° whereas
values of up to 99% can be achieved for bevel gears. On the contrary hypoid gears have a
slightly lower efficiency at around 96% due to increased sliding?® and worm gears are
significantly less efficient, rarely exceeding 90%?2’. Automotive gearboxes predominantly use
spur and helical gears; the geometry and basic definitions of a meshing spur gear pair is shown

in Figure 2.4%%.
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Figure 2.4: The geometry of a pinion and gear pair in mesh
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2.2.4 Bearings

Bearings are machine elements that allow shafts to rotate freely, with minimum friction, while
supporting axial and/or radial shaft loads?’. Bearings come in many shapes and forms and can
be categorised differently according to their shape, load support or geometry; however they are

usually divided into rolling element bearings and plain or fluid film bearings>’.

Fluid film bearings use the force generated by a hydrodynamic or hydrostatic film to support
the load while rubbing bearings are simply a layer of material separating the two surfaces. In
transmission applications rolling element bearings are by far the most common type used.
These bearings consist of a set of rolling elements which can be either of spherical, cylindrical
roller (very thin cylinders called needles are also used) or spherical roller shape. These elements
are located between the inner and outer raceways of the bearing and the element-raceway
contact operates close to pure rolling conditions, thus reducing the contact friction. Rolling

element bearings exhibit great reliability, smooth operation and high efficiency.

In most gearboxes, the shaft loads that need to be supported at each location are either radial,
axial or a combination of the two. Deep groove ball bearings are generally used to support
radial loads, although they can carry some axial loads too. They are efficient and cheap and
come in many standard sizes. When support of significant axial loads in conjunction to the
radial load is necessary in a typical transmission, tapered roller bearings are commonly used.
Taper roller bearings involve a fair amount of sliding and their efficiency is generally lower
than that of equivalent deep groove ball bearings. Both of these types commonly appear in
single row or double row variations with the latter featuring an additional row of rolling

elements. Figure 2.5 shows a typical ball bearing as well as a tapered roller bearing.
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Figure 2.5: Single row deep groove ball bearing -DGBB- (right) and tapered roller
bearing -TRB- (left) (SKF)

2.3 Lubrication
2.3.1 The importance of lubrication

The primary function of the lubricant is to provide a protective, lubricating film between the
contacting surfaces, such as two gear teeth or the rolling element and raceway in a rolling
bearing. In transmissions, the lubricant also provides cooling of the contacting components
which is essential for their adequate performance. The composition and properties of a
lubricant play a crucial role in any geared transmission. Properties such as viscosity greatly
affect power losses as the thickness of film and the amount of shear in the film directly affect
the temperature within the EHL contact. As mentioned before, most of the heat produced by
the transmission components ends up being absorbed by the transmission lubricant. A
significant amount of research has been undertaken to produce more efficient lubricants
because even a numerically small difference in efficiency translates to important energy and
fuel savings on a larger scale. In order to assess the effect of lubricant properties on
transmission efficiency, it is imperative to get a solid grasp of the composition and properties
of the lubricant and understand the role and behaviour of additives, especially those active in

the high contact pressures and temperatures of a mixed-regime non-conformal contact.
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Adequate lubrication must be ensured at all times in order to maintain smooth operation and
prevent the seizure of moving parts, increase the operational life of the component and reduce
the possibility of wear. Bearings usually operate in full film elastohydrodynamic lubrication
(EHL) regime due to the very high surface finish of their components. However, this is not
usually the case with gears as the surface roughness is significantly higher and superfinishing
is not commonly used due to the increased production cost. As a result, gears usually operate
in the mixed lubrication regime which means that the asperities on the surface of the teeth come

into contact.

2.3.2 Lubricant composition

Lubricants are generally either grease or oils but in transmissions, oils are by far the most
common lubricant. Lubricating oils usually consist of two components; the base fluid or base
oil, which typically comprises 95% of the lubricant, and added chemicals called additives
which take up the remaining 5%?>!. The base oil is what determines some of the physical
properties of the lubricant (viscosity, density, full film EHL traction properties, thermal
conductivity, pour point, volatility, biodegradability etc.) while the additives’ purpose is to
enhance specific properties of the lubricant such as reducing wear and friction in boundary
regime, where fluid film thickness is insufficient to separate the surfaces, or providing

corrosion protection??,

According to their base fluid, lubricating base oils are divided in two main groups; mineral and
synthetic. Mineral base oils are obtained through the distillation and treatment of crude
petroleum and they are still the most widely used type of base oil mainly because of their low
cost and high versatility. They can be categorised based on their chemical forms, their sulphur
content and their viscosity. Synthetic base oils are derived by processing of petroleum or other
products. They are very versatile and generally have superior heat resistance and oxidation
properties and higher viscosity index (VI) compared to mineral oils however they are
significantly more expensive although the price gap between the two is steadily closing. The
use of synthetic base oils is necessary in some specialised or critical applications where the
properties of mineral oils make them unsuitable such as very high operating temperatures. The
main synthetic base fluid types are synthetic hydrocarbons (PAO, esters) which are usually
products of the breaking down of complex petroleum molecules*?, silicon analogues (silicones)
and organohalogens (such as PFPEs)**. Furthermore, biodegradable synthetic ester base stocks

comprise a new generation of products with the aim of replacing traditional mineral oils. This
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area is gaining increasing attention as a result of the global trend towards sustainability. These
eco-friendly products could potentially be used to replace existing lubricants in automotive,

metal working, cold rolling and other industrial applications>>.

Another commonly used lubricant is grease which is essentially the combination of a base oil
and a substance called thickener, such as a metal soap for example, which creates a web of
miniature fibres to trap the oil; greases commonly also include additives and fillers*®. Greases
are mostly used in permanently lubricated components or where extended lubrication intervals
are allowed. They have good sealant properties but are less effective in conducting the heat

away and are unsuitable for use at higher speeds.

As mentioned above, additives are chemical particles, designed to enhance the lubricant
properties in one or more directions®’. Some of the most important and common additives
include: friction modifiers, whose main purpose is to reduce friction in mixed and boundary
regimes; antiwear additives, which reduce wear where the fluid film thickness is critically low;
extreme pressure (ep) additives, which are commonly used in gear oils to protect the
components from scuffing damage by forming metal salts on the surfaces when there is
insufficient EHD oil film and significant metal-to-metal contact occurs; detergents which
prevent the formation of varnish on the engine parts and neutralise sulphuric and nitric acids;
dispersants which act against coagulation of carbon particles resulting from, for example,
incomplete combustion in IC engines and prevent the formation of soot; viscosity index (VI)
improvers which increase the VI of the lubricant; general inhibitors which prevent corrosion,

oxidation, rust and the formation of foam.

2.3.3 Lubrication methods

In order to provide the necessary level of lubrication, a lubrication system needs to be in place
to feed the oil to the relevant contacts. In the case of a gearbox, there are two main methods of
lubrication; splash or dip lubrication and jet lubrication8. In the first case, the gearbox casing
is filled with oil up to a pre-defined level and lubrication of components that are completely or
partially above that level is achieved by means of churning i.e. the gears are immersed in the
lubricant and during their operation they pick up the lubricant and splash it around the casing.
The lubricant can then reach the components that are not immersed, before flowing back to the
oil sump. A design that allows enough clearance for picking up the oil and passages to lubricate

the bearings should be implemented. This method of lubrication is simple and very cost
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effective as no additional components are required. However, there is a limitation on the
maximum peripheral speed of the gears which should not exceed 13-15 m/s*® . The immersion
depth should also be carefully selected to balance insufficient oil feed and excessive churning
losses. Usually, the immersion depth is no more than six times the gear module. The oil cannot
be filtered so there is an increased risk of oil contamination from debris and any oil cooling
that may be necessary is also more difficult to achieve. Nevertheless, this lubrication method

is by far the most commonly employed one in automotive gearboxes.

The other method of lubrication is forced or jet lubrication and is necessary when the peripheral
speeds are in excess of 15 m/s. In this case, a high pressure pump and a circulation system is
incorporated in the design which feeds the lubricant directly on to the components via nozzles
in the form of a high speed jet. This method provides an additional cooling effect as the jet of
oil comes into contact with the component and is therefore more suitable for high power
applications where high rates of heat dissipation are needed. The application of this method is
more expensive, makes the use of hydrodynamic bearings mandatory and requires careful
nozzle positioning to ensure that all the components are adequately lubricated at all times and

oil starvation, which can significantly reduce their operational life, is avoided. The schematics

of splash and jet lubrication are shown in Figure 2.6.

Figure 2.6: Dip lubrication (left) and jet lubrication (right)

Rolling bearings can be lubricated by grease (in case of sealed bearings) when the product of
the bearing mean diameter D, and the rotational speed of the bearing N in rpm is less than
about 500000°°. For high temperature and high speed applications jet lubrication is commonly
applied which should take into consideration the position and number of nozzles, the flow rate

of the lubricant and the jet velocity™.
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2.3.4 Lubricant viscosity and rheology
2.3.4.1 Definition

The viscosity of a fluid is the tendency of the fluid to resist deformation by shear stress or
flow*!. It is perhaps the single most important property of the lubricant as it largely defines the
thickness of the lubricating film that is formed between two surfaces. Low viscosity could lead
to thin films and elevated wear due to the contact and rubbing of asperities, whereas too high
a viscosity could lead to higher losses due to increased resistance to shear as well as increased
churning loss in a dip-lubricated system. Viscosity is categorised in two forms; the dynamic

and the kinematic viscosity>!.

Dynamic viscosity is depicted by the symbol 7, and is the ratio of the shear stress 7 applied to

the lubricant to the strain rate (shear rate) y of the lubricant;

shear stress T

- = 2
1 strainrate y @

The strain rate is analogous to the velocity gradient which is equal to the velocity in the
direction of shear divided by the width of the shear zone or uy/A where us is the sliding speed

and h is the lubricant film thickness.

In the SI system of units, dynamic viscosity is measured in Pascal seconds (Pas), but the unit
of Poise (P) or more commonly the Centipoise (cP) is widely used. The viscosity of a lubricant
can be measured with devices called viscometers which come in many variants like capillary,

rotational and high shear rate viscometers.

Kinematic viscosity, depicted by the symbol v, is a composite property which is equal to the
ratio of the dynamic viscosity over the density p of the fluid;

_ dynamic viscosity 1
V= density T p

(3)

In the metric system, kinematic viscosity is measured in m?/s the Stoke (S) or Centistoke (cS)
(equal to 1 mm?/s) are commonly employed
2.3.4.2 Viscosity dependence on shear rate

When a fluid is Newtonian, the relationship between shear stress and strain rate is linear*’.
When this relationship breaks down and the viscosity of the fluid depends on the shear rate,

shear duration or the rate at which the shear is applied, the fluid is classified as non-Newtonian.
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Fluids which are non-Newtonian can either exhibit a shear thinning (or pseudoplastic)

behaviour or a thixotropic behaviour. In the first case, the effective viscosity is reduced at high

shear rates whereas in the second case viscosity reduces steadily while shearing is applied. The

former behaviour is typical of multigrade oils while the latter is commonly encountered in

greases. A graphical representation of Newtonian vs. shear thinning (non-Newtonian)

behaviour and the effect of shear thinning behaviour on the viscosity for different lubricant

grades * is shown in Figures 2.7 and 2.8 respectively.

Shear stress

Figure 2.7: Newtonian fluid (left) vs. non-Newtonian, shear thinning fluid (right)*
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All fluids are likely to shear thin if the shear rate is very high i.e. above 10°. In a typical high
pressure EHD contact, the shear rate which would cause the lubricant to shear thin is usually
not high enough to cause the phenomenon on its own however in most cases shear thinning can
be observed due to high shear stress®!. When considering such highly loaded contacts, such as

those between gear teeth, where high shear stress can occur®*, this must be taken into account.

2.3.4.3 Viscosity dependence on temperature

The viscosity of a viscous liquid reduces radically with temperature. Therefore the viscosity
dependence on temperature is crucial for any calculations. Over the past century, numerous
equations to describe the viscosity-temperature relationship were derived either empirically or

model-based.
The earliest was developed by Reynolds* but is very inaccurate;
n = be® (4)

A more accurate equation is given by Vogel*®, which includes three constants and is best used

at lower temperatures;

b
n = aeT-c (5)

A very important step to standardise the viscosity variation with temperature was the Walther

equation*’;

1
v =a + bdT° (6)

This equation formed the basis for the ASTM (American Society for Testing Materials)
standard for the description of viscosity variation with temperature (ASTM D341-722%);

loglog(v + 0.7) = b — clogT (7)

With the base of the logarithm being 10 and the units for v and 7 being centistokes (cSt) and
Kelvin respectively. This equation is very useful because it forms the basis of the ASTM chart
which can be used to find the viscosity of a given fluid when the viscosities at two other
temperatures are known however the equation should not be used to extrapolate to very low
temperatures. The ASTM equation is designed to work with kinematic viscosity but produces

satisfactory results when used with dynamic viscosity™®.
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The Viscosity Index of a lubricant is a measure of the kinematic viscosity dependence on
temperature and the higher this number is the less viscosity is affected by temperature
variations®. It is based on comparing the viscosity of the lubricant at 40 C with the viscosity
of two standard lubricants, the first having a VI of 0 and the second a VI of 100, while the
standard lubricants and the test lubricant share the same viscosity at 100 °C. When the value of
the viscosity index is less than 100, it is calculated by the equation;

_vL—vU

VI = ——
vL — vH

%100 (8)

With L being the oil with VI=0, H the oil with VI=100 and U being the lubricant the viscosity

of which is unknown.

2.3.4.4 Viscosity dependence on pressure

The viscosity of a lubricant increases significantly with pressure; in the case of a lubricated
gear pair the viscosity of the lubricating oil typically increases by more than 10* when the
lubricant gets squeezed in the high-pressure section of the EHL contact formed by the mating
gear teeth®'. For this reason an equation accurately relating the increase of viscosity to the

increase in pressure is vital for any EHL treatment of gear teeth contacts.

The most commonly used equation to describe the variation of viscosity with pressure is the

one given by Barus®?;
Mp = 1M0e™ (9)

Where the viscosity of the lubricant at pressure p is 7, the viscosity at zero pressure is 1o and
the alpha value a is a coefficient called pressure-viscosity coefficient which is approximately

constant up to a pressure of about 10° Pa.

When the pressure is higher than that there are two equations which can be used; the first of
which is the Roelands equation which was proposed in both temperature corrected form
(including the temperature variation) and in pressure corrected form (simpler). The equation

below is the complete temperature corrected form*’;

<loge(%)(1+%)z(?:113355)50> (10)

Np = Nw€

In this equation, 77« 1s a viscosity constant (=0.0000631 Pas), z is a lubricant specific constant,

135C is a temperature constant where the viscosity becomes infinitely high (actually -135C),
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and 7, is the viscosity at atmospheric pressure and a reference temperature 7r. So is the

atmospheric slope index which is calculated using a chart derived from the ASTM chart.

The second equation that can be used is given by Cameron™;

Np =No(1+cp)™ (11)

Where n and ¢ are constants with n=16.

2.3.5 Film thickness and lubrication regimes

The thickness of the lubricant film formed between two surfaces is crucial for the operation of
any lubricated component. Achieving lubricating films that are just sufficiently thick can
significantly reduce friction and subsequently increase the efficiency of the component without
sacrificing durability®*. The thickness of the film compared to the surface roughness is what
determines the lubrication regime in which the contact operates. In conformal contacts, where
the pressures are relatively low and no significant elastic deformation of the bodies occurs, the
prevalent lubrication regime is hydrodynamic (HD) lubrication. A common application is

journal bearings.

However, when the contact pressure is very high (order of GPa>®) which usually happens when
the surfaces are non-conformal (gears, bearings, cams), the lubricant is subjected to such
extreme conditions that the viscosity increases dramatically, as described in the previous
section (piezoviscous effect), and the force that the lubricant exerts to the surfaces is such that
it causes elastic deformation (elastic effect). This lubrication regime is called

Elastohydrodynamic Lubrication (EHL).

The first equation that could be used to calculate lubricant parameters in a non-conformal
hydrodynamic contact was suggested by Reynolds* and is derived by appropriately
simplifying the full Navier Stokes equation. The equation is a description of the pressure field
between two surfaces when the surfaces are pushed against each other;

d (h30p +6 h3 ap —6{Uah+Vah+2 } 12

dx|n ox) ayl|nay| dx dy (w2 =wy)  (12)
This equation can be solved to calculate crucial lubrication parameters such as the pressure
distribution, the load, the friction force and hence the coefficient of friction as well as the flow.
It can be applied in convergent wedges and therefore to model thrust pad bearings as well as

journal bearings.
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When the surfaces are non-conformal (counterformal) and the contact operates in EHL regime,
the lubricant parameters are much harder to calculate as the combination of sliding
(characteristic of non-conformal contacts), elastic deformation and dramatic viscosity increase
has to be taken into account. For this reason, when these contacts were approached by Gumbel®’
and Martin®® using the traditional Reynolds equation, the predicted film thickness was too

small. Meldahl* incorporated the elastic deformation into his calculations, however, the

predicted oil film thickness was still unreasonably small.

The first solution to predict reasonable values for the film thickness in line contacts was
introduced by Grubin® and Ertel®' with the assumption that the surfaces under EHL would
deform according to the Hertzian theory for dry contacts. Their approach included piezoviscous
effects and accounted for the material properties, the speed and the load in the contact using

three non-dimensional parameters;

referred to as the speed, material and load (in this case for a line contact) parameter
respectively. U is the entrainment velocity, o is the viscosity at zero pressure, E’ is the reduced
modulus of elasticity, derived from the Young’s modulus, R, is the combined radius of
curvature, o is the pressure viscosity coefficient, W is the total normal load acting over the
width of the contact L. Grubin’s EHL film thicnkess equation is;

he
R'x

SE_L
gy 11

=1.95U"! (16)

Dowson and Higginson® ©

introduced a coupled approach by incorporating both the
piezoviscous and the elastic effect and produced a numerically derived solution to calculate the

central film thickness h. and the minimum film thickness hy;

ho —0.7—0.54——0.13
=265U G W 17)

!

=

c —0.69—0.56——0.1
i 3110 ¢ W (18)
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64 65 66 67

This work was further developed by Hamrock and Dowson who produced the most

commonly used equations for point and elliptical contacts;

;. 0.64
h —0.68—0.49——0.073 - Ry
—-=3630 G W (1 _ e 07() )(19)

;. 0.64
h —0.67—0.53——0.067 _ Ry
=363 G W (1 T >(20)

Finally, Chittenden®® ® proposed a new formula for film thickness calculation, taking into

account the effect of entrainment speed direction in an elliptical contact;

h —0.68—0.49——0.073 _096(RY
—% =300 vt w (1 —e 0-96(fo)> 21)

!

h —0.68—0.49——0. _336(RY
= 3.06 v W <1 —e 3'36(R’x)> (22)

ForR'x = Ry
2
h —0.68—0.49——0.073 _o.e7(BX)?
—2=3630 G W (1 —e 067(5%) >(23)
R'x
g
h —0.68—0.49——0.073 _130(R¥)?
°=430U G W ( e 3(7) )(24)
R'x
ForR'x <R'y

In the above equations there are two values to predict film thickness, hy and h., the first
referring to the minimum film thickness while the second refers to the central film thickness.
This is because in actual EHL contacts, the film does not have a constant thickness across the
area of the contact, i.e. the contact is not completely conformal. The thickness of the film varies
in the contact and can generally be divided into an area where it is relatively constant and a
constriction area which has the shape of a horseshoe where the film thickness is lower; the
central film thickness is commonly considered to be relevant to EHL traction while the

minimum film thickness determines the amount of metal-to-metal contact and hence the
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potential for damage accumulation. In addition, the above formulae are only applicable where
the contact operates in EHL regime where both the piezoviscous and the elastic effect occur

simultaneously.

In reality, a contact might operate in four different regimes depending on the occurrence of
each of these effects namely the rigid-isoviscous, the rigid piezoviscous, the elastic-isoviscous

(soft EHL) and the elastic-piezoviscous (EHL).

Therefore, the regime must first be identified and the appropriate regression equations must be
employed to evaluate the point or line contact’® ’!. Images of a point and a line contact operating
in EHL regime obtained using a technique called optical interferometry can be seen in Figure
2.972, This technique employs the use of a light source and a transparent solid coated with a
semi-reflective coating to produce images of the EHL contact in operation usually between a

sapphire disc and a steel ball”>.

Figure 2.9: An interferometry image of an EHL point contact (a) and an EHL line contact

(b)72

When the thickness of the lubricant film that separates the two surfaces becomes very low then
surface asperities start to interact. Under these conditions, the load is only partially carried by

the lubricant film with the asperities carrying the reminder through solid-to-solid contact. This
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lubrication region is called mixed lubrication. When the pressure becomes so high that the
lubricant cannot separate the two surfaces anymore and it practically gets trapped between the
contact asperities then the asperities carry all the load; this region is called boundary
lubrication. These two regimes are very important because they are commonly encountered in
highly loaded components such as gears, cams and tappets but also in heated, misaligned or
otherwise poorly setup components which would otherwise be expected to operate in full film
conditions. Many damage mechanisms like seizure and wear originate in these regions and

therefore understanding their operating principle is crucial for reliability and durability.

The concept of mixed and boundary lubrication regimes was largely based on the work of
Stribeck’ which dates back to the nineteenth century. This work resulted in one the most
widely used tools to describe the regime in which the contact operates in terms of film thickness
and friction coefficient, the Stribeck curve. This curve shows the variation of friction with a
combined parameter of viscosity, load and speed demonstrating how the friction coefficient
changes from a very high value when the lubricant film is non-existent (boundary) to a lower
value obtained in fully separated contacts operating in EHL or HD. The transitional area
between boundary and EHL is not clearly defined and it is a representation of the mixed

lubrication regime. A typical Stribeck curve explaining the different regimes is shown in Figure
2.10%,
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Figure 2.10: A typical Stribeck curve and the lubrication regions*.
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As mentioned earlier in this chapter, the critical balance that must be achieved for optimal
efficiency without sacrificing durability and reducing operational life is related to the film
thickness. A value that is very low can cause the component to operate in boundary and mixed
lubrication regimes, with resulting increase in surface damage. On the other hand if the film is
excessively thick then the friction will rise as a result of the lubricant’s resistance to shear. A
parameter that is commonly associated to the Stribeck curve and is used as a rough indicator

of the operating regime is the lambda ratio;

ho
A =—>(25)

qc

Ry = /Rgl +RZ, (26)

And Ry Ry, is the RMS roughness of surface 1 and surface 2 respectively. Generally, when

Where

the component operates at a lambda ratio significantly above 1 (usually between 2 and 4) a
satisfactory life is to be expected’. On the other hand when the component operates for an
extensive period of time at lambda ratios below 1 the operational life can be expected to

reduce’®.

2.4 Losses in transmission systems
2.4.1 Gear EHL losses

When a gearbox is in operation, the power losses, usually in the form of heat can originate from
gears, bearings and seals, as well as auxiliary components'#. Regarding gear and bearing losses,
they can be separated in no load losses, which are present regardless of a load being applied,
and load-dependent losses whose magnitude depends on the applied load. The no-load losses
depend mainly on lubricant parameters such as density and viscosity whereas the load losses
depend on the load, the sliding velocity and the friction coefficient. A breakdown of these
losses is shown in Figure 2.11; the efficiency of a gearbox is highly dependent both on the

magnitude and the relative proportion of these losses.
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Figure 2.11: Losses in a typical gearbox

The source of gear EHL losses is the friction generated in the path of contact formed between
the mating surfaces of the gear teeth. This loss depends on the value of the friction coefficient,
the normal load applied to the contact and the sliding velocity. There are numerous published
theoretical models to evaluate the friction-based mechanical efficiency both for spur and helical
gears with the main difference owing to the way the friction coefficient is evaluated. A group

of models77 78 79 80

use an average value for the friction coefficient, 1, which is constant along
the path of contact while other models®! 82 & # 85 % differ in terms of allowing the friction
coefficient to vary at each point of the contact path. These models have commonly used the
results obtained from a two disc machine, originally developed by Merritt®’, to offer a
simplified approach to model a gear teeth contact, to form empirical formulae. Some of the
most widely used empirical formulae for traction prediction have been developed based on a
similar two disc machine concept such as those from Benedict and Kelley®® and Cameron and

d90 91 92 93 94 95

O’Donoghue®. Finally, models have been develope which negate the use of

empirical equations and are based on physics to calculate the coefficient of friction.

In order to extract representative and accurate Elastohydrodynamic traction predictions, one
must consider two main factors. The first is the extremely complex rheological behaviour of
the lubricant under the severe conditions that are encountered in a typical EHD contact.
Rheological equations have been developed to account for this complex in-contact behaviour
such as the Maxwell-limiting-shear-stress model which will be used in this study. The second
effect that must be taken into account is the strong coupling between temperature and traction

which is encountered in all EHD systems which mix rolling and sliding. In a gear contact, the
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slide to roll ratio varies drastically along the contact path and its effect on traction prediction

must be taken into account accordingly.

The friction coefficient affects the temperature of the lubricant inside the contact and the
amount of heat generated within the contact. The amount of heat generated in the contact will
directly affect the temperature of the surrounding bodies and, in turn, heat up the lubricant that
will be fed back into the contact and change the EHD film thickness. In conjunction with the
lubricant rheology which will be different at the elevated temperature, the lambda ratio will be
affected and consequently the friction until the system reaches thermal equilibrium. In addition,
the temperature of the lubricant at the inlet will also be determined by the temperature of the
bodies. In turn, temperature strongly affects the rheological properties of the lubricant and

therefore the friction coefficient.

Therefore, the combination of lubricant parameters, surface roughness, film thickness and
thermal effects must be taken into account and the interaction between them should be
continuously evaluated using an iterative process as they are strongly coupled. Most existing
models fail to account for one or more of the above. Furthermore, the friction coefficient in
gear teeth contacts should be calculated along the contact path and average values or empirical
models should be avoided. As the friction varies drastically along the contact path, models
based on empirical equations are limited to a specific range of conditions and cannot account,
for example, for the low slide roll ratios which are observed close to the pitch point. Moreover,
experimentally derived models fail to account for the thermal coupling, the specific lubricant
rheology and the different surface characteristics. As a result, they fail to be flexible when the
setup, the lubricant or the geometry change. The latter is very important as friction behaviour

is drastically different depending on surface texture and roughness.

Ideally, the friction coefficient should be calculated using an iterative approach that
simultaneously takes into account all of the aforementioned transient effects in the most
accurate way possible while at the same time making some necessary simplifications to avoid
excessive computational demand. Surface roughness is crucial and should also be taken into
account in the calculations especially so because gears tend to operate in the mixed and
boundary lubrication regime. Olver and Spikes’® have published a comprehensive model based
on Eyring theory to predict the friction and temperatures in an EHL contact which can be
readily modified and adapted for gear applications, as is done later in this thesis. Their model

uses the approach developed by Johnson and co-workers®” *® *° to predict traction and combines
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this with an analysis of the heat transfer between the contact and the surroundings to predict
the temperature rise within the EHL film. The film thickness is calculated using the EHL
regression equations and the variation of lubricant parameters with pressure and temperature is

taken into account through measured data'®.

In the model, the operating regime of the contact is determined through the use of several non-
dimensional parameters as described previously and then the mean shear stress in the contact
can be evaluated using a suitable equation. Once the mean shear stress is known, the fluid
friction coefficient can be evaluated as the value of the mean shear stress over the value of the

mean contact pressure;

pn==(27)

ST

The strain rate can then be calculated as the sliding velocity of the contact over the film
thickness obtained through regression equations;

. Us 28

(o}

The approach by Johnson includes the assumption of a limiting shear stress which is a
maximum value that the shear stress carried by the lubricant cannot exceed. Therefore the shear
stress is capped at this limiting value when the calculated value is higher. When the fluid
friction coefficient is calculated, it can be modified to incorporate the surface roughness. The
temperature rise in the surface of the contacting solids, at the inlet and in the centre of the EHL
contact can then be calculated and the film thickness and shear stress can be re-evaluated using
the new temperatures until convergence is achieved and a final value of the friction coefficient

is calculated.
Finally the gear power loss can be evaluated as;
Pioss = .ueffWUS (29)

Where .5 is the effective friction coefficient incorporating the surface roughness, W' is the
total normal load and Uj is the sliding speed. This approach will be presented in detail in the

next chapter.
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2.4.2 Churning losses

When a component is rotating inside a fluid, churning loss is equal to the energy required to
overcome the inertial and shear resistance of the fluid and subsequently displace it so the
component can move. Churning is mostly dependent on the fluid properties, viscosity being
the most crucial; a high viscosity fluid will resist movement more than a lower viscosity fluid.
In the case of gearboxes, the immersion depth of the gears will strongly affect churning losses
as it determines the quantity of the lubricant that must be moved in order for the gear to rotate.
The drag torque of discs rotating in a fluid has been the subject of several studies!'®! 102 103,
Gears however exhibit a different behaviour compared to discs due to the difference in
geometry and thermal response. Gear churning has been experimentally investigated in studies
by Terekhov!®, Boness'® and Lauster and Boos!'% taking into account the lubricant rheology,
the rotational speed of the gears as well as the gear geometry and the immersion depth.

Boness’s experimental study included gear and discs submerged in oil and water and resulted

in a formula which includes a fit of a non-dimensional churning torque;

Cop = gnzstgcm (30)

Where C,, is the dimensionless churning torque, p is the lubricant density, 2 is the rotational
speed of the gear, S, is the immersed surface area of the pinion, R,, is the pitch radius of the
gear and C,, is the dimensionless drag torque which depends on the Reynolds number. The

proposed equation results in the drag torque increasing when a lower viscosity fluid is used, an

observation not in agreement with available experimental data.

Terekhov expanded on this work by changing the definition of the churning torque to include
the effect of the oil immersion depth, the gear geometry and the Froude (Fr) and Reynolds (Re)

numbers correlating their use to the experimental results;
Cen = pR*RybC,y, (31)
With

P

h 7 v, Y3 % N b \¥s
= — — = —_ P Uz
a=wlm) ) GB) (g) merrr 6

Where h is the immersion depth, V; and Vj is the volume of the gear and the oil respectively,

R, is the tip diameter of the gear and b is the face width of the gear.
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107 while

Another formula for the calculation of churning losses has been suggested by Hohn
Olver'® observed a reduced effect of viscosity when the rotational speeds are high by
comparing existing empirical models with new experimental data, obtained using a purpose-
built churning rig to test single and meshed gears immersed in various liquids. The study
observed large discrepancies between Boness’s and Terekhov’s empirical models and the
measured churning loss while it concluded that simply correlating the churning torque to a
viscosity based Reynolds number may be flawed. This assumption was recently validated by
Kolekar et al, who pointed out that the churning loss is controlled by the balance of inertial and
gravitational forces'?’.

HO 1T 3150 confirmed the aforementioned

Recent experimental studies by Changenet and Velex
assumptions and further improved the churning torque calculations by introducing several
additional parameters and producing more accurate equations for the prediction of churning
losses. While the basic structure of Boness’s equation remains, many parameters that led to the
latter having discrepancies compared to experiments have been adjusted. Their method uses a
critical Reynolds number to differentiate between a low-medium speed regime and a high speed
regime, with viscous effects included in the Reynolds number at low speeds giving way to
inertia effects at higher speeds. This two-regime method gives much improved predictions
compared to older models. Their model includes the sense of rotation of the gears, as it has
been proven to significantly affect churning loss through the creation of a “swell effect” where
the larger gear changes the effective immersion depth of the pinion or vice versa. In addition,

they expanded on the core churning model by studying the effects of enclosure and deflectors

on the losses.

The model by Changenet and Velex!''® was implemented to predict the churning results
included in this thesis as it provides the most robust way of calculating losses, taking into
account not only the lubricant and material properties but also the arrangement of the gears and
the kinematics. Furthermore, it has been validated by experiments. A detailed description of
the model, including a direct comparison and validation of the implementation employed in the

present study, will be given in the next chapter.

2.4.3 Bearing and seal losses

Load independent losses in bearings depend on the geometry of the bearing, the way the

bearings are arranged as well as the lubricant properties, mainly viscosity. Cylindrical roller
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bearings usually have low churning losses as do tapered roller bearings however for the latter,

the pre-load applied to the bearings can significantly increase the load-independent losses'!2.

Bearings losses that are load dependent, largely follow the same mechanism as gear losses.
Therefore, they also depend on the bearing geometry and size as well as the magnitude of the
load and the amount of sliding in the bearing elements. Figure 2.12 shows the losses in different

types of bearings and highlights the dependency of losses on the geometry.

The arrangement, pre-loading and temperature strongly influence the bearing frictional losses,
with the elevated temperature significantly reducing the lubricant viscosity and therefore
leading to reduced losses, provided that no increase of solid-to-solid contact occurs.
Experimental studies conducted on a manual 6 speed gearbox have shown that alternative
bearing arrangements (i.e. cross-locating tapered roller bearings vs. locating contact ball
bearings and non-locating cylindrical roller bearings) and designs can lead to a reduction of

losses of 50% at 40 °C and that the reduction persists at 90 °C, being 20%!"°.
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Figure 2.12: Bearing losses for different bearing designs (Adapted from '4)

Some studies have used empirical formulae to calculate the load dependent bearing friction

torque. One example can be found in Khonsari et al''* however there is a general lack of recent
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bearing friction models in literature and a full treatment of historical models is beyond the
scope of this thesis. A comprehensive model for the prediction of bearing losses has been
developed by Morales-Espejel''>. This model is unique in the sense that it separates the
physical sources of friction in a rolling bearing and individually accounts for each one before
adding them together to predict the overall frictional moment. The model takes into account all
the losses present in a rolling bearing, namely rolling friction, sliding friction, and drag. This
model is referred to as the “Four Sources Model”!'®. The model is experimentally validated
and widely accepted in the bearing industry. For this reason, it will be used in the current study

for bearing and seal loss prediction.
The equation to predict the total frictional moment in the bearing is given as;
M = @Qisp@rsMypy + Mg + Mgeq + Mdrag (33)

Where ¢;,, 1s the rolling friction factor, ¢, is the multiplication factor, M,.. is the total rolling
frictional moment, My; is the total sliding frictional moment, M,,; is the frictional moment of
the seals and Mg,.qq4 is the frictional moment due to lubricant drag. The model is able to
accurately reproduce Stribeck curves as the rotational speed increases, showing the transition
from high friction at low speeds to lower friction due to film build up at higher speeds, and the
reduction of film thickness due to starvation and shear heating at the contact inlet. The four
different sources of loss in a bearing according to the model are shown in Figure 2.13 (not
including seals). A more detailed description, including an explanation of the frictional moment

components and a validation of the current implementation will be given in the next chapter.
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Figure 2.13: The components of the total frictional moment shown for an open spherical

roller bearing operating in a high viscosity oil bath!'!3

2.4.4 Other losses

Other losses that are commonly encountered in transmission systems include windage and
pumping or pocketing losses as well as losses stemming from the use of auxiliary systems such

as pumps and circulation systems.

Windage losses arise from the resistance that the air poses to the movement of the gears and as
such the loss mechanism is similar to churning losses. These losses have been investigated by

several authors such as Loewenthal and Anderson'!” '3

whose work points out that the
contribution of windage losses to the overall loss is relatively small but they can become
important in very high speed applications. The same authors have published an equation for
the prediction of windage losses in a gear pair which shows that gear geometry (R;, b;) and
rotational speed (N;) as well as the air viscosity (y;) are the main parameters to influence

windage losses;
b:
Pwindage = C1(1 + 2.3 (R—‘) NZ8R}(0.028u; + C,)%? (34)
l
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Another study conducted by Dawson' '~ showed that windage in spur and helical gears is mostly

affected by geometry and it includes a formula based on result fitting;
Pyindage = N*°(0.16D%° + D*9F%75M115)10 — 20¢4 (35)

Where F is the face width, M is the module, D is the root diameter of the gear, ¢ is a parameter

and A is a constant.

Diab, Changenet and Velex'?° also studied windage losses in spur gears and their results show
good correlation with experiments. Generally, although windage losses have been extensively

studied, their overall contribution in practical gear applications is low.

2.4.5 Lubricant selection in transmission systems

The selection of lubricant is a crucial factor for reliable operation of a gearing application.
However, its significance on efficient operation commonly does not receive sufficient
attention, partly due to the lack of available understanding — this is one of the more important
factors which this thesis attempts to address. The selection of lubricant additives is also very
important and they should be used only when they are necessary. Usually, the procedure to test
a lubricant involves load carrying tests to evaluate failure mechanisms such as scuffing and

121 gear tests!?? 123, the test using

scoring. Some of the most commonly used tests are disc tests
a four-ball setup'?* and the Timken test!?>. Lubricant thermal response has been studied by
Olver'?®, who used a disc machine to point out that the response is strongly influenced by the
skin temperature of the component, something that is expected to be the case when additives
are operating. It is also important that the skin temperature is calculated or measured at all
points of the regime where the component operates, therefore the chosen method should cover

the expected operating temperature range.

Despite the significance of the specific lubricant rheology, there are not many studies to
account for the effect of different lubricants on the predicted efficiency and the ability to
pinpoint differences between lubricants in terms of fuel economy is currently limited. Petry
Johnson et al. 1?7 have tested multiple lubricants in order to study this effect with their results
showing that the overall efficiency is indeed affected by the lubricant type and the difference
between lubricants can be very pronounced. Moreover, the automotive axle efficiency study of
Kolekar et al'?® has showed that the ranking order of lubricants can change according to the

specified duty cycle with high viscosity friction modified oils being more efficient in severe
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conditions and lower viscosity oils being better for city driving or low duty driving conditions

for axle applications considered.

In this study, an attempt to experimentally characterise the lubricants will be made by means
of ball on disc tests. This will allow for a more accurate modelling of the lubricant’s properties
under varying temperature and pressure conditions. Extracting specific coefficients and
parameters directly from high contact pressure friction tests is an indirect way to measure the
properties that cannot be measured normally. A wide range of contact pressures and
temperatures will be used to create a database of lubricant rheological properties that can then
be incorporated in any gear efficiency study to improve the accuracy of the predictions. As
there are no published studies that include lubricant rheology in this detailed way, this is
expected to improve the current understanding of trends and the behaviour of the lubricant
under variable duty cycles. Ultimately the aim of this work is to develop a method not only for
accurate efficiency and temperature predictions in a gearbox but also aid in the formulation of

bespoke, application-specific lubricants.

2.4.6 Gearbox efficiency

The subject of gear-related efficiency has received increasing attention since the 1980’°s with
field pioneers Anderson and co-authors'?® 13°. They calculated efficiency of simple spur gears
and incorporated bearing and churning losses. Their predictions generally showed good
agreement with experimental results from spur gear test rigs however the range of conditions
was relatively limited as the experimental data available at the time was not very accurate at
part load. The studies used empirical formulae for the calculation of friction and the prediction
of bearing loss which have much improved since and there was no provision to predict in-
contact temperatures, which had to be estimated from the experimental oil supply temperature.
Nevertheless, these studies were of significant importance, as they approached the efficiency
problem in an integrated way taking into account auxiliary losses and also studying the

breakdown of different losses within the system.

Interest in gear efficiency has become even more significant in recent years aided by more
stringent regulations and the need to prevent environmental damage. The experimental study
of Petry Johnson and co-authors'?’ involved an integrated multi-loss approach studying
multiple lubricants. They used a jet lubricated FZG-type back to back test rig and studied the

breakdown of losses under full load, part load and no load using three different lubricants at a
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constant temperature. They also accounted for different values of surface roughness
(chemically polished and ground gears) and different teeth number. Their results showed that
gear efficiency remains relatively constant when the speed and torque increases, that the normal
module and the surface roughness significantly affect gear power loss and that lubricant
viscosity is the most influential factor for churning losses. Finally, they stressed the importance
of lubricant selection at the design stage in order to maximise efficiency. Many of the findings
from this study are compared to their results and the modelled gear pair in chapter 6 has the
same geometry as the 23T gear pair that was used in that study. One drawback is that all the
tests were performed under steady state temperature conditions and subsequently fail to
account for temperature variation. Also, in a dip lubricated gearbox, the loss distribution could

be different compared to the jet lubricated FZG test rig.

Li & Kahraman'*! and more recently Chang & Jeng!*? focused on a single spur gear pair. In
the first case, the focus was on gear load-dependent losses and the study also included transient
effects. The predictions were compared to experimental results from Petry Johnson et al'?’ and
they were in good agreement. The second study uses Eyring’s equation to connect shear stress
and shear rate and also uses the well-established Barus equation to describe the viscosity
variation inside the EHL contact. It goes on to study the effects of gear geometry and lubricant
properties on the efficiency of the gear and compares results to Petry Johnson’s study with
good accuracy.

Michaelis et al.'*

also published a comprehensive study involving an FZG type gearbox and
including additional losses due to churning as well as bearings and seals while more authors'*?
134 have also considered applications to industrial gearboxes in their models. As mentioned
previously, all the methods and techniques for gear modelling and efficiency predictions do
not apply only on automotive gearboxes but practically on any geared transmission including
industrial and other heavy duty applications. In Michaelis’ study the focus was on optimising
gearbox efficiency using high loss wind turbine gearboxes as an example of potential energy
savings through the use of low viscosity oils (for no-load losses), more efficient bearing

arrangements as well as low-loss gears (short-teethed wider helical gears) for reducing load

dependent losses.

In addition to gear friction, no-load losses, mostly due to churning of the lubricant, are of
particular importance for the efficiency of dip lubricated components. Since the use of dip

lubrication is very common in all kinds of gearboxes, the accurate prediction of these losses is
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crucial for gearbox efficiency. As mentioned earlier, authors such as Changenet & Velex!'!? !

extensively studied the role of this type of losses and pursued the most accurate way of
modelling their complex nature taking into account the specific geometry of components as
well as the design of the casing and deflectors. Their study also focuses on the significant added
loss in a system where the gears rotate anti-clockwise (i.e. the oil is being splashed upwards)

and new empirical formulae are proposed which incorporate the sense of rotation.

In the quest of augmented efficiency, the thermal behaviour of components is key. Several
flows are created by the various heat sources acting simultaneously inside an operating gearbox
which are particularly challenging to study using analytical equations mainly because of the
complex component geometry. Authors like Long & Lord!"** and Taburdagitan'*® used a finite
element approach to model spur gear pairs and predict surface temperatures under specific
conditions. These studies produce mixed results as sometimes they overpredict surface
temperatures, unless the boundary conditions are experimentally derived, while generally they

fail to accurately account for the coefficient of friction, using average values instead.

Another way to include thermal effects and get close to a coupled efficiency model is through
the use of thermal networks. Changenet and Velex'®*” modelled a six speed gearbox using a
thermal network approach which included the use of interconnected lump thermal elements
and was based on analytical equations. This is the only efficiency study which relies on existing
models to simulate a six speed gearbox and includes comparisons to experimentally derived
results using a bench test of an automotive gearbox. It considers gear friction as well as bearings
and churning. The results are in good agreement with the measured data for that gearbox when
a combination of bulk temperature predictions and power loss calculations is considered.
Nevertheless, the model is steady state and uses a least accurate prediction for the coefficient
of friction and fails to account for the specific lubricant rheology. Moreover, a moving vehicle
would be exposed to additional heat loss to the environment which is important for temperature

and therefore efficiency predictions and there is no comparison between lubricants.

All of the aforementioned studies have produced useful results for gear efficiency predictions
however, there is no published study to date that goes beyond describing the lubricants using
the basic variables such as viscosity, density and thermal conductivity at atmospheric pressure.
There is no doubt that viscosity is indeed very influential for power losses and there is a lot of
research aimed towards accurately describing the way viscosity and the other lubricant

properties vary inside the EHL contact. Further lubricant testing is needed in that direction as
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two lubricants with different formulation but similar viscosity ratings could behave very

differently under high contact pressures, as will be proven in this thesis.

Another important consideration is that FZG test rigs are not fully representative of a multi
stage gearbox. The losses breakdown can be significantly different depending on the
application and the conditions. There is usually a very broad range of conditions that a gearbox
operates in and a good model should be able to readily adapt to these conditions - it is much
easier to change input conditions in a simulator than building a test rig. Most studies fail to
make provision for transient conditions and focus on steady state predictions instead. However,
pseudo-steady state conditions are not commonly encountered in practice, especially in
automotive applications where a car or heavy goods vehicle (HGV) is subjected to a highly

transient drive cycle.

Finally, it has to be noted that there are two degrees of thermal coupling that must be taken into
account when considering a real life gearbox. The first is the coupling between the EHL
contact, bulk and inlet temperatures, friction coefficient and lambda ratio, and the second is the
coupling of the components to the environment. There is currently a need for a comprehensive
method to accurately predict in-contact traction and power loss at every point of the gear
contact path, using experimentally characterised lubricant rheology. The method should take
into account the additional loss sources using the most up to date models and predict losses for
an entire gearbox under different duty cycles. Most importantly, it should be applicable to any
geared application and the predicted values should compare well to experiments, preferably to
a real life application where there are many additional and unpredictable parameters to take
into account. In this thesis, an attempt will be made to develop a model that can be easily

adapted and used by manufacturers for testing purposes in the design phase of a component.
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3. METHODOLOGY FOR
THE PREDICTION OF POWER
LOSSES IN A GEARBOX



3.1 Introduction

In this section, the modelling methodology to predict friction losses in EHL contacts between
gear teeth contacts, including the adopted approach for prediction of tooth flank and contact
temperatures, will be presented. This core model will later be incorporated in the overall
efficiency model for an automotive gearbox. First the individual parts of the model are
described and then the overall model algorithm for gear teeth contacts is presented. Each
module, namely the EHL friction model, the churning and the bearing model will be validated
against published experimental and analytical predictions. These separate modules will then be
coupled and the complete model will be used to simulate a single stage spur gearbox and a six
speed commercial automotive gearbox, the results of which are presented in chapters 5 and 6

respectively.

3.2 EHL loss prediction
3.2.1 General approach

Perhaps the most important consideration for accurate EHL traction prediction is the thermal
coupling within and around the contact. As mentioned above, empirical models for EHL

prediction such as the Benedict and Kelley model®®

, might give a satisfactory prediction for
quick calculations however they fail to capture the complicated coupling of the temperatures
inside and outside the EHL contact. A typical EHL contact between two rotating non-

conformal bodies is shown in Figure 3.1.

"\
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Figure 3.1: The temperatures in the EHL contact
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There are two temperatures that are crucial in the calculations; the first is the temperature of
the film (Toil), which affects traction; all the lubricant properties used to calculate traction have
to be evaluated at that temperature. However, the thickness of the lubricant film depends on
the viscosity at the inlet which in turn is strongly dependant on the inlet temperature. The
assumption here is that the temperature of the lubricant immediately before it enters the contact
is determined by the temperature at the surface of the two bodies (Tb1, Tb2). Since the bodies
have higher temperature than the surroundings, a weighted average of the two temperatures

(Tb) is used to define the inlet temperature. This will be detailed in the next section.

Inside the EHL contact, heat is generated because of the rubbing of asperities and also because
of shearing of the lubricant film, as the two bodies move through the contact. This heat will be
conducted through the lubricant film and the two bodies and will therefore affect their surface
temperature. In order to calculate the amount of heat entering each body, the use of a heat
partition is necessary because the two bodies will not always have the same surface
temperatures as the two bodies can have different geometry (in the case of gears, they are
usually of different size). Finally, the mean film temperature which ultimately defines traction
can be estimated by adding the temperature rise due to asperity contact and shear heating (shear

is assumed along the central plane) to the bulk temperature, Tb.

In the case of a gear contact, where the radii of curvature of the contacting bodies change
continuously along the contact path, it is necessary to perform these coupled calculations at
every point along the contact path hence an iterative scheme has to be employed to account for
this transient behaviour. Furthermore, any prediction of the friction coefficient needs to take

into account the surface roughness since gears operate mostly in the mixed lubrication regime.

In this study, an iterative numerical calculation scheme to account for the transient variation of
contact conditions will be developed, based on the methodology of Olver and Spikes®®, which
will be expanded and adapted to calculate traction in gear contacts. Gear surface roughness will
be incorporated in the scheme through the use of an effective friction coefficient. Once the
friction coefficient in the contact path is known, the instantaneous power loss and therefore the
efficiency of the pair can be found. Finally, existing models will be used to account for churning

and bearing losses. All of the core models used will be validated against published results.
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3.2.2 EHL film thickness and traction prediction

The model used to calculate friction and predict temperatures within the EHL contact adopts
the approach of Olver and Spikes®® for predicting contact temperatures in a dip lubricated disc

pair. The EHL regression equations developed by Chittenden%® ¢

, presented earlier, are used
to calculate the minimum and central film thickness. For a line contact, where R’y = 0, these

equations become:

ho 363 U0.6850.49W—0.073 36
IQIXT-_ ' ( )
h. —0.68—0.49——0.073

Rx = 4300 G W (37)

Where the non-dimensional parameters

— Uno
U= ER (38)
G = ay,E' (39

are the speed, load and material parameter respectively.Once the film thickness is calculated,
the strain rate can be evaluated using the equation:

. Us A1
y_hc( )

This assumes a constant velocity gradient in the central film area where the film thickness is
equal to h.. In the film thickness calculation, the viscosity should be evaluated at the
temperature and pressure of the lubricant immediately before it enters the EHL contact (contact
inlet). Therefore, the viscosity of the lubricant at 40 °C and 100 °C has been used in conjunction
with the ASTM equation to evaluate the viscosity at the temperature of the contact inlet.
Initially the actual temperature is not known and therefore the starting temperature of the oil

sump is used in the calculation.

To evaluate the friction coefficient in a high pressure EHL contact, the relationship between
the strain rate y and the shear stress 7, is needed. The most appropriate way of describing this
relationship for a lubricant has been a subject of a heated debate recently. There are generally

t138 139

two approaches; the firs uses the traction results from tribometers to derive the
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rheological properties of the lubricant and the second 4’ 14! involves the use of high pressure
rheometers to evaluate the behaviour of the lubricant under high stresses and strains. Both
methods have limitations but they can both be successfully applied to predict EHL traction as

shown by Spikes’?’2.

This work adopts the first of the above approaches, using traction coefficients obtained in a
ball-on-disc tribometer in combination with the Eyring rheology model, to describe shear stress
— shear rate relationship for the chosen lubricants. In the Eyring model'#?, the shear rate and

shear stress are connected through the equation:
= 2sink (=) (42
r=9 sin = (42)

In order to apply this equation, the viscosity must be evaluated at the temperature and pressure
inside the EHL contact. To achieve this, the temperature and pressure-corrected Roelands

equation is used.

0 D \Z(Tr+135\50

me _ (o) (1+2) (D))

— (43)

Neo
The mean shear stress in the contact is calculated using the Ree-Eyring approach, as adapted
by Johnson and co-workers!*® 144 145 however other methods can also be applied just as well'6.
Evans’s'*” assumption that the basic lubricant properties remain constant within the EHL
contact is utilised in the model. In order to define the regime where the contact operates, Olver

and Spikes®® use three non-dimensional parameters:

S = @ (44)
MU
D 45
0 =30 49

T
7o = — (46)

(o]

Where S is the non-dimensional strain rate, D, is the Deborah number, U is the entrainment
speed, @, is the Hertzian contact half-width in the entrainment direction, G, is the effective
elastic shear modulus, 7. is the limiting (or critical) shear stress and t,, is the Eyring stress.
After these parameters are calculated then the mean shear stress in the contact can be evaluated

with a suitable equation for the identified regime as shown in Figure 3.2;
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Question Criterion Mean shear stress formula

Stage 1
Is the response viscoelastic? ie. Dy=>1
Is there shear thinning? i.e. § >sinh 1

Stage 2
If the response is not viscoelastic and T =5
there is no shear thinning, then
If there is shear thinning but the response 7" =sinh~'§
is not viscoelastic, then
If the response is viscoelastic but there is 75 = S[1 — Dy(1 — e VD)
no shear thinning, then
If the response is viscoelastic and there is v &~ In(2S) — In(1 +2|S — 4 e~5"/2Dw))
shear thinning with 7* > 2, then (see text)
Stage 3
Is the plastic limit reached? ie.T > T
If so, then discard previous value and put T =T

Figure 3.2: Determination of lubrication regime for EHL traction prediction in Olver and

Spikes model®®

When the predicted mean shear stress exceeds the critical value of the limiting shear stress then
the value is capped. In this study the operating regime for the gear pair has been almost
exclusively in the shear thinning non-viscoelastic regime where the non-dimensional shear

stress can be expressed as the reverse hyperbolic sinus of S.

Once the shear stress is known, the fluid friction coefficient us can be calculated as;

R’ —(1 + 1)(50)
8 Rxl sz

Where F is the normal load, E™ is the contact modulus, L is the contact length and R, is the

reduced radius of contact.

Since gears routinely operate in the mixed lubrication regime, surface roughness needs to be

taken into account in the friction calculations. This can be achieved by means of the lambda
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ratio as described in the previous chapter and a formula has been suggested by Smeeth and

Spikes'*® to incorporate surface roughness;

_ Up — Uf
W=+ a+nm (51)

Where pif is the fluid friction coefficient, u;, is the boundary friction coefficient, A is the lambda
ratio and m is a coefficient with a value of 2. This way of incorporating the surface roughness
represents an interpolation between the full film conditions where the friction coefficient is
equal to us and the boundary regime where the friction coefficient has the value of ;. This
approach is supported by some recent experimental evidence by Bair et al.”® and Guegan et
al.'* who pointed out that the lambda ratio is representative of mixed lubrication in rough

contacts.

3.2.3 EHL contact temperatures

As pointed out above, the EHL traction has to be evaluated using the viscosity, and hence the
temperature and pressure, within the EHL contact, whereas the film thickness is determined by
the lubricant viscosity, and temperature, at the contact inlet. Therefore, there is a need to predict
both the inlet and the contact temperatures. Commonly these two temperatures can be treated
individually, but in case of gears there is a strong connection between them as the heat that is
generated in the gear teeth contacts, which is dependent on contact temperature and traction,
increases the temperature of the rotating gear as a whole, which in turn affects the inlet
temperature since this is equal to gear tooth flank temperature. An additional complication
occurs due to the two gears potentially rotating at different speeds and hence having different
tooth flank temperatures, necessitating the introduction of some means of accounting for this

difference when calculating the oil inlet temperature.

The heat flow from the contact to the surroundings can be described as follows; initially, the
temperature of the lubricant is equal to the temperature of the oil bath, Tg;,y,. This is assumed
to be constant and equal to the ambient temperature, T, when just the EHL contact and the gear
contact is considered — no coupling to the environment. As a result of contact friction there is

a contact flash temperature rise (4Tf) 4, which for a line contact can be calculated as’®;

UT) 0y = 1.06a,q ()(1“0
flav —

1/2
el ) — 1.06B,ayd (52)
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Where A is the total contact surface area, k is the thermal conductivity of the material, g is the
total heat generated in the contact due to sliding, y; is the thermal diffusivity of body 1, a is
the contact half-width, U, is the speed of body 1 and a, is the heat partition which is a measure

of the proportion of the total generated heat entering body 1;

1.06B, + Zkh—CA + M,
ay, = - (53)

Where By, B, is the transient thermal resistance of the two surfaces, M;, M, is the total steady
state thermal resistance for bodies 1 and 2 respectively (equation 59), calculated using the thin
disc approximation from Olver!?®, and k,;; is the thermal conductivity of the lubricant. It has
to be noted that the flash temperature rise equation is written for body 1 however the result

would be the same for body 2 except 1 — a;, would have to be used instead.

In nominally dry contacts, the above is sufficient to predict contact temperatures. However, in
the case of an EHL contact where the lubricant film has a non-negligible thickness, there will
be heat generated through shearing and the heat division happens somewhere within the
lubricant film itself. The assumption that the lubricant shears across the centre of the contact
has been suggested and experimentally validated'>®. Therefore the temperature rise of the
lubricant over that of the contacting surfaces, (4T,;;) 4, can be evaluated;

uWUsh,  UgTh,
8Akoil 8koil

(AToil)av =

Where W is the total normal load and U; is the sliding velocity.

The heat that is generated in the contact is conducted through the solid surfaces. As a result of
this phenomenon, the surface temperature of each body will rise and when the surfaces enter
the contact again, their elevated temperature will cause an increase of the inlet temperature
which will be higher than T, and equal to the weighted average of each body’s skin
temperature rise. The inlet temperature will then be;

T = UiTgy + Uy Tp,
B U, + U,

(55)

Where

Tg = Tsump + apqM, (56)
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Tg, = Tsump +(1- ah)qM2(57)
is the skin temperature rise and U,, U, are the velocities of the two bodies respectively.

Finally, to calculate the mean temperature of the film itself the three components must be added

together so that;

T=Ty=Ts+ (AT + (AToi)av (58)

3.2.3.1 General approach
3.2.3.2 Heat transfer coefficients and gear thermal resistance

The method described above, which forms the basis of the Olver and Spikes model”® can be
directly applied to discs operating in fully flooded conditions without any modifications. For
gears operating in a lubricant sump however there are additional complications that need to be

taken into account.

As shown above, in order to evaluate the heat partition, one needs to calculate the steady state
thermal resistance of the two bodies, M; and M, respectively. For each of the bodies, the total
thermal resistance consists of two elements; the thermal resistance of the track and the thermal
resistance of the sides. If these are known, then the total thermal resistance for each body can

be found as follows;

1

M = 59
rotal 1/]Mtrack + 1/jusia’es ( )

In order to calculate the thermal resistance for the track, the assumption of a cylinder of infinite
length is made where the face width is much larger than the radius i.e. »>>R so that heat is

lost only through the track. Then the thermal resistance of the gear track can be calculated as'>!

1

Myyqek = ZIZ'RW (60)
t

Where 4, is the convective heat transfer coefficient of the gear track.

To calculate the sides steady state thermal resistance, another assumption has to be made, the
“thin disc approximation”. This essentially treats the disc (gear) as a very thin disc where the

face width is much smaller than the radius i.e. 5 <<R. Furthermore, the thermal gradient is
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assumed to be in the radial dimension only. Then the standard solution for a circular cooling

fin can be applied and the sides steady state thermal resistance can be calculated as'>?

1/2
M g;gos = (8.88(hskb)' 2 R RQ2hy [ kD) "] “L(61)

Io[R(2hg 1 kb)Y 2]
Where h; is the convective heat transfer coefficient of the gear sides, k& is the thermal
conductivity and [1[R(2h / kb)l/z] Io[R(2hg/ kb)l/z] are modified Bessel functions of the

first kind — first and zero order respectively.

To calculate the heat transfer coefficient for the gear sides the standard solution for forced

convection over a flat plate of length L in laminar flow can be used

hy L
koil

Nu = = 0.664Re'/?Pr'/3 (62)

Where Nu is the average Nusselt number for a plate of length L, representing the ratio of total
heat transfer to conductive heat transfer, Re is the average Reynolds number and Pr is the
Prandtl number. For a disc, one can set L = 2zR, which is equivalent to assuming that the
cooling lubricant is expelled once per revolution and then the average heat transfer coefficient

for the sides can be estimated as:
hs _ 0.265R_1/2U1/2p1/3Cp1/3k2/3v_1/6(63)

Where U is the entrainment speed of the lubricant. This shows that the heat transfer coefficient
for the gear sides is largely independent of temperature as the exponent of the lubricant

viscosity is weak.

When it comes to the gear track a different approach was followed to improve the calculations
by including factors that are not taken into account in the equations above. The assumption
here was that a pocket of oil rests on the gear tooth which absorbs all the heat generated in the
contact. That pocket of oil is trapped between the gear teeth, heat is conducted from the (hotter)
gear and then the oil is expelled during meshing. While the oil is in contact with the tooth, the
problem becomes that of 1-dimensional transient conduction from the metallic body to the oil.

Following the standard solution from literature

. kAT

q; = E(“)
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One can find the average rate of heat flow over a specific period of time. This can be assumed
to be the duration of one rotation or the amount of time that the gear spends in the oil sump.
The second approach was chosen as more realistic and therefore the immersion depth of the

gear now affects the heat transfer coefficient directly

1/2
— 1 ¢t. kAT 1 kAT t
gi=—| —dt=——-2—(65
! t jo NYV.771 te 7Ty 1/2 )

Where y is the thermal diffusivity. The heat transfer coefficient for the gear track can be

calculated as follows

hy = % = 0.2582(cos ' (1—h/R)) M2k 2a" 2 p12C V2NV 2 (66)

Where N is the rotational speed of the gear in revolutions per minute and # is the immersion

depth.

3.2.4 EHL numerical calculation scheme for gears

The EHL traction and temperature prediction model described above is now applied to real
gear teeth contacts. This presents additional complexities since the conditions, including
pressure, slide-roll ratio, entrainment speeds, film thickness and friction all vary along the
contact path. Furthermore, the inlet and contact temperatures are interdependent, linked
through contact traction coefficient and resulting frictional heat flowing into the gear bodies.
To deal with these complexities, an iterative numerical calculation scheme was developed and
implemented in Matlab. Two spur gears are modelled here, although the approach is just as

valid for helical gears provided the appropriate changes in geometry are implemented.

The specifics of this approach as the contact point X moves from A to B are shown in Figure
3.3. The base radii of the gears, as shown in the figure, are equal to O1T; and O,T or dp1 and
dv2 respectively, the tip circles have a diameter of dai and da.> while the pitch (or working)
circles of the gears have a diameter of dwi and dw2. The latter are equal to the reference
diameters if the addendum modification coefficients are equal to zero. Along the path of
contact, P is the pitch point where no sliding occurs (and hence the predicted friction coefficient
should be zero — something that is not captured by empirical equations). Finally, when
considering a gear pair, one must calculate the working transverse pressure angle, osw, which

is the angle between the line of action (common tangent to the base circles) and the line of
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centres. In order to evaluate the transverse pressure angle, the centre distance of the pair needs

to be known. As mentioned previously, for the single speed gearbox, the 23T gears from Petry

1127

Johnson et al'*" were used. Therefore, the geometry of the gear pair is known a priori and it is

used to work out the position along the path of contact and the appropriate contact radii.

a

Figure 3.3: The constantly variable radius of contact in a gear pair

In addition, the load sharing between gear teeth pairs needs to be accounted for. For the usual
contact ratio of between 1 and 2, the applied loading resulting from transmitted torque is either
carried by a single pair of teeth or shared between two pairs of teeth. For the variation in tooth
load during the double pair contact, the load was modelled as a linear interpolation between
zero and maximum value (that which is applicable in the single pair region). For simplicity
gears were assumed not to have any profile reliefs. The schematics of the load variation on a
gear tooth along the path of contact are shown in Figure 3.4, where the lengths AB and CD

represent the double pair contact while the length BC is where only one pair of teeth is in mesh.
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F/W

A B Contact Path Length C D

Figure 3.4: The load profile as modelled in the gear pair (W is the maximum value of the

normal load, F)

In order to apply the EHL model to a gear contact, the scheme has to include an outer loop
which calculates the friction along the gear contact path. The geometry of an involute spur gear
tooth flank dictates that the tooth’s radius of curvature is continuously changing as the gears
mesh. Therefore, a time interval is used to progress along the path of contact. All necessary
parameters for friction prediction are worked out at each time interval. It is important to
understand that there are two loops in the scheme; the first (inner) loop, which is repeated twice
to account for the average bulk temperature (explained below) calculates the traction inside the
EHD contact for a specific point in the contact path. The second (outer) loop is used to progress
along the contact path and repeats the first loop at each consecutive point. When the traction
and power loss is calculated at each of the 400 points in the contact path, the results are

extracted and saved. A flowchart of the overall computation algorithm is shown in Figure 3.5.
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Figure 3.5: Flowchart of the EHL model algorithm

The loop is initiated by assuming a value for the friction coefficient so that the calculation of
the EHL contact temperature rise is possible and all temperatures are set to be equal to Ty, -
The torque and speed inputs are set and the rheological parameters of the lubricant are
evaluated at the correct temperature and pressure. The viscosities are then calculated at the inlet
using the ASTM equation and inside the contact using Roelands equation. In the next step, the
film thickness is calculated from the Chittenden equation and the EHL friction is evaluated
using the non-dimensional parameters to decide the operating regime. All three new contact
temperatures can then be evaluated and compared to the initial temperatures; if the convergence
criterion of 0.1 °C is met, the instantaneous frictional power loss for that point can be found
simply by multiplying the load with the converged friction coefficient and the sliding speed.
Once all parameters converge, the steady state friction coefficient, contact temperatures and
dissipated heat are output by the scheme and the temperatures are coupled to the inputs of the
next point. The process is repeated until the friction, temperatures and losses are calculated at

each point along the contact path.

In the case of a gear contact, there are additional complexities that need to be accounted for.
Due to the cyclic variation of the contact conditions in the mesh, the heat input varies across
the contact path, resulting in different contact and tooth flank temperature predictions for each

time interval. However, given the speed with which the contact path is traversed, such fast
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temperature variations of the gear bulk temperature (tooth flank temperature) are unrealistic.
Therefore, the skin temperature used in the film calculations is the average of bulk temperatures
calculated for each time interval, which provides a more realistic approach as long as the bulk
temperature of the individual bodies is allowed to vary in order to account for size differences
between the mating gears. To implement this in the code, the full loop of the algorithm is run
once to calculate this average bulk temperature and then the loop is re-run, including
temperature at each time interval, using the average bulk temperature calculated on the first

loop as the oil inlet temperature.

As far as computational efficiency is concerned, the most significant factor that affects
calculation time is the number of points the contact path is split into, which in turn determines
the number of iterations for the internal loop (Figure 3.5). Using a personal computer with 16
GB of RAM and a Core 17 CPU, a simulation can be completed in under 2 minutes when the
contact path is split into 125 points. This number provides the best compromise between
accuracy and speed, and there is less than 2% deviation compared to the power loss predictions
obtained using 400 points, which take around 7 minutes. The results which will be presented
in chapter 5 were obtained using 400 points however the number of points was decreased to
125 for the six speed gearbox which will be presented in chapter 6. As the deviation of the
power loss prediction. Increasing the number of points beyond 500, where simulations of the
single speed gearbox take around 8 minutes, gives no further accuracy benefits even if larger

gears with longer contact paths are simulated.

Later on, this two loop scheme will be further expanded to take into account the multiple
components and the change of input conditions (torque, speed, ambient temperature and air
velocity) in order to calculate the losses in a multi speed gearbox under different drive cycles.
The mass of the individual components of the gearbox (including the lubricant) will be included
in the calculations through the use of a lump mass model. This will complete the thermal
coupling and allow for temperature and efficiency predictions from the multi speed gearbox to
be compared to the results of road tests. The results of this comparison will be presented in

chapter 6.

3.2.5 EHL friction model validation

There are no detailed treatments of film, traction and temperature of a gear tooth contact, so

for the purpose of validating the predictions of the current gear EHL loss model, its predictions
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were compared to published results of Olver and Spikes®® for a disc-on-disc example. To
achieve this, the present model was run in a simplified form and with identical conditions to
those considered by Olver and Spikes. The relevant inputs for the model can be seen in Table
1. It should be noted that they do not provide the relevant lubricant properties at all
temperatures encountered in the presented validation examples, and hence it was necessary to
extrapolate between given values in order to cover the complete temperature range considered

here.

An important issue that has to be taken into account in this case is the fit used to interpolate
and extrapolate the values that the parameters have at various temperatures. As illustrated in
the next figures, the predicted temperature in the film can theoretically reach up to 200 °C,
provided that the lubricant is able to reach these temperatures without boiling. Therefore there
is a need to find an appropriate fit to extrapolate to these higher temperatures. The fits that have
been used in this case are exponential fits between the values at 40 °C and 100 °C. The
exponential fit was found to better match the results and it was therefore applied as there was

no information in the published study on the fits used.

Table 1: Lubricant properties and disc geometry of system under consideration

Lubricant properties (ISO VG220) Disc Geometry
Property 40 °C | 100 °C Property Value
Kinematic viscosity, v (cSt) 220 17 Diameter (mm) 50
Density, p (kg/m®) 890 876 Width (mm) 5
Pressure-viscosity exponent, o Max contact
17.4 14.6 1.29,2.11
(GPa™) pressure (GPa)
Slower disc speed 100,4000,
Shear modulus, G (MPa) 110 12
(rpm) 20000
Eyring stress, te (MPa) 7 9 AISI 4340
Material
Thermal conductivity, kot (W/mK) | 0.14 0.14 steel
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The figures below show a comparison between the current model and Olver and Spikes results
for a range of different conditions. They show the effect of different slide roll ratios on a two
disc system. The Slide Roll ratio (SRR) is the ratio of the difference of the velocities of disc 1,

U4, and disc 2, Uy, (sliding speed) to the mean value of the velocities (entrainment speed).

Sliding speed U —U
SRR g sp _| d1 azl

= = 67
Entrainment speed Ug1 + Ugp 67)

2

The behaviour of the disc-on-disc example system used here is very dependent on the rotational
speed of the discs and the contact pressures. This may intuitively be expected since the slide
roll ratio and the rotational speed affect both the friction coefficient and the predicted
temperatures as well as the point where the limiting shear stress will be reached, as described

in Chapter 3 of this thesis.

In the first case (Figure 3.6) where the speed of the slower disc is 4000 rpm, the system reaches
the limiting shear stress but as the predicted temperature increases due to the higher slide roll
ratios, the shear modulus drops and the system reverts back to the viscoelastic shear thinning
regime. In the second simulation (Figure 3.7), the disc speeds are very high which results in
very low friction coefficients, characteristic of such systems due to the dominance of elastic
effects. While the total heat input is similar to the first case, the film thickness is much higher
and the thicker film insulating the two surfaces results in lower surface temperatures. Finally,
Figure 3.8 shows the behaviour of the system examined at very low speeds and lower contact
pressure where the limiting shear stress is reached very quickly resulting in a flat friction
coefficient while, due to the low speeds, shear is limited resulting in very slight temperature
rise. The published values were interpreted from the paper and the values calculated by the

current model fall within 2% of the interpretations in all cases.
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Figure 3.6: The effect of slide roll ratio on the temperatures and the friction coefficient
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Figure 3.7: The effect of slide roll ratio on the temperatures and the friction coefficient

when the slower disc rotates at 20000 rpm (Max contact pressure =2.11 GPa)
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Figure 3.8: The effect of slide roll ratio on the temperatures and the friction coefficient

when the slower disc rotates at 100 rpm (Max contact pressure = 1.29 GPa)

3.3 Churning loss prediction
3.3.1 Model description

Churning losses in the gearbox efficiency model were taken into account by means of
incorporating an experimentally derived model by Changenet et al''® ''!. This model has been
chosen in the current study because it includes several additional considerations which makes
the predictions under specific conditions more accurate compared to older models. The most
important consideration that was taken into account was the sense of rotation of the gears.
Changenet et al have proven experimentally that, when calculating churning losses for a gear
pair, simply adding the individual losses of the pinion and gear produces erroneous results for
a counterclockwise sense of rotation (when pinion and gear rotate in a way that the lubricant is
splashed upwards). This can be attributed to the occurrence of a “swell effect” where the larger

gear changes the effective immersion depth of the pinion or vice versa.

It has to be noted that the effect of air and lubricant trapping by the gear teeth has not been
directly incorporated in the aforementioned churning study, however, these additional losses
have been experimentally proven to be negligible with the swell effect being prominent. The
reason for this is that when the gear ratio is equal to one, the experimentally measured churning
power loss was found to be almost equal to adding the individual power loss of the two gears

thus proving that air-lubricant trapping related losses are relatively insignificant. At higher
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speeds or when lubricant is sprayed directly into the mesh, it is possible that these losses

represent a non-negligible proportion of the overall loss.

The model uses the expression for the calculation of churning torque in the form described by

equation

Cop = %nzstgcm (68)

With (2 being the rotational speed of the gear and R,, is the pitch radius of the gear. Then the
speed regime that the gears operate in is found using the critical Reynolds number:

OR,b

Re
¢ v

(69)

Where b and v the tooth face width and kinematic viscosity respectively. This critical Reynolds
number is employed to signify the transition from a low speed region to a high speed region.
This is necessary as it was found that it is impossible to develop a single equation for the
calculation of churning losses. The reason for this is that at lower rotational speeds, the gear
geometry’s influence is limited to the submerged surface area of the gear while the face width
and the tooth number can be neglected. On the other hand, when the speed is high, the viscosity
of the lubricant appears to be less influential, as the inertia forces become more significant
compared to the viscous forces. For this reason, a different formula is employed for the high
speed region, replacing the Reynolds number with the ratio of the face width over the pitch
diameter of the gear. The two formula method has been experimentally proven in a test rig
developed by Changenet et al and the results are in very good agreement with experiments, as

will be shown in the next section.

1110

The expression for the calculation of the churning torque used in Changenet et al.” "™ model is;

h 0.45 Vv 0.1
C, = 1.366(—) (—") Fr—06Re=021 (70)
" D, D;

When Re,. < 6000

0.1 -0.35 0.85
h Vo -0.88 b

When Re, > 9000

And a linear interpolation between the two formulae is employed when 6000 < Re,. <9000
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Finally, the overall churning power loss for each of the gears can be calculated:
Pep = Ccp Q0 (72)

An additional power loss that takes into account the rotation of the gears relative to each other

which under the circumstances described previously can create the “swell effect” is''?;

1
AP =5 p0*S,RIACy, (73)

With

h

u—1
AC, = 17.7Fr0'67—8 ll — <—> l (74)
u Rp
GEAR

Being the additional churning torque and u being the gear ratio. When the gear ratio is equal
to 1, the swell effect is negligible and there is no variation in the oil level under steady-state
conditions; under this condition, the additional power loss is zero. On the other hand, when the
gears’ rotation is clockwise (i.e. the gears have a tendency to splash the oil upwards) and there
is a difference between the gear and pinion diameters, the larger gear tends to elevate the
operating oil level of the smaller gear, causing an increase in the independent churning loss for

that gear. A schematic representation of this phenomenon is shown in Figure 3.9.

In the next section, the current implementation of the model will be compared to the published

results.

Figure 3.9: The swell effect in a gear pair
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3.3.2 Churning model validation

For the purpose of validation of the present implementation of Changenet et al model'!?, the
predictions obtained with the current code were compared to those reported by Changenet et

al. The results of this comparison are presented in this section.

The system considered by Changenet et al was a purpose built churning test rig, which
comprises an electric powered single gear pair which is dip lubricated. The level of the oil can
be adjusted and different gear pairs were tested. For the purpose of this comparison, all
lubricant properties, geometry and dimensions were identical to those used in Changenet et al.
There were four different gear pairs and three different lubricants that were modelled according
to the information reported by Changenet et al. Table 2 shows the most important parameters
of the system modelled. The only case when enough information was available to create exact
comparisons of the published model and the implementation included in the current thesis is
shown in Figure 3.10, which shows a graphic representation of the churning torque equations.
The critical Reynolds number determines which of the two equations will be used for the
calculation with the first used for lower values and the second used for higher values. The

numerical average of the two equations is used in the transition regime.

Figures 3.10-3.14 show like for like comparisons of the model and the previously reported
results. To reproduce this figure, the equilibrium temperatures had to be known for all
rotational speeds. The values for 1000 and 2000 rpm could be derived from the paper with a
temperature of 28 degrees for the first point and a value of 41 degrees for the second point,
resulting in exact predictions. For the 3 remaining rotational speeds, since the equilibrium
temperatures were not quoted in the experimental study, they were selected to match the results,
with an assumption of higher temperatures for higher speeds as a result of higher churning
power loss. This assumption is realistic given the very high rotational speeds and the relatively
small size of the churning rig. The temperatures that were used for the five rotational speeds
were 28 °C, 41 °C, 50 °C, 60 °C and 70 °C respectively, values that led to very good agreement
with the published results. It has to be noted that churning losses in the model are also quite
sensitive to the volume of the oil in the sump, Vo. This was also not quoted in the paper and a
value that fits most results in the best way and is realistic for the size of the gearbox was found
to be Vo = 2.5 litres. Other minor adjustments such as the way density is modelled (i.e. used
as a single value or used as a fit), rounding and graphs interpretation are likely responsible for

the small (less than 2%) discrepancies observed.
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Table 2: The lubricant parameters and the geometry of the system as reported by

Changenet et al.!'"® 11 jn their churning study and used here to validate the present

implementation of their model

Lubricant properties

Kinematic viscosity, v

Kinematic

Density, p (kg/m?) at

Oil No. viscosity, v (cSt) at
(cSt) at 40 °C 15 °C
100 °C
1 48 8.3 873
2 73.5 10.4 896
3 320 24 898
Gear properties
Gear 1 Gear 2 Gear 3 Gear 4 Gear 7
Module (mm) 1.5 1.5 3 3 5
Face width
14 14 24 24 24
(mm)
Pitch diameter
96 153 90 159 150
(mm)
Outside
97.5 154.5 93 162 155
diameter (mm)
Base diameter
94.125 151.125 86.25 155.25 143.75
(mm)
Number of teeth 64 102 30 53 30
Pressure angle
20 20 20 20 20
(deg)
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For the conditions reproduced in the remaining figures, the equilibrium temperatures were not
quoted by Changenet et al'!® and for this reason, a constant temperature was selected to verify
the trends of the current implementation. Figure 3.11 shows how churning losses are affected
by rotational speed - the most influential factor for churning losses. The most important thing
to note here is the transition region which is clearly visible between 2000 rpm and 4000 rpm.
The point where the transition occurs is very important as it affects the shape of the curves. As
the critical Reynolds number goes above 6000, the churning torque is calculated using a linear
interpolation of two formulae (see Chapter 3). This subsequently affects the losses because as
rotational speed increases, the gear geometry and the viscosity which is more influential at low
speeds give way to an increased influence of inertia forces and therefore the Reynolds number

is not included in the high speed formula, employed for critical Reynolds numbers above 9000.

450
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w high Rec Changenet, 2008
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100 —e—Experimental
50
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Figure 3.10: Comparison of the high and low speed formulae to predict churning power

loss (Gear 7, Qil no. 1, h/Rp=0.55)
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Figure 3.11: Churning power loss results for two different single spur gears rotating in

the oil sump (h/Rp=0.5, oil no. 1)
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It should be noted that the losses shown here are those of a single gear and not a pair, where
the additional influences of rotation and the swelling effect need to be taken into account. In
addition, the experimental equilibrium temperature would be higher for higher rotational
speeds, as a result of increased power loss. Since the exact temperatures were not quoted, the
small discrepancy observed is due to the temperature not being allowed to change according to
the rotational speed. Finally, since the temperature significantly affects the rotational speed
where the transition occurs, the model is very temperature-sensitive. Regardless of the above,

the comparison shows very little difference between the published values and the model results.

Figure 3.12 shows the additional churning power loss due to the “swell effect” for two gear
pairs, one with a module of 1.5 (mm) and one with a module of 3 (mm). The results correspond
to a relative immersion depth of 0.5 and the lubricant used is oil no.1 from Table 2, as in most
of the comparisons. Since the equilibrium temperatures for this test were not quoted, the

temperature was set at 27 °C, a value which gave the best fit.
. A
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»5 1 /// ——mn 1.5 changenet, 2007
20 /‘//)/ —-mn 1.5 current model
15

] ‘./7( mn 3 Changenet, 2007
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Additional churning power loss (W)

Figure 3.12: The additional churning power loss due to “counter-clockwise” rotation
(h/Rp=0.5, oil no. 1)

Figure 3.13 compares the published experimental results to the output of the model for a gear
pair of normal module equal to 1.5 (mm) — gears 1 and 2 from Table 2. The output takes into
account the “counterclockwise” rotation which results in much higher losses compared to
adding the individual contributions of each gear. The equilibrium temperature that matches the

results was found to be 30 °C.
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Figure 3.13: Total churning power loss for a pinion-gear pair of mn = 1.5 (mm),

(h/Rp=0.5, oil no. 1)

Figure 3.14 shows how the different oils affect the equilibrium temperature in the sump and as
expected the higher viscosity lubricants no. 2 and no. 3 give higher churning power losses and
subsequently result in increased equilibrium temperatures. The ability of the model to take into
account the lubricant properties as well as most aspects of the gear geometry was the reason it

was incorporated to predict churning losses in this thesis.
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Figure 3.14: The influence of oil properties on churning power losses and equilibrium

sump temperatures (Gear 7, h/Rp=0.55, N=1000 rpm)
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3.4 Bearing loss prediction
3.4.1 Model description

The model used to predict bearing losses is that of Morales-Espejel''® as was described in
section 2.4.3 of this thesis. The complete model is able to predict losses for any type of bearing
given the designation, geometry, lubrication method and lubricant properties. The four sources
of frictional moment in a rolling bearing are due to rolling friction, sliding friction, seal friction
and drag. Each of these frictional moments has to be evaluated individually and added in order
to calculate the total frictional moment. Equation (33), is used to predict the total frictional

moment in the bearing;
Mtotal = ¢ish§0rsMrr + Msl + Mseal + Mdrag

Where ¢;,, 1s the rolling friction factor, ¢, is the multiplication factor, M,.. is the total rolling
frictional moment, My; is the total sliding frictional moment, M,,; is the frictional moment of

the seals and M ;.44 is the frictional moment due to lubricant drag.

The rolling friction component includes the energy that is spent to channel the lubricant into
the EHL contact while rejecting the excess as well as the hysteresis losses in the steel and
adhesion between the surfaces. The process of introducing the lubricant into the EHL contact
causes a reverse lubricant flow at the inlet which in turn causes inlet shear heating and reduces
friction; this is taken into account in the model with the ¢, factor. In addition, starvation or
kinematic replenishment due to high speeds or high lubricant viscosities is taken into account

by means of the ¢,.; factor.

The sliding friction component consists of macro-sliding and micro-sliding; the first is caused
by conformal macro-geometry features such as the contact between the raceway and the ball
while the second is caused as the surface geometry is distorted from elastic deformation. Both
the effects of lubricant shearing and asperity contact have similar thermal consequences to a
gear EHL contact and are taken into account for the calculation of the sliding frictional moment.
Finally, the component of seal frictional moment takes into account the sliding between the
bearing seal (where present) and the steel counterface, while the loss due to oil drag is
accounted for in the drag frictional moment. Once the total frictional moment is known, the
bearing power loss can be found by multiplying the total moment by the rotational speed of the

inner ring'*;
Pbrng = 1-05_4Mtotalﬂ (75)
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3.4.2 Bearing model validation

For the purpose of verification and validation of the current implementation of the bearing loss
model, a sample curve of bearing frictional moment vs rotational speed has been compared to
the results obtained for the same bearing using the online calculator tools available on skf.com,

which implement the same method of Morales-Espejel!!® that is used here.

The selected bearing is one of the bearings comprising the commercial automotive gearbox
described later in the thesis. The bearing designation is 32210 which corresponds to a tapered
roller bearing with principal dimensions shown in Figure 3.15. The lubrication method was
selected to be dip lubrication, since the system of interest in the present work is a dip lubricated
automotive gearbox. The oil properties of the first of two 75W90 gear oils that will be

characterised in the next chapter have been used. The selected immersion depth was 20 (mm).

o d 50 mm

— T4 : D 90 mm

" [ T 2475 mm

I ds = 68.6 mm

B4 B 23 mm

O I c 19 mm

r.o min. 1.5 mm

' r3.4 min. 1.5 mm

1 a 21 mm
A

Figure 3.15: The basic geometry and principal dimensions of the 32210 J2/Q bearing
(SKF)
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Figure 3.16: The components of the frictional moment for the 32210 bearing (inputs:
radial load, Fr =5 kN, axial load, Fa =3 kN, T =50 °C) using online calculator tools based
on the Morales-Espejel model!'>!!5 (calculator) and the current implementation of the

model (rolling/sliding/drag/total)

As can be seen in Figure 3.16, the ‘rolling’ frictional moment (and subsequently the rolling
frictional loss) is dominant for all rotational speeds exceeding 300 rpm which means that in the
actual gearbox the bearing will operate mainly in that region where rolling moment is the most
significant. It has to be noted that different bearing designs have different geometric
characteristics which change the breakdown of observed losses/moments and the ranking of
their importance. The ranking seen here is characteristic of the current bearing and the selected
operating conditions. For example, in a spherical roller bearing the sliding to rolling frictional
moment ratio, according to the definitions given in the model, is higher compared to the tapered
roller bearing shown here. This is why the curves shown in Figure 3.16 are slightly different

than those seen in Figure 2.13.

3.5 Summary

In this chapter, the calculation method which was used to evaluate the film thickness, traction
and contact temperatures in the EHL contact has been described. The application of this method
to a set of meshing spur gear has been discussed and the associated numerical calculation
scheme which was used to extend the friction calculations to cover the path of contact of a gear

pair has been presented. Furthermore, the existing models that have been adapted from
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literature and used in this study to predict bearing and churning losses have been presented and
their implementation in the current study has been validated against published results. In the
next chapter, the two lubricants that have been used in this study will be experimentally

characterised.
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4. CHARACTERISATION OF
LUBRICANTS



4.1 Introduction

One of the primary objectives of this research is to assess the influence of lubricant properties
on automotive gearbox efficiency by means of a predictive numerical model of gearbox power
losses. Unlike the existing gearbox efficiency model, the aim of the current study is to be able
to distinguish between nominally the same lubricants, according to their SAE grade, in terms
of their effect on gearbox power losses. Such a predictive tool would be of obvious value to a
gearbox or lubricant manufacturer, as it would allow them to select or formulate the most
appropriate oil for a given transmission application, automotive or otherwise, in terms of
achieving the optimum efficiency. However, this level of predictive accuracy can only be
achieved if the tribological properties of the lubricant under consideration are well
characterised so that they can be used as input to the predictive power loss model. With this in
mind, an experimental procedure to obtain the required lubricant properties was devised. The
procedure relies on proven techniques using friction measurements on a ball-on-disc tribometer
to extract the relevant rheological parameters by fitting of the stress-strain relationship to the
measured data. The adopted experimental procedure and the obtained results are presented in
this chapter. First, the oils studied in this work are described, then the experimental equipment
is described and finally the procedure for extracting the required rheological parameters from

the measured friction and film thickness values is outlined.

4.2 Studied lubricants

Two fully formulated gear oils of nominally the same specification, SAE 75W90, are studied.
Although they both satisfy the same specifications, the lubricants are based on different
chemistries, both in terms of the base oil and additive packages, which in theory should result
in some differences between them in terms of gearbox frictional losses. The first lubricant is a
commercial gearbox oil and the second is an experimental model oil. The two lubricants will
be denoted in this thesis as oil A and oil B respectively. Both were supplied by Valvoline, USA.

The basic properties of the two oils at atmospheric pressure were measured and are shown in

Table 3.
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Table 3: The basic properties of the lubricants measured at atmospheric pressure

Oil A Oil B
Type 75W90 gear oil 75W90 gear oil
Base Oil Group 3/Group 5 Group 4
Viscosity @ 40 °C, patm
0.0751 0.0926
(Pas)
Viscosity @ 100 °C, patm
0.013 0.0135
(Pas)
Pressure viscosity coefficient
22.26 21.58
40 °C
Pressure viscosity coefficient
15.86 15.59
100 °C
Density @ 15 °C
858.32 888.64
(kg/m?)

Both oils are described as ‘synthetic’. It can be seen that the density of the lubricants is slightly
different and that oil A has a higher VI compared to oil B. No further details of the composition

of the two oils were available from the manufacturer.

4.3 Ball-on-disc tests
4.3.1 Test apparatus

The basic variable that defines EHL traction is the shear rate calculated from the Eyring
equation (42). This includes two crucial parameters that are unique characteristics of each
lubricant and cannot be accurately predicted by analytical equations. The first of these
parameters, the Eyring stress 1o, represents the point where the lubricant enters the shear
thinning regime while the second, z parameter in Roelands equation (43), shows how the

viscosity is affected by pressure. Both these parameters had to be experimentally evaluated
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using an MTM2 (Mini Traction Machine 2) ball-on-disc tribometer test rig which was used to

measure friction under varying contact conditions.

The basic details of the MTM2 rig are illustrated in Figure 4.1'33. The rig uses a steel ball
loaded against a steel disc and is able to accurately measure friction over a very wide range of
contact pressures, temperatures, entrainment speeds and slide roll ratios. The rig is able to
impose all lubrication regimes in the ball on disc contact, from boundary to full film EHL. The
test lubricant is contained in the pot so that the disc surface is covered by the lubricant and
starvation is prevented. Two electric motors are used to regulate the speed of the ball and the
disc and allow for a combination of sliding and rolling in the contact making the rig capable of
simulating rolling-sliding contacts encountered in gears. The friction force is measured by a
force transducer attached to the ball shaft and a load sensor is employed to regulate the applied
load. The temperatures of the pot and the lubricant that is contained within the pot are measured
by means of appropriately located resistance temperature detectors (RTD’s). The standard
specimens used in the MTM rig comprise a steel ball with a dimeter of 19.05 mm (3/4”) and a
steel disc with a diameter of 46 mm; both specimens are made of AISI 52100 steel (760 HV).
The error for friction coefficient measurements depends on the test conditions and more on the
ability of the electric motors to precisely regulate and maintain the selected speeds than on the

force transducer or the load cell which are very accurate, however it is usually less than 3%.

Load sensor

P Traction sensor

Standard specimens
Disc and 22" Ball Pot RTDs Wear sensor

Figure 4.1: The MTM2 rig used to measure friction with the studied gearbox oils and

subsequently obtain the shear stress-strain rate relationships of for the oils

The MTM rig can be used in different ways to provide measurements in lubricated contacts.

For example, it is able to produce a traction curve by keeping the entrainment speed constant
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and varying the slide roll ratio (SRR); or it can be used to produce a Stribeck curve, by keeping
the SRR constant and varying the entrainment speed. In addition, the rig incorporates the spacer
layer imaging (SLIM)!** technique which can be used to study boundary film formation. In this
study, the Stribeck curves were obtained for the two oils at the varying SRRs, pressures and
temperatures, as this data is required for the fitting of the rheological parameters which will be

outlined later in this chapter.

White Light
PC monitor displays both
analysed image with
orders (top) and captured
B&W camera image (below)

Diffracted image focusedonto a
firewire black and white camera

Selectable Averaging
Bands on the pc

Glassdisc with thin
Crlayer and SiO,
Spacer Layer

Interference image from ball and chrome layer
Load

OPTICAL INTERFERENCE TECHNIGUE USED OM THE EHD Ric

Figure 4.2: The EHD2 rig used to measure lubricant film thickness

In addition to measuring traction coefficients under a range of conditions, in order to obtain the
shear stress - shear rate relationship for the oils, it is also necessary to know the oil film
thickness over the same range of conditions. This can be calculated by means of EHL
regression equations and using the known oil viscosity values and contact conditions, but these
equations only provide estimates; to obtain more accurate values, this study instead measures
the required film thickness of the two oils using another ball-disk rig, referred to as the EHD
rig!>. Figure 4.2 shows the schematics and operating principle of the EHD rig. The instrument

uses the same 19.05 mm steel ball which is loaded against a rotating glass disc, covered by a
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semi reflective coating, and uses the optical interferometry technique'*® to measure the film
thickness in the EHL contact. A white light source illuminates the contact through the glass
disc and part of the light penetrates the glass disc and is reflected by the steel ball while another
part is reflected by the glass disc. An interference image is formed from combining the light
paths which is sent through a spectrometer to a black and white CCD camera. Finally, a video
frame grabber captures the image and software is used to analyse it so that the film thickness
can be determined. The pot which contains the lubricant is temperature controlled in a way
similar to the MTM rig. The error in film thickness measurements is very low, at 5 nm or

less!>*,

4.3.2 Friction coefficient and film thickness results and their treatment to obtain
rheological constants for oils A and B

4.3.2.1 Experimental procedure for friction coefficient measurements

In order to be able to extract the rheology coefficients from traction data, a broad range of
measurements was undertaken. The conditions under which the measurements were performed

are summarised in Table 4;

Table 4: Range of conditions for MTM traction measurements

Test Conditions

Loads (N) 20, 37,50,75 (£0.1)

Corresponding max
0.7,0.86,0.95, 1.1
contact pressures (GPa)

Entrainment speed
2.75 (£ 0.005)
(ms™)

1/2/3/4/5 %
Slide/Roll Ratios range
6/8/10/12/14/16/18/20 %
(o)
25/30/35/40/45/50/55/60/65/70/75/80/85 %

Temperatures (°C) 40,55,70,85,100,115,130,145 (= 1)
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The range of contact pressures was limited by the maximum loading and the standard steel on
steel specimen configuration of the MTM machine; higher pressures are possible by using
tungsten carbide MTM specimens. However, in this work, the range of pressures quoted above
is sufficient as it covers the operating conditions of a typical gear tooth contact. For each of the
combinations of the above range of conditions, the friction coefficient was measured. The total

number of MTM tests for each oil was 24.

Once the above measurements were performed, the data was used to extract the necessary
rheological parameters of the two oils. One approach for this, according to LaFountain et al.'’
is to convert the obtained Stribeck curves to shear stress vs shear rate curves, using the EHD
film thickness data, and then extract the rheological parameters by performing the shear stress
— shear rate curve fitting over the region where the entrainment velocity is sufficiently high to
ensure full film conditions. To achieve this, a Stribeck curve needs to be measured by varying
the entrainment velocity at each SRR. The approach is described in Figures 4.3 and 4.4!%,
However, this approach requires the contact to operate in the mixed lubrication regimes in
order to produce the “tails” of the Stribeck curve, seen in figure 4.4 below, resulting in

excessive wear of the specimens during the test procedure and as a result more tests are needed

with frequent specimen replacement.
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A
=
2 c U=02mis
= 002 - =
= g U=0.15mis
!A
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-
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Figure 4.3: The traction coefficient vs SRR
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Figure 4.4: The shear stress vs shear rate curves

Spikes and Zhang'*®® adapt La Fountain et al original approach, to utilise more reference data
points and using the entrainment velocity that is sufficiently high to ensure the contact operates
in fully flooded conditions, negating the need for the “tails” of the Stribeck curves and reducing
the frequency of specimen change. In this approach, the tests are performed at a single
entrainment speed and the SRR is varied instead. The present study employs this modified
approach at the entrainment speed of 2.75 ms™'. An example curve and the converted shear
stress vs shear rate curve for oil A obtained using the above procedure is shown in Figures 4.5

and 4.6 respectively where the conditions were 70 °C and 0.50 SRR.
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Figure 4.5: The measured friction coefficient vs SRR at constant entrainment speed of

2.75 m/s over a range of loads
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Figure 4.6: The shear stress vs shear rate curves at constant entrainment speed of 2.75
m/s for oil A over a range of loads obtained using the measured data shown in Figure 4.5

above.
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To ensure valid and repeatable results, all specimens, relevant components and the MTM pot
were cleaned with toluene and isopropanol and the specimens were treated in an ultrasonic bath
before tests. Furthermore, in order to verify the repeatability of the tests an additional test was
performed under identical conditions after the end of each test and the friction measurements
were compared to the initial results. Three repeat tests were performed at each condition and
the quoted friction coefficients are the average of the three values. Because the contact was
operating under fully flooded conditions due to the high entrainment speed, the wear of the
specimen was kept to a minimum. For this reason, it was possible to run a test profile consisting
of the full range of slide roll ratios at all four loads, using the standard polished MTM
specimens. This profile, which constitutes one “set” of measurements or one “test” was run
continuously with no lubricant or specimen change. Both the lubricant and the specimens were
replaced after each set and before the temperature was increased for the next. As a result, the

repeatability of the tests was very good as can be seen in Figure 4.7;
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Figure 4.7: The repeatability of the friction measurements at 40 °C

4.3.2.2 Experimental procedure for EHD film thickness measurements

The SRR was kept constant at 50% which provides an accurate reference point of measurement
for the EHD rig, however all SRR’s were compared with a deviation of less than 2%. A
procedure similar to the one described before was employed to ensure repeatability while the
tests were repeated three times and an average value was used. Furthermore, as the film

thickness was obtained using a glass disc rather than a steel disc the results needed to be
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adjusted to correspond to the Young’s modulus of steel on steel. In order to do this, the ratio
of the Young’s modulus for steel to the Young’s modulus for the glass disc had to be calculated
— this is about 10%. The film thickness measurements for a range of SRR’s and oil A at 40 °C

are shown in Figure 4.8;
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Figure 4.8: The film thickness variation with SRR at 40 °C

The actual film thickness measurements at every temperature and entrainment speed, 50% SRR
and modified for a steel on steel contact are plotted in Figure 4.9. Using the measured values
at 2.75 m/s it can be seen that the EHL contact is indeed operating in full film conditions as the
lambda ratio using the standard MTM specimens and the lowest film thickness at 145 °C has
the value of about 6 nm. Once the film thickness is measured the shear rate can be calculated
and the friction coefficient vs SRR curves are converted to shear stress vs shear rate curves;
the rheological coefficients can be extracted through curve fitting following the procedure

described below.
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Figure 4.9: The measured film thickness for oil A at 50% SRR

4.3.2.3 Extraction of rheological coefficients

In order to extract the required rheological parameters it is possible to fit any of the existing
shear stress — shear rate relationships to the measured MTM and EHD data, as demonstrated
by Spikes and Zhang’?. In this study the Eyring model was chosen as appropriate. In parallel,
the high shear rate viscosity is calculated using the temperature and pressure corrected
Roelands equation. The resulting equation is the Eyring equation with the Roelands pressure

and temperature influence on viscosity and can be written as:

(loge(%)(l‘*%)z(?:ll;;)so>) (76)

=1, sinh‘l(rlnooe
0

Therefore, there are two parameters in this equation that need to be extracted from the fit to the
measured data; the Eyring stress, 1o, and the Roelands parameter, z. The former directly affects
the value of the friction coefficient while the latter should remain approximately constant for

each lubricant as it is a lubricant characteristic.

It has to be noted that normally a thermal correction is applied to the shear stress versus shear

rate curves, such as the ones shown in Figure 4.6, in order to account for the thermal effects
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due to which result in the end portion of the curve creating a “tail”. This is further explained in

Spikes and Zhang’?. In this case however, there was no need to apply a thermal correction, as

there were enough points on the experimental results to obtain a good fit just from the straight

portion of the shear stress versus shear rate curves. An example of the fit obtained using the

aforementioned approach and the friction and film thickness experimental data for oil A at 145

°C and 20N load can be seen in Figure 4.10.
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Figure 4.10: The fit of the Eyring equation to the measured traction data for oil A at 145
°Cand 20 N

The variation of the Eyring stress with temperature and pressure for both lubricants can be seen

in Figure 4.11-4.14;
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Figure 4.11: Variation of Eyring stress with temperature (Oil A)
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Figure 4.12: Variation of Eyring stress with pressure (Oil A)

87



10

9 <+0.7 GPa
c 3
2 =0.86 GPa
w 7
o
& 6 S . |
0o — 0.95 GPa
=
.E_ 5

4 +-1.1 GPa

3

20 40 60 80 100 120 140 160

Temperature (°C)

Figure 4.13: Variation of Eyring stress with temperature (Oil B)
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Figure 4.14: Variation of Eyring stress with pressure (Oil B)

The trend obtained for the pressure and temperature variation was roughly similar for both oils.
However the absolute values of the Eyring stress obtained for Oil B was on average
significantly higher than that of Oil A. The ascending linear dependency of Eyring stress on

contact pressure showcased for some lubricants in previous studies ceases to exist at very high
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temperatures where the value of the Eyring stress remains nearly constant. These trends and
the difference between the two lubricants is the result of formulation differences between the
two oils. Since details of lubricant formulation were not available from the manufacturer,
further study of the formulation and separate assessment of the additives’ effect on the shape
of the obtained curves, which was outside of the scope of this study, is needed to explain these
trends. Nevertheless, these results prove the importance of oil characterisation for any lubricant
comparison study as depending on their formulation, lubricants can behave in completely
different ways which are difficult if not impossible to predict solely based on analytical

equations.

Representative values of the extracted coefficients for both oils over a range of temperatures
and at the maximum contact pressure of 1.1 GPa can be seen in the Table 5. As would be
expected, the z parameter is approximately constant with temperature while the downward
trend for the Eyring stress with temperature is slightly more pronounced for lubricant B. The
value for the Roelands z shown in the table is an average of the values obtained over the range
of test temperatures; the deviation in obtained values was less than 5% at all conditions. Given
the very small deviations of the value of z for a given oil, a value of 0.5 for oil A and a value

of 0.54 for oil B will be used for all simulations in the current work.

Table S: Extracted rheological coefficients for Oils A and B at 1.1 GPa

Oil A Oil B
Extracted Parameter
55°C 145 °C 55°C 145 °C
Eyring stress 6.9 53 8.6 6.2
Roelands z 0.50 0.49 0.54 0.54

It is worth noting that the observed Eyring stress trends where different for the two oils studied
here, even though the oils are of the same SAE specification. Previous studies have also
observed that Eyring stress values and trends are highly dependent on specific lubricant
composition. The existence of this characteristic behaviour of each lubricant, combined with a
plethora of gearbox oils available on the market, highlights the importance of accurate
characterisation of lubricant frictional behaviour prior to any numerical predictions of gearbox

efficiency that is envisaged to be able to differentiate between different lubricants. The work
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presented here adopts this approach and should hence able to provide improved efficiency

predictions compared to existing models.

4.3.3 Boundary friction measurements and its role in predicting the gear teeth contact
friction

Most gear pairs operate under mixed to boundary lubrication conditions, due to the high values
of surface roughness, resulting from common manufacturing processes, in relation to prevailing
film thickness. Consequently, any prediction of friction coefficient along the contact path, must
account for the metal-to-metal contact that occurs in mixed and boundary lubrication, rather
than just the full film EHL friction, as considered above. To achieve this in the present model,
an empirical formula suggested by Olver and Spikes”® is used. This predicts the effective
friction coefficient by introducing the boundary friction coefficient for the boundary regime on
the one extreme, and the fluid friciton coefficient for the full film regime on the other extreme,
and uses an interpolation between these two values, dependent on the prevailing lambda ratio,
to predict the friciton in the mixed regime. The relationship is:

Hp — Uf

HEBrt Ty,

Where p;, is the boundary friction coefficient which is the highest value that the friction
coefficient obtains when all the load is carried by the material’s asperities, us is the fluid
friction coefficient which is the value when all the load is carried by the lubricant itself and A4
is the ratio of the minimum film thickness, h,, to the compound surface roughness of the

materials, Rg.

The validity of this relationship was recenlty confirmed by Guegan et al who measured friction

coefficient in EHL contact for a range of rough surfaces covering all three lubrication regimes.

To represent gear teeth contacts as accurately as possible, the current study utilises this
expression for the efective friciton coefficient. Instead of a common assumption that the
boundary friction is about 0.1 to 0.15 as used in other studies, the boundary frcition for the
lubricants cosidered here is measured using the MTM rig. These measured values are then used
together with the fluid film friction, predicted as described above, to provide friction prediction
anywhere along the path of contact for any imposed operating conditions and surface finishes.
Since one of the aims of this study is to be able to differentiate between different oils of the

same SAE grade in terms of their influence on gearbox power losses, knowledge of the
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boundary friction for each lubricant is obviously important, since oils of the same SAE grade
may have very different additive pacakges and hence very different boudary friction values.
The MTM rig is capable of measuring friction in boundary conditions by operating at low
speeds and/or by using relatively rough disc specimens. The standard ball and disc specimens
have a very low combined roughness with the steel ball measuring a maximum roughness value
Ra of 20 nm and the disc a maximum Ra of 10 nm. Therefore, the combined roughness of the
MTM specimens was increased so that the boundary friction regime is extended to higher
speeds and is clearly visible on the Stribeck curve. This was achieved by roughening the surface
of the MTM discs to obtain a combined roughness (R;) of around 180 nm. The roughness of
the discs was measured at 4 different locations on the discs using a Wyko white light

interferometer and an average value of 180 nm obtained.

Using the rough discs, MTM friction Stribeck curves were obtained for the two lubricants over
a range of SRR ratios. The obtained friction values were very close, within 6% of each other.
Nevertheless, the mean value for the boundary friction coefficient was used in further
calculations. Representative measurements can be seen in Figure 4.15 for conditions of 40 °C,
0.86 GPa and 50% SRR. The use of a rough disc effectively shifted the boundary and mixed
friction regimes to higher rolling speeds and it was therefore possible to obtain a relatively
accurate mean boundary friction coefficient for lubricants A and B, which was 0.116 and 0.125
respectively. As is evident in the figure the measured friction coefficient was practically
constant at lambda values below 0.2 and the mean value for the boundary friction coefficient
was obtained from the last 6 points. These values were integrated into the EHL code providing
an important additional differentiating factor between the two oils considered here. If other oils
are to be used in the model, these measruemts would have to be repeated, together with those

for extraction of rheological constants described above.
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Figure 4.15: Stribeck curves of the two lubricants using rough specimens at 40 °C, 0.86

GPa, 50% SRR

Once the coefficients are extracted, a database of the values of the Eyring stress can be
constructed and then any value within the range can be interpolated; the pressures were also
extrapolated to 1.5 GPa. The matrix of values can then be fed back into the EHD traction model

to improve the accuracy of the calculations.

4.4 Summary

In this chapter, the experimental procedure for the characterisation of the test lubricants has
been outlined. Experimental equipment and associated experimental procedures used for this
purpose were first described. The procedure used to extract the necessary rheological
parameters needed for the implemented Eyring model, namely the Eyring shear stress and the
Roelands z coefficient, is then described and applied to the obtained experimental data. Finally,
the procedure for measuring the boundary friction coefficient for the two lubricants was
presented and the way in which this was combined with the full film EHL traction predictions
to obtain the effective friction coefficient for all conditions and gear surface finishes is
described. The introduction of these lubricant properties on the loss prediction model shown in
this study is of crucial importance, as it allows for the model to differentiate between the same

grade gearbox oils in terms of their influence on gearbox efficiency, which is one of the
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important improvements offered by the present model over other approaches for predicting

gearbox losses.
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S. MODELLING RESULTS:
SINGLE STAGE GEARBOX



5.1 Introduction

In this chapter, the results from the modelling of the EHL contact in a gear pair are presented.
The EHL model described in Chapter 3 is combined with the results of the lubricant
characterisation tests and used to predict efficiency and temperatures along the contact path of
the gear teeth. The model will also be used to study the effect of roughness on the power losses
and study the effect of specific lubricant properties on gear friction losses over a range of
operating conditions. The additional losses due to lubricant churning, bearings and seals are
incorporated in the model and a comparison of the two lubricants in terms of overall gearbox
efficiency is shown. Further comparisons to illustrate the relative contribution of different loss
sources at different operating conditions are also presented. Finally, a parametric study to show
the effect of bearing selection, lubricant rheology (viscosity, Eyring stress, Roelands
coefficient and boundary friction coefficient) as well as multiple aspects of gear geometry will

be undertaken.

5.2 Modelling of gear teeth contact losses in an example spur gear pair

The geometry of a set of gears is readily derived following design procedures provided by
international gear standard bodies such as British Gear association (BGA)'®® or American Gear
Manufacturers Association (AGMA). Such a design procedure ensures that the gear sizes, for
the selected material, are sufficient to carry the tooth contact stresses and bending stresses
imposed by the transmitted torque. The resulting gear parameters are the module, gear
diameters, facewidth (and hence facewidth ratio), tooth numbers, profile shifts of pinion and
wheel, helix angle (if helical gears are chosen) and any profile reliefs needed to minimize
transmission error. Such procedure was initially performed in this study to obtain a set of gears
that are able to carry maximum torque from a specific internal combustion engine, given that

an automotive gearbox is of interest in this study.

However, given that the current efficiency model is designed to be applicable to arbitrary
geometry spur gears, it was decided to use a gear geometry for which published experimental
power loss results exist, so that comparison of model predictions and those experimental results
can be made, at least in terms of general trends (since different oils and lubrication systems are
used in published data, no direct comparison is possible). Hence, the set of spur gears for the
study presented in this chapter were selected to be of identical geometry to the gear pair used

in the experimental study of Petry Johnson'?’. Similarly, the centre distance, the gear ratio of
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1:1 and the surface finishes are those used in the same experimental study. The characteristics

of the selected gear pair are shown in Table 6.

As can be seen, the facewidth ratio is just over 0.2, which quite narrow, though not untypical
in automotive gearing. The bearings and shafts were designed considering the lifecycle of a
light commercial vehicle which is equivalent to 10 years of average use or around 11000 hours.
The resulting simple 1:1 gearbox consists of two spur gears, four sealed bearings and two
similar shafts enclosed in a rectangular casing. The casing dimensions were selected so that the
gears can have a radial clearance of two times the normal module which is considered adequate
to exclude any enclosure effects regarding churning losses, while the axial clearance was set to
be equal to the module of the gears, a value that has been experimentally proven to reduce

churning losses®’.

Table 6: The basic geometric characteristics of the gear pair

Parameter Value
Normal module (mm) 3.95
Number of teeth 23
Gear Ratio 1:1
Reference Diameter (mm) 90.9
Profile shift, x; and x2 0
Base Diameter (mm) 82.3
Root Diameter (mm) 81.0
Tip Diameter (mm) 98.8
Start of active profile (mm) 85.9
Face width (mm) 19.5
Centre distance (mm) 914
Pressure Angle (deg.) 25
Tooth Roughness Rq (compound), nm 430 (ground)
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The gearbox includes two bearings per shaft, selected to be deep groove ball bearings sealed at
one side and lubricated by the splashing of the lubricant inside the gearbox as is typical for
these applications. As mentioned above, the operational life was chosen to be 11000 hours,
considered adequate for a light commercial vehicle, which corresponds to a 3 hour use per day
over the course of 10 years. The bearing design load was selected to be 60% of the maximum
load with the bearings continuously operating at 1700 rpm and at a maximum temperature of
80 °C. The bearings were then sized according to the standard bearing life equations to give
Lo life above the lifetime quoted above. Following these procedures, 6307 RS1 single sealed
deep groove ball bearings (DGBB) were selected for this example study. The choice of two
DGBB:s for each shaft is somewhat arbitrary here, and gearboxes more commonly employ one
DGBB and one floating cylindrical roller bearing (CRB). The present model can incorporate

any bearing type, provided that Morales’ bearing friction model'!

can be applied to it, and the
use of two DGBB bearings was considered desirable for simplicity and is perfectly appropriate
for this example study. The shafts were designed for the maximum load using Von Misses
criteria and their diameter has been set at 35 mm which corresponds to the bearing inner ring
diameter and is well above the minimum shaft diameter given the shaft loads. A schematic of

the simulated gearbox is shown in Figure 5.1.

Enclosure 6307 RS1 DGBB 23T Spur gears

Transmission
lubricant

Figure 5.1: The components and layout of the simulated single stage gearbox

5.3 Gear teeth contact calculations

Using the above inputs, the efficiency and contact temperatures were calculated along the

contact path of the gear pair for lubricant A at an input torque of 640 Nm, an average oil sump
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temperature of 65 °C and a rotational speed of 1250 rpm. Figure 5.2 shows the load profile,
contact pressure and slide roll ratio of the gear pair along the contact path. The total load shared
by the two gearbox shafts is in the region of 15 kN, which results in a peak contact pressure of
around 1.7 GPa, a typical value for a loaded gear pair made of case carburised steel. The slide
roll ratio varies from 0.75 at the first point of the contact path to 0 at the pitch point where teeth
operate in pure rolling conditions. At the same time, the profile of the slide roll ratio is

symmetric given the gear pair geometry and of 1:1 gear ratio.

— Load (kN/10) |
— Max contact pressure (GPa)
2| SRR i
1.5 :
1 L -
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Path of contact length (mm)

Figure 5.2: The load and calculated Hertzian maximum contact pressure and slide roll

ratio along the path of contact for the specified gear pair and loading

Figure 5.3 shows the predicted friction coefficient, the evolution of the mean EHL film
temperature as well as the lambda ratio. The friction coefficient rises to a maximum value of
0.0593 at 6.95 mm along the contact path while the peak mean film temperature rises to a
maximum of over 120 °C. The lambda ratio is 0.6 on average and the minimum film thickness
is very low at less than 0.3 pm. As the friction coefficient incorporates the surface roughness,
it rises very rapidly because of the high amount of sliding and the very low film thickness
while, as expected, it becomes zero at the pitch point because of the pure rolling condition. The
average value is around 0.06 which is considered typical of gear teeth contacts. The mean film
temperature inside the EHL contact also exhibits a rapid rise as the contact progresses from the
first point of contact further into the contact path, and reaches the maximum near the lowest
and highest points of single pair contact (LPSPC and HPSPC respectively). The film thickness

varies less as it is calculated at the temperature of the contact inlet (bulk tooth temperature) and
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the assumption of the average bulk temperature which does not change during contacts

progression along the contact path has been adopted as explained in Chapter 3.
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Figure 5.3: The coefficient of friction, lambda ratio and mean film temperature along the

path of contact

Finally, the dissipated power is calculated and consequently, the efficiency of the gear pair can
be evaluated at every point along the path of contact, as is shown in Figure 5.4. The average
efficiency over the path of contact is calculated to be 99%, a value that may be expected for a
spur gear pair. The minimum efficiency is just under 98.5 % and efficiency is 100% at the pitch

point due to pure rolling conditions.

J— Efficiency (%)|
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Figure 5.4: The efficiency of the gear pair along the contact path
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5.4 Effect of roughness on gear contact losses

In a very broad range of applications, not least high volume automotive applications, it is
usually not economically viable to have gears manufactured to a high quality, low roughness
surface finish. Since the current model incorporates the effects of surface finish on gear EHL
losses, it is worth investigating its effect on overall mesh efficiency. In order to achieve this,
the model was run for two surface finishes and over a range of torque inputs while keeping the
rotational speed constant and for a range of speeds while keeping the torque input constant.
The roughness values that were used were chosen to correspond approximately to the ground
gear finish as well as a finish that may be achieved by means of chemical polishing of the gears.
The combined Rq roughness of 430 nm for the ground gears and 113 nm for chemical polishing
were used. The employed Rq values are those used in Petry Johnson et al.!?’. A range of gear
speeds, from 1250 rpm to 8000 rpm, was used while the input torque was varied between 140

Nm and 640 Nm. Figures 5.5 and 5.6 show how the gear EHL losses vary in both cases.

It can be observed that the losses increase roughly linearly with speed and torque, which means
that the actual efficiency (losses divided by the product of torque and speed) remains relatively
unchanged over this range of conditions. However, there is a clear difference between the two
roughness values with the chemical polishing resulting in a very significant relative reduction
of losses of more than 30% across the torque and speed range. The trend is very similar both
for speed and torque and the results are in very good agreement with the experimental results
of Petry Johnson et al. using the same inputs. This improvement offered by the super finished
gears indicates that the studied gears operated with relatively low lambda ratios, as is the case
for most gearing applications, which in turn means that a lubricant able to either increase the
film thickness (higher viscosity) or provide low boundary and mixed lubrication friction

coefficient (better additive package) would result in improved gearbox efficiency.

It has to be noted that since gears are ground and they routinely operate in the mixed lubrication
regime, their actual surface roughness will change during their operational life, especially so
after the initial wear in. Effectively, this means that the surface roughness is expected to reduce,

something that would in turn have an effect on the power losses.
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Figure 5.5: Predicted gear friction losses variation with rotational speed for ground and

polished surface finishing at 65 °C and 640 Nm
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Figure 5.6: Predicted gear frictional losses variation with input torque for ground and
polished surface finishing at 65 °C and 2000 rpm
5.5 Modelling of additional losses
5.5.1 Bearing and seal losses

The losses in the bearings and seals as well as those due to churning are now considered and
their contribution to the overall losses relative to the EHL gear losses, studied above, is

considered over a range of conditions. Regarding bearing and seal losses, the model which has
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been used is according to Morales'!> as described in detail earlier in the thesis. The selected
6307 RS1 single row DGBB’s were modelled under the same torques, speeds and sump
temperatures as the gear EHL losses above. The basic geometric characteristics of the bearings
can be seen in Figure 5.7'°!. The basic dynamic load rating is 35.1 kN, the basic static load

rating is 19 kN, while the limiting speed is 6000 rpm, well above the currently imposed

conditions.
--—B—--
fa d 35 mm
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H@ D 80 mm
1
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di F 49,56 mm
D Ds d dy
D> = 69.2 mm
!
1

Figure 5.7: The basic geometry of the 6307 RS1 bearing (SKF)

The losses of the bearings were calculated at 65 °C and assuming that the bearings are dip
lubricated, with an oil immersion depth of 20 mm. This higher than usual immersion depth was
chosen with the assumption of the gears operating at an immersion depth of 6mn; in that case
and given the dimensions of the bearings, their corresponding immersion depth would be 20

mm.

The selected bearings are lubricated by the oil bath in the gearbox and they are sealed on one
side. Seal-shaft contacts can contribute significantly to the overall losses, Although the seal
losses are generally included into the overall bearing losses in the predictive tools provided by
the bearing manufacturers, in this study the individual contribution of seal losses, separate from
bearing losses, was calculated. The seal losses were deduced by comparison of predicted
bearing losses for a sealed and non-sealed open bearing of the same designation (6307), again
using Morales bearing loss model'!” as implemented by SKF, major bearing manufacturer. The
radial load on each shaft bearing is easily calculated from the tooth load and geometric
considerations (gears are centrally straddle-mounted so the 15 kN tooth load is shared equally

by the two shaft bearings). It should be noted that because of the type of bearing selected and
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the use of spur gears, no axial pre-load was applied to the bearings in this study. Presence of
any axial pre-load would increase the total bearing losses substantially. Bearing losses have
been calculated for a set of torque and speed conditions and both oils A and B, as shown in
table 7 below. The same conditions are used later to compare individual loss contributions in
the whole gearbox. As is evident in the table, the combined losses of the bearings and seals at
65 °C for the lubricants were almost identical and ranged from 14 W in low load condition 1,
to 95 W in high load condition 5; the insignificant difference which is less than 2% is mostly
due to the variation in the viscosity index of the lubricants. Table 6 below shows the losses for

the selected bearings with the seal losses isolated.

Table 7: The predicted bearing and seal losses

Bearing loss per bearing | Seal loss per bearing
Condition Load (kN) | (excluding seal loss) (W) W)
Oil A Oil B Oil A Oil B
1 4.85 9 9 5 5
2 7.76 31 31 9 9
3 9.7 54 55 11 11
4 8.97 76 76 16 17
5 7.76 82 83 13 13

5.5.2 Gear churning losses

As described in the previous chapters, churning losses have been calculated using an
experimentally derived model of Changenet and Velex'!?, which uses two formulae to calculate
the churning torque. This model was already described in section 3.3, so only the results will
be presented here. Figure 5.8 below shows predicted churning losses for 2 immersion depths
(equal to 3 x module and 12 x module) and oils A and B, over a range of gear speeds. Immersion
depth of 12 x module is a hypothetical case as in practical applications the immersion depth
would not exceed 6 x module. The transition in churning loss trends is clearly visible between
2500 rpm and 4000 rpm which corresponds to a critical Reynolds number of 6000 and 9000

respectively. Changenet and Velex provide different empirical formulae for the two ranges of
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the Reynolds number and hence the observed transition is expected. Regarding the two oils, it
is clear that the higher viscosity of oil B gives higher churning losses compared to oil A. The
effect of rotational speed is the most significant and if this is coupled with higher immersion
depths it can lead to the churning losses comprising upwards of 30% of the total power losses,

while the reverse is true for lower speeds and/or shallow immersion depths.
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Figure 5.8: The predicted churning losses of the modelled gear pair (i.e. combined loss for

both gears) at 65 °C for both lubricants at two different immersion depths.

5.6 Lubricant comparison
5.6.1 Comparison of fully formulated oils

In order to investigate the effect of lubricant properties on EHL power loss and therefore on
efficiency, the model was run for a set of conditions selected to correspond to various points
on the wide open throttle (WOT) torque curve of a sample diesel engine, a 6.7 L Cummins 16
turbo diesel engine which generates a maximum output torque of 900 Nm. Therefore, the
torque and rotational speed inputs for the gear pair which were used for the design of the
bearings and shafts were based on the above specifications. It should be noted that the choice
of this engine is not arbitrary, as it was the engine installed in the vehicle for which the full
gearbox efficiency study was performed, as presented later in this thesis. Although not
necessary, it was thought wise to use the same range of torques for the study shown in this
chapter too, so that the stability of the model over the correct range of loads and speeds can be

confirmed.
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Lubricants A and B were then compared under the scope of efficiency to highlight potential
differences. The chosen set of conditions is summarized in Table 8. In addition, the results
presented in this section are with an initial oil sump temperature of 65 °C and a roughness value

corresponding to a ground gear finish (Rqc=430 nm) unless otherwise indicated.

Table 8: Operating conditions for lubricant comparison shown in this section

Condition Input torque (Nm) Gear rpm
1 400 650
2 640 1250
3 800 1600
4 740 2300
5 640 2800

Firstly, the lubricants are compared in terms of gear contact friction losses only, i.e. excluding

the bearing, seal and churning losses. This comparison is shown in Figure 5.9.
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Figure 5.9: The power loss of the gear pair for lubricants A and B when only gear friction
is considered (the quoted percentages indicate the increase in losses with oil B relative to

oil A) for a sump temperature of 65 °C and ground surface roughness (430 nm)

105



The results highlight that there is a pronounced difference in generated power loss between the
two lubricants even though they both have the same nominal SAE grade. The percentage
increase in power loss with oil B relative to loss with oil A ranged from 11% to 11.7% in all
conditions. The difference in the two oils in terms of overall efficiency of this single gear mesh,
is shown in Figure 5.10. The overall efficiency difference ranges from 0.05% to 0.09%. While
this may appear small, it is nevertheless significant especially considering the fact that this is
only a single gear pair and that in a multi-gear, multi-stage transmission system such as an
automotive or heavy duty gearbox, these numbers would be multiplied for each stage and gear
pair making the difference between the two lubricants much more important in terms of power
loss and efficiency. As far as absolute numbers are concerned, the range of efficiency, just over
99%, seen here is very much in agreement with what would be expected from a typical spur

gear pair.
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Figure 5.10: The efficiency of the gear pair for lubricants A and B when only gear friction
is considered (the quoted percentages indicate the drop in efficiency with oil B relative to

0il A) for a sump temperature of 65 °C and ground surface roughness (430 nm)

This initial comparison above was created to highlight the differences that arise from the
inclusion of the extracted rheology coefficients namely the Eyring stress, the Roelands
coefficient, and the effect this has on high pressure viscosity, as well as the boundary friction
coefficient. These results however do not include the additional losses due to bearings and

churning and compare just gear friction. When churning, bearing and seal losses are included,
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the difference between the lubricants will change as will be shown next. The full gearbox
efficiency model is obtained by combining the individual gear EHL, bearing, seal and churning
predictions outlined in this thesis. The model is now used to study the effects of lubricant on
gearbox efficiency. The aim is to establish whether or not it is able to differentiate between the
two lubricants and also to assess the relative contribution of the individual losses at different
gearbox operating conditions. Figures 5.11 and 5.12 show the same comparison with churning
loss included at an immersion depth of 6mn and bearing and seal losses included for the

selected 6307 RS1 DGBB.
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Figure 5.11: The power loss of the gear pair for lubricants A and B when gear friction,
bearing, seal and churning losses are included (the quoted percentages indicate the
increase in losses with oil B relative to oil A) for a sump temperature of 65 °C and ground

surface roughness (430 nm)

Compared to the previous figures, where only gear losses were included, the same ranking,
with lubricant A being more efficient than B remains, but the difference is now somewhat
narrower. The reason for this is that both bearing and churning losses only take into account
the viscosity difference between the two oils which, at 65 °C, is not pronounced (38.32 ¢St for
Oil A vs 41.26 ¢St for Oil B). In terms of overall gearbox efficiency, the predicted values are
of course lower since more power losses are now included. These results highlight the
importance of accurately modelling lubricant rheology and including crucial parameters which

determine traction. In the following section, the relative contribution of gear friction, bearing
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and churning will be examined further and the influence of viscosity, gear geometry and

bearing selection on the losses will be analysed.
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Figure 5.12: The efficiency of the gear pair for lubricants A and B when gear friction,
bearing, seal and churning losses are included (the quoted percentages indicate the drop
in efficiency with oil B relative to oil A) for a sump temperature of 65 °C and ground

surface roughness (430 nm)

5.6.2 Parametric study on the influence of lubricant properties on gear friction

In this section, the effect of lubricant rheological parameters on gear friction loss and efficiency
is investigated. The characterisation of the lubricants described in chapter 5 of this thesis
revealed significant differences in specific lubricant parameters, most importantly the Eyring
stress, the Roelands parameter z, and the boundary friction coefficient, p;,. These three
parameters are not taken into account by existing bearing and churning models and for this
reason, the following comparisons will focus on the losses predicted by the gear friction module
only to illustrate the capabilities of the present model in terms of informing the lubricant

selection for a particular application.

For the purpose of comparison, three different hypothetical lubricants have been simulated,
based on lubricant A as a reference point. For the first lubricant, named A1, the Eyring stress
has been reduced by 30% for all temperature and pressure values. The second simulated

lubricant, A2, has a different boundary friction coefficient, reduced to 0.08 from 0.1128. This

108



effect could replicate the use of a boundary friction modifier. The third lubricant, A3, has a
Roelands z parameter of 0.4, down from 0.5 which was the average value for oil A as extracted
from the rheological characterisation. In all cases, the other parameters, including atmospheric
viscosity, VI, density, pressure-viscosity coefficient and shear modulus have remained

identical to lubricant A for the purpose of comparison.

Results of predicted power loss due to gear friction with these three lubricants are shown in
Figure 5.13, followed by efficiency in Figure 5.14. As far as Oil A1 is concerned, the reduction
of Eyring stress down to 70% of the original value led to a significant reduction in gear friction
losses, which becomes more important as the conditions get more severe. Even in the mildest
condition (1), a4.1 % reduction in power loss which translates to a 0.03% increase in efficiency
has been observed. For the most severe condition (5), the power loss decreased by 7% and the
efficiency of the gear was up by 0.02%. Overall, although the efficiency increase is not
massive, it is definitely noteworthy and it would have an important effect where gear friction
comprises a large proportion of the overall loss i.e. in high torque and heavy sliding

applications.
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Figure 5.13: The power loss of the gear pair for lubricants A, A1, A2 and A3 when only
gear friction is considered for a sump temperature of 65 °C and ground surface roughness

(430 nm)
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Lubricant A2 is simulated to have a boundary friction coefficient capped to 0.08. In practice,
this simulates the effect of introducing a friction modifier that is able to reduce boundary
friction. As expected, this modification would have a significant effect when asperity contact
is more prominent (i.e. at low lambda ratios). Indeed, a massive 24.1% reduction of gear
friction loss, which translates to a 0.17% increase in efficiency is observed for the low load,
low rotational speed condition 1 where the minimum lambda value is 0.438 and the average
value for the effective friction coefficient is 0.0649 for oil A. Using a boundary friction
coefficient of 0.08 reduces the average friction coefficient to 0.049 explaining the differences.
As the speed gets higher, and the fluid film thickens, the effect of the reduced boundary friction
is less pronounced. In the highest rotational speed condition 5, where the lambda value does
not drop below 1.08, oil A2 is just 0.06% more efficient than oil A, suggesting that the
boundary friction reduction though an improved friction modifier would only be worthwhile

in very severe conditions and very low lambda ratios (<0.9).
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Figure 5.14: The efficiency of the gear pair for lubricants A, A1, A2 and A3 when only
gear friction is considered for a sump temperature of 65 °C and ground surface roughness

(430 nm)

As far as the third simulated lubricant is concerned, z is reduced from 0.5 to 0.4. This is the
parameter that defines how the viscosity is affected by pressure in the Roelands temperature

and pressure corrected in-contact viscosity equation (section 3.2). This parameter affects losses
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in a different way compared to oils Al and A2 as it changes the viscosity which is calculated
at the in-contact temperature and pressure. Oil A3 results in reduced losses due to a lower
friction coefficient under all conditions. As the lubricant enters the contact and pressure
increases, the in-contact viscosity for the same in-contact pressure will be lower, resulting in a
comparatively thinner lubricant and therefore reduced shear heating. As a result, the mean
contact temperature will be reduced, and as long as the lambda values are not very low and
excessive asperity contact which would increase the flash temperature rise is avoided, the
predicted friction coefficient and power loss will be lower. Indeed, the average value for the
friction coefficient is reduced from 0.0649 to 0.0583 while the lambda ratio remains relatively
unaffected. It has to be noted that the film thickness is calculated using properties at the
pressure and temperature of the contact inlet. Since this is a hypothetical study to specifically
assess the influence of the Roelands parameter z, the pressure viscosity coefficient, a, was not
changed hence the influence on film thickness itself was limited to just thermal effects. The
efficiency has increased by about 0.07 % under all conditions. This parameter is dependent on
the chemistry of the lubricant base oil and formulations with a lower z value would theoretically

reduce the overall loss and increase efficiency.

Finally, the efficiency with the three lubricants was studied over a range of torques for a fixed
speed and a range of speeds for a fixed torque, similar to the study in the influence of roughness
presented in section 5.4. Figure 5.16 shows the power loss of the pair when the rotational speed
is constant at 2000 rpm while the input torque was varied from a low of 150 Nm to a high of
640 Nm. For Figure 5.15, the input torque was kept constant at 640 Nm and the rotational speed
was increased from 1250 to 8000 rpm. In the former case, the ranking order of lubricants did
not change, with oil A being less efficient under all conditions and A2 and A3 being the most
efficient. The difference between A2 and A3 was very small. The predicted power loss was
almost identical at medium torque values, with oil A2 being slightly more efficient at the lowest

and highest torques.

The result is different when the torque is constant and the rotational speed increases. Lubricants
A and Al are still the least efficient with the gap between the lubricants getting wider as
rotational speed increases - lower Eyring stress results in lower in-contact temperatures and
lower friction. For lubricant A2, the reduction in boundary friction will only make a difference
if the lambda ratios are low, which is true for the lowest speed (1250 rpm) where lubricant A2

is the most efficient. As the speed increases, so does the film thickness and in contact
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temperatures become much higher. This has an immediate effect on losses with lubricant A3
being much more efficient at those high speeds and the reduced boundary friction of A2 having

less of an effect.

In summary, the ranking order of lubricants depends on input conditions with low boundary
friction (heavily additivised oils) reducing overall loss at very high contact pressures or very
low rotational speeds when the fluid film thickness is low. A reduction in Eyring stress leads
to an overall drop in loss under all conditions, while reducing the in-contact viscosity’s
dependence on pressure by means of altering the Roelands parameter results in lower losses at
severe conditions, especially so at very high rotational speeds. Nevertheless, these effects

would be different in a full size gearbox, where gear friction is only a part of the overall gearbox

losses.
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Figure 5.15: The gear friction losses variation with rotational speed for lubricants A, Al,

A2 and A3 (Input torque = 640 Nm)
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Figure 5.16: The gear friction losses variation with input torque for lubricants A, A1, A2

and A3 (Input speed = 2000 rpm)

5.6.3 The influence of lubricant viscosity on losses breakdown

In this section, the influence of lubricant viscosity on the breakdown of losses has been
investigated. The base viscosity of lubricant A at 40 °C and 100 °C has been varied keeping
the viscosity index constant, resulting in a wide range of viscosities from 0.25 times the base
viscosity to 7.5 times the base viscosity. The simulation was run for a 1:1 gear ratio, an input
torque of 300 Nm and 640 Nm, a rotational speed of 1250 rpm and an input sump temperature
of 65 °C. An additional rotational speed of 3000 rpm was also simulated to show how different

components react to increased rotational speed.

Like in the previous section, this study is mainly a hypothetical study to establish trends in
losses as viscosity is changing. At no point it is suggested that gearbox lubricants should have
the viscosities shown in the chart as optimum. In a real automotive gearbox, there will be other
considerations and further complications such as additional stages, different immersion depths
as well as more shafts and bearings. For this reason, the ranking of viscosities suggested here

would not be directly applicable.

For the lower rotational speed and low torque condition (Figure 5.17), the most efficient value
for viscosity is between 2 and 2.5 times the base viscosity whereas this shifts to higher
viscosities when the input torque is high (Figure 5.18). The gears benefit from higher viscosity

oil because they are rough and the more viscous oil results in thicker films, reducing the overall
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loss. Bearings on the other hand are very smooth and a higher viscosity oil serves to increase

losses due to added churning of oil within the bearing; this is more evident for the higher

rotational speeds shown below. In turn, this means that in order to select a lubricant for a

specific application, one must take into account these differences and find the balance between

keeping the gear surfaces sufficiently separated and preventing excessive bearing loss. Gear

churning losses are slightly higher as viscosity increases as may be expected but the relatively

shallow immersion depth and the small size of the gear is keeping the overall contribution low

in all cases at this relatively low speed of 1250 rpm.
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Figure 5.17: The effect of lubricant viscosity on the losses breakdown for an input torque

0of 300 Nm (1250 rpm, 65 C°, 1:1, fixed module, immersion depth 6mn)
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Figure 5.18: The effect of lubricant viscosity on the losses breakdown for an input torque

of 640 Nm (1250 rpm, 65 C°, 1:1, fixed module, immersion depth 6mn)
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When the rotational speed is increased to 3000 rpm, illustrated in Figures 5.19 and 5.20, the
contribution of gear churning and especially bearings becomes more significant and the point
at which bearing losses are high enough to make the overall system less efficient comes earlier
between 1 and 1.5 times the base viscosity. This is not the case when the torque is high, as the
more pronounced gear friction losses move the most efficient point to around 2 to 2.75 times

the base viscosity.
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Figure 5.19: The effect of lubricant viscosity on the losses breakdown for an input torque

0of 300 Nm (3000 rpm, 65 C°, 1:1, fixed module, immersion depth 6mn)
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Figure 5.20: The effect of lubricant viscosity on the losses breakdown for an input torque

of 640 Nm (3000 rpm, 65 C°, 1:1, fixed module, immersion depth 6mn)
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5.7 Parametric studies on the influence of selected parameters on gearbox power losses

This sub-section presents a series of parametric studies with the main objective of establishing
trends in the influence of selected parameters on gearbox losses. The studies will be carried out
in a single stage set-up since these trends are much easier to establish than in a full multi-speed
gearbox studied later. It should be noted that the comparisons in this section often use
hypothetical gear geometry in order to study the effects of specific parameters (lubricant
properties, number of teeth, face width etc.) on efficiency. The geometry is not necessarily the
one that would be arrived at through application of gear design rules and hence should not be
taken as appropriate for the given loading. The section is not meant to provide gear design

rules, but a systematic study of parameters of interest on overall gearbox efficiency.

5.7.1 Losses breakdown and the influence of bearing selection

The relative proportion of the losses in the gearbox is an important factor which highlights the
potential for efficiency improvement. The individual gear contact friction, bearing, seal and
churning losses and their contribution to the overall gearbox loss was studied for the same set
of 5 conditions outlined above in Table 8. The resulting losses from the above procedure were
plotted so that the relative proportion can be visualised and they are shown in Figure 5.21; the
numbers on the graph represent percentages of total power loss for each individual loss
component. At the low speed and low torque condition 1, the bearing and seal losses comprise
21.8% of the total while churning accounts for 1.5%. As the rotational speed increases these
losses increase and at condition 5, bearing and seal accounts for 32.3% of the total while
churning is 3.2%. The bearing loss increase is mainly due to bearing oil churning and therefore
the rotational speed has a pronounced effect on both bearing and gear churning losses.
Churning losses are not significant in relative terms, but since they are highly dependent on the
immersion depth as explained above, an increase in the immersion depth would make them

more prominent.
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Figure 5.21: The cumulative losses in the gearbox when the 6307 RS1 DGBB is used

The role of temperature is crucial in these calculations, however they were all done at a constant
initial sump temperature of 65 °C. It has to be noted that, since the model calculates the losses
at the inlet temperature, when convergence is achieved, the actual temperatures where all the
losses (including bearing and churning) are calculated are higher, ranging from 67 °C to 71 °C.
The difference in converged temperature between the two lubricants ranges from 0.3 °C to 0.7

°C however this has little impact on the observed differences.

The use of DGBBs, which are a relatively efficient bearing type, means that the bearing loss
contribution in this gearbox set-up is invariably small. Since the studied gearbox uses spur
gears, there is no need to support axial loads hence a deep groove ball bearing is a viable option.
This results in very low bearing losses compared to an automotive gearbox which commonly
uses tapered roller bearings in order to support axial forces generated by helical gears. If a
tapered roller bearing is used then the bearing losses will become much more important,
especially so for low load conditions. To show the effect of bearing selection, a version of the

gearbox which uses a 32210 J2/Q TRB was simulated using the same input conditions 1-5.

It has to be noted that this bearing is much larger than the 6307 bearing previously used and a
smaller version could accommodate the loads however the focus of this section is mainly to
provide a hypothetical study on bearing influence. Bearing losses can be drastically different
if larger bearings are chosen for increased operational life or specific bearing types (such as

TRBs) are chosen to accommodate axial loads in addition to radial loads. For this reason, no
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direct comparisons between the two arrangements should be made. In addition, the selection
of'a 32210 bearing is of interest because this size of bearing is used in the commercial gearbox

detailed in the next chapter.

For the purposes of evaluating the breakdown of losses in conditions other than WOT, a 6™
condition was run, using the average values extracted from an experimental low-load drive
cycle which will be presented in detail in the following chapter. The 6 condition has an
average input torque of 144 Nm, a rotational speed of 1750 rpm, an average input (sump)
temperature of 56.23 °C and an immersion depth for the gears equal to the pitch radius. Two
cases were run for the bearings; one with no axial load and one including an axial load equal
to one third of the radial load - this analogy corresponds to the observed ratio of axial to radial
loads observed for the same bearings used in the commercial gearbox presented in the next
chapter. The power loss and efficiency results for these conditions are shown in Figures 5.22

and 5.23.
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Figure 5.22: The cumulative losses in the gearbox when the 32210 J2/Q TRB is used (no

axial load)
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Figure 5.23: The cumulative losses in the gearbox when the 32210 J2/Q TRB is used (axial
load/radial load = 1/3)

Comparing these figures to their equivalents when the 6307 RS1 DGBB was used shows a
dramatic change in the losses breakdown; the bearing losses, rather than gear tooth friction,
are now dominant under a wide range of conditions, especially so when the axial load is
incorporated. Using oil A with TRBs and no axial load, bearing losses comprise 34.1% of the
overall losses in condition 1 but this contribution rises to 73.7% for the newly introduced
condition 6 which is more representative of a real-world automotive gearbox operating
condition. The figures for oil B are higher still. This is in stark contrast with the numbers when
the DGBBs were used, where the maximum contribution of the combined bearing and seal
losses, encountered at condition 5 was 32.3%. As far as the bearings themselves are concerned,
results are mostly due to the fact that the losses for the TRBs are much higher compared to
DGBBs due to different geometry and bearing efficiency, particularly the presence of sliding
at the TRB roller — flange contact and associated increase in friction in combination with an

increase in bearing size.

Regarding churning losses, the relative contribution is very low for conditions 1-5, where the
immersion depth was not changed, while increasing the depth to cover half of the gears
(condition 6) results in an increased contribution of 8.6% for no axial load on the TRBs. This
is much higher than the maximum contribution when DGBBs at shallow immersion depths

were used (3.2%). Nevertheless, the contribution of churning is still quite low in absolute terms,
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partly because of the massive bearing loss but mainly due to the fact that only one, relatively
small, gear pair is used. In an automotive gearbox where multiple gear pairs are used, churning
contribution will significantly increase and, depending on the conditions, it could even be the

dominant loss source, as will be demonstrated in the following chapter.

When the newly introduced condition 6 is examined, the relatively high rpm and very low input
torque, combined with the larger bearing, increase the relative bearing loss contribution even
more. The bearing losses are dominant comprising between 73.7% and 82.1 % of the overall
loss, whereas gear friction loss is now relatively low. This condition is representative of a low
load highway drive cycle for automotive gearboxes where there is no need for high input
torques; it has to be noted that conditions 1-5 were based on a wide open throttle (WOT) engine
map which is rarely the case when it comes to real life driving conditions. It can be said that
generally the higher the input torque, the more significant the contribution of gear friction

becomes.

Figures 5.24 and 5.25 below show a comparison of the two lubricants when the TRBs are used

and condition 6 is included.

For the reasons explained above (bearing and churning losses are only affected by viscosity),
the percentile difference between the two lubricants is smaller compared to when DGBB’s
were used; the same is true for the efficiency. When one analyses condition 6 however, the
efficiency is much lower although the power loss is also lower. Most importantly, the gap
between the two lubricants in terms of efficiency is the highest observed at 0.26% in favour of
oil A. This is due to the lower temperature of 56.23 °C, where the viscosity difference between

the two oils is much more significant (50.15 ¢St for Oil A vs 58.66 cSt for Oil B).
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Figure 5.24: The power loss of the gear pair for lubricants A and B when TRBs are used
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Figure 5.25: The efficiency of the gear pair for lubricants A and B when TRBs are used
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5.7.2 The influence of face-width ratio on losses breakdown

An important parameter when it comes to gear design is the face-width ratio which is the ratio

of the face width over the reference diameter of the gear. Simulations were run for several face-

121



width ratios ranging from 0.2 to 1.3. The input conditions were the same as in the previous
sections, with a rotational speed of 1250 rpm, a 1:1 ratio and an input temperature of 65 °C. As
the gear became wider, the square of the diameter was reduced by the same factor in order for
the gear volume, V=bnd?/2, to remain unchanged. Since the torque carrying capability of a gear
is roughly proportional to the volume, based on both the bending and contact stress
considerations, this means that all gear shapes considered here could be used in the same
application to provide a fair comparison. Results are shown in Figures 5.26 and 5.27 for an

input torque of 300 Nm and 640 Nm.

Gear friction and bearing losses increase as the face-width ratio increases. For the lower input
torque of 300 Nm, the losses breakdown remains relatively constant, with gear friction losses
comprising between 65.6% and 69.8% of the overall with bearings generating 27.4%-32.7% of
the heat and churning accounting for the remaining 1.2%-3.6%. For the higher torque, the
overall trend is similar. As far as gear friction losses are concerned, smaller reference diameters
lead to reduced peripheral speed of the gears. This results in lower film thickness and therefore
lower lambda ratios which in turn increase the effective friction coefficient. Contact
temperatures are higher and the losses due to gear friction increase. When it comes to bearings
the losses are also higher as the gears get smaller and wider; this is due to the increased total
bearing load. Churning losses on the other hand reduce slightly as a result of the gears
becoming smaller however this is not enough to compensate for the increase in bearing and
gear friction losses. The end result is that narrower face widths and larger reference diameters
are indeed more efficient than smaller, wider gears and are also likely to last longer given the
improved lubrication conditions at the gear teeth contacts. For this reason narrow gears are

used whenever the space restrictions of the application allow.
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Figure 5.26: The losses breakdown for the gear pair as the face-width ratio of the pair is
increased at an input torque of 300 Nm (1250 rpm, 65 C°, 1:1, immersion depth 6mn,
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Figure 5.27: The losses breakdown for the gear pair as the face-width ratio of the pair is
increased at an input torque of 640 Nm (1250 rpm, 65 C°, 1:1, immersion depth 6mn,

variable module, variable dref)

5.7.3 The influence of the tooth number on losses breakdown

Here the number of teeth on both gear and pinion was increased for a 1:1 ratio while the module
was kept constant at 3.95 mm. All other conditions were the same as in the previous section,
with the rotational speed being 1250 rpm. As can be seen in figures 5.28 and 5.29, the

contribution of gear friction becomes negligible as more teeth are added and the reference
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diameter increases, comprising just 0.1 % of the overall losses for a gear with 138 teeth
(reference diameter is 545 mm). The reason for this is that the slide-roll ratio in gear teeth
contacts as well as the contact pressures are reduced with the increase in tooth number (and
associated increase in gear diameter) since the input torque was kept the same. On the other
hand, the churning loss is increased massively and takes up 97.4 % of the overall as the large
gears rotate in the sump at 1250 rpm. Finally, bearings are not significantly affected as they
were kept the same - they can support the load. The same observations stand for the increased

torque of 640 Nm.
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Figure 5.28: The losses breakdown for the gear pair as the number of teeth is increased
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5.7.4 The influence of gear ratio on losses breakdown

In this section, the influence of gear ratio on the breakdown of losses has been investigated.
Simulations were run for six different gear ratios to study the relative contribution of the
individual sources. Results are shown in the following figures for two values of input torque;
300 Nm and 640 Nm. This comparison was made for lubricant A, at a sump temperature of 65
°C, and rotational speed of 1250 rpm and a constant module of 3.95 mm. The immersion depth
is fixed at 6mn and it follows the changes of size of the gear i.e. as the gear gets larger, its

immersion depth stays the same.

As can be seen in Figure 5.30, gear friction losses go down when the gear ratio is increased, as
a result of lower contact pressures and SRRs while the reduced rotational speed of the wheel
shaft results in lower bearing losses. In addition, the larger gears provide better cooling
resulting in lower contact temperatures. The churning losses on the other hand are not
significantly affected, which is expected as the immersion depth remains relatively shallow.
The same is true for bearing losses, assuming that the bearing size will remain the same. The
above results in higher gear ratios being significantly more efficient. The same trend is true for
the increased torque, shown in Figure 5.31 with the only difference being an expected increase

in the contribution of gear friction.

As will be shown when the commercial automotive gearbox will be examined in the following
chapter, the immersion depth is selected for the larger gears in an attempt to minimise churning
loss and the smaller gears are either partly immersed or not immersed at all, lubricated by
splashing and the swell effects. Moreover, automotive gearboxes often feature different levels
and are not flat-bottomed so that all the gears are adequately lubricated. The difference in
churning and overall losses between the cases when immersion depth follows the wheel size
as opposed to pinion size is very large, with churning being minimised and comprising just
5.4% of the overall losses even in the extreme case of a 10:1 ratio. The reduced churning,
coupled to the fact that gear friction losses continue to drop, results in higher ratios being
consistently more efficient. Again, the most important thing to note is that the 1:1 ratio is never
more efficient and a 2:1 to 4:1 ratio is preferable until size begins to make very high ratios

impractical and uneconomical.
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5.8 Summary

In this chapter, the results from the application of the model to a simple single stage spur
gearbox were presented. The main objective of the presented parametric studies was to
establish trends in the influence of various parameters on gearbox losses, since these trends are

much easier to establish in a simple single stage set-up than a full multi-speed gearbox.
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The presented results included contact path calculations for the selected spur gear pair to
illustrate the evolution of film thickness, temperatures and friction along the contact path. The
resulting gear mesh efficiency is studied. The effect of roughness on gear power losses was
then investigated. The two test lubricants, characterised in chapter 5, were compared in terms
of gearbox power losses. To further study the influence of oil parameters on gearbox efficiency,
three further, hypothetical lubricants were simulated, using oil A as a reference, to study the
effect of specific lubricant properties on gear friction losses. Finally, the relative contribution
of different losses was examined and the influence of selected design parameters, such as
bearing type, gear facewidth ratio, gear ratio and gear tooth number, on the overall losses and
the breakdown between the individual losses were investigated. The significance of the results
and the main trends established here will be discussed in the Discussion chapter later in this
thesis. The next chapter will present the results of the model applied to a commercial

automotive gearbox.
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6. PREDICTING LOSSES
UNDER REAL ROAD

CONDITIONS IN A 6 SPEED

AUTOMOTIVE GEARBOX



6.1 Introduction

In this chapter, the model that was previously detailed will be applied to predict power losses
in a 6-speed commercial manual automotive gearbox installed in a vehicle and subjected to real
road driving conditions. The gearbox is fitted on a full size US-spec pickup truck. The truck
and the gearbox were instrumented with multiple sensors and the vehicle was then driven on a
real road under varying duty cycles. The data gathered during the vehicle operation is then used
to compare the predictions of the current gearbox efficiency model with the actual gearbox
temperatures (and hence indirectly efficiency) recorded during the vehicle operation. In order
to achieve this comparison, the core gearbox power loss model described previously is
extended to include a thermal model of the gearbox, in order to predict temperatures in the
lubricant sump. The losses breakdown in the gearbox are analysed and the temperature
predictions are compared to experimental values. In addition, two standardised drive cycles
will be simulated by the present model, to highlight the importance of lubricant selection and

the effect of severity of the chosen drive cycle on the losses.

6.2 Simulation
6.2.1 Experimental drive cycle, vehicle details and model inputs

A drive cycle can be defined as a fixed vehicle operation schedule which allows experiments
such as emission tests, engine and drivetrain durability tests to be conducted under repeatable
conditions. It comprises a series of data points, most commonly vehicle speed and/or gear

selection vs time!%.

Drive cycles can be classified as steady state or transient depending on how the velocity
changes with time. A steady state drive cycle usually comprises a sequence of constant load
and engine speed combinations, whereas in a transient drive cycle the engine load and the
vehicle speed are almost constantly changing. For the purpose of this study, three experimental
drive cycles under real road operating conditions will be used together with two of the most
popular drive cycles used today, the New European Driving Cycle (NEDC) and the Artemis

URM 150 which is more severe and representative of real world driving.

The gearbox is mounted on a 2006 Dodge Ram 3500. It is a typical full size US pickup truck
powered by a 6.7L Cummins turbo diesel engine. The power is transferred to the back twin
wheels through a six speed manual gearbox. The gearbox under examination is a full

synchromesh automotive gearbox made by Mercedes Benz (G56 AE). This study was granted
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access to this vehicle and the gearbox through research collaborators, Valvoline US. This meant
that it was possible to dismantle the gearbox, inspect and measure internal components as well
as instrument the vehicle with the desired sensors. Further information on the vehicle and the

gearbox, including basic dimensions, gear ratios and bearing details, is shown in Table 9.

Table 9: The basic vehicle and gearbox parameters used as inputs for the model

Vehicle mass, M 3000 kg Final drive ratio 3.73
Wheel size 235/80/R17 1% gear ratio (total) 5.94
Vehicle Frontal area (m?) 3.75 2% gear ratio (total) 3.28
Drag coefficient, Cd 0.46 3% gear ratio (total) 1.98
Gearbox mass .
53 4% gear ratio (total) 1.31
(gears + synchros) (kg)
Gearbox mass (casing) 27.7 5% gear ratio (total) 1 (direct drive)
Gearbox mass (oil) (kg) 5 6 gear ratio (total) 0.742
Gearbox surface area Normal modules
0.5 4.14/3.75/4/3.81/3.25
(approx.) (m?) 15t- 6 (mm)
Input shaft bearing 32210 (TRB) Main shaft bearing 32210 (TRB)
Countershaft bearing Countershaft bearing
_ ' 30307 (TRB) _ 32208 (TRB)
(input side) (output side)

In order to obtain the required data enabling the comparisons between the model predictions
and real life data, the vehicle was instrumented with thermocouples to measure the temperature
in the oil sump and around the gearbox, as well as pitot tubes on the bottom, top and sides to
measure air velocity. The rotational speed of the crankshaft and the engine load was logged by
the ECU and the required torque was calculated according to industry standards'®® as a
percentage of the maximum torque at Wide Open Throttle. The maximum torque at any given
rotational speed was taken from a WOT map of the engine (Figure 6.1) which was extracted

from a rolling road dynamometer run by Valvoline and supplied to this study. The selected

gear was also back calculated from the rotational speed and engine load data. The input
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shaft/main shaft/countershaft assembly and some details of the gears can be seen in Figures 6.2

and 6.3.
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Figure 6.1: Engine power and torque curves at wide open throttle for the 6.7L. Cummins

turbodiesel engine installed in the vehicle considered (data supplied by Valvoline)

Figure 6.2: The vehicle that was used for the experimental drive cycle
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Figure 6.3: The G56 six speed full synchromesh automotive gearbox

After the vehicle was instrumented, it was driven multiple times with varying real road
conditions in order to achieve different speed profiles and duty cycles. The lubricant used for
the experiments was oil A. The instrumentation and the drive itself was conducted by Valvoline
staff in Kentucky, USA, while the details of the desired data acquisition and duty cycles were
supplied by the present author. The resulting speed profiles for three drives are shown in
Figures 6.4, 6.5 and 6.6. It is evident that the drive cycles consist mostly of open road driving
rather than start and stop city-style driving. The experimental drive cycles had three variations;
the first one was low load, the second one was similar to the first but high load and the third
one was more transient incorporating many stop-and-go type parts and was also high load. In
the first and second case, the drive cycle was repeated driving i.e. forwards and back on the
same road and so the second part is a mirror image of the first part. In the third case, a different
uphill route was chosen as it was desired to have higher gearbox torques. There were some
periods during the second part of the run (experimental cycle 1) or the initial part (experimental
cycle 2) when the data logger was not logging properly hence there are a few straight lines and
constant gradients on the profile, evident in the figures, as these areas were interpolated for the
sake of temperature continuity. This does not effect the data significantly as the road conditions

were relatively steady during this period anyway.

As far as the driving style is concerned, there was no particular shift strategy employed in the

first and third case and most upshifts happened at around 2000 rpm. In the second case, a lower
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rpm shift strategy was employed in order to highlight the effect of the driving style on the losses
breakdown. The employed drive cycles were carefully designed to test the capabilities and
usefulness of the model under different driving conditions. In cycle 1, the speeds were
relatively high and the torque demand was relatively low which should result in relatively lower
gear losses and increased bearing losses, whereas in the second and third cycles, a 3.5 tonne
trailer was attached to the vehicle resulting in a much higher engine load and subsequently
higher torque demand, which should in turn result friction losses. More information on the
experimental drive cycles and a comparison to the two standardised drive cycles which will be

modelled in the next section can be found in Table 10.
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Figure 6.4: The speed profile for the experimental drive cycle 1
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Figure 6.5: The speed profile for the experimental drive cycle 2
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Figure 6.6: The speed profile for the experimental drive cycle 3

Table 10: A comparison between the devised real road experimental drive cycles and the

standardised drive cycles

Artemis
Experimental | Experimental | Experimental
Parameter NEDC | URM
1 2 3
150
Duration (s) 4303 5133 4967 1220 3143
Avg speed
80.85 65.54 54.4 32.47 59.18
(km/h)
Max speed
112 113 111 120 150.4
(km/h)
Avg torque
48.64/3 | 96.78/
demand 144.32 286.43 243.4
2.95 77.11
(shiftl/shift2)
Avg engine rpm 1131/1 | 1443.2/1
& eneie P 1748 1570 1377
(shift1/shift2) 649 877

In the G56 gearbox considered here, there are three shafts, seven sets of gear pairs, four
synchronisers, four main bearings and several smaller needle bearings and couplings. As far as

loss predictions are concerned, all major sources were taken into account, namely the gear
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friction, the churning due to gear rotation and the bearing losses. Synchronisers were excluded

as they are only partially moving, all needle bearings used to support the gears were not

modelled and the casing seal losses were excluded as well. The main assumptions that were

made for the modelling of the gearbox are as follows:

1.

The gearbox was modelled using spur gears. The kinematics of helical gears would
require a recalculation of forces and kinematics (and the resulting film thickness) at
each point as the vectors are constantly changing. This could in turn be modelled by
splitting the helical gear into many “slices” and doing the calculations for each slice.
Although feasible, the drawback of such an approach is the significantly increased
computational demand, and therefore for the purposes of this study it was considered
adequate to model spur gears. In any case, the most important reason that manufacturers
use helical gears in commercial automotive gearboxes is to reduce the noise emitted by
the meshing gears however the difference in terms of efficiency between spurs and
helicals is expected to be negligible. Helical gears have constant mesh stiffness
resulting in lower internal dynamic loads and lower noise at higher speeds; for example
BGA recommends use of helical gears at peripheral speeds over 10 m/s'%.

In this gearbox, the 5™ gear is direct drive therefore when no gear is engaged (N) or
when 5™ gear is engaged, there is no bearing or gear friction loss. When no gear is
engaged, the bearings are only supporting the weight of the components and the gears
do not transmit any torque. The weight of the gears and shafts is insignificant compared
to the load on the gear contacts when torque is transmitted.

There is no preload on any of the bearings — this was confirmed by the service manual
of the gearbox.

The surface roughness of all the gears was fixed to 250 nm, an average value measured
for the input shaft/5™ gear pair and the 6™ gear pair using a Talysurf roughness
measurement rig (Figure 6.7). This value might vary slightly among the different gear
pairs, however it was considered adequate to use the same value throughout for
simplicity.

Only a portion of the surface area of the gearbox was used in the lump mass heat transfer
calculations. The reasoning behind this assumption is that only the bottom part of the
gearbox is actually exposed to the free stream of air measured at the front grille, since
the gearbox only slightly protrudes under the vehicle. The main body of the gearbox is

surrounded by the clutch assembly and other underbody panels and protectors, which
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effectively block or severely restrict the flow of air. This was confirmed by the readings
from the installed pitot tubes; the tubes mounted on the top and side surfaces of the
gearbox were showing very small air velocity values. Therefore, at least half of the
gearbox was not exposed to the airflow. As will be shown in the next section, the
convective heat transfer coefficient between the gearbox surface and the surrounding
air is strongly dependent on the value of the air velocity, with free convection making
little difference in terms of heat transfer in comparison to forced convection. Therefore,
assuming that the entire surface area of the gearbox is surrounded by air moving at the
free stream velocity would give unrealistic heat dissipation rates. Since this was an
experimental measurement and the exact value of the surface area exposed to the free
stream could not be known unless a full velocity profile was available, different values
for the “active” surface area, ranging from 20% to 50% of the total, were simulated for
all three experimental drive cycles which will be described in the next section. The
value found to match the experimental results more closely for all three cycles at the
same time was two fifths (40%) of the actual surface area. Therefore this value was
used in the lump mass calculations. Given the existing multiple pitot tube locations and
measurements, this figure is realistic, but further measurements can be made to refine

it.

Figure 6.7: Surface roughness measurement of the 6th gear
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6.2.2 Thermal model of the full gearbox

Once the drive cycle demand, the geometry and vehicle inputs are known, the last step to
complete this model is to thermally couple it to the environment. In order to predict the
temperature of the oil sump, heat transfer between the gearbox and the surroundings during
vehicle movement needs to be calculated. For this reason the gearbox was instrumented with
multiple thermocouples mounted both outside and inside the casing and their readings for the
experimental drive cycle can be seen in Figure 6.8. All the thermocouples inside the oil sump
(channels 4, 6 and 1) are basically showing the same temperature while the top and bottom of
the gearbox (channels 3 and 7) show roughly 5 °C — 8 °C lower. The thermocouple that was
mounted on the bell housing showed a higher temperature however this is due to the proximity
to the engine, the clutch assembly and, perhaps most importantly, the exhaust pipes. The
thermocouple readings for the other two experimental drive cycles were very similar in terms
of observed trends and are not shown here. All experimental readings in the following sections

are taken from the thermocouple on channel 5 which was mounted on the centre of the sump.
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Figure 6.8: The temperature readings from the thermocouples mounted inside and
around the gearbox as well as the ambient temperature reading (ch8) for the first

experimental drive cycle shown in Figure 6.4

Given the minimum variations in temperature between different locations of the gearbox, as
shown by the thermocouple readings, a lump mass approach for heat transfer between the
gearbox and the surroundings was considered appropriate. The mass of the various parts of the

gearbox was known and the surface area of the gearbox was approximated using measured
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dimensions. By making these simplifications it is possible to calculate the temperature at each
time step in a drive cycle relatively quickly so that the whole drive cycle can be modelled
within an acceptable time and on a standard personal computer. In this approach, the lumped
mass of gearbox components will absorb the heat resulting from gearbox power losses and will
lose some of this heat through the gearbox casing walls to the surroundings because a free
stream of air is flowing around part of the casing. Balancing the heat input and the heat lost to
the surroundings, it is possible to calculate the temperature of the lubricant sump after one time

step:
Tt = At * (Ptotal — htc * Agbox * (Tt—l - Tamb) + mcp * Tt—l)/mcp (77)

Where T; and T;_; is the temperature of the sump at the current and at the previous time step,
At is the duration of the time step, Tyyp 1S the ambient temperature, htc is the heat transfer
coefficient due to forced convection between the surface of the gearbox and the surrounding
air, Agpoy 18 the surface area of the gearbox over which the external heat transfer occurs, Pyorq;
is the overall gearbox power loss due to gear friction, bearings and churning and mcp is the
sum of each component’s mass (steel parts, aluminium parts and lubricant), multiplied by the
specific heat capacity of the material. In order to evaluate the equation, the convective heat

transfer coefficient for the gearbox casing needs to be known.

If the fluid conductivity, k, the Nusselt number, Nu and the characteristic dimension/length, L
(or D) 1s known then the heat transfer coefficient can be calculated, using standard heat transfer

solutions, as follows:
kNu
htc = I (78)

The characteristic length was selected to be the length of the gearbox in the direction of the air

flow and the Nusselt number can then be calculated using the Churchill Bernstein equation'®.

515
8

1
0.6Rez Prt/3
> when PrRe = 0.2 (79)

Nu=03+—"——— 1+(

2y
1 ()|

Re
282000

Where

vL v
Re = — and Pr = — (80)
v X
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are the Reynolds and Prandtl numbers respectively and v is the fluid velocity, v the kinematic

viscosity and y the thermal diffusivity.

6.2.3 Comparison of model predictions to measurements

In this section, the model was run using the inputs from the experimental drive cycles. The
input torque was calculated from the engine load and the heat transfer coefficient was
calculated using the method described above. The full power loss model described earlier was
run for each time interval for the gear selected during that time. The sump temperature changes
at each time interval were then predicted using the lump mass approach described above. The

predictions were then compared to the experimental results.

In this two-stage, multi gear model, two gear pairs are engaged and transferring torque at any
time, except when the 5™ gear is selected, in which case the gear friction losses are assumed to
be zero. Therefore, the frictional power loss of the gears has to be calculated twice per time
step. This in turn results in increased calculation times compared to the single stage gearbox.
A cycle consisting of 4000 time steps and with the contact path split into 125 points takes
between 2.5 and 4 hours to solve, depending on the conditions and selected gears. Simulating
a gearbox with more stages would proportionally increase this time by requiring more iterations
of the calculation scheme. On the other hand, the increased number of bearings and the
additional churning sources are all accounted for using simple equations which are much faster
to solve. As a result, the most important factor to determine simulation time for this particular

gearbox is the number of time steps in the drive cycle.

Simulations were run for both lubricants, A and B described previously, and the results were
compared. In all cases, lubricant A was more efficient compared to lubricant B, a difference
that was reflected both on the lower predicted sump temperatures and the lower power loss.
Figures 6.9, 6.10 and 6.11 compare the predicted sump temperature for the two oils when the

experimental drive cycles 1-3 were simulated.

For the first cycle, the predictions are very close to the experimental values up until the 3000 s
mark. At this point the experimental value plateaus whereas the predicted temperature still rises
very slowly for a short period of time until it also plateaus. This delay, which is also observed
at the beginning of the test, is likely due to the components that either surround (exhaust) or
are directly connected to the gearbox (clutch/flywheel assembly). These are expected to heat

up much quicker than the gearbox itself as a result of engine and clutch operation and exhaust
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gases. If this was taken into account an additional heat input from the exhaust and the engine
would have to be added. The maximum difference between the two lubricants in terms of
temperature is 2 °C and Oil B is constantly giving higher losses than Oil A, as will be seen in

the losses breakdown figures that follow.
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Figure 6.9: Predicted vs experimental sump temperature for lubricants A and B

(experimental drive cycle 1)
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Figure 6.10: Predicted vs experimental sump temperature for lubricants A and B

(experimental drive cycle 2)

As far as the second cycle is concerned, the predicted temperature again follows the
experimental data closely and the same discrepancy is observed towards the end where the

predicted temperature rises to a maximum of 5 °C higher than the experimental value. Again,

140



this is due to the thermal model excluding the engine and other surrounding components which
reach a thermal equilibrium before the model does. Nevertheless, taking the latter observation
into account the prediction is considered satisfactory and the trend followed is very close to the
measured temperatures, particularly given that the experimental data is for real road driving
conditions. In the third case, where the drive cycle was more transient compared to the first
two, the temperature predictions are also very close to the measurements proving that the model
offers a robust way of estimating transient temperatures in the oil sump as long as the gearbox

characteristics are modelled correctly.
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Figure 6.11: Predicted vs experimental sump temperature for lubricants A and B

(experimental drive cycle 3)

Considering the breakdown of losses inside the gearbox, it can be seen in figures 6.12, 6.13
and 6.14 that, in all cases, bearing losses are dominant, with churning losses being more
prominent whenever the vehicle speed is high. Gear friction losses on the other hand are almost
always the smallest component except during the high power section between 250 and 400 s
where they are equal to the bearing losses (1* cycle). A drive cycle with a high torque input is
expected to generate significantly higher gear friction losses, as can be seen in the experimental
drive cycle 2 where the average gear friction loss is 19.6 % of the overall with bearings at 52.4
% and churning at 27.9 % (7.9 %, 57.2 % and 35 % respectively for the first drive cycle with
a very similar profile). This is in line with the results presented in the previous chapter for a
simple single stage gearbox where higher torques increased the relative importance of losses

due to gear friction.
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Figure 6.12: The losses breakdown in the G56 gearbox (experimental cycle 1)
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Figure 6.13: The losses breakdown in the G56 gearbox (experimental cycle 2)

The reason that the loss distribution is skewed in favour of bearing losses (particularly for the
first drive cycle) is that the load is low and that the bearing design (TRB) is relatively
inefficient. Compared to the single gear pair studied in the previous chapter, the breakdown
trend is similar to condition 6 (see section 6.7.1) except for churning losses which are inevitably
high in this automotive gearbox due to a deep immersion depth and multiple gear pairs rotating
in the oil sump at all times (the gearbox is full synchromesh). Nevertheless, these results
suggest that the earlier studies performed on the simple single stage gearbox can indeed identify
important trends that are applicable in real multi-stage gearboxes, and hence can be useful in

informing basic design decisions at early stage of gearbox design and oil selection.
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Figure 6.14: The losses breakdown in the G56 gearbox (experimental cycle 3)

A further analysis of the bearing losses, shown in Figure 6.15, reveals that the main shaft
bearing is responsible for the highest percentage of bearing losses. The main reason for this is
that this bearing is carrying relatively high loads, both axial and radial, compared to other
bearings. In addition, it operates under relatively high rotational speeds for most of the time
because of the extended periods that these drive cycles run in 6 gear (gear ratio 0.742). The
input shaft bearing rotates at high speeds at all times (engine speed) and is relatively highly
loaded compared to the countershaft bearings, thus producing higher loads than the
countershaft bearings, which exhibit the lowest losses of the three bearing locations. The
bearings losses breakdown is very similar for the other two experimental drive cycles with the
main shaft bearing being the main contributor. These results are significant as they pinpoint
the critical components in terms of efficiency and hence can enable the gearbox manufacturers

to improve the design at minimum cost by targeting the appropriate components.
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Figure 6.15: The losses breakdown per bearing in the G56 gearbox for QOil A

(experimental cycle 1)

6.2.4 Model predictions in standardised drive cycles
6.2.4.1 Drive cycle profiles and estimation of required inputs

In this section, the model was used to simulate two popular standardised drive cycles namely
the legislative NEDC and the Artemis URM 150. The first is used for type approval of cars,
vans and other light duty vehicles in the European Union and is closer to a steady state drive
cycle than a transient one as it includes lengthy constant velocity periods as well as very gradual
acceleration and deceleration phases. The version of the cycle used here includes a 40 second
idle period at the start and consists of 4 repeated ECE 15 (city) and one EUDC (highway) drive
cycle. The second was developed as part of the European 5™ Framework project and is more
representative of real road driving conditions, however many manufacturers are still using the
NEDC for type approval (and advertising) purposes as it gives far lower emissions. The
Artemis URM150 comprises many parts, from city driving (urban) to suburban and highway
sections. The two drive cycles are shown in figures 6.16 and 6.17 respectively. To simulate the
two drive cycles, the torque at the gearbox input, the rotational speed of the gears and the
selected gear had to be known. In order to find the required or demanded torque, the WTO
efficiency map of the engine, shown previously was used. The torque demand was calculated

from the required tractive effort of the vehicle.
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Figure 6.16: The New European Drive Cycle (NEDC) including an initial 40 s idle period
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Figure 6.17: The Artemis URM150 drive cycle

When a vehicle is travelling at a constant speed or accelerating, the required tractive effort is
the force needed to overcome the resistance forces as well as the friction in the various parts of
the vehicle (engine, drivetrain). The tractive effort is the sum of these resistances. Excluding
internal friction losses, the tractive effort comprises three terms namely aerodynamic, gradient
and rolling resistance!%. Aerodynamic resistance, R,, mostly depends on the shape and size of
the vehicle and is proportional to the square of the vehicle’s speed. Gradient resistance,R,,,

depends on the slope of the road and the vehicle’s weight whereas rolling resistance, R,.,
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depends on the rolling resistance of the tyres and hence the tyre and road surface and material,

as well as the vehicle’s weight.

When the vehicle is accelerating, the sum of all forces acting upon it can be found by Newton’s

second law:
2JF = ma (81)
Substituting the three resistances and the force provided by the vehicle at the wheels we get:
F = R;+Ry;+R, + ma (82)

Aerodynamic resistance!6°

is mostly due to the turbulent air flow around the body of the vehicle
(85%), the friction between the body and the air (12%) as well as the resistance of vehicle

components, for example air vents and radiators (3%). It can be expressed as:
1
R, = EpvaCd (83)

Where p is the air density, v is the relative velocity between the air and the moving vehicle, A
is the vehicle’s frontal area and C, is the overall vehicle drag coefficient. The frontal area is
simply approximated by multiplying the width by the height and subtracting the area between
the ground and the lower end of the bumper. The drag coefficient for this particular truck could

167168169

not be confirmed by the manufacturer but various online sources put it between 0.44

and 0.48 for a 2006 model therefore an average value of 0.46 was used.

The gradient resistance is simply the component of gravitational force acting on the vehicle

when it is travelling at a slope of angle 6.
R, = mgsin6 (84)

Finally, the rolling resistance!%® is the sum of resistances due to tyre deformation (90%), surface
compression and tyre penetration (4%), tyre slippage and the circulation of the air through and

around the wheels (6%). It can be approximated as:
R, = C,mgcos@ (85)

Where C, is the coefficient of rolling resistance for pneumatic tyres. This coefficient varies
greatly from tyre to tyre and generally, the higher the traction a tyre provides, the higher the
resistance. A specific value for the tyre fitted on the vehicle was not provided by the
manufacturer. For this reason, an average value of 0.1 was used that matches the average given

by three major tyre manufacturers for a group test!”’.
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By substituting the above terms into the basic equation we can calculate the total tractive effort.
1 ] dv
F = E'DUZACd + mgsinf + C,mgcos6 + md_t (86)

To calculate the required torque at the wheels one simply needs to multiply the calculated

tractive force by the radius of the wheel.
T = Fr,, (87)

The required rpm of the wheels can be back-calculated from the required velocity of the current
step in the drive cycle. Then to calculate the required rpm of the crankshaft (gearbox input),
the rotational speed of the wheels has to be multiplied by the ratio of every transmission
component between the wheel and the crankshaft namely the differential (final drive) and the
gear pairs engaged in the gearbox. For example, when 6" gear is engaged the rotational speed

at the gearbox input would be

rpm = ( 30 )u(diff) u(6) u(5) (88)

—v
Ty
Where %v is the rpm of the wheels, u(diff) is the final drive ratio, u(6) is the gear ratio

between the main shaft and the countershaft for 6™ gear and u(5) is the gear ratio between the
input shaft and the countershaft. Similarly, the input torque can be found from the required

torque at the wheels.

When the gearbox input torque and rotational speed is known, the model can be used to predict
the losses in the gearbox if the selected gear pair is known. For this reason, a shift strategy
needs to be implemented. For the selected application and based on the WOT power curve of
the engine two different shift strategies were modelled. The first shifts gear at 1500 rpm which
is the point at the start of the maximum torque region of the curve and the second shifts gear at
2500 rpm which is where maximum power occurs. This comparison was implemented in order

to find the most efficient shift strategy when a full efficiency map is not available.

6.2.4.2 Results and lubricant comparison

The two drive cycles were simulated using three sets of conditions - changing the oil, the shift
strategy and finally adding a gradient to introduce extra resistance and therefore increase the

torque demand and the resulting power loss. Figure 6.18 shows the predicted sump temperature

147



for the NEDC drive cycle and the two shift strategies with or without the added gradient

resistance.
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Figure 6.18: A comparison between the two shift strategies and the effect of gradient

resistance on the NEDC drive cycle (Oil A)

It can be seen that the second shift strategy results in higher predicted temperatures due to
higher churning losses in bearings and gears. The added gradient takes the average torque
demand under the high power shift strategy from 32.95 Nm to 132.5 Nm therefore appreciably
increasing the gear power loss and the predicted temperatures. The maximum predicted
temperature is 20.43 °C for the maximum torque shift strategy, 24.8 °C for the maximum power
shift strategy and 29.31 °C for the maximum power shift strategy when the gradient resistance

1s added.

As far as oil comparison is concerned, a 2 °C difference was observed between the two oils
when the medium torque and high rpm experimental drive cycle 1 was run (Figure 6.9). On the
NEDC which averages 32.95 Nm and 1131 rpm (compared to 144 Nm and 1748 rpm for the
experimental cycle 1), it is expected that the difference between the two oils will be minimal.
The sump temperature prediction for the NEDC drive cycle and both oils can be seen in Figure
6.19, followed by the losses breakdown (Figure 6.20), all run for the first (maximum torque)
shift strategy. As expected, the gear friction losses which are the primary cause of separation
between the two oils are very low, confirming that no significant difference should be expected

between the two oils.
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Figure 6.19: The predicted sump temperatures for oils A and B for the NEDC drive cycle
(Shift 1)
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Figure 6.20: The losses breakdown in the gearbox for the NEDC drive cycle (Shift 1). For

clarity, only total losses are shown for oil B.

Figure 6.19 indeed shows that there is no significant difference in terms of predicted sump
temperature as at the end of the drive cycle for the two oils, the difference being only 0.8 °C
apart. The same can be said about the losses as it is the total loss that primarily determines the
sump temperature. Regarding the breakdown of losses one can observe that bearing and
churning losses are roughly equal during the slow “city driving” parts with gear friction losses

being very low in comparison, the reason for the latter being the low required input torque

149



throughout the entire cycle. When the drive cycle shifts to high speeds where rotational speeds

of the components are higher, bearing losses overtake churning to become dominant.

The results can be compared to the NEDC drive cycle with the maximum power shift strategy
(shift strategy 2) and an added gradient of 6.5 degrees, shown in Figures 6.21 and 6.22 below
Under these higher load conditions the difference between the oils becomes more prominent
and the maximum observed temperature for oil A is 29.31 °C compared to 31.04 °C for oil B.
The loss breakdown is different compared to the low torque cycle shown above. While bearings
still dominate, the gear friction losses are now a significant proportion of the overall, especially
so during the last part of the drive cycle (EUDC) where they are higher than churning and
comprise roughly a quarter of the overall losses, with churning taking up another quarter and

bearing loss being almost half.
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Figure 6.21: The predicted sump temperatures for oils A and B for the NEDC drive cycle
(Shift 2 + gradient)
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Figure 6.22: The losses breakdown in the gearbox for the NEDC drive cycle (Shift 2 +

gradient). For clarity, only total losses are shown for oil B.

Therefore a vehicle run on the NEDC drive cycle would be more efficient when oil A is used
however the difference is not large. This is mainly because the NEDC is relatively low load
and extremely smooth in terms of speed variation, but also because the duration of the drive
cycle does not allow for greater differences to develop. Moving on to the more demanding and
transient Artemis URM150 drive cycle, the same comparisons reveal a significantly more
pronounced difference between the two oils, as shown in Figures 6.23 and 6.24 below. The
maximum sump temperature is 42.92 °C for oil A compared to 46.96 °C for oil B, as a result

of higher losses from all sources.
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Figure 6.23: The predicted sump temperatures for oils A and B for the Artemis URM 150
drive cycle (Shift 1)
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Figure 6.24: The losses breakdown in the gearbox for the Artemis URM 150 drive cycle
(Shift 1)

As explained in the previous chapters, most of the difference between the oils is expected to
occur either because of lower operating temperatures (due to viscosity difference) or at high
loads where the regime shifts towards mixed and the difference in boundary friction coefficient
becomes more important. To investigate the effect of a boundary friction coefficient further,
the same high power run was simulated but with the boundary friction coefficient capped to
0.06 (measured value for oil A is 0.116, and for oil B it is 0.125). This did not make a significant
difference as the lambda ratio for these runs was high enough and the gears spent the majority
of the time outside of the boundary regime. The effect of the boundary friction (via a different
friction modifier for example) would be expected to be more significant in high load drive
cycles, potentially narrowing down the gap between the two lubricants significantly. To further
illustrate the effect of oil selection on gearbox efficiency, two cumulative graphs showing the
losses breakdown for all the drive cycles can be seen in Figure 6.25 below, followed by the

difference in the maximum predicted temperature between the two oils in Figure 6.26.

It can be seen that generally, the breakdown of losses compares well to the results obtained
with the simple single stage gearbox of chapter 5 when the large bearings were used, except
churning losses which are much higher in a full gearbox due to the number of gears rotating in
the sump at all times. The only case where gear friction losses are higher in comparison is when
the experimental drive cycle was driven with the truck heavily loaded. The much larger torque

demand resulted both in higher predicted temperatures and higher gear friction losses.
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Although bearing losses always dominate, there is a large variation between different drive
cycles and the gear friction losses range from a minimum of 1.6 % for the very low load NEDC
S2 drive cycle to a maximum of 19.6 % for the severe experimental drive cycle 2. As far as
bearing losses are concerned, the lowest losses (26.7 %) were observed for the experimental
drive cycle 3 and the highest (57.2 %) for the low load experimental drive cycle 1. Churning
was highest (60.2 %) for the NEDC S2 drive cycle as a result of high rotational speeds and low
torque, and lowest (27.3%) for the high load, low rpm experimental drive cycle 3.

An examination of the temperature difference between the two oils reveals that oil A always
results in lower predicted temperatures compared to oil B and this difference is maximised
when the gear friction losses are higher (due to rheological differences explained above), as is
the case with experimental drive cycles 2 and 3, or when the operating temperatures are lower,

as a result of bearing losses and churning where viscosity is most important.
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Figure 6.25: The losses breakdown for the experimental and standardised drive cycles
(Oil A)
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Figure 6.26: The difference in maximum predicted temperature between oils A and B for

each of the simulated drive cycles (predicted temperature for oil B is always higher)

Finally, the overall efficiency of the gearbox is examined and the two lubricants are compared
in terms of efficiency. Figure 6.27 below shows the calculated average efficiency values for
both the experimental and the standardised drive cycles. In terms of absolute values, the overall
efficiency ranges from 87.1 % to 97.5 % for oil A and falls between 85.9 % and 97.2 % for oil
B. This wide range of values shows that the lowest load NEDC drive cycle also gives the lowest
efficiency, whereas the experimental drive cycles which exhibit the highest overall losses are

also the most efficient. The same trend was observed in the single stage gearbox of chapter 5.
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Figure 6.27: The difference in overall efficiency between oils A and B
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As expected from previous results, oil B is consistently less efficient compared to oil A with
percentile values ranging from -0.14 % (experimental drive cycle 3) to -1.26 % (NEDC S2).
The difference was low for all experimental drive cycles and higher for the standardised drive
cycles. This observation, which is in contrast to the results from the temperature comparison
above, is explained by the fact that the predicted temperatures are low in the low load cycles
which brings the viscosity difference into effect and surpasses the effect of the experimentally

derived lubricant properties.

These results illustrate the value of the present model in helping to select the most appropriate
lubricant for the expected duty cycle of the vehicle and hence improve the overall efficiency
of the vehicle at a minimum cost. By accounting for the influence of lubricant properties on
various loss sources in a full gearbox, the model informs this lubricant selection process or
alternatively, its results can be used to help formulate new lubricants intended to reduce losses

in a specific application, automotive or otherwise.

6.3 SUMMARY

In this chapter, the model was used to simulate a commercial automotive gearbox mounted on
a US-specification full size truck. Several experimental drive cycles were run in conjunction
with the NEDC and Artemis URMI150 standardised drive cycles. Model predictions were
compared to measurements in terms of sump temperatures (and therefore power losses
indirectly) made during real road test drives and the results generally compare very well, with
small differences being explainable in terms of the effects of nearby components and gearbox
mounting on gearbox heat transfer. For the latter, effects such as gradient resistance and a
boundary friction modifier were explored and the comparative results were presented. The two
transmission lubricants were compared in terms of power loss and predicted sump temperatures
for these drive cycles, and the results indicate that the model can differentiate between different
lubricants in terms of overall gearbox efficiency for specific driving conditions and can
therefore be used for lubricant selection. In the next chapter, the main findings of this work

will be analysed and discussed.
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7. DISCUSSION



7.1 Introduction

In this section, the most important findings and the main results of this work will be discussed.
First the main advantages and limitations of the proposed gearbox efficiency model are
discussed. Then the main results both from the single stage and the commercial gearbox will
be analysed and compared, the losses breakdown will be examined and the lubricants will be
assessed in terms of overall efficiency. Finally, the main trends from the two gearboxes will be

qualitatively compared to the results of similar studies.

7.2 Advantages and limitations of the proposed gearbox efficiency model

The methodology for prediction of gearbox losses devised here offers a number of
improvements over existing predictive tools. Most significantly, it provides a means of
including the effects of lubricant properties in terms of contact friction and hence allows for
differentiation of lubricants in terms of resulting gearbox efficiency; it accounts for heat flow
during the mesh cycle and predicts the resulting temperatures through an accurate iterative
scheme; and it accounts for all the main loss sources in a typical gearbox, namely, friction in

gear teeth contacts, bearing losses, seal losses and oil churning.

Perhaps the biggest difficulty in accurately modelling gear lubrication, and gear friction in
particular, lies in the complexity of obtaining accurate tooth bulk temperatures and in contact
flash temperature rise. In gear teeth contacts, the contact friction produces frictional heating
which acts to heat up the bulk material of the gear; this in turn rises the gear bulk temperatures
and hence affects the inlet temperature (equal to speed weighted average of the two tooth
temperatures) of the oil to the gear tooth contact. There is currently no universally accepted
way of predicting gear temperatures and usually relatively crude approximations are used. The
model proposed here provides an improved way of predicting the relevant gear temperatures
through consideration of gear heat transfer coefficients and lubrication conditions in the gear
teeth contacts. The implemented methodology relies on an iterative scheme but converges
relatively fast and can therefore be used in practical gear design. One difficulty in predicting
heat flows in a gear is the determination of heat transfer coefficient of the gear. The model
proposes a new method of estimating the heat transfer coefficients, by assuming that the heat
is lost through the gear track by conduction to the oil filling the gaps between the teeth and that
this oil absorbs heat during the gear rotation and is thrown away, and hence takes the heat

away, once per mesh cycle. The heat lost through gear sides is estimated using standard heat
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transfer coefficient expressions for cylinders. However, in reality the gear operates within an
environment that is a two phase mixture of oil and air and the resulting fluid flow and heat
convection are extremely complex. The proposed heat transfer coefficient method, although an
improvement, is invariably only an estimate. One way of producing more accurate heat transfer
coefficients, and overall gear heat transfer modelling, would be to use a multiphysics approach
where a gear of correct geometry, including teeth, is rotating inside a two phase oil-air mixture.
This calls for computation fluid dynamics approach to solve for resulting flows and heat
transfer. An attempt to do this was made during this study using a commercial multi-physics
software COMSOL, but it was quickly realised that any such model is extremely
computationally demanding and complex and does not lend itself well to practical gear design,
and prediction of gear efficiency over a whole drive cycle, which was the aim here.
Nevertheless, this is worth exploring further, particularly as COMSOL have in the past few
months introduced a gear geometry module in their software. For completeness, some details
of this attempt at multiphysics modelling of a gearbox are included in the Appendix of this

thesis.

The main lubricant properties accounted for in the present model are the Eyring shear stress,
the Roelands z coefficient (related to lubricant pressure viscosity coefficient) and boundary
friction coefficient, in addition to oil viscosity which is usually the only parameter considered
by existing gearbox efficiency models. The inclusion of these parameters is crucial to the
benefits offered by the model, as it allows it to differentiate between nominally the same
lubricants, in terms of SAE grade for example, in terms of the resulting gearbox efficiency, and
therefore, allows the model to be used to inform lubricant selection for the particular gearbox

and expected duty during the early design process.

The inclusion of bearing, seal and gear churning losses means that the model can be applied to
any multi-stage gearbox, as was illustrated here by applying the model to a commercial 6 speed
manual gearbox over a wide range of duty cycles. However, the present model ignores the
interaction between the different power losses in the gearbox, which occur due to individual
losses heating up different parts of the gearbox, and hence the oil in these areas, to different
temperatures. It is rather difficult to address this limitation, a thermal network may provide one
very approximate way of achieving this, but perhaps one avenue worth exploring in this regard,
is again the use of a multi-physics model but in this case of the whole multi-stage gearbox, as

this would account for all heat transfers. Due to complexities involved and the computational
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requirements, such a model could only be used in the final stages of gearbox design so it is

perhaps not suitable for the current purpose.

As far as the complete model of a multi-stage gearbox utilised here is concerned, the model
predictions compared relatively well with the experimental measurements of oil sump
temperatures, despite the multiple assumptions needed to model a whole multi-stage gearbox
under real road driving conditions. In this regard, the additional limitations of the model in the
current form, are the omission of some components in the gearbox, such as seals and the needle
bearings which support the gears as well as the assumptions detailed in the previous chapter
(particularly modelling of spur gears instead of helical gears). In terms of heat transfer, the
modelling of the exhaust and the engine which both alter the temperature inside the gearbox
are expected to add an additional degree of detail and accuracy. There is a large amount of heat
converted in the engine and transferred through the clutch/flywheel assembly to the main body
of the gearbox as well as an equally important amount of heat transferred through the exhaust
and mainly via radiation. In the current predictions, this omission was more evident in the
initial climb of the drive cycles or when the 5 gear was selected (and the heat input was

limited), in which cases the predictions deviated from the measurements.

7.3 Main results
7.3.1 Results of the core gear EHL contact model

As has been shown in the results section of this thesis, the friction coefficient is highly
dependent on the friction regime. When gears are operating at lambda ratios lower than about
1, the contribution of boundary friction to the effective friction coefficient is significant. An
analysis of the figures in Chapter 5 shows that for these conditions the gear pair operates well
within the mixed regime, with the lambda ratio taking a value of around 0.6, which explains

the relatively high maximum friction coefficient.

The results show that in general, the film thickness remains relatively constant along the contact
path since it is determined by the viscosity of the lubricant at the inlet temperature, equal to
tooth bulk temperature, and the time taken for one mesh cycle is too short to change this tooth
bulk temperature. In contrast, the temperature inside the EHL contact is of a highly transient
nature rising rapidly as the slide roll ratio increases along the path of contact due to shear
heating and contact of the material asperities. This in turns affects the in-contact lubricant

properties and therefore the friction coefficient changes significantly during one mesh cycle.
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7.3.2 Lubricant comparison for different conditions

One of the main aims of this work was to develop a methodology to predict friction which
would be sensitive enough to be able to pinpoint differences between similar lubricants in terms
of power loss and efficiency. The importance of friction modelling and temperature predictions
is better examined under the scope of efficiency. The comparison figures in Chapter 5 clearly
show an efficiency gap between the two lubricants in all five conditions, with lubricant A being
superior overall. This gap however is now the same under all conditions varying between
0.05% and 0.09% when the more efficient DGBB’s are used. The gap is more pronounced in
the low load condition 1 owing mainly to the low predicted sump temperatures which in turn
highlight the viscosity difference of the two lubricants. Oil A has a significantly lower viscosity
at the coupled temperature compared to Oil B and this causes bearing and churning losses to
increase, ultimately leading to lower efficiency in these conditions. On the other hand, the gap
gets narrower in the hotter conditions 2-3 before it stabilises at the higher temperatures of
conditions 4-5. A change to the less efficient - and slightly oversized - TRB’s results in an
impressive 0.19% difference in favour of oil A when the average conditions from the

experimental drive cycle 1 are used (section 6.7.1).

When comparing the two lubricants in an actual automotive gearbox, the result is again
consistently in favour of oil A. However, the condition where the highest difference is observed
is the standardised NEDC with the high rpm shift strategy (NEDC S2). This is the drive cycle
with the lowest average torque, at just 32.95 Nm and the lowest average predicted friction
losses at just 11.93 watts (or 1.6 % of the overall). This could come as a surprise since the
modelled lubricants show the highest differences either close to boundary friction, where the
effective friction coefficient is higher for oil B, or at very high contact pressures because of the
differences in Eyring stress. The difference in this case however is due to the very low predicted
temperatures which highlight the viscosity difference between the two lubricants when the

temperature is low.

The effect of lubricant viscosity on the commercial gearbox’s losses was not fully examined in
this study and the above low temperature observation point to the possibility of it being
significant. It would be very easy to modify the model to run different viscosity oils. However,
for a full comparison the same rheology characterisation shown in chapter 5 would have to be

undertaken. Finally, the effect of friction modifiers did not show a significant difference under
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these conditions as has been demonstrated in the past for axles. This will be explained in the

next section.

The comparative results between the two oils lead to the conclusion that the thermally coupled
model is able to pick up any differences in lubricants of similar rating owing to varying
rheological characteristics, chemical composition and selected additives. These differences
would be very difficult to predict without appropriate characterisation, as has been
demonstrated in chapter 4. Consequently, the effect of these characteristics on the frictional
losses and in turn on the efficiency and predicted temperatures within the transmission is not
negligible and could be even more pronounced depending on the application. Therefore, the
choice of an application-specific lubricant should be considered during the design phase of the

component.

7.3.3 Results on the breakdown of losses

Examining the results from Chapter 5 one can observe that the losses breakdown is heavily
dependent on the torque input, the selection of components and the lubricant properties. In
general, high viscosity oils give rise to churning losses at high speeds when the surfaces are
relatively smooth but actually reduce gear friction losses at high contact pressures because the
gears are much rougher and the higher viscosity lubricants manage to persist with thicker films
where a thinner lubricant would allow more asperity contact. If there is only a single gear pair
and four bearings involved, the vast majority of losses will likely come from gear friction,
especially so for the input conditions corresponding to wide open throttle. This trend will
persist to the lower torque inputs if efficient bearing designs (like DGBBs) are chosen for
supporting the axles. That said, a jump in bearing loss contribution from around 15% on
average to more than 70% depending on the condition was observed when the very efficient

DGBBs were replaced by TRBs.

Churning losses on the other hand will be very low, usually less than 5% unless a very deep
immersion is chosen or the gears are very large. The rotation of the gears (i.e. clockwise vs
counterclockwise) can also significantly affect churning losses by causing a “swell effect” and
affecting the steady-state oil level in a way which increases the immersion depth of the pinion.
In turn, this creates an additional loss component which is included in the model. Gearbox
design is also a significant factor with gear ratio, face-width ratio and number of teeth all

affecting the distribution of heat among the components. Out of the options simulated here, a
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design which uses narrow gears with as many teeth as designing for stress -or any other design

criterion- will allow, in combination with a medium viscosity oil would be the most efficient.

In an actual automotive gearbox, under real driving conditions, the torque input is rarely high
enough for the gear friction losses to dominate as has been demonstrated in the previous
chapter. This is not to say that there are not experimental cases where gear friction is important
as has been demonstrated during the more severe experimental drive cycle 2, where gear
friction becomes progressively larger as the average torque was increased (i.e. compared to
experimental drive cycle 1). Gear friction would very likely become even more important under
more severe conditions such as very high ambient temperatures, a steep gradient in
combination with an excessive payload or racing applications where efficiency is important
such as endurance races. Nevertheless, bearing losses were the highest even in the most severe
drive cycle. The combination of relatively inefficient TRBs with high rotational speeds and
axial loads resulted in massive bearing losses for these high speed drive cycles proving that

bearing selection in a commercial gearbox is vital for efficiency and energy consumption.

Churning was in contrast much more significant compared to the single stage gearbox, as there
was a large number of components rotating in the oil sump at the same time, even when there
was no power transmitted (as it is a fully synchronised gearbox). The unusual layout of the
shafts, with one placed on top of the other meant that the main shaft was not immersed in the
lubricant bath at all, negating the need to include contributions due to a swell effect.
Nevertheless, the churning losses were significant, never dropping below 27.3 % pointing out
the need to carefully assess the oil level during the design phase. Changing the design of the
case for efficiency could include making the bottom of the sump multi-levelled (rather than
using a flat bottomed case like in the G56) which could reduce the overall churning loss in a

full synchromesh gearbox like the one studied here.

In general these results indicate that it is possible to identify the gearbox component responsible
for the largest contribution of losses under any given duty cycle, and that this component may
change with the imposed conditions, and hence the model can be used to inform the design
process in order to arrive at a most efficient gearbox at minimum cost. It was also revealing
that in many cases, the trends obtained with the single stage gearbox, modelling of which is
inevitably computationally more efficient, were similar to those in a multi-stage gearbox so
that this simplified modelling approach can be used in the first instance when selecting gearbox

components.
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7.3.4 Comparison to experimental studies

Besides direct comparisons to published experimental and analytical results, which were
undertaken in chapter 4, there were not many experimental studies the results of the proposed
method could be directly compared to. In terms of single gear pair losses, the trends observed
in chapter 5 show that the results from the EHL module favourably compare to the results from
Petry Johnson et al'?’, where mechanical losses rise linearly both with rotational speed and
torque. Nevertheless, these comparisons can only be of a qualitative nature as, apart from the
lubricants being different, several parameters were not incorporated in the model. The most
important of these were the implementation of a jet lubrication system and a temperature

controlled oil sump.

Regarding the commercial gearbox, the losses breakdown can be compared to previous
experimental results conducted on a commercial differential unit'’!. In the NEDC drive cycle,
bearing losses accounted for 77% of the overall with gear friction taking up 17% and churning
just 6%. These figures are very close to the results presented in this thesis for the NEDC drive
cycle with the added gradient and the discrepancies are mainly because of the multiple gear

pairs in the commercial gearbox.

Previous studies'?® have suggested that the ranking order of lubricants may change depending
on the input conditions and the specified drive cycle. This could not be confirmed in the current
study as for all experimental and standardised drive cycles, oil A was always more efficient
compared to oil B. As shown in the previous chapter, the two lubricants were closer for the
high load drive cycles compared to the low load drive cycles mostly due to the difference in
oil viscosity at lower temperatures. Nevertheless, a discrepancy of at least 0.14%, quite
significant in efficiency terms, persists even when the predicted temperatures are high enough
that the viscosity difference becomes negligible, which is the case for the three experimental
drive cycles. It must be noted that the lubricants studied here have the same rating whereas the
previous study reached these conclusions when comparing different viscosity fluids namely

gear oil and PAO.
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8. CONCLUSIONS



8.1 Summary

The goal of this study was to develop an easy to implement and cost effective model with the
aim of producing reliable efficiency predictions for drivetrain components such as an
automotive gearbox. For this purpose a model combining analytical and experimentally derived
methods was developed in order to predict power losses, temperatures and efficiency under

varying operating conditions.

The conducted work includes an experimental as well as a computational part; the rheology of
the fully formulated lubricants used has been characterised using ball-on-disc tribometer tests
while the computational part incorporates the test outputs to improve the accuracy of the
predictions. The results of the model highlight the difference in the observed behaviour of two

fully formulated gear oils of similar specification.

A thermally coupled model of a simple dip lubricated spur gearbox consisting of two spur
gears, two shafts, four supporting single-seal bearings and a simple casing has been developed.
The model uses an iterative numerical calculation scheme in order to predict EHL friction in
spur gear contacts and also accounts for losses in bearings, seals and churning losses due to

component rotation.

The same philosophy of the single gear pair model is extrapolated, enhanced and applied to a
commercial six speed automotive gearbox. The losses and temperatures predicted by the EHL
module are coupled to a lump mass model of the gearbox which uses the inputs of the EHL
module and combines them with the gearbox geometry and a calculated heat transfer
coefficient to predict the power loss of the individual components, the transient temperature in

the lubricant sump and the efficiency for a given drive cycle.

8.2 Main achievements
The most significant achievements of this work are summarised below:

e An entire commercial six speed automotive gearbox has been modelled for the first
time in a way that uses the inputs from experimental and standardised drive cycles
coupled to experimentally derived lubricant properties. The present thermally coupled
model brings together individual modules to calculate EHL friction, churning and
bearing losses and can be effectively used to predict heat losses, temperatures and the

overall efficiency. In addition to modelling a specific commercial gearbox, the model
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can also be parameterised to account for different lubricant types as well as adapt to
and accommodate practically any given gearbox geometry. The model successfully
incorporates all the heat transfers involved i.e. conduction and convection both forced
and natural. Temperature results from different simulated drive cycles are very close to
experimental predictions suggesting that the modelling approach is robust and

satisfactory.

The model represents an integrated, convenient, flexible and cost effective alternative
to an experimental gear rig setup with reasonable sacrifices in terms of accuracy. In the
simple form of a single stage, single gear pair setup, it can produce results in minutes

and a few hours are required to run a complete commercial gearbox.

The dependency of the overall gearbox efficiency not only on the operating conditions
but also on the specific lubricant rheology was validated. While the broad range of
temperatures, torque values and rotational speeds led to changes in both overall losses
and the relative contribution of each loss source, the lubricant rheology created a
discrepancy between the two lubricants that persisted through this wide range of
conditions. Regarding the breakdown of losses, the results of the current study have
been qualitatively compared to results from experimental back to back rigs and axle rig

tests and the observed trends are in good agreement.

The lubricant characterisation showed a complex behaviour for both lubricants
suggesting that there is no “standard” trend when it comes to elastohydrodynamic
properties such as the variation of Eyring stress with pressure and temperature. The
experimental part of the study is important when there is a need for increased accuracy
and highlights the difference between the lubricants which would only exist in terms of
viscosity if just the basic lubricant properties were used. The process is simple enough
that a candidate lubricant can be tested in about a week and can produce highly

repeatable results.
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e Because of its ability to differentiate between lubricants of the same rating (as long as
the required rheological characteristics are known), the model provides an efficient
lubricant comparison tool which can be used by lubricant manufacturers and OEMS’s
alike to evaluate the composition of developed lubricants by testing them under

simulated conditions, considerably reducing product development time and cost.

8.3 Future work

During this study there were areas where further work would possibly contribute to a more
detailed or inclusive model and improve predictions. In some cases a more detailed approach
was avoided to keep the model as computationally light as possible or due to time constraints.
Nevertheless, the predicted results are robust and very close to the experiments while the same

principles that were applied to develop the existing method can be applied to improve it.

Further experimental validation of the devised efficiency model would be beneficial. In
particular, comparison of the model predictions against measurements made on a laboratory
gearbox set-up instrumented to measure efficiency and temperatures would go a long way
towards validating the model predictions. Although predictions for a full six speed gearbox
have been validated against measurements made on a road driven vehicle, validating the simple
single stage model against measurements made under controlled lab conditions would offer
increased confidence in the model results and could point to the aspects of the model that need
further improvement, particularly the individual loss calculations which can be measured on
such a lab rig. This may most easily be achieved by using a back-to-back (four square) gear
test rig with appropriate instrumentation. Combining the adaptability of the developed method
with the versatility of a back to back rig would enable a wide range of gear and bearing
configurations to be tested. Such validation could pave the way towards using the model as a
gear design optimisation tool, able to assess the effects of different aspects of design and

material selection on gear efficiency.

Regarding oil characterisation, the ball on disc tests could be repeated using tungsten carbide
specimens to reveal the behaviour of the lubricant under very high contact pressures and
expand upon the current dataset. These contact pressures are commonly encountered in gears,
cams and other non-conformal contacts and a series of high pressure tests could further improve

the accuracy of the predictions.
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The remaining drivetrain and powertrain components could also be modelled and implemented
in the thermal calculations. While modelling all the minor bearings and seals in the gearbox is
not expected to substantially improve the results, the engine, exhaust and clutch/flywheel
assembly are all expected to generate significant heat loss. This is backed by the thermocouple
readings for the surface temperature of the gearbox casing, shown in chapter 7. The radiation
from the exhaust which was positioned close to the right hand side of the gearbox was enough
to generate an increased temperature of around 5 °C compared to the rest of the casing.
Furthermore, the heat generated by the friction in the clutch assembly is expected to be
particularly important in the case of a transient high-load drive cycle, where there is frequent
clutch usage. Last but not least, the largest amount of heat is generated by the engine itself and
no matter how disconnected it is from the gearbox, there will be a thermal gradient across the

two.

In terms of coupling the gearbox module to the remaining drivetrain components, a complete
fuel efficiency map for the engine can be implemented. Since this is not readily available, a
series of dynamometer runs at different throttle (and therefore engine load/torque) inputs can
be undertaken and the efficiency of the engine can be predicted at any rpm and torque by means
of interpolation. This is not particularly difficult to implement and would greatly improve upon
the existing WOT map. The efficiency of the gearbox at these conditions can then be coupled
to the efficiency of the engine and further connected to previous differential and axle work to

create a full vehicle efficiency model.

The thermal gradients inside the gearbox could be further studied by means of a finite element
model. This method has some important limitations as a model of the complete gearbox
implementing spur gears and oil splashing could prove particularly heavy to run and would
require significant computational effort. The basis of such a model has already been created
and tested to confirm that the temperature gradient in the oil sump is less than 3 °C as has been
proven experimentally. A description of the FEA model and some preliminary results are
shown in the appendix. In addition, the convective heat transfer for the outside of the gearbox
could be defined more accurately, either using the finite element method or by assessing
additional experimental data from multiple runs or a combination of the two so that the gearbox
surface area included in the calculations can be fine-tuned. For example, readings from the
pitot tubes could be used to create an air velocity map around the gearbox and an FEA model

could be employed to model the actual heat loss, using the pitot tubes readings as inputs.
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Finally, the experimental database for oil characterisation and road testing could be
significantly expanded by testing more lubricants and especially lubricants of different ratings.
This could be used to investigate potential correlation between groups of base oils or specific
additives (for example friction and extreme pressure modifiers) and the predicted
temperatures/lubricant efficiency under widely-used drive cycles and could also generate

significant commercial interest.
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9. APPENDIX: FEA GEARBOX
SIMULATION



In this thesis, the importance of heat flows in a gearbox and the resulting interaction between
the individual loss components was demonstrated. If, for instance, gears have high friction
losses, they will heat up the oil and subsequently reduce the bearing losses. High bearing losses
on the other hand can cause an increase in gear friction because the oil viscosity is reduced and
pushes the gears to operate at even lower lambda ratios. Even if the flow and heat transfer in a
gearbox cannot be totally solved for, a detailed representation of the gears can provide for heat
transfer coefficients which can then be used in an analytical approach such as the one presented

here.

There is no universally accepted way of predicting heat transfer coefficients and heat flows in
the whole gearbox. One avenue worth exploring in this respect is multiphysics modelling. Such
an approach offers the possibility to simultaneously model fluid flows, including presence of
multiple phases (oil and air) and heat transfers in a gearbox. With advancements in computing
power, realistic simulations for some simpler gearboxes such as the single stage one used in

this study are possible.

With this in mind, an attempt was made to model heat flows inside a simple gearbox using
multiphysics modelling, which can account for fluid flow as well as heat transfer. However,
this was always a difficult task, not least due to the complexities in modelling the real gear
geometry using finite element analysis (FEA) tools. In addition, a model of a complete gearbox
or even a single stage arrangement is computationally very demanding as it has to take into
account complex two phase flows and simultaneously solve for the heat transfer. Some
progress has been made in that respect however a complete multi-physics simulation of a
working gearbox was not part of the present PhD project. This appendix contains details of the

progress made in order to inform any future work.

The FEA method could also be used to thermally couple the EHL model to the environment in
a similar way the lump mass approach does in the current model. The input conditions, the
outputs of the EHL model and the properties of the materials and the lubricants could be
incorporated into the model, which would in turn predict the temperature distribution
throughout the gearbox. The details of the geometry, the heat sources, the initial and boundary
conditions and the mesh density would have to be assessed carefully in order for the model to

produce meaningful results. The schematics of such an approach are shown in Figure 9.1.
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Figure 9.1: The FEA method flowchart

A simple gearbox such as the one shown in Figure 9.2 can be modelled using discs instead of
gears and discs can also be used to simulate bearings. This approach will not provide an
accurate treatment of churning however, it can provide an indication of temperature variation
across the gearbox. The EHL contacts in the gear teeth could be modelled as line heat sources
or fixed temperature boundaries across the face of the discs or gears and the bearing losses can
be incorporated as volume heat sources. Such a model would simultaneously account for
conduction through the solid and metal parts, convection in the lubricant sump and the air, heat
exchange between the oil and the air inside the gearbox as well as forced convective cooling

due to the surrounding airflow.

Figure 9.2: A sample FEA model of a single stage gearbox with a lump mass representing

the mass of the vehicle
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In the FEA method, mesh density is crucial and any predictions should be mesh independent.
If actual gears are used instead of discs, further local mesh adjustments have to be included,
often necessitating the use of very high mesh densities. A comparison of coarse (80000
elements) and fine (800000 elements) mesh densities can be seen in Figure 9.3, while a
representation of the surrounding airflow and the velocity profile of the lubricant and air when

the discs are rotating in the sump is shown in Figures 9.4 and 9.5 respectively.
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Figure 9.3: Coarse (80000 elements) vs finest (800000 elements) mesh setting
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Figure 9.5: The flow of the oil and air created by the friction due to the rotational motion
of the bearings and the discs inside the gearbox. There is constant heat exchange between
the air and oil domain however the two fluids are separated by a thin boundary layer as
simulation of a two phase flow in 3D was computationally demanding (there is no mixing

of the two phases and the CFD model is single phase)

174



Nevertheless, an accurate treatment of the surrounding airflow would require a full model of
the underbody of a vehicle, unless approximations can be made using an adequate number of
experimental air velocity measurements. Perhaps the biggest drawback of the method is the
sheer computational demand that is needed in order to get robust predictions, especially when
modelling large components of complex geometry which would require high mesh densities.
In that respect, any assumptions or simplifications that are made to reduce calculation time

must be carefully assessed in order for the results to be trustworthy.

Taking the aforementioned limitations of the method into account, an attempt was made to
model the six speed manual gearbox detailed in chapter 6, with the intention to visualise the
heat flow and get the thermal gradients across the gearbox. To avoid modelling a two phase
flow in three dimensions, a boundary layer was introduced at the lubricant-oil interface, which
allowed heat exchange but not mass exchange. The gears and bearings were modelled as discs
and according to the measured dimensions. Overall, the simulated geometry was very similar
to the actual gearbox with the exception of the simplified rectangular casing. In terms of
kinematics, care was taken so that the components would rotate in the same way as their real-

life counterparts, including synchroniser rotational motion.

The inputs that were used, including contact temperatures and bearing power loss were taken
from the EHL model predictions. The EHL contacts between the discs were modelled as fixed
temperature boundaries and the bearings were modelled as volume heat sources. Steady state
simulation of this gearbox revealed that the temperature difference between the hottest and
coolest parts of the gearbox was less than 3 °C, as can be seen in Figure 9.7, which depicts the
simulated gearbox when the 6™ gear is engaged. This is in line with experimental evidence that
suggest an almost uniform temperature distribution in the oil sump under both transient and
steady state conditions (Figure 6.8). Therefore, for the purpose of the current study, a lump
mass approach was considered adequate. Incorporating gear teeth and introducing a two phase
flow in this geometry so that the treatment of churning is accurate, would result in massive
computation times and such complex models could take weeks to solve if a complete transient
drive cycle consisting of several thousand time steps had to be modelled. Therefore, they

should only be employed for simple setups or during the final stages of gearbox design.
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Figure 9.6: A sample FEA model of the commercial automotive gearbox when 6™ gear is

engaged

To summarise, an attempt was made to model heat flows inside a gearbox using multiphysics
modelling to simultaneously account for heat transfer and fluid flow. Detailed multiphysics
modelling was beyond the scope of this project so only the initial exploratory tests were
performed. It soon became clear that in order to simulate a complete gearbox without
significant compromises in terms of accuracy, modelling of a two phase flow would be
required. Such an approach would make the model extremely computationally demanding and
unsuitable for simulating a transient drive cycle consisting of thousands of time steps, such as
the experimental drive cycles shown in chapter 6. For this reason, the model was only used to
provide additional insight into the temperature gradients across the gearbox and the results

supported the use of a lump mass approach.
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