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Abstract
Organic Rankine cycle (ORC) engines often operate under variable heat-source conditions, so maximising
performance at both nominal and off-design operation is crucial for the wider adoption of this technology. In this
work, an off-design optimisation tool is developed to predict the impact of varying heat-source conditions on ORC
operation. Unlike previous efforts where the performance of ORC engine components is assumed fixed, here we
consider explicitly the time-varying operational characteristics of these components. A bottoming ORC system is
first optimised for maximum power output when recovering heat from the exhaust gases of an internal-combustion
engine (ICE) running at full load. A double-pipe heat exchanger (HEX) model is used for sizing the ORC evaporator
and condenser, and a piston expander model for sizing the expander. The ICE is then run at part-load, thus varying
the temperature and mass flow rate of the exhaust gases. The tool predicts the new off-design heat transfer
coefficients in the heat exchangers, and the new optimum expander operating points. Results reveal that the ORC
engine power output is underestimated by up to 17% when the off-design operational characteristics of these
components are not considered. In particular, the piston expander isentropic efficiency increases at off-design
operation by 10-16%, due to the reduced pressure ratio and flow rate in the system, while the evaporator effectiveness
improves by up to 15%, due to the higher temperature difference across the HEX and a higher proportion of heat
transfer taking place in the two-phase evaporating zone. As the ICE operates further away its nominal point, the offdesign ORC engine power output reduces by a lesser extent than that of the ICE. At an ICE part-load operation of
60% (by power), the optimised ORC engine with fluids such as R1233zd operates at 77% of its nominal capacity.
ORC off-design performance maps are generated, predicting system performance and can be used by ORC system
designers, manufacturers and plant operators to identify optimum performance under real operating conditions.
Keywords: combined heat and power; heat recovery; internal combustion engine; off-design thermodynamic
optimisation; organic Rankine cycle; piston expander.
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Nomenclature
Abbreviations
BDC
CHP
DPHEX
GWP
HEX
HTC
ICE
LMΔT
ODE
ODP
ORC
PHEX
PL
PR
RPM
TDC

Bottom dead centre
Combined heat and power
Double pipe heat exchanger
Global warming potential
Heat exchanger
Heat transfer coefficient
Internal combustion engine
Logarithmic mean temperature difference
Ordinary differential equations
Ozone depletion potential
Organic Rankine cycle
Plate heat exchanger
Part load
Pressure ratio
Revolutions per minute
Top dead centre

Symbols
A
Bchis
Cd
cp
𝐶⃗
D
Dh
𝐹⃗
f
h
hlg
L
M
m
ṁ
Nu
P
PP
Pr
PR
Q̇
Q̇loss
Q̇w
q̇ w
R
Re
r
s
SHD

Area
Chisholm parameter
Discharge coefficient
Specific heat capacity

(m2)
(-)
(-)
(J/kg⋅K)

Constraints vector
Tube diameter
Hydraulic diameter (piston)
Objective function
Friction factor
Specific enthalpy
Specific enthalpy of vaporisation
Length
Molar mass
Mass
Mass flow rate
Nusselt number
Pressure
Pinch Point
Critical pressure ratio
Pressure ratio
Heat transfer rate/thermal load
Losses
Thermal losses through the wall
Gas-to-wall heat flux density
Gas constant
Reynolds number
Volume ratio
Specific entropy
Superheating degree

(-)
(m)
(m)
(-)
(-)
(J/kg⋅K)
(J/kg⋅K)
(m)
(kg/kmol)
(kg)
(kg/s)
(-)
(Pa)
(K)
(-)
(-)
(W)
(W)
(W)
(W/m2)
(J/kg⋅K)
(-)
(-)
(J/ kg⋅K)
(-)
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Sf
t
U
u
V
v
Ẇ
x
Ẋ
𝑋⃗
Xtt
Ychis

Suppression factor
Time
Overall heat transfer coefficient
Velocity
Volume
Kinematic viscosity
Power
Quality
Exergy rate

(-)
(s)
(W/m2 ⋅K)
(m/s)
(m3)
(m2/s)
(W)
(-)
(W)

Optimiser decision variables vector
Martinelli parameter
Chisholm parameter

(-)
(-)
(-)

Greek symbols
α
γ
Δ
ε
η
λ
µ
ρ
σBoltz
𝜑chis
ω

Local heat transfer coefficient
Ratio of heat capacities
Difference
Effectiveness
Efficiency
Thermal conductivity
Dynamic viscosity
Density
Stefan-Boltzmann constant
Chisholm parameter
Rotational speed

(W/m2 ⋅K)
(-)
(-)
(-)
(-)
(W/m⋅K)
(Pa s)
(kg/m3)
(W/m2⋅K4)
(-)
(rad/s)

Subscripts
Boltz
comp
cond
crit
cw
d
dest
dn
drp
dsh
elg
evap
ex
exp
f
FC
fz
G
g
gap
h/ph
hs
hyd

Stefan-Boltzmann
Compressor
Condenser
Critical
Condenser/cooling water
Duration
Destruction
Downstream
Drop
Desuperheater
Electrical generator
Evaporator
Exhaust gases
Expander
Fuel
Forced convection
Foster and Zuber
Gas
Gas part of two-phase flow
Piston ring gap
Heater/preheater
Heat source
Hydraulic
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in
ind
is
jw
L
l
lim
loss
mech
max
min
NB
net
off
on
out
R
sat
sec
sh
th
up
v
w
wf
z

Input/inlet
Indicated
Isentropic
Jacket water
Liquid
Liquid part of two-phase flow
Limit
Losses
Mechanical (shaft)
Maximum
Minimum
Nucleate boiling
Net
Valve close
Valve open
Output/outlet
Valve restriction
Saturation
Section
Superheater
Thermodynamic
Upstream
Vapour
Wall
Working fluid
Axial direction

Superscripts
‘
⃗

Off-design operation value
Vector
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1. Introduction
There has been a growing interest in improving energy efficiency in recent years, aiming to reduce fossil-fuel
consumption and our impact on the environment. However, there still remains a significant amount of waste heat that
is being rejected to the atmosphere, both in industry and the wider building sector. Waste heat can be rejected from a
variety of industrial processes or machines, or it may arise as thermal surplus of combined heat and power (CHP)
systems driven by internal combustion engines (ICEs). Among the available options for waste-heat recovery, organic
Rankine cycle (ORC) engines are a particularly promising heat-to-power technology for electricity generation from
heat streams, especially at temperatures in the range of 373-773 K [1]. ORC systems comprise simple and
technologically mature components, are low in maintenance, and quite versatile, able to operate with a range of
renewable heat sources, such as geothermal or solar energy, as well as waste heat. There is a plethora of ORC system
design studies in the literature (such as those presented in Refs. [2–5]), where the authors aim to maximise ORC
engine performance by identifying the optimum thermodynamic operating points of the engine, and working fluid
mass flow rates. In many of these studies, however, the influence of the ORC engine component design on system
performance is not incorporated into the analysis. Other studies have incorporated the sizing and costing of ORC
components in the system optimisation exercises, in performing so-called thermoeconomic analyses. Refs. [6,7], for
example, investigated the sizing and costing of ORC components when recovering waste heat from ICEs, while
examples of thermoeconomic analysis for ORC engines in geothermal applications can be found in Refs. [8,9], and
in solar applications in Refs. [10,11]. A common characteristic of the aforementioned studies is that they explore
alternative designs under specific (fixed) heat-source conditions, aiming to obtain the optimum system design for
alternative working fluid candidates. However, in real applications, such as in CHP-ICE systems, ORC engines
typically operate under variable heat-source conditions (temperature and mass flow rate), as the CHP-ICE system
operates at a range of part-load (PL) points. Maximising the running hours of the ORC engine requires a system able
to follow the heat-source variations, while still operating efficiently. Therefore, maintaining high performance, both
at nominal and off-design operation, is crucial for the wider adoption of these systems.
The performance of an ORC system mainly depends on: i) the ability of the evaporator heat exchanger (HEX) to
extract heat from the heat-carrier fluid and transfer it to the working fluid; and ii) the selection, sizing and efficient
operation of the expander under varying pressure levels and mass flow rates. It is noted, in relation to (i), that the
cooling water flow rate at the condenser can be readily adjusted to absorb a variable heat-rejection load at offdesign operation by a variable-speed pump, which lends greater controllability to this component and shifts the
focus to the evaporator. In a typical ORC design problem, the optimum thermodynamic cycle will be first defined
using the nominal heat-source conditions. Following this exercise, the HEXs of the system and the expander will
be sized to deliver the required duty. Once the system is sized, the HEX and expander geometries and operational
characteristics are fixed. In off-design operation, the heat-carrier fluid will enter the evaporator HEX with a
different flow rate and/or temperature. The operation of the ORC system can then be adjusted onsite by the plant
operator, by varying the flow rates of both the working fluid and the heat-sink fluid, assuming a constant expander
rotational speed. To estimate the ORC performance at off-design operation it is therefore of significant importance
to evaluate the evaporator off-design operation, and thus the resulting working-fluid conditions at the expander
inlet, while also predicting the new optimum operating point of the expander.
There is limited literature on predicting ORC off-design performance, with some studies focusing on HEX performance
and others focusing on the expander. Punov et al. [12] investigated the performance of ORC engines coupled with an
ICE, while the ICE load was varied. The authors conducted only thermodynamic optimisation of the ORC performance
at each ICE PL condition, keeping the ORC expander and pump efficiency fixed at all PL points. The components
design and sizing were not accounted for in the analysis. In a real application, however, the ORC engine will be selected
and sized for the heat-source nominal conditions, and it should be able to operate under a varying heat-source profile.
Yang et al. [13] performed a multi-objective optimisation of an ORC engine operating as the bottoming cycle of a
marine ICE over the full operating range of the ICE. For all simulations, at every new PL point a new ORC cycle was
found as the optimum and the system was resized, rather than subjecting the ORC designed for 100% load to off-design
operation and optimising the system based on the existing components. Lecompte et al. [14] considered the
performance of an ORC system that recovered heat from the jacket water of a CHP plant. The heat-source conditions
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were assumed fixed, while the condenser air-side conditions were allowed to vary. The expander design was done using
generic equations for a volumetric expansion machine, without including the component geometric design and detailed
off-design performance. Song et al. [15] investigated the off-design operation of a subcritical ORC engine with radialinflow turbine, used as a bottoming cycle to a steam turbine plant in China. The authors performed a parametric analysis
to predict the ORC performance under various heat-source conditions, but no optimisation was performed at off-design
conditions. Cao and Dai [16] evaluated the off-design performance of an ORC engine in a combined gas turbine-ORC
system. The ORC engine was sized using an axial turbine and plate-fin HEXs. The off-design ORC operation was
obtained allowing the evaporating temperature and pressure to vary. Hu et al. [17] investigated the impact of varying
geothermal conditions on an ORC engine comprised of an axial turbine and plate HEXs, and considered alternative
control strategies for the expander, including the variation of the evaporating pressure and superheating degree, to
maximise performance during off-design operation. Badescu et al. [18] considered off-design ICE-ORC operation, but
a new optimised ORC engine was obtained for each PL engine condition. Additionally, although the authors performed
detailed HEX sizing, the expander was modelled based on simple energy balances. Roy et al. [19] evaluated ORC
engine performance under variable heat-source conditions with alternative refrigerants, but kept the evaporator pressure
at the turbine inlet fixed. The aforementioned research efforts employed mainly steady-state models. Mazzi et al. [20]
and Rech et al. [21] developed a dynamic model aiming to predict ORC system performance under a varying load. In
these studies, the HEXs were of a shell-and-tube construction, while the turbine performance was obtained from the
Stodola [22] equations. Finally, Refs. [23,24] focused only on the dynamic modelling of the evaporator, considering
the thermal inertia of this component under varying heat-source conditions.
Within the limited literature available for the off-design ORC optimisation, it is revealed that very few studies have
considered the actual components characteristics, as defined at the nominal design stage, to inform the ORC offdesign operation. Among those efforts, Di Battista et al. [25] sized an ORC engine based on the ICE nominal
operation, and then allowed the heat-source conditions in the evaporator to vary. However, the authors kept the ORC
evaporation pressure constant under off-design operation, and the expander rotational speed was allowed to vary
depending on the load and superheat degree of the working fluid. Guopeng et al. [26] also sized the HEXs and the
turbo-expander of an ORC system to recover heat from an ICE under the nominal engine’s operating conditions.
Then, by using the turbine performance maps and with the HEXs size fixed, they performed a parametric analysis
to obtain the ORC performance at off-design operation. Uusitalo et al. [27] investigated the off-design operation of
ORC engine with a turbine, recovering heat from the exhaust-gas stream of an ICE, but the authors focused on the
HEX performance. Koppauer et al. [28] investigated an ORC engine off-design operation with turbine and PHEXs,
while accounting for the complete interactions between the system components. Xu et al. [29] also developed a
dynamic ORC model recovering heat from a vehicle ICE under transient engine operation. In their study the HEXs
were of tube-and-shell construction, and a turbine map was used to predict the machine performance under varying
load conditions. They focused on the control of the complete ICE-ORC system, under real vehicle operating
conditions, using alternative control strategies. Xu et al. [30] investigated three operational strategies for an ORC as
a bottoming cycle to an ICE. The results indicated that the fuzzy logic control where the operating conditions of the
ORC engine were adjusted following the ICE part-load has the highest performance over other strategies controlling
to a fixed vapour temperature or fixed degree of superheat. In Ref. [31], the sliding pressure control strategy in the
evaporator was deemed the best performing, while in Ref. [32,33] alternative off-design ORC control strategies were
examined, with fixed or variable pump/expander speed, for ORCs with single-stage screw expanders, However, the
system performance is highly dependent on the controller response and its ability to maintain the desired vapour
conditions during the transient heat-source operation, while the actual design of such controller is a challenging task.
The existing literature also shows that the most common ORC expansion machines examined for off-design
performance are turbines, screw or scroll expanders. Only a few studies have investigated the use of reciprocatingpiston expanders in ORC systems at off-design operation, with those mainly limited to waste heat recovery from
ICEs on road-vehicle applications. Shonda et al. [34] investigated ORC engines with piston expanders in
passenger vehicles applications, while Refs. [35,36] examined applications in long-haul trucks. Piston expanders
present a number of advantages over other volumetric expansion machines including the large built-in volume
ratio (values up to 15), the high operating pressures and temperatures, the ability to operate efficiently at various
operating points and rotational speeds, maturity from a manufacturing standpoint, and they can also tolerate wet
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expansion conditions [37,38]. In addition, the reciprocating-piston expander performance can be further improved
by optimising the intake and exhaust valve timings. Despite their potential, especially for high-performance
applications with high operating pressure ratios and variable operating conditions, the literature lacks ORC
analyses where the time-varying performance of piston expanders is incorporated in the ORC engine design.
The aim of this study is to develop an off-design optimisation tool, which evaluates the performance of ORC engines
with piston expanders under varying heat-source conditions, in stationary medium-scale power-generation applications
over the range from a few 10s of kW to ~100 kW, while accounting explicitly for the time-varying characteristics of
both the HEXs and expander of the ORC system. By capturing the interactions and performance trade-offs between
the evaporator HEX and piston expander, the tool identifies the new optimum operating points of the ORC system, and
generates off-design performance maps for the complete system, as well as for its constituent components. To the
authors’ best knowledge, this is the first attempt in the literature to optimise an ORC engine at off-design operation
using piston expanders, while accounting for the complete time-varying performance and interactions of its key
components, under a variable heat-source profile. The paper is structured as follows: the ORC model considered in this
study is described first, followed by a presentation of the HEX sizing methodology for the nominal sizing and the offdesign operation. The optimisation problem definition, for both the nominal and off-design performance exercises is
then explained. Results are discussed at full-load conditions, for optimised ORC systems delivering maximum power
output, while recovering heat from the exhaust gases of a CHP-ICE at 100% load. The HEXs, expander and pump are
designed accordingly for nominal operation. With the components fixed, the ORC engine is then optimised for
operation under different CHP-ICE PL conditions. A comparison of alternative off-design modelling approaches is
also conducted and ORC off-design operation maps are constructed. Finally, conclusions are drawn based on these
findings. Further details on the HEX and expander models are provided in Appendices A and B, respectively.

2. Modelling methodology
2.1 ORC thermodynamic model
A typical non-recuperative subcritical ORC system schematic is presented in Fig. 1, along with a temperatureentropy diagram, illustrating the thermodynamic cycle. Process 1-2 represents liquid pumping; Process 2-3
represents preheating and evaporation; Process 3-4 represents expansion; and Process 4-1 represents
desuperheating and condensation. The heat-carrier fluid (5-6) and condenser water side (7-8) temperature change
are also illustrated. The details of the ORC thermodynamic model used in this study can be found in the authors’
previous work in Ref. [5], but the main thermodynamic equations are listed in Eqs. 1-9:
𝑄̇evap = 𝑚̇wf (ℎ3 − ℎ2 ) = 𝑚̇hs 𝑐p,ex (𝑇5 − 𝑇6 ) ,
𝑆𝐻𝐷 =

𝑇3− 𝑇3v
𝑇5 −𝑃𝑃evap −𝑇3v

(1)

,

(2)

𝑊̇exp,ind = 𝑚̇wf (ℎ3 − ℎ4,is )𝜂is,ind ≅ 𝑚̇wf (ℎ3 − ℎ4 ) ,

(3)

𝑄̇cond = 𝑚̇wf (ℎ4 − ℎ1 ) = 𝑚̇cw 𝑐p,cw (𝑇8 − 𝑇7 ) ,

(4)

𝑚̇
(ℎ − ℎ )
𝑊̇pump = wf𝜂 2 1 ,

(5)

𝑋̇dest|evap = 𝑚̇hs [(ℎ5 − ℎ6 ) − 𝑇0 (s5 − 𝑠6 )] + 𝑚̇wf [(ℎ2 − ℎ3 ) − 𝑇0 (𝑠2 − 𝑠3 )] ,

(6)

𝑋̇dest|exp = 𝑚̇wf [(ℎ3 − ℎ4 ) − 𝑇0 (s3 − 𝑠4 )] + 𝑚̇wf (ℎ3 − ℎ4,is )𝜂is,ind 𝜂mech 𝜂elg ,

(7)

𝑋̇dest|cond = 𝑚̇wf [(ℎ4 − ℎ1 ) − 𝑇0 (𝑠4 − 𝑠1 )] + 𝑚̇cw [ (ℎ7 − ℎ8 ) − 𝑇0 (𝑠7 − 𝑠8 )] ,

(8)

𝑚̇
(ℎ − ℎ )
𝑋̇dest|pump = 𝑚̇wf [(ℎ1 − ℎ2 ) − 𝑇0 (𝑠1 − 𝑠2 )] + wf𝜂 2 1 .

(9)

pump

pump

The evaporator HEX is modelled as three distinct zones: i) the preheating section (Process 2-3l); ii) the
evaporating section (Process 3l-3v); and iii) the superheating section (Process 3v-3). Similarly, the condenser
HEX has been modelled by dividing the component into two distinct zones: i) the desuperheating section (Process
4-4v); and ii) the condensing zone (Process 4v-1). The expander performance is first estimated with a constant
indicated isentropic efficiency, 𝜂is,ind , of 70% (for details on the loss mechanisms refer to Ref. [39]), which,
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accounting for friction and generator losses, corresponds to an expander overall isentropic efficiency of 56.5 %.
It should be emphasised that the expander indicated work output is calculated as the actual enthalpy difference
between the intake and exhaust (Eq. 3), which is valid under the assumption that the net heat loss during the
expansion process is negligible in comparison to the indicated work (confirmed to be less than 2% in postprocessing). The part-load performance of the expander is later predicted using performance maps generated by
a lumped-mass model presented in Section 2.3. A reciprocating-piston expander has been selected for its resilient
operation and wide range of operating volume and pressure ratios (PRs), as discussed in Section 2.3. For the
pump, the most common technologies used in ORC engines are reciprocating, rotary and centrifugal machines
[40]. Rotary-type pumps are commonly used at low PRs and flow rates, whereas centrifugal pumps dominate at
medium to high mass flow rates and high PRs. Reciprocating pumps are the most versatile, and are able to operate
over a wide range of PRs, even for low mass flow rates. Due to the high PRs observed in high-temperature ORCs,
a centrifugal pump is selected with a typical (conservative) efficiency of 0.65 [41].
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Figure 1: Typical subcritical non-recuperative: a) ORC engine schematic diagram, and b) ORC T-s diagram.
2.2 Heat exchanger models
In this study, double pipe HEXs (DPHEX) have been selected for the ORC evaporator and condenser. The key
advantage of DPHEXs is that they provide a counter-flow heat transfer regime, increasing the HEX effectiveness
for given flow conditions [42]. They are also simple in construction, low cost, and suitable for high pressure
applications. They can be finned but this increases their construction cost. Their main drawback is the higher area
requirements per kW of heat transferred (kW/m2) especially when compared to plate heat exchangers (PHEXs). The
modelling approach used for the nominal HEX sizing and optimisation, and for the off-design optimisation is
presented in Figs. 2a and 2b, respectively. In the ORC design problem (Fig. 2a), the optimum thermodynamic cycle
for every working fluid is first identified, using heat extracted from exhaust gases leaving the CHP-ICE when
operating at 100% load. The cycle points defined in the ORC thermodynamic optimisation stage (refer to Section 4)
are then used to size the various components. At this stage, the HEX area requirements, geometry, etc. are defined,
aiming to maintain a maximum pressure drop across the HEX. In the case of the evaporator HEX in particular, the
heat-source-side pressure drop (i.e., exhaust gases) is restricted to a few kPa (10-60 kPa) at the peak 100% mass
flow rate, to reduce any negative backpressure effects on the ICE operation. The backpressure phenomena can be
severe in ICE for vehicles, while for stationary CHP-ICE units, the ICEs are designed for waste heat recovery so an
additional pressure drop is anticipated in the heat recovery component. Depending on the waste-heat application,
different pressure drop levels may be acceptable in the HEXs. The sizing is achieved by discretising the HEX in
space into N sections, and calculating for each section i the corresponding local heat transfer coefficient (HTC) ‘αi’,
based on the working fluid mass flow rate, quality, temperature and pressure. The logarithmic mean temperature
difference (LMΔT) method is then used to obtain the area requirements for each section (Ai).
For the off-design performance evaluation, the temperature and mass flow rate of the exhaust gases vary, following
the CHP-ICE (PL) operation, and the ORC engine operating points are optimised, to adjust to the new heat-source
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conditions. During this process, the moving boundaries method is used. In this modelling approach (Fig. 2b), there
are no specific zones in the HEX; instead the HEX is divided into i-segments (Fig. 3), and the quality of the working
fluid is calculated in every segment by assuming equal heat input per segment:
𝑄̇ (𝑖)wf = 𝑚̇wf (ℎ(𝑖 − 1)wf + ∆ℎ(𝑖)wf ) .

(10)

This approach suits the off-design performance operation, since the changes in the temperatures and mass flow
rates of the two fluids may affect the location of the transition points of the working fluid from liquid to vapour
phase and vice versa. The total HEX area available is fixed from the design step. By calculating the new HTC, the
optimiser predicts the revised HEX performance at each section, and thus the amount of heat that the system can
actually recover under the new operating conditions. For the condenser, it is assumed that the water flow rate can
vary to accommodate the new heat rejection rate during off-design operation.
Input: Heat source conditions, working fluid,
boundary conditions, constraints etc.

Input: Heat source conditions, working fluid,
boundary conditions, constraints etc.

ORC thermodynamic optimisation
Decision variables:

ORC Off-design thermodynamic optimisation
Decision variables:
=[

Optimisation output/input to HEX design routine:

Assume: Geometry,

Optimisation output/input to HEX off-design routine:

,

Fixed HEX:

Calculation per i-section:

,

,

,

Calculation per i-section:

,

,

,

No

No
&

Yes

Yes

Output:

Output:
,

,

,

(a)

(b)

Figure 2: Heat exchanger design routine for: a) nominal sizing, and b) off-design operation.
Exhaust gases

ORC working fluid
Exhaust gases
sec: i -1

sec: i

sec: i+1

Figure 3: Schematic diagram of typical heat exchanger sections segmentation for HTC calculation.
2.2.1 Evaporator
The calculation of the HTCs is key for the estimation of the heat transfer area. For the single phase zones (preheater
and superheater) the Nusselt number correlation presented by Dittus-Boelter [43] has been used, which can be also found
in other papers in the ORC literature, such as those in Refs. [14,44]. For the two-phase zone in the evaporator, many
Nusselt number correlations can be found in the literature. Those can be classified into two main types of methods for
boiling in tubes: i) asymptotic methods that account for both nucleate and convection boiling heat transfer mechanisms;
and ii) nucleate pool-boiling methods only [29]. In line with the study of Ref. [42], the Nusselt number correlation of
Chen and Zuber provides HTCs in the low-medium range, when compared to other well-established Nusselt number
correlations. Thus, it provides conservative estimates of the heat transfer area requirements. A comparative analysis
between alternative Nusselt number correlations and test data has been also performed by Garcia et al. [45] for R22.
The results indicate that correlations such those proposed by Cooper [42], Gorenflo [42,46] and Steiner [45,46]
predicted the evaporation saturation temperature with only ±2 °C deviation from the test data. A further comparative
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analysis of Nusselt number correlations has been made by the authors in Ref. [7] for the boiling process occurring in
the evaporator zone, to estimate the heat transfer area requirements. The correlations selected covered both asymptotic
and nucleate boiling methods: i) the correlations of Steiner [45,46], Dobson [42,47], and Chen and Zuber [42,48] were
used for the asymptotic method; and ii) the correlations of Cooper [42] and Gorenflo [46] were used for nucleate pool
boiling. These correlations were studied for a number of working fluids, but the results listed here refer to R245fa,
which is a commonly used fluid in the ORC industry. Similar trends for the variation in two-phase evaporating section
area were observed for all working fluids examined. For the comparison exercise conducted in Ref. [7] the heat-source
was the exhaust-gas stream from an CHP-ICE, namely the ENER-G 2500 [49] (𝑚̇ex = 3.52 kg/s).
The evaporating section area requirements for R245fa and different heat-source temperatures are presented in Fig. 4.
It should be noted that the evaporator HEX duty at every heat-source temperature point is fixed, along with the
temperature/pressure regime and the mass flow rates of the working fluids. Therefore, any variations in area
requirements, for the same heat-source temperature, are attributed to the different Nusselt number correlations used,
and not to the cycle conditions. For low temperatures, the area requirement for the two-phase zone varies significantly
between the various correlations used. Under the same heat-source conditions, the surface area requirements vary
from 3.5 m2 (if nucleate boiling correlations are used) up to approximately 6 m2 (if convective boiling is also accounted
for). However, for high heat-source temperature the deviation becomes negligible. Correlations accounting for 100%
nucleate boiling result in higher HTCs, and lower evaporator surface area requirements than those accounting for
convective and nucleate boiling phenomena. For high temperatures, all correlations result in similar HTC and surface
area. This is due to the fact that for high heat-source temperature nucleate boiling conditions prevail, while the mass
flow rates in the system also increase. Based on these findings, it is concluded that for ORC engines using lowtemperature heat sources, the design of the evaporator HEX should aim to maximise the convective HTC, in order to
reduce the system size and costs. In contrast, when converting higher heat-source temperature exceeding 300 °C
(573 K), such as those studied in the present work, the nucleate boiling phenomena prevail.
Our findings indicate that the Chen-Zuber [42,48] correlation predictions are on the high end of the heat transfer
area calculation. Therefore, this asymptotic Nusselt number correlation has been deemed conservative and
therefore suitable for use in this analysis. To validate the DPHEX model further, the U-values generated by the
proposed HEX model have been compared to other well-established heat exchanger design guides. The U-values
provided in the VDA Heat atlas [46] for double-pipe HEX designs, with gas on one side, range between 1060 W/m2K. In this work, U-values in the range of 35-65 W/m2K are achieved, which are in agreement with the
data available in the literature. More details on the U-value variation are provided in subsequent sections. Also,
the HTCs achieved in this work on the working fluid side are in the range of 900-2,500 W/m2K (for the singlephase zones in the evaporator heat exchanger), and may exceed 3,000 W/m2K in the two-phase zone, which aligns
well with the data reported in the literature, in Refs. [8,46,50].

Figure 4: Comparison between Nusselt number correlations heat transfer area calculation for the evaporator twophase zone, for different heat-source temperatures.
The Chen-Zuber [42,48] correlation is presented in Appendix A. The overall U-value for every section of the
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evaporator is calculated using the HTCs of the working fluid and the heat source, and then the area requirements
per section are obtained using the LMΔT method:
1
𝑈

=

1
𝛼hs

1

+ 𝛼wall + 𝛼

LM∆T =

wf

,

(𝑇hs,i −𝑇wf,o )−(𝑇hs,o −𝑇wf,i )
𝑇
−𝑇
ln( hs,i wf,o )

(11)
,

(12)

𝑇hs,o −𝑇wf,i

𝑄̇

𝑖
𝐴𝑖 = 𝑈 LM∆T
.
𝑖

(13)

𝑖

2.2.2 Condenser
Similarly to the evaporator HEX, for the single-phase HTC calculation at the condenser, the Nusselt number
correlation presented by Dittus-Boelter [43] has been used for the working fluid and the cooling water circuit. For the
two-phase condensing zone, there are a range of Nusselt number correlations available, which account for gravitydriven condensation only, or shear-driven condensation only, or a combination of the two. In a previous study
conducted by the authors [7], the results of HEX sizing were compared when using alternative correlations covering
both types of condensation phenomena. The Dobson [47], Shah [14,51] and Chaddock and Chato [42] correlations
were used for combined shear and gravity driven phenomena, whereas the Nusselt correlation as presented by Hewitt
[42] has been used for gravity only, and the Mikheev correlation as presented by Hewitt [42] for shear condensation
only. The comparison results are illustrated in Fig. 5 for R245fa for different heat-source temperatures.

Figure 5: Comparison between alternative Nusselt number correlations heat transfer area calculation for the
condenser two-phase zone, for different heat-source temperatures.
In general, all correlations give similar results across the full range of heat-source temperatures investigated, with the
exception of the gravity-only correlation. As expected, correlations that account for condensation driven by both gravity
and shear forces result in lower surface area requirements than the condensation driven by gravity alone. The correlation
of Shah is on the high side of the area predictions (excluding gravity-only correlations), providing conservative
estimates of the DHEX area requirements. Similar results for the condensing section were found for all working fluids
investigated [7]. Based on these findings the correlation of Shah [14,51] has been used to obtain the HTCs for
condensation inside tubes, which is also commonly found in the literature, among others, in Refs. [14,44,52]. The
condenser HEX U-value is finally obtained using the cooling water and working fluid HTCs, while the heat transfer
area requirements are calculated using the LMΔT method. The correlations deployed are presented in Appendix A.
2.3 Expander model
The steady operation of the reciprocating-piston expander is predicted using a dynamic lumped-mass model that
captures the major loss mechanisms (see Fig. 6). These include i) the in-cylinder losses, namely, the gas-to-wall
instantaneous heat transfer and the mass leakage past the piston rings; ii) the pressure losses due to the workingfluid flow through the area restrictions of the intake and exhaust valves; iii) the power losses due to friction
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between the moving parts; and iv) the generator losses, i.e., the mechanical-to-electrical power conversion losses.
This model is further presented in Appendix B.
The performance of piston expansion machines for electricity generation is typically measured with the overall
isentropic efficiency, defined as the ratio between the actual electrical power generated, 𝑊̇exp,elg, and the power
that would be produced during a reversible and isentropic expansion process:
𝜂is,elg = 𝑚̇

𝑊̇exp,elg
(ℎin −ℎout,is )

,

(14)

where ℎout,is is the specific enthalpy of the exhaust in the isentropic expansion: ℎout,is = ℎ(𝑃out , 𝑠in ). The overall
isentropic efficiency, accounts for all loss mechanisms listed above. In addition, two similar indicators are
commonly used in the literature to quantify the expansion machine performance, namely the effective isentropic
efficiency, and the indicated isentropic efficiency, 𝜂is,ind (also referred to as the internal isentropic effectiveness):
𝜂is,mech =
𝜂is,ind = 𝑚̇

𝑊̇exp,mec
𝑚̇(ℎin −ℎout,is )
𝑊̇exp,ind
(ℎin −ℎout,is )

=

=𝜂

𝜂is,elg
𝜂elg

,

𝜂is,elg

elg

𝜂mech

(15a)
,

(15b)

where 𝑊̇exp,mech denotes the mechanical (or shaft) power and 𝑊̇exp,ind the indicated power, that is, the power
developed by the expansion of the working fluid inside the cylinder chamber, as calculated from a p-V diagram. The
generator efficiency, 𝜂elg, is defined as the ratio between the electrical power generated and the shaft power. Similarly,
the ratio between the shaft power and indicated power is the mechanical efficiency, 𝜂mech. While the performance of
the reciprocating-piston expander is most often reported in this paper using the indicated isentropic efficiency, the other
indicators are helpful for comparing the predictions of the model to experimental measurements found in the literature.
There are only a few studies that investigate the use of piston expanders in detail on medium-scale ORC systems.
Experimental and semi-empirical modelling studies performed by Shonda et al. [34] for an ORC engine in a
passenger vehicle, reported an indicated isentropic efficiency of up to 71% and volumetric efficiency of 60%.
Daccord [36] investigated the application of ORC systems with swash-plate piston expanders for heavy
commercial vehicles. The experimental investigation indicated that the expander reached 60% effective isentropic
efficiency for operating pressure ratios between 13 and 22. These results are in line with those reported in the
literature for high-performance piston expanders at high pressure ratios. Clemente et al. [53] compared the
operation of piston expanders to scroll machines and showed that for large pressure ratios the former outperform
the latter. Dumont et al. [54] compared experimentally the performance of piston, scroll and screw expanders
across a range of pressure ratios. In their results, for pressure ratios between 2 and 6, the scroll machines achieved
effective isentropic efficiencies of up to 76-80%, while the screw machines achieved up to 55%. For pressure
ratios higher than 7, piston expanders achieved effective efficiencies of up to 54%. Finally, Oudkerk et al. [37,55]
provide us with a further analysis of the tests conducted in Ref. [54] with a swashplate reciprocating-piston
expander and show that its indicated isentropic efficiency reaches 74% with R245fa as a working fluid, a pressure
ratio of around 7.5 and a superheating degree in the range 4-17 K.
The latter data allow us to perform a quick comparison with the predictions of the expander lumped-mass model
used in this study. In similar conditions, i.e., using R245fa as a working fluid, at a pressure ratio of 7.5, with a
superheating degree varying from 0 to 25 K, the indicated isentropic efficiency predicted by the lumped model
ranges from 77.3 to 78.2%, as reported in Fig. 9, which is less than 5.7% different than the experimental
measurement. The good agreement observed between those two values strengthens the confidence in the model
predictions, as far as the internal losses are concerned. As for the estimation of additional losses, frictional losses
vary between 13-25% of indicated power [37,55], and generator losses are a further 5% of shaft power [49].
While some uncertainty exists in the estimation of frictional losses, for fixed-speed operation – as is assumed in
our approach – the frictional loss can be roughly approximated as constant for a given machine [56], and hence a
fair comparison can be made between different operating points at on- and off-design conditions.
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Figure 6: Schematic diagram of reciprocating-piston expander losses.

3. Optimisation formulation
A typical single-objective optimisation problem includes one objective function (𝐹⃗ ) to minimise or maximise, a
vector with the decision variables (𝑋⃗), i.e., the variables the optimiser is allowed to alter while seeking the
optimum solution, and a number of constraints (𝐶⃗) to respect in order for the mathematical solution to be
technically feasible. In this study, the optimisation objective is to maximise the net ORC power output, during
both the nominal (𝑊̇net ) and the off-design (𝑊̇net ′) optimisation. While the objective function is the same for
both, the set of decision variables and constraints differ, as discussed in subsequent sections.
The optimisation problem was solved in MATLAB [57] using the multistart structure, which repeatedly runs a
local solver from a number of different starting points, predefined by the user. In this work, the interior-point
algorithm fmincon was used as the solver to minimise the constrained nonlinear objective function. For the
maximum power output, the negative value of the power output was minimised. More details on the mathematical
formulation of the optimisation algorithm are available in Ref. [58].
3.1 Nominal design optimisation
The nominal design optimisation function is presented in Eq. 16. The heat-source conditions used for the nominal
design optimisation correspond to the exhaust-gas stream conditions leaving the ICE while operating at its rated
capacity (100% load). The decision variable vector (𝑋⃗) for the nominal operation includes: i) the evaporator and
condenser pressures, Pevap, Pcond (in Pa); ii) the working fluid mass flow rate ṁwf (in kg/s); iii) the superheating
degree SHD) normalised over the maximum feasible, given the heat-source inlet temperature; iv) the evaporator
pinch point PPevap (in K); and v) the expander volume ratio rexp.
Maximise:
Subject to:

{𝑊̇net }
⃗⃗=[𝑃evap, 𝑃cond, ṁwf, 𝑆𝐻𝐷, 𝑃𝑃evap, 𝑟exp ]
𝑋

(16)

𝑃cond < 𝑃evap < 𝑃crit

(17)

0 ≤ 𝑆𝐻𝐷 ≤ 1

(18)

𝑇3 ≤ 𝑇wf,max

(19)

𝑃𝑃min ≤ 𝑃𝑃

(20)

𝑃evap
𝑃cond

≤ 𝑟exp 𝛾

(21)

𝑥wf,3→4 = 1

(22)

𝑇4v ≤ 𝑇4

(23)

𝑇lim ≤ 𝑇hs,out

(24)

The constraints ensure that the optimum thermodynamic cycle is technically feasible. The condenser pressure
must be lower than that of the evaporator, which in turn must be lower than the working fluid’s critical pressure
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to maintain a subcritical cycle (Eq. 17). The SHD takes values between 0 and 1, as it is normalised by the
maximum possible superheat (Eq. 18). For every working fluid, the temperature at the evaporator exit should not
exceed the maximum allowable temperature for chemical stability, as suggested in Ref. [59] (Eq. 19). Other
constraints include a check for potential pinch point violations across the HEXs (Eq. 20), or prevent the expansion
within the two-phase zone (Eq. 21). The heat-source fluid temperature when leaving the evaporator HEX is
constrained by the dew point of the exhaust gases, to avoid condensation. For exhaust gases from a natural gas
ICE, the typical dew point temperature can vary between 60 °C and 35 °C (333-308 K), depending on the
concentration of oxygen [60,61]. Therefore, in this study 80 °C (353 K) was selected as the minimum allowable
temperature for the exhaust-gas stream, well above the reported dew point levels. Following completion of the
nominal design optimisation stage, the ORC engine optimum cycle points are used for the selection and sizing of
the major system components as discussed in Sections 2.2 and 2.3.
3.2 Off-design optimisation
3.2.1 Variable heat-exchanger and expander performance
In the ORC off-design optimisation, the exhaust-gas mass flow rates and temperatures during the CHP-ICE (PL)
operation are obtained, and used as an input to the optimisation process. On the ORC side, the components’ geometry
and size are fixed. For the HEXs, the total area available for heat transfer is known, along with the tube size, and
minimum pinch point. For the expander, the number of cylinders, geometry, and valve timings are known, while
performance maps of indicated isentropic efficiency over a range of PRs, superheat degrees and RPM have been also
obtained from the nominal sizing exercise. For the pumping process, a centrifugal pump is selected with a relatively
flat curve which can maintain a constant pressure head across a range of flows. This property is important because for
the off-design operation, the pressure head of the system may be maintained at high levels to maximise the power
output, while the flow rates/temperatures vary. Therefore, for the pump off-design operation, a conservative fixed
thermodynamic efficiency of 65% [41] is used. The pressure level at the condenser is also fixed and equal to the nominal
design operation, while it is assumed that the cooling water mass flow rate can be adjusted to absorb the varying heat
rejection load of the system at off-design operation. With the widespread use of variable-speed pumps in the building
services sector, due to the energy savings they offer, this assumption sufficiently reflects a real building installation.
Therefore the focus of the study is mainly the evaporator HEX performance, under varying boundary conditions. These
specifications form the input to the off-design optimiser, to ensure that the new optimum operating points are achievable
given the specification and operational limitations of the components.
⃗⃗⃗⃗⃗′ ) includes the following parameters: i) temperature
Based on the above, the decision-variable vector (𝑋
′
(superheat) of the working fluid 𝑇3′ and the heat-source at the evaporator exit 𝑇hs,out
(in K); the ii) evaporator
′
′
pressure for the working fluid 𝑃3 (in Pa); and iii) mass flow rates for the working fluid 𝑚̇wf
and the heat-source
′
𝑚̇hs (in kg/s). The off-design objective function is presented in Eq. 25. Aside from the constraints related to the
thermodynamic feasibility of the cycle (listed in Eqs. 17-24), additional constraints are required in this
optimisation exercise, to ensure that the selected components are capable of delivering the required duties at the
new operating points, as some combinations of the decision variables produce infeasible cycles. The additional
constraints used for the off-design optimisation are summarised in Eqs. 26-29.
Maximise:
Subject to:

{𝑊̇net ′}
′
′ ,𝑚
′
⃗⃗⃗⃗⃗
̇ hs
𝑋 ′ =[𝑇4′ , 𝑇hs,out
, 𝑃3′ , 𝑚̇wf
]
abs(𝑚̇wf,th −𝑚̇wf,exp )
𝑚̇wf,exp
abs(𝐴evap −𝐴evap ′)
𝐴evap

(25)

≤ 0.04

(26)

≤ 0.04

(27)

𝑇4v ≤ 𝑇4 ′

(28)

′

𝑥wf,3→4 = 1

(29)

The mass flow rate of the working fluid achieved by the expander, for the new operating pressure and SHD, must be
equal to that obtained from the simple energy and mass balance equations with the new temperature and pressure
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conditions (Eq. 26) to within ±4%. The heat transfer area required to deliver the new heat input at every PL, with the
new temperature and flow regimes, should be equal to that available in the HEXs (Eq. 27) to within the same ±4%.
The new temperature of the working fluid at the exit of the expander should be above the fixed condenser saturation
temperature (Eq. 28). The new working fluid operating points should not fall within the two-phase region during
expansion (Eq. 29). Finally for the off-design optimisation the expander RPM has been kept fixed and equal to the
nominal design settings, to ensure compatibility with the electrical generator connected to the expander.
3.2.2 Variable heat-exchanger performance and fixed expander isentropic efficiency
Finally, the results of the full dynamic optimisation described above are compared to an ORC off-design
performance optimisation with fixed piston expander isentropic efficiency. In this case, the evaporator pressure is
also fixed at the nominal design operation to maintain a constant pressure ratio across the expander. The condenser
pressure is fixed as before. Therefore, the decision variable vector (𝑋⃗′) is now comprised of: i) the temperature
(superheat) of the working fluid and of the heat source at the evaporator exit; and ii) new mass flow rates for the
working fluid and the heat source. The objective function is again the maximisation of the net power output of the
ORC engine for every CHP-ICE PL point, while the set of constraints includes both the thermodynamic
constraints listed in Section 3.1 and the components’ operational constraints listed in Eqs. 26-29.
3.3 Working-fluid selection
The working fluid selection can have a major impact on the ORC system performance, component sizing, and costs.
From the extended literature, no single working fluid is identified as optimal across the various ORC applications. To
obtain the most suitable candidate for the ICE-ORC CHP application a number of alternative working fluids has been
investigated in this optimisation exercise. Due to the high computational cost of the optimisation, a pre-selection of
working fluids has been made. Apart from the good thermodynamic performance characteristics of the working fluids
(high vapour density, low specific heat capacity, and high latent heat), it is increasingly important to consider their
impact on the environment. Based on established concerns over global warming, fluids such as chlorofluorocarbons
(CFCs) and hydrofluorocarbons (HFCs) have been already phased out, or are set to be phased out over the next decade
in the heating, ventilation and air-conditioning (HVAC) industry. This is due to the introduction of strict regulations
for refrigerants with high ozone depletion potential (ODP) and global warming potential (GWP). In the EU, the socalled F-gas regulation has imposed a number of limitations to the use of refrigerants in the HVAC and refrigeration
industry, and this may be extended in the near future to the power generation applications. Therefore, technical solutions
which are not constrained by such regulations are required to maximise the market penetration of ORC technology.
Further challenges apply in the ICE-ORC application, when recovering heat from exhaust gases, with regards to the
high operating temperatures of the working fluids, which may accelerate the fluids’ chemical decomposition if not
carefully considered at the design stage. Therefore, fluids with high critical temperatures/pressures are deemed most
suitable for these applications. Vescovo and Spagnoli [62] investigated, among others, fluids such as toluene, biphenyl,
diphenyl oxide, linear/alkylated hydrocarbons and perfluoropolyether for use at very high temperatures up to 400 °C
(673 K), and reported ORC thermal efficiencies up to 30-34%. Li [63] studied fluids such as toluene, n-heptane,
cyclohexane, R113 and R123 in applications with heat-source temperatures of 240-290 °C (513-563 K), obtaining
ORC thermal efficiencies up to 31%. Maraver et al. [2] also investigated the use of R134a, R245fa, and n-pentane
among others for heat-source temperature of 300 °C (573 K), and obtained thermal efficiencies of 16-22%.
Based on the above, working fluids were selected for this study on the basis of good thermodynamic characteristics,
suitability for high operating temperatures, and also low ODP and GWP values. The selected fluids include two
currently-used refrigerants, R245fa and R152a, and three new replacement refrigerants, R1233zd, R1234ze and
R1234yf, which feature both low ODP and GWP values. R245fa is commonly used in commercial ORC engines
provided by, for example, Bosch, Cryostar, Electratherm, GE and Turboden [64]. R1233zd is a very promising
replacement for R123, and similarly R1234ze and R1234yf are replacements for R134a, which is currently used in
commercial ORC engines, e.g., manufactured by Cryostar [2]. As well as these refrigerants, four hydrocarbons were
examined in the present work, specifically: i) three alkanes (butane, pentane, hexane), as these have shown promising
results in previous ORC studies [2,5,63]; and ii) one aromatic (toluene), which is suitable for high temperature
applications and is also used in ORC engines manufactured by Tri-o-gen. It should be noted that although hydrocarbons
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are considered ‘natural refrigerants’ they are listed in Category A3 in the ASHRAE Classification [61], which includes
fluids with low toxicity, but high flammability. These features may result in potential restrictions in the future on the
maximum charge allowed per system.

4. System optimisation and sizing results – I: Nominal operation
4.1 ORC power output optimisation
The PL operating characteristics of the ENER-G [49] CHP-ICE 1520 kW engine are summarised in Table 1. The data
points for 100% and 75% were taken directly from manufacturers’ data sheets. The other points have been generated
by the CHP-ICE thermodynamic model presented and validated by Chatzopoulou and Markides [5]. With reference to
the numbers, it is observed that, as the load of the CHP-ICE engine drops, the exhaust-gas mass flow rate also reduces,
whilst the temperature increases. This is due to the operation of the engine turbo-charger. This feature influences the
ORC off-design optimisation, since the influence of the lower mass flow rate can be partially offset by the higher heatsource temperature. The ORC engine nominal design optimisation (Section 3.1.1) and sizing (Section 2) are first
performed assuming the CHP-ICE engine is operating at 100% load (nominal engine capacity). A summary of the
ORC specification for the nominal system thermodynamic optimisation is presented in Table 2.
Table 1: CHP-ICE 1520 part-load operating conditions.
CHP-ICE 1520 PL
100%
90%
80%
75%
60%

Exhaust-gas mass flow rate 𝒎̇𝐡𝐬 (kg/s)
(Heat source)
2.16
1.91
1.70
1.64
1.29

Exhaust-gas temperature 𝑻𝐡𝐬 (K)
(Heat source)
682
717
720
720
727

Table 2: Summary of specification for the ORC engine thermodynamic optimisation at nominal CHP-ICE operation.
Parameter
𝑃𝑃cond (K)
𝑃𝑃evap (K)
𝑇cw,in -𝑇cw,out (K)
𝑚̇hs (kg/s)
𝑇hs,in (K)
𝑃con,min (kPa)

Value
10
5-30
288-298
From CHP-ICE
From CHP-ICE
10

Parameter
𝑃evap,max (kPa)
𝑟exp (-)
𝑇lim (K) (for heat source)
𝜂is,ind (-)
𝜂pump,is (-)
𝜂elg (-)

Value
0.95 𝑃crit
8-18
353
0.70
0.65
0.95

The optimum power output of the ORC engine for all fluids investigated is presented in Fig. 7, along with the
ORC thermal efficiency (ηth) and exergy efficiency (ηex) achieved for CHP-ICE 100% load. The best-performing
hydrocarbon is pentane with 103 kW, followed by toluene (97 kW), and hexane (92 kW). The best-performing
refrigerant is R1233zd (99 kW), followed by R245fa (87 kW). For the majority of the working fluids, the optimiser
aims to maximise the pressure ratio (PR) across the expander first until the maximum pressure constraint for a
subcritical cycle is active, prior to increasing the SHD, or the working fluid mass flow rate. Therefore, most cycles
operate very close to the fluid’s critical pressure. However, the value of the PR across the expander varies between
fluids, with the highest-performing fluids having also the highest PR. This is because for fluids such as R1233zd
and pentane, the condensation pressure possible for the given heat sink temperature is lower (90-156 kPa) than
that of fluids like R1234yf, R152a and R1234ze (600-800 kPa). This results in a higher PR for the former fluids
over the expander, and thus a higher power output of the ORC engine.
The thermal and exergy efficiency of the optimum cycles are also illustrated in Fig. 7 for all the working fluids
investigated. As expected, the best performing fluids in terms of power output, also have the highest thermal
efficiency corresponding to 13.5%, 13%, 12.5%, and 12%, for pentane, R1233zd, toluene and hexane,
respectively. A similar trend is observed for the exergy efficiency, though the figures are higher than the thermal
efficiency and range between 18%-34%.
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Figure 7: ORC optimum power output, thermal and exergy efficiencies, for nominal CHP-ICE operation (100%).
4.2 Nominal heat-exchanger design and sizing
The next step in the ORC sizing problem is to size the HEXs of the system to deliver the nominal duty. The optimum
thermodynamic cycle points obtained will be used for the ORC HEX sizing, following the methodology presented in
Section 2.2. As discussed, the HEXs selected for this study are of tube-in-tube construction, also known as double pipe
(DPHEX), with the organic working fluid in the inner tube. The heat transfer area requirements of the evaporator HEX
for the working fluids investigated in this work are shown in Fig. 8a. For most of the working fluids, the total area
requirements do not exceed 200 m2, with the exception of toluene, which requires almost 500 m2 of heat transfer area.
This significant difference in area requirements is mainly attributed to the logarithmic mean temperature difference
(LMΔT) across the HEX for toluene, and the other candidate working fluids (Fig. 8a). The optimal cycle with toluene
has the lowest evaporator pinch point among the fluids investigated, resulting in the lowest LMΔT, especially in the
preheating zone. For the same HEX section, while the other working fluids operate with a LMΔT of 60-90 K, toluene
operates with 16 K, which dramatically increases the heat transfer area. For all working fluids the lowest LMΔT is
observed in the preheating section, followed by the evaporating two-phase zone, and the superheater. This finding is
explained by the high heat-source temperature when entering the evaporator, which results in a high temperature
gradient over the superheater and the two-phase evaporating zone.
In terms of the HEX area breakdown, the preheating section dominates the HEX design (Fig. 8a). This is a result
of the evaporator operating pressure which is close to the critical conditions for every fluid. This significantly
increases the preheating section heat load, while the evaporator two-phase zone load drops. Also, it is observed
that fluids with low evaporation saturation temperature – such as R1233zd, R152a and butane – operate with
higher SHD, which results in higher superheater area. In contrast, fluids such as pentane and toluene have high
saturation temperature at the evaporator pressure, 470 K and 480 K, respectively, so they do not require any
superheating. In subsequent sections, the impact of off-design operation on the breakdown of the evaporator HEX
areas will be discussed. Finally, it is also noted that fluids with similar power outputs (such as pentane and toluene)
may have significantly different HEX size requirements. This highlights that, aside from the thermodynamic
optimisation, the system cost aspects should be considered in the design phase. However, the analysis of the costs
of ORC systems is beyond the scope of the present study.
The area breakdown of the condenser for the fluids investigated in this work is presented in Fig. 8b. It is observed
that the condenser area requirements are significantly lower than the respective ones for the evaporator. This is a
result of: i) the temperature gradient between the working fluid and the cooling water circuit, which operates at
288-298 K (15-25 °C); ii) the better heat transfer coefficients achieved when there are liquid flows versus gas
flows; and iii) the high fraction of the heat rejection being performed in the two-phase zone, which is characterised
by higher U-values. In contrast with the evaporator HEX design, where the available enthalpy of vaporisation in
the two-phase zone is low due to the high operating pressure, in the condenser (low pressure) there is high latent
heat available during phase change, which results in a large fraction of the heat rejection taking place in the two
phase zone with high HTCs. It can also be seen that toluene has the minimum area requirements among the fluids
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investigated, for the condenser. This is explained by the condensing saturation temperature of toluene, 345 K,
compared to 300-305 K for the other fluids. The higher temperature difference across the HEX for toluene results
in lower area requirements for a similar heat rejection load.

(a)

(b)

Figure 8: Heat transfer area breakdown and LMΔT for nominal sized (CHP 100%): a) evaporator, and b) condenser.
4.3 Nominal expander design and sizing
For the best-performing fluids identified during the thermodynamic optimisation stage, namely R1233zd, R245fa,
toluene and pentane, a piston expander has been designed and sized to meet the nominal operating conditions of each
fluid. The expander modelling methodology has been presented in Section 2.3. For the nominal sizing exercise, a
preliminary cycle optimisation is first run with a fixed expander isentropic efficiency of 70%. The mass flow rate of
working fluid, superheat temperature, and pressure ratio obtained from this preliminary study are used as the initial
operating conditions for the expander design exercise (summarised in Table 3).
Table 3: Nominal operating points from initial optimisation.
Evaporator pressure (bar)
Condenser pressure (bar)
Mass flow rate (kg/s)
Superheat temperature (K)

R1233zd
33.93
1.57
1.88
15

R245fa
34.54
1.95
2.68
15

Pentane
32.01
0.90
1.26
5

Toluene
6.56
0.32
1.38
5

A large number of possible expander designs are then generated using Latin hypercube sampling, and simulated
at the initial operating conditions to obtain a promising candidate. Among these designs, the cylinder bore, stroke
length, clearance height, valve diameters and opening durations are allowed to vary. The candidate design is
selected to jointly maximise isentropic efficiency and power density, where power density is the output power per
unit cylinder volume. A degree of engineering judgement is required to balance isentropic efficiency and power
density, to avoid a high efficiency but very large expander, or the converse. A thermo-economic assessment, in
which an expander with low power density is penalised by high cost per unit power output, would enable an
objective approach to this trade-off, but is beyond the scope of the present study.
Table 4: Expander design parameters. Intake and exhaust valves open at TDC and BDC respectively.
Number of cylinders
Bore (mm)
Stroke length (mm)
Clearance height (mm)
End of intake (degrees after TDC)
End of exhaust (degrees after TDC)

R1233zd
2
254
359
29
22.5
256.1
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R245fa
4
124
187
17
41.9
325.6

Pentane
4
201
279
20
21.2
249.2

Toluene
6
206
411
44
46.3
304.8
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Once the expander design is fixed, the expander simulation is run for a range of pressure ratios, superheating degrees,
mass flow rates and rotating speeds (RPM). This produces operating-performance maps for a set of possible PL
conditions. Figure 9 shows expander maps for R1233zd, R245fa, toluene and pentane, for a fixed rotational speed.

(a)

(b)

(c)

(d)

Figure 9: Piston expander performance map reporting indicated isentropic efficiency for: a) R1233zd, b) R245fa,
c) pentane, and d) toluene. Lighter colours represent higher indicated isentropic efficiency. Oblique lines join
points at constant superheat temperature, with maximum superheat at the left of each plot. Maps are shown for
500 RPM for toluene and 1500 RPM for the other fluids, based on full-cycle optimisation. The circle indicates
the nominal design point, with a fixed efficiency of 0.70.
The peak indicated isentropic efficiencies are achieved at low mass flow rates, corresponding to low pressure
ratios. This is because intake-valve losses are a significant contributor to overall expander loss for reciprocatingpiston machines, and these losses are less severe for reduced pressure ratios. Achieving high output power, on the
other hand, calls for high pressure ratios and mass flow rates, with a corresponding reduction in efficiency. It is
noted here that the indicated isentropic efficiency figures quoted in Fig. 9, exclude the mechanical losses on the
shaft or electrical losses at the generator. As discussed in Section 4.1, by accounting for mechanical friction losses
(𝜂mech = 85%), the piston expander effective efficiency is found to range between 0.43-0.77, figures which are
well-aligned with the findings of other studies in the literature, such as those reported in Refs. [37,65].
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5. System optimisation and sizing results – II: Off-design operation
5.1 Combined ICE-ORC CHP system optimisation
After the nominal ORC system optimisation and sizing, the major components geometries are fixed. Their
performance maps are used as an input to the ORC off-design optimisation tool. The heat-source flow rate and
temperature are varied according to the values in Table 1 for the CHP-ICE PL from 100% down to 60%. For every
new PL point, the operation of the ORC system is optimised to adjust to the new conditions. A reference case is
obtained with the expander indicated isentropic efficiency fixed at 70% (nominal design). In this case the PR of the
ORC is kept fixed, while the working fluid mass flow rate and superheating are allowed to vary, along with the mass
flow rate of heat-source fluid and its temperature at the exit of the evaporator. Then, for the best performing fluids
discussed in Section 4, the full expander variable performance characteristics are incorporated into the off-design
optimisation and the results are compared to the reference case with fixed indicated isentropic efficiency. The
optimiser in the second case is allowed to adjust not only the mass flow rate/temperature of the working fluid, but also
the evaporation pressure. The new expander indicated isentropic efficiency is then estimated using performance maps,
while the expander rotational speed is fixed at 1500 RPM, to ensure smooth coupling with the electric generator. The
mass flow rate and temperature of the heat-source fluid leaving the evaporator are also allowed to vary.
5.1.1 Fixed expander performance
The optimum ORC power output is presented in Fig. 10, for all CHP-ICE PL points and fluids, with the expander
indicated isentropic efficiency being fixed to that of the nominal design. The best performing fluids during off-design
operation are found to be those that also outperform during nominal operation. For all optimal cycles, the optimiser
chooses to use the full heat-source mass flow rate available, while it also tries to increase the working fluid temperature
when leaving the evaporator (high SHD) to the maximum possible, dictated by either: i) the peak temperature at which
the fluid can operate without the risk of degradation; or ii) the maximum allowable by the PP constraints. It is observed
that the ORC power output follows the CHP-ICE PL trend, but the ORC PL level is always higher than the respective
level of the CHP-ICE. A case in point is R1233zd, where for 90% CHP-ICE PL the ORC engine operates at 97% PL,
for 80% CHP-ICE PL the ORC operates at 87% PL, and for 75% CHP-ICE PL the ORC engine operates at 82% PL.
This is attributed mainly to the evaporator HEX performance. Because the exhaust-gas temperature at PL is higher than
the nominal conditions, the temperature gradient across the HEX increases, making the heat transfer more effective
over the same heat transfer area. The details of the HEX performance are discussed in Section 5.2.
5.1.2 Variable expander performance
For the findings summarised in Fig. 10, the expander isentropic efficiency has been kept constant among all the
fluids and conditions investigated. Next, the variable performance of the expander is incorporated in the off-design
tool. The revised ORC power output is illustrated in Fig. 11. When the piston expander is sized for nominal
conditions, for fluids such as R245fa and toluene, the indicated isentropic efficiency achieved is lower than the initial
assumption of 70%, corresponding to 60-66% (Fig. 12). This reduces the ORC power output slightly at nominal
conditions, in comparison to the optimum thermodynamic performance with those fluids. This reveals that the
thermodynamic optimisation may lead to technically challenging designs, because it does not account for the
component-specific physical and performance limitations.
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Figure 10: ORC optimum power output at off-design operation, for CHP-ICE part-load 100-60% (left to right),
assuming fixed expander efficiency.
By comparing the power output of the ORC engines in the case of fixed expander efficiency and in the case of varied
performance, it is noted that the former approach underestimates the power output by up to 17% for CHP-ICE PL
60%. It is worth highlighting that as the CHP-ICE load reduces, the ORC power output also decreases, but at a lower
rate than in the case of the assumed fixed expander isentropic efficiency. More precisely, for R1233zd, at 90% CHPICE PL the ORC engine operates almost at 100% load, for 80% CHP-ICE PL the ORC operates with 97% PL, and
at 60% CHP-ICE PL the ORC engine still operates at 77%. These findings are explained by looking at the optimum
PR of the ORC engines at off-design operation (Fig. 12) and at the respective indicated isentropic efficiency of the
piston expander (Fig. 13). At off-design operation, the piston expander indicated isentropic efficiency improves for
all fluids, by 10-16%, exceeding 82% for fluids such as R1233zd, for a fixed sized machine. Consequently, the power
output of the ORC at off-design conditions is higher than in the case when the expander isentropic efficiency was
assumed fixed. This initially counterintuitive trend is a result of the new PR of the ORC for all fluids. When the
CHP-ICE load drops, the optimum PR over the expander also decreases, i.e., although the exhaust-gas temperature
increases at PL, the optimum ORC evaporating pressure decreases. This trend is in contrast to that observed in the
fixed expander performance analysis, where the optimum evaporator pressure level was always the one resulting in
the highest PR. In real piston expansion machines, operating points with lower PR and lower working fluid mass
flow rate can reach higher isentropic efficiencies. This is why the optimiser favours the reduction of the evaporating
pressure, and increases the SHD, instead of maximising the evaporating pressure.

Figure 11: ORC optimum power output at off-design operation, for CHP-ICE part-load 100-60% (left to right),
with variable expander performance.
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Figure 12: ORC optimum pressure ratio (PR) at off-design operation, for CHP-ICE part-load 100-60% (left to
right) with variable expander performance.

Figure 13: ORC piston expander optimum indicated isentropic efficiency at off-design operation, for CHP-ICE
part-load 100-60% (left to right).
Further to the expander performance analysis, the results of the moving-boundaries HEX modelling are illustrated in
Fig. 14, for off-design operation. It is noted that as the CHP-ICE PL decreases, the heat-source temperature increases,
which allows the optimiser to increase the superheating degree of the working fluid exiting the HEX to either its
maximum temperature without degradation, or to the maximum degree allowable by the HEX pinch point limitation.
This trend is consistent among all fluids investigated. Furthermore, due to the higher-grade heat input, it is observed
that most working fluids will have already reached the new evaporator saturation temperature before they reach the end
of the preheating section, and at the end of the preheating section (as defined in the nominal design), these will already
be in the vapour and liquid zone. Similarly, by the end of the nominal two-phase evaporator zone the working fluids
will be already slightly superheated. Therefore, the working fluid will have more available area to superheat, resulting
in the higher overall leaving temperature from the evaporator. Finally, as discussed previously, the off-design
evaporator pressure is lower than the nominal one, resulting in a larger fraction of the heat recovery taking place in the
two-phase zone. This is reflected in the two-phase zone are requirements for every fluid in Fig.15, which increases
while moving from CHP-ICE 100% to 60% PL. Heat transfer in the two-phase zone is also related to higher HTCs (as
will be discussed in subsequent sections), which makes the HEX more effective in recovering heat.
Overall, the comparison of the analyses with fixed expander efficiency but variable HEX performance, against the
complete optimisation, shows that the former approach underestimates the ORC off-design power output by up to
17%. Furthermore, the ORC operating points, when accounting for the temporal variability in the performance of all
components, differ significantly from those obtained with the simplified approach of fixed efficiency.
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(a)

(b)

(c)

(d)

Figure 14: Evaporator heat transfer area boundaries (moving boundaries) at off-design operation for: a) R1233zd,
b) R245fa, c) pentane, and d) toluene, for CHP-ICE part-load 100-60% with variable expander performance.
5.2 Off-design ORC performance maps
5.2.1 Off-design evaporator performance maps
In the previous section, we investigated ORC operation at specific CHP-ICE PL points. Here, the full spectrum of
possible exhaust-gas temperatures and flow rates leaving the ICE are obtained, and maps of the evaporator HEX
performance are generated. In Fig. 15, the evaporator HEX overall heat transfer coefficient (U) maps are presented for
R1233zd, for both design approaches presented in Section 5.1.2. The results are representative of the trends observed
for the other working fluids. For a fixed heat-source temperature, the U-value drops by up to 30%, while the mass flow
rate of heat carrier fluid decreases from 2.16 kg/s (CHP-ICE nominal conditions), down to 1.29 kg/s (CHP-ICE 60%
PL). The same trend is observed for all HEX sections, and in both design approaches. The U-value is sensitive to the
Reynolds number, which is affected by the decrease in the flow rates of both the heat-source and the working fluid. In
addition, in the two-phase evaporator section, the nucleate-boiling phenomena prevail at higher wall surface
temperatures, so the U-value is always higher than the respective one in the preheating zone, while it is comparable to
the one in the superheating section. The evaporator section has the highest heat transfer rate due to phase change. For
a constant mass flow rate of the heat-source, while the temperature increases, the U-value increases only moderately,
since it is only affected by the potential transition from convective boiling to nucleate boiling conditions. In the case
where the PR across the expander was fixed (Fig. 15a), the U-value is underestimated relative to that with variable
expander performance (Fig. 15b). This is explained by the change in the operating pressure of the evaporator, which
reduces at off-design operation. This results in a larger fraction of the heat transfer taking place in the two-phase zone,
where the HTCs are higher, increasing the overall U-value of the HEX.
The HEX U-value variation for all fluids, at off-design operation with the variable expander performance
incorporated, is illustrated in Fig. 16. The trend among the fluids investigated is similar, but the absolute values of
U vary. It is noted that R1233zd, and pentane have higher U-values than R245fa and toluene. This is a consequence
23

Chatzopoulou, Simpson, Sapin, and Markides
of the different mass flow rate and temperature regimes within each cycle. The R245fa U-value map of the evaporator
HEX is illustrated in Fig. 16b. The impact of the mass flow rate of the heat-source on the HEX U-value is significant,
since the U-value drops by up to 30%, while the heat source mass flow rate reduces down to 50-60% of the nominal
design value. In contrast, for fixed heat-source flow rate, while the temperature varies the U-value stays fairly
constant. As previously mentioned, the superheater and the two-phase zone have similar U-values, while the
preheating section has the lowest. Pentane (Fig. 16c) operates with the highest U-values across all sections, varying
between 42-60 W/m2 K, in the evaporator and the superheating sections, and 38-53 W/m2 K in the preheating zone.
The U-values for toluene (Fig. 16d) are similar to those for R245fa. The superheater and the evaporator consistently
have the highest U-value for all part load conditions, ranging between 36-53 W/m2 K, followed by the preheating
section with 32-48 W/m2 K. As with previous fluids the U-value drops with the reduction of the heat-source mass
flow rate, despite an increase in heat-source temperature. It should be noted here that the U-value range predicted by
the model is also in agreement with those reported in Ref. [46], for DPHEXs with gases.

(a)

(b)

Figure 15: Evaporator heat transfer coefficient performance map for R1233zd, at off-design operation with:
a) fixed expander efficiency and, b) variable expander efficiency.
The HEX effectiveness (ε) maps are illustrated in Figs. 17-18. The HEX effectiveness comparison between the two
design approaches is presented in Fig.17 for R1233zd, while in Fig. 18 the results with the dynamic expander
performance are presented for all fluids. Effectiveness (ε) is defined as the ratio of the actual heat transfer achieved in
the HEX to the maximum one, obtained by assuming an infinitely long HEX in which the outlet temperature of the cold
fluid equals to the inlet temperature of the hot fluid. Although the HEX U-value drops with PL (Figs. 15-16) and one
may expect the effectiveness of the HEX to drop accordingly, the findings reveal that ε increases with PL. The
effectiveness increase is attributed to the increase of the LMΔT in the HEX subsections, and especially in the superheater
zone and in the two-phase zone (Fig. 19). The higher heat-source temperature entering the evaporator increases the
temperature difference between the two working fluids, increasing the heat transfer taking place over the same area.

(a)

(b)
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(c)

(d)

Figure 16: Evaporator overall heat transfer coefficient map at off-design operation, with variable expander
efficiency for: a) R1233zd, b) R245fa, c) pentane, and d) toluene.
When comparing the effectiveness results of the two approaches in Fig. 17a, as the ICE PL reduces, the superheater
effectiveness increases by 10% and the preheater by 5%, whilst the effectiveness of the evaporator two-phase zone
stays almost constant. In Fig. 17b, the preheater effectiveness behaves similarly to that in Fig.17a, but as the ICE PL
reduces, the increase of the evaporator effectiveness is higher, increasing by almost 50%. This is attributed to the
lower evaporator pressure ratio in the system at off-design operation, which results in lower evaporator temperature
and a larger fraction of heat exchange taking place in the two-phase zone with better HTCs, and with higher
temperature gradient across the HEX. The superheater effectiveness is lower in Fig. 17b, due to the lower superheat
and temperature of the working fluid, dictated by the expander optimum operating point.

(a)

(b)

Figure 17: Evaporator effectiveness map for R1233zd at off-design operation for: a) fixed expander efficiency
and, b) variable expander efficiency.
Considering the performance of all fluids (Fig. 18), it is noted that the preheating zone has the highest effectiveness,
because the minimum pinch point is observed in this area. Toluene in particular operates with the most effective HEX,
which is in line with the high evaporator area requirements obtained at nominal design (Section 4.2) and the very low
evaporator pinch point of the optimum ORC cycle. However, the high effectiveness will have significant cost
implications, which should also be considered in the design process of an ICE-ORC CHP system. The superheater
effectiveness is the lowest among the HEX sections, for all fluids investigated. The low effectiveness is due to the
high temperature difference between the working fluid and the heat-source (Fig. 19); the high available heat content
of the source is not fully transferred to the working fluid, because the system cannot increase its temperature any
further. The limitation may be the maximum allowable working fluid temperature before decomposition and chemical
instability phenomena occur, or the expander performance may dictate lower pressure levels and superheating degree
for maximisation of the power output. A case in point is fluids such as R245fa (Fig.18b) which operates with
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superheater section effectiveness of 0.19-0.22, because the system cannot increase the working fluid temperature any
further than 440 K, which is the maximum limit for R245fa to avoid chemical instability issues. In cases where this
constraint is not active, the working fluid temperature in the superheater section is determined to find the optimal
trade-off between the HEX and the expander performances. Pentane (Fig. 18c), on the other hand, operates with
superheater effectiveness of 0.45-0.55, because its maximum allowable temperature is 600 K. In the case of toluene,
although the fluid’s maximum temperature is 700 K, the optimiser favours a low evaporator pressure level (and
temperature) to maximise the expander efficiency. Therefore, the toluene superheater effectiveness (Fig. 18d) is also
low, in the region of 0.15-0.25. Finally, the evaporator effectiveness is higher than that of the superheater. The match
between the evaporating temperature and the heat-source temperature improves in the two-phase zone, increasing the
HEX effectiveness, while higher U-values are also observed in the two-phase zone.

(a)

(b)

(c)

(d)

Figure 18: Evaporator effectiveness map at off-design operation with variable expander efficiency for: a)
R1233zd, b) R245fa, c) pentane, and d) toluene.
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(a)

(b)

(c)

(d)

Figure 19: Evaporator temperature gradient map at off-design operation for: a) R1233zd, b) R245fa, c) pentane,
and d) toluene.

5.2.2 Off-design ORC power output maps
Time-varying modelling of the evaporator HEX performance can be used to obtain the actual amount of heat that can
be recovered by the ORC engine. The ORC optimum power output at off-design operation is then calculated by: i)
assuming fixed expander isentropic efficiency; and ii) accounting for the expander performance variation. In Fig. 20,
the ORC power output map for R1233zd is illustrated for both approaches. In Fig. 21, the power output of all fluids
investigated using the time-varying expander analysis are also summarised.
When the isentropic efficiency of the expander is fixed, the power output of the ORC is underestimated by up to
17% (Fig. 20), particularly for low CHP-ICE PL. For off-design conditions, as the CHP-ICE power output falls, so
does the ORC power output, but to a lesser extent. This is attributed to the efficiency improvement of the evaporator
HEX, and the piston expander at lower mass flow rates and pressure ratios (see also Section 5.1.1 and 5.2.3). As
expected, the highest power output is recorded for high mass flow rate and high temperature on the heat-source side.
The power output ranges from 90 to 55 kW for fixed expander efficiency (Fig. 20a), and between 100 and 60 kW
for variable efficiency (Fig. 20b). For fixed heat-source temperature, increasing the heat-source mass flow rate
increases the power output by up to 57%, whilst for fixed mass flow rate, increasing the heat-source temperature
increases the power output by up to 17%, within the range of conditions considered. This trend is consistent between
both approaches. The importance of these findings is twofold: i) they can be utilised by the ORC operators to identify
the optimum design point given the heat-source conditions; and ii) they can inform decisions about the system sizing
and schematic to ensure that the optimum mass flow rate and temperature reaches the ORC evaporator.
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(a)

(b)

Figure 20: Optimum ORC power output performance map for R1233zd, at off-design operation: a) fixed expander
efficiency and, b) variable expander efficiency.
ORC power output maps for all fluids using the time-varying HEX and expander performance are shown in Fig. 21. In
Fig. 21b, the ORC power map for R245fa is presented. Similar to the other fluids investigated, the power output is
significantly affected by the heat-source mass flow rate drop at PL, resulting in a reduction of power output of 23-30%.
On the other hand, the heat-source temperature variation, for fixed mass flow rate has less impact on the ORC power
output, up to an improvement of 10%. The power output of the ORC engine with pentane (Fig. 21c) reduces by
approximately 23-30%, from 100% ICE operation down to 60% ICE PL operation. While the heat-source mass flow
rate drops following the CHP-ICE part-load operation, for a fixed heat-source temperature, the power output reduces
by up to 30%. In contrast, for fixed mass flow rate of the exhaust gases, as temperature drops, the system power output
reduces by approximately 10%. Toluene (Fig. 21d) also presents similar behaviour at off-design operation.

(a)

(b)

(c)

(d)

Figure 21: Optimum ORC power output performance maps at off-design operation with variable expander
efficiency for: a) R1233zd, b) R245fa, c) pentane, and d) toluene.
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5.2.3 Off-design ORC efficiency maps
The piston expander off-design maps of indicated isentropic efficiency for fixed RPM are presented in Fig. 22 with
respect to the heat-source conditions variation. For all fluids investigated the efficiency increases in off-design
conditions. Therefore, the power output reduction is lower than that in the ‘fixed efficiency’ scenario. More precisely,
while the heat-source mass flow rate drops, and the temperature increases with the CHP-ICE PL, the expander
indicated isentropic efficiency increases from 0.72 to 0.82 for R1233zd (Fig. 22a), from 0.62 to 0.74 for R245fa
(Fig. 22b), from 0.73 to 0.81 for pentane (Fig.22c) and from 0.61 to 0.72 for toluene (Fig. 22d). This behaviour is
explained by the working fluid optimum pressure and mass flow rate during off-design operation. The expander
performance map at off-design conditions for fixed RPM and fixed condenser pressure, with respect to the inlet
pressure ratio and working fluid flow rate is presented in Fig. 23. The results reveal that for all fluids investigated
the optimum ORC operating points at off-design operation have lower evaporator pressure than the nominal point,
and lower working fluid mass flow rate, helping to maximise the expander isentropic efficiency.

(a)

(b)

(c)

(d)

Figure 22: Piston expander indicated isentropic efficiency maps for: a) R1233zd, b) R245fa, c) pentane, and d) toluene.
When the variable performance of HEX and expander is incorporated into the analysis, the optimiser no longer
seeks to maximise the cycle pressure ratio as in the case of assumed fixed expander efficiency, but instead adjusts
the evaporator pressure level to: i) increase the HEX effectiveness; and ii) operate the expander at high efficiency.
For example, for R1233zd and pentane, where the expander indicated isentropic efficiency increases with
superheat temperature, the optimal part-load cycle operates at high superheat. For R245fa and toluene, the
expander efficiency is less sensitive to superheat and a lower superheat is selected as optimal.
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(a)

(b)

(c)

(d)

Figure 23: Piston expander optimised operating points at off-design conditions for: a) R1233zd, b) R245fa,
c) pentane, and d) toluene. The filled dot indicates the nominal design point, found using a fixed indicated
isentropic efficiency, which may change significantly when real expander characteristics are included.
Finally, by accounting for the components time-varying characteristics during the off-design operation optimisation,
the thermal efficiency of the ORC engine at off-design conditions (Fig. 24) is maintained or even slightly increases
(by 7%). However, a key challenge for the realisation of such practices is the design of real-time controllers, which
will be capable of monitoring the heat-source variations, and adjusting the ORC engine operation accordingly. Some
work on these aspects can be found in Refs. [30–32]. The ORC engine thermal efficiencies achieved vary between
9.5-13.5%, depending on the fluid investigated. The efficiency findings have been further validated by comparing
to other studies which used R245fa, the most a widely-studied working fluid in the ORC literature. In this work, the
optimised ORC thermal efficiency with R245fa ranges between 9.5-11%, whilst in Ref. [13], the authors report
thermal efficiency of 10.5%-12.5%, Ref. [66] report efficiencies of 11.5-12.5% at the same operating pressure levels
as this work, Ref. [26] report thermal efficiency of 9.5%, Ref. [67] thermal efficiency of 10.2%, and similarly in Ref.
[68] ORC engines with R245fa operate with 9.5% efficiency at the design point. These findings support the validity
of the present model, since the present results are well aligned with those reported in the literature.

30

Chatzopoulou, Simpson, Sapin, and Markides

Figure 24: ORC thermal efficiency at off-design operation with variable expander efficiency for R1233zd,
R245fa, pentane, and toluene.

6. Summary and conclusions
An optimisation tool has been developed to predict the off-design operation and performance of organic Rankine
cycle (ORC) engines in medium-scale stationary power-generation applications over the range from a few 10s of kW
to ~100 kW, under varying heat-source conditions. This work differs from earlier efforts in that: i) the specific
time-varying characteristics and interactions of key ORC engine components are considered explicitly in the
optimisation, and are used to obtain new component and system off-design operating points; ii) the potential of
piston expanders, which are considered highly suitable for this application, is investigated; and iii) off-design
performance maps are provided, which can inform manufacturer decisions on component or system design, and
plant operator decisions on optimum system operation. The tool is applied to an ORC engine recovering heat from
the exhaust gases of an internal combustion engine (ICE), in a combined heat and power (CHP) application. The
ORC is first optimised for maximum power, and the heat exchangers (HEXs) and piston expander are designed
for operation in ‘nominal’ (full-load) conditions, corresponding to 100% ICE load. A selection of working fluids
is considered, on the basis of good thermodynamic characteristics, high operating temperature suitability, and also
low ozone-deletion (ODP) and global-warming (GWP) potentials. The nominal results indicate that:
•
•
•

•

The best performing fluids, for the high-grade waste heat recovery considered here, are pentane and R1233zd.
The working fluids that emerge from the thermodynamic optimisation of the nominal ORC engine as having the
highest power output are those that also operate with the highest pressure ratio across the engine’s expander.
Fluids with similar power output may have significantly different HEX area requirements, due to different
temperatures, flow rates and pressures in the cycle. This highlights that the system cost aspects are significant
and should be also considered early in the design phase.
When a piston expander is sized for nominal operation, the indicated isentropic efficiency achieved for fluids
such as R245fa and toluene (60-66%) is lower than the initial assumption of 70% (excluding mechanical/power
generation losses). This suggests that because the thermodynamic optimisation does not account for componentspecific limitations, it can be challenging to design components that meet the assumed performance.

To investigate the operation of such ORC systems in real applications with intermittent heat-source conditions (flow
rates, temperatures), new exhaust-gas conditions were obtained for part-load ICE operation. Off-design ORC
optimisation was then performed using the specific expander and HEX designs and sizes obtained in the nominal sizing
optimisation. The findings from this part-load/off-design exercise highlight that:
•
•

When comparing the ORC engine power output obtained for a fixed expander efficiency to that predicted for
variable isentropic efficiency, the former underestimates the power by up to 17% at an ICE part-load of 60%.
As the ICE load reduces from the full-load design point, the ORC power output also decreases, but by a lesser
extent than that predicted when assuming a fixed expander isentropic efficiency. For R1233zd, at an ICE partload of 90%, the ORC engine operates at almost 100% of its nominal power, while at an ICE part-load of 60%,
the ORC engine still produces 77% of the nominal power. The importance of these findings emerges when
compared to studies such as Ref. [67], where the evaporator pressure was assumed fixed, and which found that
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•

•

•

•

the ORC power output decreased to 60% of its design capacity, following closely the ICE engine part-load.
At off-design operation, the indicated expander isentropic efficiency improves by 10-16%, exceeding 82% for
fluids such as R1233zd. As the ICE load reduces, the optimum pressure ratio across the expander decreases, i.e.,
the optimum evaporating pressure decreases. This trend contradicts an analysis that assumes a fixed expander
efficiency, where the optimum evaporator pressure level always results in the highest pressure ratio. In real piston
expanders, operating with lower pressure ratios and flow rates increases their efficiency for the same size machine.
By optimising the complete ORC engine at off-design conditions, its thermal efficiency is maintained or even
increases by up to 7%, while the heat-source mass flow rate reduces by 39%. Previous studies reported a reduction
of 3-4% in the ORC engine thermal efficiency while the engine load reduces to 60% of the design point [67,69].
Off-design evaporator performance maps reveal that its U-value decreases by 28-30% as the heat-source mass flow
rate reduces to 60-50% of nominal. It is interesting to compare these results to those in Ref. [70], where a reduction
of 37% in the U-values was reported when the heat-source mass flow rate decreased to 50% of the design point.
Although the U-values deteriorate at off-design operation, the evaporator effectiveness remains constant or even
increases. This is attributed to the lower evaporator pressure in off-design operation, which results in a larger fraction
of heat transfer taking place in the two-phase zone, and with a higher temperature difference across the HEX.

In closing, this work reveals that achieving real-time optimised performance, under time-varying ORC system
operation, requires adjusting the evaporator pressure/temperature to increase effectiveness and operate the
expander at higher efficiency. By accounting for the performance variability of these key components, the thermal
efficiency of the ORC engine can be maintained at off-design conditions. A key challenge for the implementation
of such solutions is the design of real-time controllers capable of monitoring the temporal heat-source variations
and instructing the ORC engine to adjust its operation accordingly. Finally, this study demonstrates the potential
of piston expanders in stationary ICE-ORC CHP applications. The findings are important in informing design
decisions by ORC engine and component manufacturers, and in assisting plant operators identify optimal
operating strategies for installed engines, subjected to intermittent operating conditions.
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Appendix A. Heat exchanger modelling
A.1 Evaporator
A.1.1 Single-phase Nusselt number correlations
For the single phase flow of the working fluid, the Dittus-Boelter [43] correlation was used:
𝜆

𝛼wf = 𝑁𝑢wf 𝐷wf ,

(A.1)

𝑁𝑢wf = 0.023 𝑅𝑒wf 0.8 𝑃𝑟wf 0.4 (heating) ,

(A.2)

in

𝑅𝑒wf =

𝜌wf 𝑢wf 𝐷hyd
𝑣wf

𝑚̇wf
𝜌wf 𝑆in

𝑢wf =

,

(A.3)

.

(A.4)

Similarly for the heat source (single phase flow), the Dittus-Boelter [43] is applied:
𝜆

𝛼hs = 𝑁𝑢hs 𝐷 hs ,

(A.5)

out

𝑁𝑢hs = 0.023 𝑅𝑒hs 0.8 𝑃𝑟hs 0.3 (cooling) ,
𝜌hs 𝑢hs 𝐷hyd

𝑅𝑒hs =
𝑢hs =

𝑣hs

𝑚̇hs
𝜌hs 𝑆out

,

(A.6)

.

(A.7)

A.1.2 Two-phase Nusselt number correlations
In the two-phase evaporation zone, for every section i, the quality of the working fluid is calculated, starting with
saturated liquid (x = 0) and progressing to saturated vapour (x = 1). The correlation proposed by Zuber and Chen [42,48]
that considers both nucleate and convective boiling phenomenon is then applied to every section:
𝛼wf = 𝛼FC + 𝛼NB ,

(A.8)

where 𝛼wf is the total HTC of the two-phase flow, 𝛼FC is the HTC for forced convection and 𝛼NB is the HTC for
nucleate boiling. The calculation for the respective HTCs is presented in Eqs. A.9-A.19. The forced convection
coefficient (𝛼FC ) is estimated using the HTC of the liquid phase inside the tubes, and a forced convection multiplier:
𝛼FC = 𝐹 𝛼wf,l .

(A.9)

The forced convection multiplier proposed by Chen [42,48] is calculated using:
0.736

1

𝐹 = 2.35 (𝑋 + 0.213)
tt

.

(A.10)

The Lockhart-Martinelli parameter (𝑋tt ) is estimated using the Blasius equation for the friction factor [42]:
0.5
0.125
𝜇wf,l
1−𝑥 0.875 𝜌wf,g
)
(
)
(
)
.
𝑥
𝜌wf,l
𝜇wf,g

𝑋tt = (

(A.11)

The Reynolds number and the HTC inside the tubes for the working fluid liquid phase, flowing alone inside the channel
is calculated using:
𝑅𝑒wf,l =

𝑚̇wf (1−𝑥)𝐷hyd

𝛼wf,l = 0.023

𝜇wf,l
𝜆wf,l
𝐷in

,

(A.12)

𝑅𝑒wf,l 0.8 𝑃𝑟wf,l1/3.

(A.13)

The nucleate boiling coefficient (𝛼NB ) is calculated using:
𝛼NB = 𝑆f 𝛼fz.

(A.14)
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Here, Sf is the suppression factor proposed by Chen [48] and 𝛼fz is the HTC proposed by Foster and Zuber for
nucleate boiling [42]:
0.00122 ∆𝑇sat 0.24 ∆𝑃sat 0.75 𝑐p,wf,l 0.45 𝜌wf,l 0.45 𝜆wf,l 0.45

𝑎fz =

𝜎wf 0.5 ℎlg 0.24 𝜂wf,l 0.29 𝜌wf,g 0.24

1

𝑆f = 1+2.53×10−0.6 𝑅𝑒

wf

1.17

,

(A.15)

,

(A.16)

with:
∆𝑇sat = 𝑇w − 𝑇sat ,
∆𝑃sat = 𝑃sat {exp [

(A.17)

ℎlg 𝑀
𝑅

1

(𝑇

sat

1

− 𝑇 )] − 1} .

(A.18)

w

The two-phase Reynolds number is calculated from:
𝑅𝑒wf = 𝐹1.25 𝑅𝑒wf,l .

(A.19)

A.1.3 Pressure-drop correlations
The pressure drop in the single-phase zone was calculated using Eqs. A.20-A.22 [42], as a function of the velocity
of the fluid, the diameter of the tubes, the length of the HEX, and a friction coefficient:
𝑅𝑒 =

𝜌𝑢𝐷
𝜇

,

(A.20)

𝑓 = 0.046 𝑅𝑒 −0.2 ,
𝑃drp =

𝐿 𝜌𝑢2
4𝑓 𝐷 2

(A.21)

.

(A.22)

In the two-phase evaporating zone, the pressure drop calculation developed by Chisholm for two-phase flows, as
provided in Ref. [42], has been used. This correlation has been compared against test data and other pressure drop
correlations, and shown to slightly overestimate the pressure drop, offering some contingency in the HEX design
pressure drop. The pressure drop (in Pa/m) for the two-phase flow is estimated using the following pressure gradient:
d𝑃
d𝑧 wf

−( )

d𝑃
d𝑧 L

= −𝜑chis 2 ( ) ,

(A.23)

where:
𝜑chis 2 = 1 + (𝑌chis 2 − 1) [𝐵chis 𝑥
d𝑃

2−𝑛
2

2−𝑛
2

(1 − 𝑥)

+ 𝑥 2−𝑛 ] with n = 0.25 [42],

d𝑃

𝑌chis = √( dx ) ⁄( d𝑧 ) ,
G

𝐵chis =
𝐵chis =
𝐵chis =

55
𝑚̇wf 0.5

(A.25)

L

for 0 < 𝑌chis < 9.5 ,

520
𝑌chis 𝑚̇wf 0.5
𝑌chis 2 𝑚̇wf

(A.26)

for 9.5 ≤ 𝑌chis < 28 ,

15000
0.5

(A.24)

(A.27)

for 28 ≤ 𝑌chis .

(A.28)

The respective pressure gradients are estimated as follows:
d𝑃

− ( d𝑧 ) =
L

d𝑃

− ( dx ) =
G

2𝑓wf,L 𝑚̇wf 2
𝐷hyd 𝜌wf,l
2𝑓wf,G 𝑚̇wf 2
𝐷hyd 𝜌wf,g

,

(A.29)

.

(A.30)

The friction factor for the two-phase flow, the liquid only, and the gas only flows are calculated with:
𝑓wf,L = 0.079 𝑅𝑒wf,L −0.25 ,

(A.31)

𝑓wf,G = 0.079 𝑅𝑒wf,G −0.25 .

(A.32)
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The Reynolds number for each flow regime is calculated using:
𝑚̇wf 𝐷hyd

𝑅𝑒wf,L =

𝜇wf,l

𝑅𝑒wf,G =

𝑚̇wf 𝐷hyd
𝜇wf,g

,

(A.33)

.

(A.34)

Finally, the U-value for every section of the evaporator is calculated using the HTCs of the working fluid and the
heat source, and then the area requirements per section are obtained using the LMΔT method:
1
𝑈

=

1
𝛼hs

1

+ 𝛼wall + 𝛼

wf

,

(𝑇hot,i −𝑇c,o )−(𝑇hot,o −𝑇c,i )

LM∆T =

𝑇
−𝑇c,o
ln( hot,i
)

(A.35)
,

(A.36)

𝑇hot,o −𝑇c,i

𝑄̇

𝑖
𝐴𝑖 = 𝑈 LM∆T
.
𝑖

(A.37)

𝑖

A.2. Condenser
In this study the correlation of Shah [14,51] has been used to obtain the HTCs for condensation inside tubes. The
HTC for the two phase flow 𝛼wf is estimated using the HTC of the liquid flow only, 𝛼wf,L , multiplied by a factor
which is a function of the critical pressure ratio at the condenser (𝑃r ):
2.09

𝛼wf = 𝛼wf,L (0.55 + 𝑃 0.38 ) ,

(A.38)

𝑟

where:
𝛼wf,L = 𝑁𝑢wf,L

𝜆wf,L
𝐷in

,

(A.39)

𝑁𝑢wf,L = 0.023𝑅𝑒wf,L 0.8 𝑃𝑟wf,L 0.3 ,
𝑅𝑒wf,L =

𝑚̇wf 𝐷hyd
𝜇wf,L

(A.40)

,

(A.41)

𝑃

𝑃r = 𝑃con .

(A.42)

crit

The pressure drop in the condenser HEX is calculated using the same pressure drop correlations proposed for the
evaporator. For the single-phase flows of the cooling water and the desuperheating process of the working fluid
Eqs. A.20-A.22 have been used. For the condensation process of the working fluid Eqs. A23-A34 have been used.
The condenser HEX U-value is finally obtained using the cooling water and working fluid HTCs (Eq. A.43),
while the heat transfer are requirements are calculated using the LMΔT method (Eqs. A.35-A.37):
1
𝑈

=

1
𝛼cw

1

+ 𝛼wall + 𝛼

wf

.

(A.43)

Appendix B. Piston expander modelling
The piston expander lumped-mass model solves dynamic mass and energy conservation equations:
d𝑚
d𝑡

= 𝑚̇in − 𝑚̇out ,

d
(𝑚ℎ)
d𝑡

(B.1)
d𝑃

= 𝑄̇w + 𝑉 d𝑡 + ∑ 𝑚̇in ℎin − ∑ 𝑚̇out ℎout ,

(B.2)

where m is the mass of gas/vapour in the cylinder, ṁin and ṁout are intake and exhaust mass flow rates, h is a specific
enthalpy, Q̇w is the wall-to-gas heat transfer rate, and P and V are the (time-varying) cylinder pressure and volume.
The flows through the intake and exhaust valves are modelled as 1-D nozzle flows, which are isentropic until the
throat. A discharge coefficient is then applied to capture real gas-flow effects [71]. Poppet valves are simulated,
with the minimum area determined by the valve position. Leakage through the poppet valves is neglected, and the
duct flow leading to and from the expander is considered ideal with no losses:
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𝑚̇in/out = 𝐶d 𝐴R √2(ℎup − ℎR ) ,

(B.3)

2

𝑃

𝐶d = 0.85 − 0.25 (𝑃dn ) ,

(B.4)

ℎR = ℎ(𝑃dn , 𝑆up ) ,

(B.5)

up

where AR is the minimum cross-sectional area experienced by the flow through the valve, and quantities are
measured upstream (‘up’), downstream (‘dn’) or at the minimum area or throat (‘R’).
Mass leakage past the piston rings is simulated using a crevice model, with the two piston rings dividing the
volume between the piston and cylinder walls into three crevices. A pressure-driven model is used to capture mass
flow between the crevices, with a discharge coefficient applied as in Eq. B.4:
d𝑚crev
d𝑡

= 𝑚̇in,crev − 𝑚̇out,crev ,

(B.6)

𝑚̇in/out,crev = 𝐶d 𝜌crev 𝐴gap √ 2(ℎup − ℎgap ) ,

(B.7)

ℎgap = ℎ(𝑃dn , 𝑆up ) .

(B.8)

The temperature of the cylinder walls is assumed uniform and constant, and is set equal to the mean gas
temperature over a cycle by an iterative process. The expander is considered to be well insulated, such that there
is no net heat transfer to the surroundings during steady-state operation.
Cyclic heat transfer between the gas and the cylinder walls during the expansion and compression strokes is calculated
using a complex Nusselt number correlation from Lekic and Kok [72]. The complex Nusselt number is used to capture
the component of heat transfer which is out-of-phase with the bulk temperature difference between the gas and the
cylinder walls, which arises because of boundary layer effects during compression and expansion:
𝑞̇ w = −

𝜆
[
𝐷h

1
𝜔

𝑁𝑢r (𝑇 − 𝑇w ) + 𝑁𝑢i

d𝑇
]
d𝑡

,

(B.9)

4𝑉

𝐷h = 𝐴 .

(B.10)

w

where q̇ w is the heat flux rate from wall to gas, λ is the instantaneous thermal conductivity, Dh is the instantaneous
hydraulic diameter based on cylinder volume V and surface area Aw, Nur and Nui are the real and imaginary Nusselt
number components, and ω is the crankshaft speed in radians per second.
During the intake and exhaust strokes, heat transfer is modelled as the real part of this correlation only, as the
intake/exhaust flows within the cylinder eliminate the boundary layer effects responsible for the out-of-phase heat
transfer characteristic of pressure-oscillating flows:
𝑘

𝑞̇ w = − 𝐷 𝑁𝑢r (𝑇 − 𝑇w ) .

(B.11)

h

Finally, the indicated isentropic efficiency of the expander, 𝜂is,ind , is defined based on the indicated expander
power Ẇ and the enthalpy change of an equivalent isentropic and adiabatic expansion process:
𝜂is,ind =

𝑊̇exp,ind
𝑚̇(ℎin −ℎout,is )

,

(B.12)

which is compatible with Eq. 3 when the net cyclic heat loss is small, as confirmed for the conditions modelled here
(less than 2% of the indicated work). The expander overall isentropic efficiency accounting not only for the internal
losses but also for mechanical friction and generator losses is defined as:
𝜂is,elg =

𝑊̇exp,elg
𝑚̇(ℎin −ℎout,is )

.

(B.13)

The model was validated in gas-spring configuration (i.e., without intake/exhaust valves), against experimental
data [73] and CFD [74]. In both cases, the in-cylinder pressure was predicted accurately, and good agreement was
obtained for the in-cylinder heat transfer.
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