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H I G H L I G H T S

• An ICE-ORC CHP system design tool is developed for optimising total power or fuel use.

• Simultaneous optimisation of ICE-ORC CHP systems can increase total power output by 30%.

• Optimal ICE exhaust gas temperature increases to promote ORC power generation by 7%.

• Optimised ORCs generate up to 15% of the total power and reduce fuel consumption.

• Power optimisation increases fuel consumption; fuel-efficiency optimisation reduces it by 17%.
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A B S T R A C T

Organic Rankine cycle (ORC) engines are suitable for heat recovery from internal combustion engines (ICE) for
the purpose of secondary power generation in combined heat and power (CHP) systems. However, trade-offs
must be considered between ICE and ORC engine performance in such integrated solutions. The ICE design and
operational characteristics influence its own performance, along with the exhaust-gas conditions available as
heat source to the ORC engine, impacting ORC design and performance, while the heat-recovery heat exchanger
(ORC evaporator) will affect the ICE operation. In this paper, an integrated ICE-ORC CHP whole-system opti-
misation framework is presented. This differs from other efforts in that we develop and apply a fully-integrated
ICE-ORC CHP optimisation framework, considering the design and operation of both the ICE and ORC engines
simultaneously within the combined system, to optimise the overall system performance. A dynamic ICE model
is developed and validated, along with a steady-state model of subcritical recuperative ORC engines. Both
naturally aspirated and turbocharged ICEs are considered, of two different sizes/capacities. Nine substances
(covering low-GWP refrigerants and hydrocarbons) are investigated as potential ORC working fluids. The in-
tegrated ICE-ORC CHP system is optimised for either maximum total power output, or minimum fuel
consumption. Results highlight that by optimising the complete integrated ICE-ORC CHP system simultaneously,
the total power output increases by up to 30% in comparison to a nominal system design. In the integrated CHP
system, the ICE power output is slightly lower than that obtained for optimal standalone ICE application, as the
exhaust-gas temperature increases to promote the bottoming ORC engine performance, whose power increases
by 7%. The ORC power output achieved accounts for up to 15% of the total power generated by the integrated
system, increasing the system efficiency by up to 11%. When only power optimisation is performed, the specific
fuel consumption increases, highlighting that high-power output comes at the cost of higher fuel consumption. In
contrast, when specific fuel consumption is used as the objective function (minimised), fuel consumption drops
by up to 17%, thereby significantly reducing the operating fuel costs. This study proves that by taking a holistic
approach to whole-system ICE-ORC CHP design and operation optimisation, more power can be generated
efficiently, with a lower fuel consumption. The findings are relevant to ICE and ORC manufacturers, integrators
and installers, since it informs component design, system integration and operation decisions.
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1. Introduction

In light of recent trends towards increasing the efficiency of primary
energy use, reducing energy consumption and reducing emissions
worldwide, the distributed cogeneration of heat and power has been
identified as a viable alternative to the separate provision of these
vectors. The benefits of combined heat and power (CHP) systems in-
clude higher overall energy efficiencies, lower primary energy (e.g.

fuel) consumption rates, emissions and overall environmental impact,
and also lower costs relative to traditional heating systems and cen-
tralised power generation, when covering the same end-use energy
demands [1–3]. Crucial for the maximisation of a CHP system’s overall
efficiency is the effective utilisation of the heat rejected by the prime
mover. In internal combustion engines (ICE) designed for use in CHP
applications, which are at the focus of this present study, more than
55% of the fuel energy is rejected as heat to the cooling jacket water

Nomenclature

Abbreviations

BDC bottom dead centre
bmep break mean effective power
CHP combined heat and power
DSH desuperheater
EV exhaust valve
fmep friction mean effective power
GHG greenhouse gases
HEX heat exchanger
ICE internal combustion engine
IV intake valve
ODE ordinary differential equations
ORC organic Rankine cycle
PH preheater
PR pressure ratio
SH superheater
TDC top dead centre

Abbreviations and symbols

A area (m2)
AFR air-to-fuel ratio (–)
b cylinder bore diameter (–)
CD valve discharge coefficient (–)
cp specific heat capacity (J/kg K)
Dv valve diameter (m)
ex specific exergy (J/kg)
h specific enthalpy (J/kg K)
hg heat transfer coefficient (W/m2 K)
LHV lower heating value (J/kg)
l connecting rod (con-rod) length (m)
Lv valve lift (m)
ṁ mass flow rate (kg/s)
N rotational speed (1/s)
P pressure (Pa)
PP Pinch Point (K)
PR pressure ratio (–)
Q ̇ heat transfer rate/thermal load (W)
Q ̇jw jacket water thermal load (W)
Q ̇ loss internal combustion engine losses (W)
Q ̇w thermal losses through the wall (W)
R gas constant (J/kg K)
r volume ratio (–)
s piston stroke (m)
SFC specific fuel consumption (W/W, –)
SFCabs absolute specific fuel consumption (kg/kWh)
SHD superheating degree (–)
Up piston velocity (m/s)
V volume (m3)
W power (W)
x mass fraction (kg/kg, –)
X ̇ exergy rate (W)

Greek symbols

γ ratio of heat capacities (–)
ε effectiveness (–)
η efficiency (–)
ϑ crankshaft angle (°)
σBoltz Stefan-Boltzmann constant (W/m2 K4)
ω rotational speed (rad/s)

Subscripts

Boltz Stefan-Boltzmann
chd chocked flow
comb combustion
comp compressor
cond condenser
crit critical
cw condenser/cooling water
cyl cylinder
d duration
dest destruction
dis displacement
el electrical
elg electric generator
evap evaporator
ex exhaust gases
exp expansion
f fuel
g gas
hs heat source
ign ignition
in input/inlet
int cylinder intake
intr intercooler
jw jacket water
lim limit
loss losses
m motoring
min minimum
max maximum
net net
nchd non-chocked flow
o initial conditions
off valve close
on valve open
out output/outlet
p piston
rec recuperator
s isentropic
turb turbocharger
v valve
w wall
wf working fluid
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circuit of the engine and the exhaust gas stream. By selecting a suitable
energy conversion technology this heat can be used to cover the heating
or cooling demands of buildings, or it can be used for additional power
generation, thus reducing the overall system fuel consumption and
emissions. This can be achieved with the employment of more tech-
nologically and commercially mature technologies, such as the organic
Rankine cycle (ORC) and the Kalina cycle [4,5], or earlier stage tech-
nologies currently under development such as thermoacoustic [6,7] or
thermofluidic [8,9] heat engines. In particular, the Non-Inertive-Feed-
back Thermofluidic Engine (NIFTE) [10–12] and the Up-THERM heat
converter [13–15] have been shown to be competitive with established
technologies, such as ORCs [16,17], due to their small number of
moving parts, and low capital and running costs. Nevertheless, ORC
technology is more established, commercially available and has been
selected for the present study.

ORC technology offers a particularly promising solution in high-
efficiency stationary power generation applications, or CHP systems
based on ICEs, where the heat demand does not match the engine’s
heat-to-power ratio. ORC systems available on the market are suitable
for heat conversion at temperatures up to 400–500 °C, and at power
output scales ranging from the order of kW to tens of MW [18,19].
Important advantages of ORC systems arise from their (relatively)
simple architecture and low complexity, the use of simple and well-
established components and their broad applicability and affordability
even at small scales compared to alternatives [20]. To-date ORC tech-
nology has been investigated in a wide range of low/medium-grade and
waste-heat recovery applications, including biomass/biogas, geo-
thermal-heat and solar-driven power generation, waste-heat recovery in
industrial plants or gas turbines (as bottoming cycles), amongst many
others. Examples of ORC system performance evaluations in geothermal
applications can be found in Refs. [21,22], solar-driven ORC systems
have been studied in Refs. [23–25], while Lecompte et al. [26] opti-
mised a bottoming ORC system for a CHP power plant in Belgium.
Waste heat recovery from ICE engines has been investigated, e.g. in
Refs. [20,27,28]. Yang et al. [29] evaluated the performance of an ORC
engine coupled to an ICE, aiming to optimise the ORC evaporation and
condensation pressures, as well as the superheating degree (SHD). This
study revealed that the optimum ORC engine design increases the
combined ICE-ORC CHP system power output by 6%. Although the use
of ORC engines in building applications has been gaining a growing
interest recently, due to the current trends for distributed generation
and efficient building sector, the use of ORC technology in these ap-
plications is less documented. Examples of evaluating the performance
of small-scale solar-ORCs for domestic buildings can be found in Refs.
[30,31], while Wu et al. [32] and Chatzopoulou and Markides [33]
investigated the application of ORCs in commercial buildings. Examples
of the use of ORC engines to recover waste heat from ICEs in buildings
can be found in Refs. [34–36]. Nevertheless, in these studies the ICE
performance is modelled by using either constant efficiency rates, or fits
to manufacturers’ data.

There is also extensive literature on the identification of the best
performing working fluids for ORC engines in different applications.
The selection of suitable working fluids has significant impact on the
efficiency, design and sizing of individual components, and on the
economics of the plant. Examples of comparing mixtures of hydro-
carbons and refrigerants against pure fluids for heat recovery can be
found in Refs. [37,38]. Freeman et al. [39] evaluated the performance
of a number of refrigerants and hydrocarbons for solar-driven ORC
applications. Refs. [40,41] studied the performance of hydrocarbons,
for a range of heat source temperatures. Yang et al. [38] evaluated the
performance of zeotropic mixtures in ICE-ORC CHP applications, and
reported a total system power output increase of 11%. By reviewing the
available literature, it can readily be concluded that it is not possible to
identify a single working fluid as the universal optimal fluid. Therefore,
the selection of working fluids should be integrated into the design
process of ORC systems, which should be optimised on a case-by-case

basis accounting for the specific characteristics and constraints of each
application.

Alternative cycle architectures have been also studied by several
researchers. Maraver et al. [42] investigated the application of alter-
native ORC architectures for a range of heat sources, including exhaust
gas streams from ICEs. The optimum ORC design reported for this ICE
waste heat recovery study is a recuperative system that can achieve a
thermal efficiency of up to 22%. Li [43] investigated alternative ORC
architectures and working fluids for a series of heat source temperature
profiles and found that for high temperature waste heat recovery, the
efficiency of recuperative and regenerative systems can reach 25%
while for high temperature solar and biomass applications the effi-
ciency reaches 30%. Yagli et al. [27] compared the performance of
subcritical and supercritical ORCs in ICE-ORC CHP applications with
maximum efficiencies of approximately 16% for both designs, while
Refs. [44,45] considered interesting alternative dual-loop configura-
tions for heat recovery from ICEs.

The aforementioned studies focused mainly on optimising the
power output or the investment cost of ORC systems while assuming
fixed heat-source conditions (i.e. ICE designs, operational character-
istics) in most cases. Nevertheless, in real integrated ICE-ORC CHP
system applications, the design and operation of the ICE strongly in-
fluence its own performance, but also the conditions of the exhaust-gas
stream that forms the heat source to the ORC engine, and hence, in turn,
have a major impact on the bottoming ORC engine design, operation
and performance, while the introduction of a heat-recovery heat ex-
changer (i.e. ORC evaporator) will also affect the conditions inside the
ICE. Therefore, the overall performance of an integrated ICE-ORC CHP
system can only be reliably optimised by considering the exhaust-gas
temperature, pressure and flow-rate conditions, and how these are in-
fluenced by the interacting ICE and ORC engines, as part of the whole-
system’s design and operation. Very few efforts exist that attempt to
optimise the performance of such integrated ICE-ORC CHP systems by
accounting explicitly for the design parameters and operational con-
ditions of both the ICE and ORC engines, and optimising the complete
system simultaneously. For example, Zhao et al. [46] investigated in-
tegrated ICE-ORC CHP system control strategies under varying ICE load
conditions, by assuming fixed ICE valve size, operation and fuel injec-
tion timing, that were not adjusted based on integrated system in-
formation. Yue et al. [47] accounted for the impact of the ORC engine
on the ICE operation, however, this study was not concerned with op-
timising the ORC engine (thermodynamic cycle, operating conditions or
working fluid), and instead, a single working fluid was selected and the
evaporator/condenser pressures were fixed. Furthermore, the ICE mean
effective pressure was imposed as an input to the analysis, and not
optimised for a scenario in which the ICE is coupled to an ORC engine
(i.e. in the presence of the ORC evaporator). Xu et al. [48] investigated
the response of automotive ICE-ORC systems to vehicle speed changes.
Here, the ICE and ORC engine models were integrated and treated as
part of one complete system, however, due to the nature of this appli-
cation, the ICE operating conditions are dictated by the vehicle op-
eration (drive cycle) and the interest is only on power generation. This
is a very different application to the stationary cogeneration/CHP ap-
plications considered in our work, where the ICE operating conditions
can be adjusted/optimised by the manufacturer or the plant operator to
either maximise power generation or minimise fuel consumption.

In this context, the aim of this paper is to present a fully-integrated
ICE-ORC CHP system tool that can be used to promote high-perfor-
mance, advanced stationary cogeneration systems. The novelty and
where this goes beyond previous efforts in the literature arises from: (i)
the fully-integrated nature of the CHP system tool that can simulta-
neously optimise the design and operating conditions of both the ICE
and the ORC engines, instead of assuming that these operate in-
dependently; (ii) the close consideration of the overall power and
thermal performance trade-offs of the combined system; (iii) the in-
sights provided for the design of ICEs for stationary cogeneration
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applications, which can be used by ICE manufacturers when con-
sidering waste heat recovery projects with a bottoming ORC engine;
and (iv) the insights provided for the design of ORC engines specifically
for these applications where they are to be coupled to ICEs. To the
authors’ knowledge, this is the first attempt in the literature that aims to
optimise combined ICE-ORC cogeneration system performance, where
the ICE-CHP and ORC engine design and operational parameters are
optimised simultaneously. To achieve this, the paper is structured as
follows: firstly, the thermodynamic models of the ICE and ORC engines
are presented in Section 2, along with a validation of the former against
data from manufacturer specification sheets; this is followed in Section
3 by the formulation of the optimisation problem and information on
working-fluid selection for the ORC engine. The results of the integrated
system optimisation for maximum power output and minimum specific
fuel consumption (SFC) are presented in Section 4, and compared
against the non-optimised (separate) ICE-CHP and ORC engine config-
uration performance. Optimal ORC engine designs based on different
working fluids are also presented here, and the best performing fluids in
terms of power output are discussed. Finally, conclusions based on the
main findings from this work, as well as recommendations for future
work are given in Section 5.

2. System description and thermodynamic modelling

2.1. Integrated ICE-ORC CHP system description

The complete integrated ICE-ORC CHP system proposed in this
study is illustrated in Fig. 1. The main components of the ICE, which is a
reciprocating engine designed for and aimed specifically at CHP ap-
plications, and referred to as “CHP-ICE” henceforth, are: (i) the prime
mover, which in this case is a four-stroke spark-ignition ICE; (ii) the
electric generator; (iii) the jacket water (cooling water) circuit of the
ICE; and (iv) the exhaust-gas heat recovery module. The jacket water
circuit thermal load is used for the provision of low temperature hot
water (LTHW) and for space heating to a building. The thermal energy
recovered from the exhaust gases in the heat recovery module of the
CHP-ICE acts as the heat input to a bottoming ORC engine. The ORC
engine is based on a subcritical and recuperative cycle, and consists of
the following main components: (i) the evaporator heat exchanger
(HEX), where the heat is added to the cycle from the exhaust gases; (ii)
the expander, where power is generated; (iii) the recuperator HEX,

where the (hot) desuperheating working fluid vapour exchanges heat
with the (cold) working fluid liquid leaving the pump; (iv) the con-
denser HEX, where heat is rejected to a cooling circuit; and (v) the
pump, which maintains the working fluid circulation in the cycle.

2.2. CHP-ICE thermodynamic model

The cogeneration system is driven by a four-stroke reciprocating
spark-ignition ICE (Otto cycle), manufactured for CHP applications and
featuring the necessary heat recovery hardware. The set of ordinary
differential equations (ODEs) used to simulate the operation and per-
formance of the CHP-ICE is given in Eqs. (1)–(21). The following as-
sumptions are considered for the ICE thermodynamic modelling:

• Each engine cylinder is modelled as an open system/control volume,
with the (intake) fresh air-fuel mixture charge and (exhaust) flue-gas
flows crossing the system boundaries;

• Heat addition to the engine cylinder and cycle by combustion is
modelled by using the Wiebe function for the heat release rate [49];

• Heat losses through the cylinder walls to the jacket-water circuit
(Q ̇w) are calculated using the phase-averaged instantaneous heat
transfer correlation of Woschini [49,50], and heat losses due to ra-
diation are also incorporated into the model using the correlation
proposed by Annand, as presented in Ref. [51];

• The mass flow rate through the intake and exhaust valves is calcu-
lated by using standard relations for compressible gas flow through
nozzles [49];

• The compressor and the turbocharger are modelled using fixed
isentropic efficiency.

Conservation of energy for an open system, including the heat
transfer losses due to conduction and convection, as well as due to
radiation, can be written as:

=
− ⎛

⎝
− ⎞

⎠
− +

−
−P γ

V
Q x Q γ P

V
V γ

V ω
m h m hd

dϑ
1 d

dϑ
d
dϑ

d
dϑ

1 π
180

( ̇ ̇ ),comb
b w

int int ex cyl

(1)

where the rate of change of cylinder pressure P with angle ϑ is a
function of: (i) the heat addition during combustion (Q xd /dϑcomb b ); (ii)
the heat losses through the wall ( Qd /dϑw ); (iii) the in-cylinder positive
displacement work done on the gases due to the piston movement

G

Electricity

Cooling WaterCondenser  DSH
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Expander
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Water
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Fig. 1. Complete integrated ICE-ORC CHP system schematic.
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(P Vd /dϑ); and (iv) the enthalpy flow rate into and out of the system
(hint, hcyl) associated with the mass flow rate of gas entering or leaving
the system boundaries (ṁint, ṁex). The cylinder volume change ( Vd /dϑ)
can be expressed as a function of the displacement volume (Vdis), the
compression ratio (r) and the instantaneous stroke (y(ϑ)):

= + − − +y α l l α α(ϑ) [( sin(ϑ) ) cos(ϑ)],2 2 2 0.5 (2)

=
−

+V V
r

b y(ϑ)
1

3.14 (ϑ)
4

,dis
2

(3)

and

= + − −V V ad
dϑ 2

sin(ϑ)[1 cos(ϑ)( sin(ϑ) ) ].dis 2 2 0.5
(4)

Referring to the terms on the right-hand side (RHS) of Eq. (1),
firstly, the heat addition/input by combustion to the cycle (Qcomb) is
calculated by multiplying the mass of burnt fuel by its lower heating
value (LHV):

=Q m LHV ,comb fuel (5)

and the heat release rate at each angle of the crankshaft’s rotation
during combustion is then calculated based on the Wiebe correlation,
which requires the ignition angle (ϑign) and duration of the combustion
process (ϑd) as inputs to the function:

⎜ ⎟⎜ ⎟ ⎜ ⎟= ⎡

⎣
⎢ −⎛

⎝
⎜ − ⎛

⎝
− ⎛

⎝

− ⎞
⎠

⎞
⎠

⎞

⎠
⎟

⎤

⎦
⎥⎛

⎝

− ⎞
⎠

−x nα αd
dϑ ϑ

1 1 exp
ϑ ϑ

ϑ
ϑ ϑ

ϑ
,

d d

n

d

n
b ign ign

1

(6)

and where we have used typical values of α =5 and n =3 [49].
The wall heat-loss term ( Qd /dϑw ) represents the summation of the

instantaneous heat transfer losses through the wall through convection/
conduction, and also due to radiation:

=
−

+
−Q h A T T

N
β A T T

N
d
dϑ

(ϑ) (ϑ)( (ϑ) ) σ (ϑ)( (ϑ) )
,w g w g w Boltz w g

4
w
4

(7)

= +A by b(ϑ) π (ϑ) π
2

.w
2

(8)

In Eq. (7), h (ϑ)g is the instantaneous heat transfer coefficient that
quantifies the heat transfer between the hot gases inside the cylinder
and the walls; A (ϑ)w is the instantaneous area available for heat
transfer; T (ϑ)g is the instantaneous bulk gas temperature; Tw is the wall
temperature; N is the rotational speed of the engine, in rounds per
second (rps); β is a radiation parameter; and σBoltz is the Stephan-
Boltzmann constant. The term h (ϑ)g is mainly a function of the crank-
shaft angle, the average pressure and temperature inside the cylinder,
and the mean piston speed.

Two correlations are commonly found in the ICE literature for the
calculation of the instantaneous heat transfer coefficient in the flows in
these reciprocating spaces, namely the correlations proposed by
Annand [52] and Woschni [49,50]. In this study, the Woschni corre-
lation as provided in Ref. [51] has been used, according to which the
heat transfer coefficient can be estimated from the expression:

= − − −h P U b T(ϑ) 3.26 (ϑ) (ϑ) (ϑ) ,g
0.8

p
0.8 0.2 0.55 (9)

=T P V
m R

(ϑ) (ϑ) (ϑ)
(ϑ)

,
(10)

where the term U (ϑ)p is the instantaneous characteristic gas velocity,
which is calculated by accounting for the mean piston speed and the
instantaneous pressure variation inside the cylinder (P (ϑ)):

= + −U N T V
V

P P
P

(ϑ) 2·2.28 s 0.00324 (ϑ) .p 0
dis

0

m

0 (11)

In Eq. (11), s is the piston stoke length; T V P, ,0 0 0 are the tempera-
ture, volume and pressure at the end of the intake stroke; Vdis is the
cylinder displacement volume; and Pm is the so-called ‘motored engine
pressure’, which is calculated by solving the isentropic relationship

= =P V P V constγ γ
m m 0 0 . This characteristic gas velocity is applicable
when the valves are closed, i.e. during the compression and expansion
strokes. For the intake and exhaust strokes, when the valves are open,
the characteristic mean gas velocity is calculated as a function of the
mean piston velocity only:

=U N(ϑ) 2·2.28 s,p (12)

since the pressure variations during the intake and exhaust strokes are
significantly lower than the respective pressure variations during the
compression and expansion strokes.

The mass flow rate through the valve restriction (throat) is calcu-
lated using Eqs. (13)–(15), depending on whether it is chocked or not:

=

= ⎡

⎣
⎢ − ⎤

⎦
⎥

+

+
−

−

−

( )
( ) ( )

m C A γ

m C A

̇ ,or

̇ 1 ,

P
RT γ

γ

P
RT

P
P

γ γ
γ

P
P

γ
γ

chd D V
2

1

1
γ 1

nchd D V

1
2

1

1

0
0

0
0

v
0

v
0

(13)

⎜ ⎟= − ⎛
⎝

⎞
⎠

C P
P

0.85 0.25 ,D
v

0

2

(14)

=A D Lπ ,V v v (15)

for which the critical pressure ratio at which the flow becomes chocked
at the valve is required:

= ⎛
⎝

+ ⎞
⎠

−P
P

γ 1
2

γ
γ0

v

1

(16)

In the above expressions, CD is the flow discharge coefficient at the
valve restriction, which is calculated in Eq. (14) by using the correlation
developed in Ref. [53]; AV is the minimum area available to the gas as it
flows through the valve (curtain area); DV is the valve diameter; and LV
is the valve lift. The gas temperature, pressure and density upstream
and downstream of the valve throat are then related by [49]:

= +
−T

T
γ

M1
1

2
,0

v

2
(17)

⎜ ⎟= ⎛
⎝

⎞
⎠

−P
P

T
T

,

γ
γ0

v

0

v

1

(18)

⎜ ⎟= ⎛
⎝

⎞
⎠

−ρ
ρ

T
T

,
γ0

v

0

v

1
1

(19)

where T0, P0 and ρ0 are the gas temperature, pressure and density up-
stream of a valve (stagnation conditions); Tv , Pv and ρv are the gas
temperature, pressure and density downstream of the valve; and M is
the flow Mach number at the valve restriction (throat). During the in-
take stroke, the upstream (stagnation) conditions refer to the conditions
at the intake manifold, whereas during the exhaust stroke they refer to
the conditions inside the cylinder. For further details on the modelling
of compressible flows through nozzles the reader is referred to Refs.
[49,51].

Finally, in turbocharged engines, the air compression power (Ẇcomp)
and turbocharger power (Ẇturb) are calculated by using constant isen-
tropic efficiencies from the expressions below:

= −W m h h
η

̇ ̇ ( ) ,comp
air 1 0

comp (20)

= −W m h h η̇ ̇ ( ) .turb g g out exp (21)

The complete system of ODEs representing the ICE thermodynamic
model presented in Eqs. (1)–(21) was solved in MATLAB using the non-
stiff ODE solvers ode113 and ode45 [54].
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2.3. CHP-ICE model validation

The dynamic ICE model presented in Section 2.2 was validated
against data from manufacturer’s specification sheets for natural gas
CHP-ICEs, provided by EnerG [55]. Specifically, the model was vali-
dated against three CHP-ICEs labelled ‘CHP-160’, ‘CHP-230’ and ‘CHP-
2500’, which includes both natural aspiration and turbocharged en-
gines, at full and part load conditions. A summary of the geometric and
operating data of the engines used in the validation process is presented
in Table 1. Due to lack of information on some design and operational
aspects of the engines, some assumptions have been made, based on
data available in the literature. Specifically, the unavailable informa-
tion includes: (i) the duration and timing of ignition; (ii) the valve sizes,
opening profiles and timing; (iii) the oil circuit design and friction
losses (fmep); and (iv) the turbocharger geometry and performance
data. The assumptions for the validation exercise are as follows:

• The valve size was estimated as a function of the cylinder diameter,
in line with Ref. [49], and the valve timing and opening size were
based on information provided in Refs. [49,51];

• The ignition timing varied between 40° and 5° before top dead
centre (TDC);

• The friction losses were selected to be 10% of the shaft work, as an
average value found in the literature [56,57] for ICEs;

• Finally, the compressor and turbine efficiencies were selected at
75% and 70%, respectively, in line with Refs. [51,56].

Temperature and pressure profiles of the exhaust gases inside a
cylinder of the turbocharged CHP-2500 ICE are shown in Fig. 2. Similar
results are presented in Fig. 3 for the natural aspiration CHP-230 ICE.
The turbocharged CHP-ICE reaches peak temperatures of 2,200 K, in
comparison to the 3,000 K attained in the natural-aspiration engine.
This is due to the higher (lean) air-to-fuel ratio (AFR) used in the CHP-
2500 ICE, which has an AFR of 29.5, as opposed to the stoichiometric
AFR used in the CHP-230 engine, which is equal to AFR=16.5. As
expected, the peak pressure reached in the CHP-2500 ICE is 22,500 kPa,
in contrast to the maximum 8,000 kPa reached in the CHP-230. The
difference in pressure is also attributed to the use of the turbocharger in
the CHP-2500 ICE, which results in an initial pressure inside the cy-
linder of 240 kPa, even prior to the commencement of the compression
stroke.

A summary of the CHP-ICE model predictions against manu-
facturer’s data is presented in Table 2, for all three ICEs. The results are
in good agreement with the measurement data, which are quoted with
a± 10% uncertainty range. Some discrepancies observed are attribu-
ted to a lack of information on some design and operational aspects that
had to be assumed for the validation exercise. The highest deviation
between the manufacturer’s reported power output and corresponding
model-predicted results is 4.3% for CHP-160 at 100% load. This value
falls well within the± 10% uncertainty range stated in the engine
specification data sheets. The predicted thermal energy content of the
exhaust gas stream by the model also lies within the± 10% un-
certainty range from the data, with the exception of CHP-230 at 50%
load, where the predicted value is 16% lower. Moreover, the exhaust-
gas temperature predicted for all engines falls in the range of± 4%
compared to the manufacturer’s data. The only exemption is recorded
for CHP-2500 at 75% load, where the model temperature is 9.7% higher
than the reported mean temperature. In addition, the deviations of the
predicted heat losses to the jacket water circuit from those reported in
the data sheets amounts to between 0.9 and 9%. Overall, the validation
exercise reveals that the model predictions are in good agreement with
the manufacturer’s reported data, so the model can be used with con-
fidence to predict the dynamic performance of CHP systems.

It is noted that for both natural aspiration engines, it can be ob-
served that the exhaust-gas temperature decreases as the engine load
drops, whereas for the turbocharged engine the exhaust-gas

temperature increases; this trend is observed in the data and is captured
by the model, and can be understood in terms of the lower expansion
work generated by the engine and the expander, resulting in higher
enthalpy content of the exhaust-gas stream. The mass flow rate in all
engines decreases as the load drops to lower values. These two ob-
servations are highlighted here as they will impact the ORC engine
performance under part-load conditions later in this paper. For the
turbocharged engine, there is an opportunity to increase the heat source
temperature TΔ , to compensate for the lower gas (heat source) mass
flow rate through the ORC engine evaporator. However, for the natural
aspiration engines this is not possible.

2.4. ORC thermodynamic model

A subcritical recuperative ORC is illustrated on a T − s diagram in
Fig. 4, with the main components of the ORC engine also noted on the
figure. Process 1-2 corresponds to liquid pumping; 2-2a is the heat re-
covery process from the (desuperheated) hot vapour; 2a-3 is the heat
addition from the heat carrier fluid (exhaust gas stream); 3-4 represents
the expansion of the working-fluid vapour; 4-4a is the heat rejection to
the cold liquid working fluid in the recuperator HEX; and 4a-1 indicates
the cycle heat rejection to the condenser cooling-water circuit. The
temperature drops experienced by the flows of the heat carrier fluid
(Process 5-6) and of the cooling-water stream (Process 7-8) are also
illustrated on the same diagram. A spatially lumped, (quasi) steady-
state thermodynamic model of the subcritical recuperative ORC engine
shown in Fig. 4 was developed in MATLAB [54], by applying mass and
energy balance equations to each component in Fig. 4. The ORC model
is described by Eqs. (22)–(27). The following assumptions are con-
sidered for the ORC modelling:

• Steady-state operation of the ORC components;

• All HEXs were assumed to be of a counter-flow, concentric tube-in-
tube design, and adiabatic;

• The pressure drop on the working fluid side in the HEXs, piping, etc.
is negligible;

• The recuperator effectiveness was taken to be equal to εrec =0.80,
the pump isentropic efficiency was set to ηpump,s =0.65 [30], the
expander isentropic efficiency to ηexp,s =0.70 [58], and the electric
generator efficiency to ηelg =0.93, similar to the ICE generator
performance [55].

Heat flows into the cycle in the evaporator (Process 2a-3). The heat
input (rate) can be calculated either by using the working fluid enthalpy

Table 1
CHP-ICE specification data taken from Ref. [55].

CHP-ICE

Parameter CHP-160 CHP-230 CHP-2500

Ẇnet (kW) 150 230 2,535
N (RPM) 1,500 1,500 1,500
Number of cylinders 8 12 20
r (–) 12 12 14
Vdis (m3) 0.0018 0.0018 0.0048
s (m) 0.142 0.142 0.21
b (m) 0.128 0.128 0.17
l (m) 0.22 0.22 0.326
Intake valve diameter (m) 0.43b 0.43b 0.43b
Exhaust valve diameter (m) 0.35b 0.35b 0.35b
AFR (–) 16.5 16.5 29.5
Tin (K) 298 298 298
Initial mass (kg/cyl) 0.0016 0.0016 0.0144
Tw (K) 298 298 298
LHV (kJ/kg) 48,074 48,074 49,152
Turbocharged (Yes/No) No No Yes
ηel (%) 95.4 95.4 97.5
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increase between States 2a and 3, or by using the heat source stream
fluid temperature decrease between States 5 and 6, by assuming a
constant cp during this process:

= − = −Q m h h m c T Ṫ ̇ ( ) ̇ ( ).evap wf 3 2a hs p,ex 5 6 (22)

The normalised cycle superheating degree (SHD) quantifies the ac-
tual cycle superheating temperature rise as a fraction of the maximum
superheating temperature rise allowable by the heat source without
violating the pinch point (PP) temperature difference in the evaporator
HEX. The SHD is defined as:

=
− −

−SHD T T
T PP T

,3 3v

5 evap 3v (23)

which requires the heat source inlet temperature to the ORC engine (T5),
the working fluid saturation temperature during evaporation, and thus
also at the beginning of the superheating process (T3v), and the working
fluid temperature at the exit of the evaporator HEX following super-
heating (T3). In the limiting case of no superheating, SHD=0, and the
maximum value it can attain is SHD=1.

After the evaporator, the saturated or superheated vapour under-
goes an expansion process to generate power. For the purposes of this
study, the isentropic efficiency of the expander (0.70 [58]) and the
electrical generator efficiency (0.93 [55]) are both assumed to be fixed:

= − = −W m h h η m h h η η̇ ̇ ( ) ̇ ( ) .sexp wf 3 4 elg wf 3 4 exp,s elg (24)

The low-pressure superheated vapour at the expander exit flows
into the recuperator, which acts as a preheater where the hot vapour
heats the cold liquid working fluid after the pump:

= −Q m h ḣ ̇ ( ).rec wf 2a 2 (25)

This arrangement reduces the load of the condenser, resulting in a
smaller-sized component, while also reducing the overall heat input at
the evaporator, which can act to improve the cycle thermal efficiency.
After the recuperator, the working fluid enters the condenser where it
rejects heat to the cooling water circuit:

= − = −Q m h h m c T Ṫ ̇ ( ) ̇ ( ).cond wf 4a 1 cw p,w 8 7 (26)

The fluid circulation and two pressure levels in the ORC engine are
maintained by a pump, which consumes some of the generated power.
For the purposes of this present study, a fixed value is used for the
isentropic efficiency of the pump (0.65 [30]):

= −W m h h
η

̇ ̇ ( ) .pump
wf 2 1

pump (27)

2.5. Exergy analysis

Exergy is defined as the maximum theoretical work that a system
will generate if it undergoes a reversible process, from its initial state to
the environmental (dead) state [59,60]. The exergy balance for a

(b)(a)

Fig. 2. CHP-2500 ICE exhaust gases: (a) pressure profile, and (b) temperature profile inside the cylinder, at 100% load.

(a) (b)

Fig. 3. CHP-230 ICE exhaust gases: (a) pressure profile, and (b) temperature profile inside the cylinder, at 100% load.
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control volume of an open system, at steady state conditions, is calcu-
lated by the following equation:

∫ ∑ ∑= ⎛
⎝

− ⎞
⎠

− + − −
= =

T
T

Q W m ex m ex X0 1 d ̇ ̇ ̇ ̇ ̇ .i1

2 0

i 1

n

i,in ,in
i 1

n

i,out i,out destr
(28)

The first integral in Eq. (28), represents the heat exchange between
the system and its surroundings; the second term (Ẇ ) corresponds to
the work generated (or added) from (to) the system; and the third term
is the summation of the exergy that enters the system, followed by the
exergy that leaves the system. The last term (Xdestr) is the exergy

destruction occurring in this component. The signs indicated in Eq.
(28), are based on the convention that: (i) the heat exchange is positive,
when heat is added to the system; and (ii) the work is positive, when it
is generated by the system [61]. For the exergy flow calculations the
following assumptions are considered [62–64]:

• Magnetic and nuclear forms of exergy are neglected;

• The change in kinetic and dynamic energy is negligible, therefore
the kinetic and potential exergies are also considered negligible;

• The exhaust gases inside the ORC evaporator do not react and only
transfer heat to the working fluids;

• The water present in the exhaust gases is in vapour phase, so the
LHV of methane has been used for the calculations;

• The ideal gas law principles are applied to air and exhaust gases;

• The combustion reaction in the Otto ICE is complete, using the AFR
in the manufacturers’ data sheet;

• The reference state for the system exergy calculation is the ambient
environmental conditions.

With the above assumptions, the specific physical exergy of a sub-
stance is expressed as follows:

= − − −ex h h T s s( ) ( ).i
ph

0 0 0 (29)

The specific chemical exergy of reference substances is defined as
[59,65]:

⎜ ⎟= ⎛
⎝

⎞
⎠

ex RT P
P

ln .
p

i
ch

0
0

,0 (30)

The total specific exergy is therefore calculated using:

Table 2
Summary of CHP-ICE model validation results for different engines and load conditions.

100% Load 75% Load 50% Load

Engine Parameter Data Model Deviation Data Model Deviation Data Model Deviation

CHP-160 Ẇnet (kW) 150 144 −4.3% 113 112 −0.6% 75 80 7.2%

Qċomb (kW) 432 432 0.0% 345 345 0.0% 257 257 0.0%

Q ̇jw incl. Q ̇w & intercoolera (kW) 155 155 0.3% 131 131 0.1% 99 106 7.8%

Qėx at 393 K (kW) 79 80 1.1% 60 58 −3.3% 43 39 −8.4%

Q ̇loss incl. friction & oil circuita (kW) 53.6 61.5 14.6% 34.5 37.2 7.6% 36.8 28.5 −22%

ṁex (kg/s) 0.16 0.15 −3.2% 0.13 0.12 −3.8% 0.09 0.09 −4.6%
Tex (K) 867 886 2.2% 844 844 0.0% 826 795 −3.7%
ηth (-) 0.55 0.54 −0.3% 0.55 0.55 −1.0% 0.55 0.56 1.5%
ηel (-) 0.35 0.33 −5.7% 0.33 0.33 −0.6% 0.29 0.31 7.2%

CHP-230 Ẇnet (kW) 229 221 −3.7% 171 171 −0.2% 114 121 6.4%

Qċomb (kW) 649 649 0.0% 519 519 0.0% 386 386 0.0%

Q ̇jw incl. Q ̇w & intercoolera (kW) 236 232 −1.7% 200 198 −0.94% 151 158 4.6%

Qėx at 393 K (kW) 120 129 7.3% 91 95.5 4.95% 66 63 −4.4%

Q ̇loss incl. friction & oil circuita (kW) 88.6 81.9 −7.6% 76.7 74.5 −2.95% 69.7 58 −16.7%
ṁex (kg/s) 0.24 0.23 −2.8% 0.19 0.18 −4.1% 0.14 0.13 −5.1%
Tex (K) 873 900 3.1% 850 890 4.7% 838 839 0.1%
ηth (-) 0.55 0.52 −5.6% 0.56 0.57 0.9% 0.56 0.58 2.8%
ηel (-) 0.35 0.34 −3.7% 0.33 0.33 −0.2% 0.30 0.31 6.4%

CHP-2500 Ẇnet (kW) 2,530 2,498 −1.3% 1,899 1,834 −3.4% 1,258 1,210 −3.8%

Qċomb (kW) 5,748 5,748 0.0% 4,391 4,391 0.0% 3,037 3,037 0.0%

Q ̇jw incl. Q ̇w & intercoolera (kW) 1,375 1,380 0.4% 998 1,088 9.1% 668 652 −2.4%

Qėx at 393 K (kW) 1,147 1,051 −8.4% 966 991 2.6% 726 805 11%

Q ̇loss incl. friction & oil circuita (kW) 844 968 14.7% 429 388 −9.7% 324 316 −2.7%

ṁex (kg/s) 3.60 3.51 −2.6% 2.70 2.64 −2.2% 1.83 1.78 −2.8%
Tex (K) 682 663 −2.8% 716 751 4.9% 750 823 9.7%
ηth (-) 0.44 0.40 −9.5% 0.42 0.45 6.3% 0.43 0.45 4.8%
ηel (-) 0.44 0.44 −1.4% 0.43 0.42 −3.4% 0.41 0.40 −3.8%

a The termQ ̇ loss differs from the termQ ̇jw , in that it includes all other thermal losses due to friction, exhaust-gas mass trapped inside the engine cylinder(s), tail-pipe

thermal losses, etc., which are not included in the thermodynamic model.
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Fig. 4. Subcritical recuperative ORC on a temperature (T) – specific entropy (s)
diagram.
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= +ex ex ex .i i
ph

i
ch (31)

The chemical exergy for a mixture is expressed as [62]:

∑ ∑= +
= =

ex x T x xex R ln( ).mix
ch

i 1

n

i i
ch

0
i 1

n

i i
(32)

For the exergy destruction process occurring within the ICE, Eq.
(28) can be rearranged to:

= + − − −X X X X X Ẋ ̇ ̇ ̇ ̇ ̇ ,destr,ICE air f ex work jw (33)

where X ̇air is the exergy flow of the intake air, Xḟ the exergy of the fuel,
X ̇ex the exergy flow of the exhaust gas stream, Xẇork the ICE shaft work,
and Xj̇w the exergy flow to the jacket water system of the ICE. The
exergy flow of the intake air is zero for a natural aspiration engine since
the air is already at environmental conditions. The exergy flow of the
air intake in the turbocharged engine is calculated using the air tem-
perature and pressure after the intercooler, prior entering the cylinder:

⎜ ⎟= ⎡
⎣⎢

− − − + ⎛
⎝

⎞
⎠

⎤
⎦⎥

X m h h T s s c T P
P

̇ ̇ ( ) ( ) R ln .airair air air air,0 0 air ,0 p,air 0
air

0 (34)

The exergy flow of natural gas is assumed to be equal to that of
methane, and is estimated using the LHV of methane as follows [62]:

=X m eẋ ̇ ,f f f
ch (35)

= ⎛
⎝

+ − ⎞
⎠

ex LHV 1.033 0.0169 C
H

0.0698
C

.f
ch

(36)

Here, C stands for the number of carbon atoms in the fuel an H for
the number of hydrogen atoms. In the case of methane C=1 and
H=4.

The ICE engine shaft work is used for the estimation of Xẇork as
obtained from the ICE-ORC CHP optimisation analysis. The exergy flow
rate of the exhaust gases is estimated assuming that all gases are ideal,
and using the AFR of the engine to define the mass fraction of each gas
in the combustion products. The physical exergy of the exhaust gases is
calculated using:

= − − −X m h h T s ṡ ̇ [( ) ( )].ex
ph

ex ex ex,0 0 ex ex,0 (37)

The chemical exergy of the exhaust gases mixture is estimated as
follows:

∑ ∑= ⎡

⎣
⎢ + ⎤

⎦
⎥

= =

X m x ex T x ẋ ̇ R ln( ) ,ex
ch

ex
i 1

n

i i
ch

0
i 1

n

i i i
(38)

= +X X Ẋ ̇ ̇ .ch
ex ex

ph
ex (39)

The jacket water circuit exergy flow is calculated using the physical
exergy of the water stream because there is no change in the compo-
sition of the fluid:

⎜ ⎟= ⎡

⎣
⎢ − − ⎛

⎝
⎞
⎠

⎤

⎦
⎥X m c T T T

T
T

̇ ̇ ( ) ln .n
jw jw p,air jw,in jw,out 0

jw,i

jw,out (40)

It should be noted that Eq. (33) is applicable in natural aspiration
ICEs. For the turbocharged engines the exergy flow of the compressor,
the intercooler heat exchanger and the turbine-expander are required.
The exergy destruction rate at the compressor (X ̇dest|comp) is calculated
as follows:

= − − − +X m h h T s s Ẇ ̇ [( ) ( )] ̇ .dest|comp air air,in air,out 0 air,in air,out comp (41)

The exergy destruction rate at the intercooler (X ̇dest|intr) is calculated
using:

⎜ ⎟

= − − −

+ ⎡

⎣
⎢ − − ⎛

⎝
⎞
⎠

⎤

⎦
⎥

X m h h T s s

m c T T T
T
T

̇ ̇ [( ) ( )]

̇ ( ) ln in

dest|intr air air,in air,out 0 air,in air,out

jw p,jw jw,in jw,out 0
jw,

jw,out (42)

The exergy destruction rate of the expander (X ̇dest|turb) is calculated
with:

= − − − −X m h h T s s Ẇ ̇ [( ) ( )] ̇ .dest|turb ex ex,in ex,out 0 ex,in ex,out turb (43)

The exergy efficiency of the ICE-CHP is therefore estimated by:

=η W
X
̇
̇ .ICE,ex

ICE

f (44)

For the total ICE-ORC CHP system the exergy efficiency is estimated
using:

= +
−η W W

X
̇ ̇

̇ .
f

ICE ORC,ex
ICE ORC

(45)

The exergy destruction rate in each ORC engine component is
evaluated as detailed in Eqs. (46)–(50):

= − − − + − − −X m h h T s m h h T s ṡ ̇ [( ) (s )] ̇ [( ) ( )],dest|evap hs 5 6 0 5 6 wf 2a 3 0 2a 3 (46)

= − − − + −X m h h T s m h h η η̇ ̇ [( ) (s )] ̇ ( ) ,dest|exp wf 3 4 0 3 4 wf 3 4s exp,s elg (47)

= − − − + − − −X m h h T s s m h h T s ṡ ̇ [( ) ( )] ̇ [( ) ( )],dest|rec wf 4 4a 0 4 4a wf 2 2a 0 2 2a

(48)

= − − − + − − −X m h h T s s m h h T s ṡ ̇ [( ) ( )] ̇ [( ) ( )],dest|cond wf 4a 1 0 4 1 cw 7 8 0 7 8 (49)

= − − − + −X m h h T s s m h h
η

̇ ̇ [( ) ( )] ̇ ( ) .dest|pump wf 1 2 0 1 2
wf 2 1

pump (50)

Finally, the exergy efficiency of the ORC engine is calculated as
follows:

=η W
X
̇
̇ .ORC,ex

ORC

ex (51)

3. Integrated ICE-ORC CHP system optimisation

A typical optimisation problem involves the minimisation or
maximisation of an objective function F(

⎯→⎯
Z ), subject to a set of

constraints. Here, vector
⎯→⎯
Z contains all the decision variables, i.e. the

set of independent variables the optimiser is allowed to alter in order to
minimise/maximise the value of F(

⎯→⎯
Z ). In this work, two objective

functions have been defined and optimised separately (single-objective
optimisation). The first objective function calculates the combined net
power outputs of the CHP-ICE W( ̇ )ICE and ORC (ẆORC) engines, which
we seek to maximise, given the heat source conditions and subject to a
set of operational constraints. The second objective function calculates
the SFC of the combined ICE-ORC CHP system, which we seek to
minimise, again subject to operational constraints. Vector

⎯→⎯
Z contains

14 decision variables related to the operation of the ICE and the ORC:
(i) combustion ignition angle (ϑign); (ii) combustion duration (ϑd); (iii)
intake valve (IV) timing, i.e. crankshaft angle at which this valve will
open and close (ϑIV,on, ϑIV,off ); (iv) exhaust valve (EV) timing, i.e.
crankshaft angle at which this valve will open and close (ϑEV,on, ϑEV,off );
(v) IV lift height (Lv,IV); (vi) EV lift height (Lv,EV); (vii) initial pressure
conditions inside the cylinder (P0), and to the operation of the ORC
engine: (viii) evaporating pressure (Pevap); (ix) condensing pressure
P( cond);(x) working fluid mass flow rate (ṁwf ); (xi) superheating degree
(SHD); and (xii) expander volume ratio r( exp). The two objective func-
tions are presented in Eqs. (52) and (53):

= +W W W
L L P P P

m SHD r

maximise: { ̇ ̇ ̇ }
ϑ , ϑ , ϑ , ϑ , ϑ , ϑ , , , , ,

, ̇ , ,

,net ICE ORC

ign d IV,on IV,off EV,on EV,off v,IV v,EV 0 evap cond

wf exp (52)
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= +{ }SFC

L L P P P

m SHD r

minimise:
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, ̇ , ,

,

Q
W Wnet

̇
̇ ̇

ign d IV,on IV,off EV,on EV,off v,IV v,EV 0 evap cond

wf exp

comb
ICE ORC

(53)

which we seek to optimise subject to:

• The SHD can only take values between 0 and 1: ⩽ ⩽SHD0 1;
• The PP in any given HEX should not violate a minimum value PPmin:

⩽PP PPmin ;

• The evaporating pressure should be lower than the working fluid’s
critical pressure, and the condensing pressure should be lower than
the evaporating pressure: < <P P Pcond evap crit;

• The expansion process should not violate the isentropic relation:
⩽P P r/ γ

evap cond exp;

• The heat source (exhaust gas) stream exit temperature from the
evaporator should not be below a limiting temperature to avoid the
risk of reaching the gas dew-point temperature: ⩽T Tlim hs,out;

• The heat source (exhaust gas) stream pressure drop in the ORC
evaporator should not exceed 50 kPa, to avoid significant negative
backpressure on the ICE operation. For every iteration during opti-
misation, the new exhaust-gas temperature, pressure and mass flow
rate is calculated and the revised ICE power output is estimated
based on the obtained backpressure. This ORC evaporator pressure
drop limit is at the high end of reported values in the literature (up
to 40 kPa in Refs. [66,67]);

• The maximum temperature experienced by each working fluid
should not exceed the maximum allowable temperature that would
ensure its chemical stability, as suggested in Ref. [68];

• The value of ϑign should lie between −40° and −5° before TDC and
that of ϑd from 20° to 40° [49];

• The mixture mass and pressure inside the ICE cylinder at the end of
a complete cycle (720°) should be equal to the initial mass and
pressure conditions for the steady-state assumption to be valid;

• The valve lift height can vary up to a maximum of± 25% of the
nominal design value, with the average lift height calculated based
on Ref. [69];

• The AFR of each ICE-CHP engine is fixed to the nominal design value
(refer to Table 1) to avoid issues with NOx formation due to the
alteration of the combustion mixture composition.

The optimisation problem was solved in MATLAB [54] using the
multistart structure, which repeatedly runs a local solver from a number
of different starting points, predefined by the user. In this work, the
interior point algorithm fmincon was used as the solver to minimise
the constrained nonlinear multivariable objective functions. For the
maximum power output optimisation exercise, the negative value of the
power output was minimised instead. The reader can refer to Ref. [70]
for more details on the mathematical formulations of the optimisation
algorithm.

3.1. CHP-ORC optimisation cases

As discussed in earlier sections, in this work we attempt to optimise
simultaneously the ICE-ORC CHP system, as a combined system rather
than taking the exhaust-gas conditions exiting the ICE as fixed, and
optimising only the ORC engine design. To achieve this, five cases have
been investigated. In Case 1 (C1) the ICE operates at nominal conditions
and only the ORC engine is optimised for maximum power output, and
in Case 2 (C2) the ICE is optimised for maximum power output, and the
ORC engine is sized based on these results. Case 3 (C3) considers the
simultaneous optimisation of the full ICE-ORC CHP system for max-
imum power output. In Case 4 (C4) the ICE is optimised for minimum
SFC and the ORC engine is sized based on these results. Finally, Case 5
(C5) considers the simultaneous optimisation of the full ICE-ORC CHP
system for minimum SFC. These cases were examined for two ICEs:

CHP-230 (natural aspiration ICE) and CHP-2500 (turbocharged ICE), as
those were presented in Section 2. Finally, the ORC engine specification
used in the current optimisation study is summarised in Table 3.

3.2. ORC working fluid selection

Working fluid selection can strongly influence ORC engine oper-
ating conditions, performance, component size and cost. Based on in-
creasing concerns over global warming, certain fluids such as chloro-
fluorocarbons (CFCs) and hydrofluorocarbons (HFCs) have been
already phased out, or are set to be phased out over the next decade.
Therefore, technical solutions which are not constrained by such regu-
lations are required to maximise the market penetration of ORC tech-
nology. Adding to this, some limitations when using ORCs for har-
vesting thermal energy from the exhaust gases in ICE applications in-
clude the selection of fluids and operating temperatures that to do not
accelerate the fluids’ chemical decomposition. Fluids with high critical
temperatures/pressures are considered most suitable for this applica-
tion in this regard. Li [43] studied fluids such as Toluene, n-Heptane,
Cyclohexane, R113 and R123 in very high-temperature applications
with a heat-source temperatures of 240–290 °C, obtaining ORC thermal
efficiencies up to 31%. Similarly Vescovo and Spagnoli [71] considered
fluids for use at very high temperatures up to 400 °C, and report ORC
thermal efficiencies up to 30–34%. Uusitalo et al. [72] considered si-
loxanes for heat source temperatures of up to 400 °C in a small-scale
ORC experimental set-up, and achieved a thermal efficiency of ap-
proximately 16%.

Based on the above, working fluids were selected for this study on the
basis of good thermodynamic characteristics, but also of low ozone deple-
tion potential (ODP) and global warming potential (GWP) values. The se-
lected fluids include five refrigerants: R245fa, R152a, R1233zd, R1234ze
and R1234yf. R245fa is commonly used in commercial ORC engines pro-
vided by, for example, Bosch, Cryostar, Electratherm, GE and Turboden
[73]. R1233zd is a very promising replacement for R123, and similarly
R1234ze and R1234yf are replacement refrigerants for R134a, which is
currently used in commercial ORC engines, e.g. manufactured by Cryostar
[42]. Apart from these refrigerants, four hydrocarbons were also examined
in the present work, specifically: (i) three alkanes (Butane, Pentane,
Hexane), as these have shown promising results in previous ORC studies
[33,41,74]; and (ii) one aromatic (Toluene), which is suitable for high
temperature applications and is also used in ORC engines manufactured by
Tri-o-gen. It should be noted that hydrocarbons are listed in Category A3 in
the ASHRAE Classification [75], which includes fluids with low toxicity, but
high flammability.

4. Results and discussion

4.1. Natural aspiration CHP-230 ICE and ORC engines

4.1.1. CHP system level performance
The power output of the naturally aspirated CHP-230 ICE for each

case and fluid investigated is presented in Fig. 5a. The highest power

Table 3
ORC engine operation summary of specification.

Parameter Value Parameter Value

PPcond (K) 10 Pevap,max (kPa) 0.95 Pcrit

PPevap (K) 5 rexp (–) 8–18
Tcw,in (K) 288 εrec (–) 0.80
Tcw,out (K) 298 Tlim (K) 263
ṁhs (kg/s) From ICE simulation ηexp,s (–) 0.70

Ths,in (K) From ICE simulation ηpump,s (–) 0.65

Pcond,min (kPa) 10 ηelg (–) 0.93
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output from the ICE alone is 305 kW for Case C2, when the system is
optimised for maximum power output from the CHP-ICE only, followed
by Case C3 with 303 kW, when the complete ICE-ORC CHP system is
optimised for (total) maximum power. The optimum ICE power output
in Case C2 is 37% higher than the nominal engine design value of
221 kW in Case 1 (see Tables 2 and 4). This significant increase in the
engine power output can be attributed to a number of factors. Firstly,
the optimised CHP-ICE has a delayed ignition angle (−5° before TDC)
compared to the nominal design (−20° before TDC), which acts to in-
crease the pressure inside the cylinder before the expansion stroke and,
in turn, to increase the displacement power. Also, it is found that the
optimised IV and EV lift heights are approximately 8% higher than
those provided in the nominal engine design. Furthermore, for a fixed
AFR, higher valve lifts allow for increased fuel flow into the cylinders,
which also increases the power output, although it is noted that this will
also act to increase the fuel consumption of the engine (this is discussed
in subsequent sections). Adding to this, the optimal EV opens later than
in the nominal design, allowing more work to be generated on the
engine shaft and reducing the blow-down losses of the engine.

When the cogeneration system is optimised for minimum SFC
(Cases C4 and C5), the power output from the ICE reduces to 299 kW in
Case C4 (ICE-only optimised for minimum SFC), and 294 kW in Case C5

(full ICE-ORC CHP system optimisation for minimum SFC), which are
35% and 33% higher than the nominal ICE design value of 221 kW
inCase 1, and as given in Tables 2 and 4. To understand these changes,
we can compare the operating conditions of the ICE in Cases C2 and C4.
Such a comparison reveals a change in the duration and timing of the

(a) 

(b)
Fig. 5. (a) CHP-230 ICE power output, and (b) optimum bottoming ORC engine power output.

Table 4
Optimum CHP-230 ICE operation results.

CHP-ICE Parameter Cases

C1 (nominal) C2 C3 C4 C5

CHP-230 ẆICE (kW) 221 305 303 299 294

Qċomb (kW) 649 840 833 821 803

Q ̇jw incl. Q ̇w &
intercooler (kW)

236 252 244 246 238

ṁex (kg/s) 0.236 0.292 0.289 0.287 0.275
ṁf (kg/s) 0.013 0.017 0.017 0.017 0.016
Tex (K) 873 1,002 1,011 997 1,011
ηth (for exhaust gases
cooled to 120 °C)

0.55 0.52 0.51 0.52 0.51

ηel 0.35 0.36 0.37 0.37 0.37
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valve operation between these two cases. For maximum power output
optimisation (Case C2), the IV opens slightly earlier, and closes slightly
later, allowing a higher mass flow rate into the cylinder. As was men-
tioned earlier, since the AFR is fixed at the manufacturer’s re-
commended value, the higher combustible-mixture mass flow rate im-
plies also a higher fuel mass flow rate. This is also confirmed by looking
at the fuel mass flow rate into the cylinders, which is equal to
0.0171 kg/s for the power-optimised engine (Case C2) and0.0165 kg/s
for minimum SFC operation (Case C4); see Tables 2 and 4. Additionally,
for the engine optimised for maximum power output, the EV closes
later, which is in line with the data reported in the literature on high
performing engines that have their EV open for longer to maximise

power [49].
The optimum ORC engine power output for all cases and working fluids

is shown in Fig. 5b, and ranges from a minimum of 15 kW to a maximum of
41 kW, almost three times higher. The maximum ORC power output for all
working fluids is found for Case C3, when the combined ICE-ORC CHP
system is optimised simultaneously for total power generation. The best
performing fluid is Pentane with 41 kW, followed by Butane with 39 kW,
R1233zd with 37 kW, and Toluene and Hexane with 34 kW. These power
outputs are 26%, 23%, 23%, 34% and 23% higher than the respective
optimum ORC design for the nominal ICE (Case C1), for the same fluids.
The worst fluid is R1234yf followed closely by R1234ze.

In line with the results in Table 4, it is found that when the

(a) (b) 

(c) (d) 

(e)
Fig. 6. Power output breakdown between the CHP-230 ICE and the bottoming ORC engine for: (a) Case C1, (b) Case C2, (c) Case C3, (d) Case C4, and (e) Case C5.
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combined ICE-ORC CHP system is optimised for maximum power
output (Case C3) the system optimiser attempts to maximise the ex-
haust gas exit temperature from the ICE, so as to increase the enthalpy
content of the heat source entering the ORC engine. This gives rise to a
slightly lower optimum power output from the CHP-ICE (303 kW in
Case C3), in order to keep the exhaust-gas temperature high, but at ORC
higher power output.

The breakdown of the power generated by the CHP-ICE and the ORC
engine, for all investigated cases and working fluids, is presented in
Fig. 6. As expected, the total power output is dominated by the CHP-ICE
operation, with the ORC engine contributing between 6 and 15% of the
total power output, depending on the case and fluid. It should be noted
that although Cases C2 and C3 generate a similar total power output,
the percentage of power coming from the ORC engine increases in Case
C3, when the complete ICE-ORC CHP system is optimised. A case in the
point is that in which the ORC engine with Butane in Case C2 is re-
sponsible for 10% of the total power generated, whereas in Case C3 it is
responsible for 12% (20% higher). This increase in the ORC power
output is also associated with a decrease in the fuel consumption of the
whole system in Case C3, relative to Case C2, as indicated in Table 4.
Importantly, there are also important operational, lifetime and main-
tenance implications that arise from these differences, since ORC en-
gines are generally associated with lower maintenance that ICEs.

The best performing fully optimised complete ICE-ORC CHP system
generates a total of 345 kW of power, when Pentane is used as the ORC
working fluid (Fig. 6c). This is 36% higher than the nominal CHP-ICE
coupled to a bottoming ORC design for the same fluid, which generates
253 kW (Fig. 6a). Overall, the fully optimised ICE-ORC CHP system
generates between 31% and 37% higher power output compared to the
baseline scenario (Case C1), where the CHP-ICE operates at the nominal
design conditions, and the ORC engine is sized based on the exhaust-gas
conditions at this operating point.

The results also reveal that optimising the ICE-ORC CHP system for
maximum power output leads to solutions that consume more fuel, with
higher SFCs. The SFCs for all cases investigated are summarised in
Fig. 7. These range from 2.4 kW/kW in the best case (Case C3 optimised
ICE-ORC CHP with Pentane) to 2.9 kW/kW in the worst case (Case C1
nominal ICE only). The absolute SFCabs (kg/kWhnet) is also presented in
Fig. 7. This varies from 0.22 kg/kWhnet (Case C1 nominal ICE only) to
0.175 kg/kWhnet for Case C3 (with Pentane). Therefore, a reduction of
almost 20% is possible, with respect to the nominal case (C1) of a CHP-
ICE engine only. It is also observed that when the complete ICE-ORC
CHP system is optimised in Case C5 for minimum SFC, the resulting SFC
is similar to the respective one achieved in Case C3 (ICE-ORC CHP
optimisation for maximum power). Nevertheless, the total fuel
consumption in the former case is approximately 5% lower than in the
latter, even though this corresponds to a total power output reduction
of only 3%. This trend highlights that by simply optimising the ICE for

maximum power output, independently from the ORC engine design,
will increase the operating cost of the system, due to higher annual fuel
consumption.

4.1.2. ORC design considerations
The pressure ratio of the optimum ORC engine and the ORC

working fluid flow rates for all cases are shown in Fig. 8. These results
indicate that, with some exceptions, the optimum ORC evaporating and
condensing pressure levels stay almost the same in all investigated
scenarios (Cases C1-C5), with most pressure ratios (PRs) having values
up to ∼25, whilst the mass flow rate of the ORC working fluids varies
strongly between cases, resulting in the previously observed power
outputs. It is noted that some PRs are quite high (up to ∼40–50),
especially those in Cases 3 and 5 associated with fully optimised in-
tegrated ICE-ORC CHP systems, with Toluene. This has important im-
plications on the optimal expander technology selection and design for
this application.

In more detail, fluids such as Toluene, Pentane, R1233zd and
Hexane have higher optimal PRs, varying between 25 and 50, while the
mass flow rate for the same fluids is low, varying in the range
0.4–0.6 kg/s. The opposite trend is observed for fluids such as R245fa,
R152a, R1234yf, and R1234ze. This observation can be understood as
follows; for all fluids, the optimiser chooses to maximise the power
output by first increasing the pressure difference between the condenser
and the evaporator, without violating the constraints that the cycle
should be subcritical. If these constraints are active, then the mass flow
rate of the working fluid increases to generate more power. Since the
cooling water circuit temperature is fixed (288–298 K), the saturation
condensing temperature is restricted by the water temperature, and the
HEX PP (PPcond= 10 K). Working fluids such as R152a, R1234ze, and
R1234yf have saturation temperatures of 308 K, at pressures of 6–9 bar,
whilst Pentane and Hexane have a similar saturation temperature at 1.4
and 0.5 bar, respectively. This difference in the condensation pressure,
for similar saturation temperatures, results in significantly different
pressure ratios amongst the investigated fluids.

The thermal loads of the various ORC engine HEX components are
illustrated in Fig. 9. In agreement with the results presented and dis-
cussed previously, the dry fluids (Butane, Pentane, Hexane, Toluene,
R1233zd, R1245fa) have little preheater load, because most of the
preheating is performed in the recuperator that is enabled by the high
superheating degree of these fluids after the expander. Due to the po-
sitive slope of their saturated vapour line, these fluids are highly su-
perheated after the expansion process, offering great opportunity for
recuperating some of that heat, for preheating the cold liquid fluid
exiting the pump. This is also illustrated in Fig. 10, where for the same
dry fluids approximately 70% of the heat rejection is done in the re-
cuperator and desuperheater. On the contrary, for fluids such as
R1234ze and R1234yf (isentropic fluids) there is an important

Fig. 7. SFC and SFCabs for the different cases investigated, based on CHP-230 ICE with and without a bottoming ORC engine.
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preheater load (Fig. 9), whilst about 50% of the heat rejection for the
same fluids occurs in the two-phase condensing zone (Fig. 10).

As expected, the highest heat input (Fig. 9) is recorded for the ORC
engines with the highest power output. Pentane generates the highest
power output, and it has the highest heat input of 320 kW, followed by
Butane with 310 kW (the figures quoted correspond to the Case C3
results). It should be noted that R1233zd has a slightly lower heat input
than Hexane, although the former (R1233zd) generates more power
than the latter (Hexane). This can be understood by considering the
thermal efficiency of these cycles. The thermal efficiency of the ORC
engines are presented in Fig. 11. The highest thermal efficiency is ob-
served for Pentane 25%, followed by Butane with 22%, R1233zd with
20.5%, Hexane with 19.5% and Toluene with 17.5%. R1233zd operates
with higher thermal efficiency than Hexane, therefore it requires less
heat input for a similar generated power output. By comparing the
thermal efficiencies of the ORC engines across the different scenarios
(cases, fluids), it emerges that the efficiency of the cycle remains at
similar levels, with the efficiency of Case C5 being slightly higher than
the other cases.

4.2. Turbocharged CHP-2500 ICE and ORC engines

4.2.1. CHP system level performance
The power output of the turbocharged CHP-2500 ICE for each case

and fluid investigated is shown in Fig. 12a. As expected, and similarly
to the results for the naturally aspirated CHP-230 ICE, the maximum
power output by the ICE alone is recorded in Case C2, when the system

is optimised for maximum power output of the ICE only. The maximum
power output amounts to 2,540 kW, which is 2% higher than the
nominal design output. The exhaust-gas exit temperature for the engine
in Case C2 is 661 K, which is close to that of the nominal design (663 K),
while the fuel consumption is higher than the nominal conditions by
45 kW (see Table 5). The ICE efficiency in Case C2 is also slightly higher
at 44%.

A closer examination of the ICE operating conditions in Case C2
reveals that the EV stays open for longer than in Case C1, which agrees
with the data reported in the literature for high performing engines.
Also, the IV and EV lift height is approximately 8% larger than in the
nominal design, reducing the blow-down losses of the engine. On the
contrary, when the system is optimised for minimum SFC (Cases C4 and
C5), the ICE power output drops by ∼10% relative to Case C1.
However, this is accompanied by a significant reduction in fuel
consumption, by up to 15% compared to Case C1. These results also
reveal that all optimum designs for maximum power output have lower
exhaust-gas temperatures than the designs for minimum SFC (Table 5),
which results in lower power outputs from the CHP-ICE, but also allows
higher power generation from the ORC engine.

The optimised ORC engines for all investigated cases and fluids are
shown in Fig. 12b. When the ORC engine is designed (sized) for the
nominal CHP-ICE operating conditions (Case C1), the maximum power
output recorded is 188 kW for Pentane, and 186 kW for Toluene, fol-
lowed by Butane with 184 kW, R1233zd with 181 kW, Hexane with
174 kW, and R245fa with 152 kW. In Case C2, the maximum power
output of the ORC engine is either similar or slightly lower than the

Fig. 8. Optimum ORC engine working fluid flow rate and pressure ratio for the CHP-230 ICE.

Fig. 9. Heat input breakdown between the ORC engine HEX components for all working fluids and for all investigated cases (Cases C1-C5 from left to right).
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nominal design, due to the reduced exhaust-gas temperature. The
maximum ORC power output is recorded for every fluid in Case C3,
when the combined ICE-ORC CHP system is optimised for maximum
power output. This trend is in line with the results obtained for the
naturally aspired CHP-230 ICE. The best performing ORC in Case C3
generates 195 kW with Pentane; Toluene generates 192 kW, Butane
191 kW, and R1233zd 187 kW. The power output of the ORC engine in
Case C3 increases by approximately 4% in comparison to the baseline
case, whilst the ICE power output decreases slightly in this scenario.

The breakdown of total generated power between the CHP-2500 ICE
and ORC engines for the various cases and fluids is presented in Fig. 13.
As expected, the total power output is dominated by the CHP-ICE, with
the ORC engine contributing between 4 and 8% of the overall power
output, depending on the working fluid. These values are lower than
those obtained for the natural aspiration engine CHP-230, mainly due
to the lower exhaust-gas temperatures of the CHP-2500 ICE. It should
be noted that although Cases C2 and C3 have similar total power out-
puts, the fraction of power coming from the ORC engine increases in
Case C3, when the integrated ICE-ORC CHP system is optimised. It is
interesting to note that with Toluene in Case C2 the ORC engine is
responsible for 6.5% of the total generated power, whereas in Case C3 it
is responsible for 7.5%. Importantly, this increase of the ORC power
output is also accompanied by a decrease in total fuel consumption
compared to Case C2, as shown in Table 5. As noted with the CHP-230
ICE, these differences can have important operational, lifetime and
maintenance implications, since ORC engines are generally associated
with lower maintenance than ICEs.

The maximum ICE-ORC CHP total power output of 2,732 kW is ob-
served in Case C3, when either Pentane or Toluene are used as ORCworking
fluids (Fig. 13c). This power output value is 2.5% higher than the nominal

design power output in Case C1 (Fig. 13a). The results also reveal that
optimising the system for maximum power output leads to a higher fuel
consumption, and an increase in the SFC. The SFC for all investigated cases
and fluids is summarised in Fig. 14. For the ICE-ORC CHP system with the
best performing ORC fluids (Pentane and Toluene) in Cases C4 and C5, the
SFC drops to 2.1 kW/kW. This amounts to a reduction of approximately 7%
compared to the nominal/baseline Case C1. The absolute SFCabs is
also presented in Fig. 14. The ICE-ORC CHP with pentane consumes
0.155 kg/kWh (Case C5), which is 4.5% lower that the integrated ICE-ORC
CHP in Case C1 for the same fluid, and 8% lower than the stand alone ICE,
when operating at nominal conditions.

The results indicate that the optimisation performed for minimum
SFC (or SFCabs) returns similar SFC (or SFCabs) values as the complete
system optimisation for maximum power (Case C3), however, the
power output breakdown differs by promoting the ORC power output.
These findings highlight that maximising the system power output re-
sults in higher fuel consumption, thereby also affecting the running
costs.

4.2.2. ORC engine design considerations
The ORCworking fluid mass flow rates and operating pressure ratios are

shown in Fig. 15. Fluids with high PRs operate with lower mass flow rates,
and vice versa. For all cases, the optimum PR per fluid remains the same,
indicating that the constraints for the minimum and maximum pressure
levels in the cycle are active. Therefore, the ORC power output can only
improve further by increasing the superheating degree and/or themass flow
rate of the working fluid. It should be also highlighted that the optimum
pressure ratios in the ORC engines coupled to the CHP-2500 ICE are lower
than those recorded for CHP-230 ICE, mainly due to the exhaust-gas tem-
perature exiting CHP-230 is 1,000K, whereas that exiting the CHP-2500 ICE

Fig. 10. Heat rejection breakdown between the ORC engine HEX components for all working fluids and for all investigated cases (Cases C1-C5 from left to right).

Fig. 11. ORC engine power output, and thermal efficiency for all cases (Cases C1-C5 left to right).
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it is approximately 680K. This finding indicates that transcritical ORC en-
gines may be suitable for high temperature applications. However, the ad-
ditional cost of these systems might risk the overall viability of the project,
and need to be carefully considered.

The heat input to and the heat rejected from the ORC are presented

in Figs. 16 and 17, also showing the breakdown across the different
HEXs of the ORC engine. Fluids with high SHD have high recuperator
loads, since the working fluid after the expander is still highly super-
heated. This offers a great opportunity for recovering heat to preheat
the cold liquid working fluid leaving the pump. Butane, R152a and
R1233zd, for example, have approximately 53% of the heat input de-
livered in the superheater, and 30% in the recuperator (Fig. 16). The
same fluids experience more than 50% of the heat rejection in the re-
cuperator and the desuperheater (Fig. 17). On the contrary, fluids such
as Pentane and Toluene have low SHD, and thus low heat rejection to
the recuperator and desuperheater. This can be explained by the eva-
poration saturation temperatures of those fluids, which is 467 K and
445 K respectively, which are higher than the saturation temperatures
of R152a (384 K) or Butane (422 K), allowing the latter fluids to have
higher SHDs without violating the evaporator PP. These findings have
an important impact on the design and sizing of the HEXs of these
engines, since fluids with a similar power output (such as Toluene and
Pentane) will have very different component design requirements.

Finally, the thermal efficiency of the ORC engines is presented in
Fig. 18. The highest thermal efficiency is observed for Butane 21%,
followed by R1233zd with 20.5%, R1233zd with 20.5%, Hexane with

(a) 

(b)
Fig. 12. (a) CHP-2500 ICE power output, and (b) optimum bottoming ORC engine power output.

Table 5
Optimum CHP-2500 ICE operation results.

CHP-ICE Parameter Cases

C1 (nominal) C2 C3 C4 C5

ẆICE (kW) 2,498 2,540 2,537 2,220 2,230

Qċomb (kW) 5,748 5,787 5,778 5,038 5,087

Q ̇jw incl. Q ̇w &
intercooler (kW)

1,380 1,381 1,147 1,234 1,230

ṁex (kg/s) 3.51 3.50 3.52 3.06 3.09
ṁf (kg/s) 0.117 0.118 0.118 0.103 0.104
Tex (K) 663 661 668 676 680
ηth (for exhaust gases
cooled to 120 °C)

0.40 0.40 0.37 0.42 0.42

ηel 0.43 0.44 0.44 0.44 0.44
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18%, Pentane with 17%, and Toluene with 16.5%. It is noted that the
best performing fluids in terms of thermal efficiency do not coincide
with the best performing ORC engines in terms of power output. Pen-
tane operates with lower thermal efficiency than Butane, although the
former generates more power. Also, by comparing the best performing
ORC engines for CHP-230 ICE and CHP-2500 ICE, it is observed that for
CHP-230 ICE the optimum working fluids are Pentane, Butane,
R1233zd and Toluene, whilst for CHP-2500 ICE Toluene has similar
performance to Pentane, followed by R1233zd, and Butane.

4.3. Exergy analysis

The integrated ICE-ORC CHP system exergy destruction rate is
presented in Fig. 19, along with the ORC engine exergy efficiency and
the integrated ICE-ORC CHP system exergy efficiency, for CHP-230. In
line with the results, the higher power output of the system comes at the
cost of higher exergy destruction rate (in absolute terms). However,
while the complete system is optimised the exergy efficiency also in-
creases, indicating that we utilise better the available exergy of the fuel.
These results are in agreement with those reported in Section 4.1.1
where the electric efficiency of the ICE increases from Cases C1 to C5,
while the ORC thermal efficiency also increases when the integrated

(a) (b) 

(c) (d) 

(e)
Fig. 13. Power output breakdown between the CHP-2500 ICE and the bottoming ORC engine for: (a) Case C1, (b) Case C2, (c) Case C3, (d) Case C4, and (e) Case C5.
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ICE-ORC CHP system is optimised (Section 4.1.2). The maximum in-
tegrated system exergy efficiency is recorded for Pentane (47%), fol-
lowed by Butane with 46%, and R1233zd with 45%, in Case C5.

The exergy efficiency of the complete system increases while
moving from Case C1 to C5, for CHP-2500 as well (Fig. 20). It is noted
that the complete system exergy efficiency reaches 54%, which is
higher than the one achieved for CHP-230. It is highlighted that the
absolute exergy destruction rate for this engine also drops while the
system is optimised for minimum SFC. This signifies that to maximise
the power output of the engine does not mean that the utilisation of the
available useful work is also maximised.

Exergy destruction breakdowns amongst the various system com-
ponents are shown in Figs. 21 and 22 for pentane and R1233zd. As
expected, the majority of the exergy loss occurs, as an inevitable con-
sequence of the combustion process, in the ICE. Depending on the case,
this corresponds to 83–91% of the total destruction.

Examining the breakdown of exergy destroyed in the ORC compo-
nents only (Figs. 21b, d and 22b, d), for the case of pentane, the eva-
porator heat exchanger contributes between 37% and 39% to the total
exergy destruction, followed by the expander with 22–35%, the con-
denser unit with 16–22%, the recuperator with 6–13%, and the pump
with approximately 4–6%. For R1233zd the evaporator contribution to

Fig. 14. SFC and SFCabs for the different cases investigated based on CHP-2500 ICE, with and without a bottoming ORC engine.

Fig. 15. Optimum ORC engine working fluid flow rate and pressure ratio for the CHP-2500 ICE.

Fig. 16. ORC engine heat input load breakdown for all working fluids and for all investigated cases (Cases C1-C5 from left to right).
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exergy destruction is higher than pentane, corresponding up to 51%.
The latter observation is due to the larger temperature differences be-
tween the fluids entering and exiting the evaporator of the R1233zd
ORC engine, when coupled to the CHP-230 engine. The results pre-
sented in Figs. 21 and 22 are representative of the findings for the other
working fluids investigated. Therefore, the evaporator heat exchanger
geometry and design should be very carefully selected to maximise its
effectiveness, while reducing the backpressure effect on the exhaust gas
side. The expander is the second biggest source of irreversibility,
therefore further research is required on expanders’ design suitable for
high pressure/high temperature applications. These findings are

aligned with other studies in the literature, such as Ref. [43].

5. Summary and conclusions

An integrated ICE-ORC CHP whole-system optimisation framework
has been developed for high-performance, advanced stationary cogene-
ration systems. This work differs from earlier efforts in that it accounts
explicitly for the design parameters and operational conditions of both
the ICE and ORC engines to optimise overall system performance, by
capturing trade-offs between optimum ICE and ORC design and op-
eration. This holistic approach allows us to identify, amongst other, the

Fig. 17. Heat rejection breakdown between the ORC engine HEX components for all working fluids and for all investigated cases (Cases C1-C5 from left to right).

Fig. 18. ORC engine power output, and thermal efficiency for all cases (Cases C1-C5 left to right).

Fig. 19. ICE-ORC CHP exergy destruction, and exergy efficiency for CHP-230 ICE and all investigated cases (Cases C1-C5 left to right).
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optimum ICE valve size, lift, and timing, along with the optimum ORC
working fluid and flow rate, evaporation/condensation pressures and
superheating degree, so that together the two engines have the maxi-
mum total power output, or minimum total specific fuel consumption.
The framework includes a validated dynamic ICE model, and a steady-
state model of subcritical recuperative ORC engines. Both naturally
aspirated and turbocharged ICEs are considered, of two different sizes/
capacities.

Based on the application of this framework, an optimised integrated
ICE-ORC CHP system (Case C3) is proposed that achieves up to 30%
higher power output than a nominal (Case C1) ICE design, with the

ORC engine contributing between 4 and 15% of the total power output,
depending on the case and fluid. We note that the percentage im-
provement of the whole-system power output is higher for the CHP-230
ICE engine than for the CHP-2500 ICE, indicating that heat recovery
from ICEs may be more promising for medium-sized engines. The ORC
engine contribution to the total power output is higher in the case of the
smaller ICE, improving the system fuel efficiency. The integrated ICE-
ORC CHP efficiency (Case C3) increases by up to 21% in comparison to
a stand-alone ICE at nominal operation, and by up to 11% in compar-
ison to Case C1, when an ORC engine is optimised based on the nominal
ICE design conditions. The ICE efficiency also increases by up to 7.5%

Fig. 20. ICE-ORC CHP exergy destruction, and exergy efficiency for CHP-2500 ICE and all investigated cases (Cases C1-C5 left to right).

)b()a(

)d()c(
Fig. 21. Exergy destruction breakdown: (a) integrated ICE-ORC CHP system with pentane, (b) ORC engine with pentane, (c) integrated ICE-ORC CHP system with
R1233zd, (d) ORC engine with R1233zd, for CHP-230 ICE. Results presented here refer to Case C3, but are representative of all investigated cases (Cases C1-C5).
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(Case C5) in comparison to the nominal ICE. The importance of the
integrated ICE-ORC CHP system is further highlighted when comparing
these figures to other studies in the literature. For example, efficiency
improvements of no more than 6% were reported for ICEs within ICE-
ORC CHP systems in Ref. [76], with other studies even reporting a
decrease in ICE efficiency by 2–3% [47], with total (ICE+ORC) system
efficiency improvements not higher than 8% [46,47,77].

When only the ICE power output is maximised (Case C2), the ICE
optimum operating conditions result in lower exhaust-gas temperatures
exiting the ICE, which maximises the power delivered to the ICE shaft.
In contrast, when the complete ICE-ORC CHP system is optimised for
maximum power output (Case C3) the exhaust-gas leaving the ICE is at
a higher temperature and pressure, so as to promote ORC generation,
but at the cost of slightly reduced ICE power output. This highlights the
importance of designing the ORC evaporator to impose minimal pres-
sure drop on the exhaust gas stream and to avoid giving rise to anta-
gonistic effects that deteriorate the ICE performance. It is also observed
that when the optimisation objective is to maximise the power output,
the fuel consumption of the system increases compared to the nominal
ICE design (Case C1). Therefore, the higher power output comes at a
cost of a higher fuel consumption. On the contrary, when the complete
system is optimised specifically for minimum fuel consumption
(Case C5) this can drop by up to 17%, also allowing for an important
reduction to the annual fuel-purchase costs of the system.

The type of ICE aspiration affects the exhaust-gases temperature
entering the ORC evaporator, and thus the ORC engine design and ef-
ficiency. The ORC efficiency is higher when coupled to CHP-230 ICE
(natural aspiration) where the exhaust-gas temperature reaches
1,000 K. The best performing ORC with Pentane has a thermal effi-
ciency of 25%, which drops to 20% for CHP-2500 ICE (turbocharged

engine) where the exhaust-gas temperature after the turbine does not
exceed 700 K. The higher temperature difference observed in the ORC
evaporator designed for CHP-230 ICE also results in lower heat transfer
area requirements from the heat exchanger. In turn, the pressure drop
experienced in this smaller heat exchanger by both the exhaust-gas and
the working-fluid streams will be lower. The heat exchanger will also be
less expensive, reducing the ORC engine capital cost. The ORC pressure
ratios observed between the two engines also differ. In the CHP-230 ICE
case (high temperature exhaust gases), the pressure ratio ranges be-
tween 7 and 55, whilst in the case of the CHP-2500 ICE it does not
exceed 44. The difference in pressure ratios highlight the need for
further developments towards suitable expander technologies for this
application, while also suggesting that multi-stage machines may prove
to be a more suitable solution for the very high pressure ratio cases. In
terms of working fluid selection, this study provides strong evidence
that new hydrofluoroolefins such as R1233zd, are very promising for
such high-temperature ORC applications, while being non-toxic, having
a low flammability in comparison to hydrocarbons, and a low global
warming potential. So, it is concluded that these fluids should be con-
sidered by the ORC vendors in the design of next generation ORC en-
gines.

In closing, when designing ORC engines as a bottoming cycle for
stationary cogeneration/CHP applications, the impact of the optimised
ICE design, operation and performance on the overall design is very
important, also affecting the ORC engine design and power output. This
study has proven that these systems should be addressed in an in-
tegrated manner. Overall the methodology developed here can be used
by: (i) ICE manufacturers to provide guidelines on suitable ICE designs
for waste heat recovery projects with ORC technology; and (ii) ORC
manufacturers to inform working-fluid selection, component (e.g.

(b)(a)

(c) (d)
Fig. 22. Exergy destruction breakdown: (a) integrated ICE-ORC CHP system with pentane, (b) ORC engine with pentane, (c) integrated ICE-ORC CHP system with
R1233zd, (d) ORC engine with R1233zd, for CHP-2500 ICE. Results are representative of all investigated cases (Cases C1-C5).
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evaporator, expander) and wider system design for optimum coupling
to ICEs in CHP applications. Finally, by accounting for both the ORC
and ICE design and operational variables, the present framework offers
wider decision makers the opportunity to select between minimising
operating costs (fuel consumption) or maximising power generation,
which as has been shown lead to different recommendations and de-
mands from the overall system.
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